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ABSTRACT 

The creation from scratch and development of an industrial company in the 21st century is a 
challenging but rewarding experience. The ORC technology is a perfect choice for would-be 
industrial entrepreneurs. Gilles David will speak about the genesis of Enertime, an ORC 
manufacturer he created in 2008. He will explain the technical choices made, the experience 
gained in creating and establishing a company that design and build large ORC for the 
international market and his view of the ORC market drivers. 
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ABSTRACT 
 
The design of efficient ORC units for the usage of industrial waste heat at high temperatures requires 
direct evaporating systems without an intermediate thermal oil circuit. Therefore, the thermal stability 
of high temperature working fluids gains importance. In this study, the thermal degradation of 
hexamethyldisiloxane (MM) is investigated in an electrically heated tube. The results include 
qualitative remarks on degradation products as well as the annual degradation rate as quantitative 
parameter. It is shown that MM is stable up to a temperature of 300 °C with annual degradation rates 
of less than 3.5 %. Furthermore, the break of a silicon-carbon bond can be a main chemical reaction 
that influences the thermal degradation. Finally, the impact of the results on the future design of ORC 
units is discussed. 
 

1. INTRODUCTION 
 
Linear siloxanes like hexamethyldisiloxane (MM) are promising working fluids for high temperature 
applications like biomass fired power plants (Obernberger, 1998; Obernberger et al., 2002). In such 
systems, a thermal oil circuit based on synthetic oils with degradation temperatures of more than 
300 °C (Mang and Dresel, 2007) is used to avoid thermal stress of the ORC working fluid. However, 
for industrial waste heat recovery a trend is noticed to direct evaporating systems without thermal oil 
circuit. The advantages are higher efficiencies, lower investment costs and a much simpler system 
design. Although evaporation temperatures of MM are limited to a value below 240 °C for typical 
working pressures of about 17 bar, the film temperature at the heat exchanger surface, hot-spots 
within the heat exchanger and the failure mode (e.g. standstill of the ORC pump but no shutdown of 
the heat source) have to be kept in mind. 
Therefore, if we want to use MM in a wide range of heat source temperatures, reliable data for its 
thermal stability are essential. Colonna et al. (2006) report a limit of 400 °C, however, the duration of 
the experiments, the heating rate and the pressure remain unclear. For cyclic siloxanes, Angelino 
(1993) gives a similar value of 400 °C. Dvornic (2000, 2008) investigates extensively thermal 
properties of polysiloxanes, however, without giving quantitative results for the degradation 
temperature of MM. 
To attain such results, different methodologies concerning design of the test rig and evaluation 
method are found in literature. Ginosar et al. (2011) report a method to separate catalytic from thermal 
effects within a glass tube. The standard test procedure for the thermal stability of refrigerants is 
carried out almost similar (ANSI/ASHRAE, 2007). For the same chemical class, the method of 
adiabatic compression is used to avoid the thermal degradation at hot surfaces (Buravtsev et al., 
1994). Thermogravimetric analyses within vacuum (Grassie and Macfarlane, 1978; Grassie et al., 
1979; Deshpande and Rezac, 2002) as well as the analysis of different catalysts (Kuramochi et al., 
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1993) are also widespread. A test rig designed especially for measurements of ORC working fluids, 
and in particular of methylbenzenes, is reported by Angelino et al. (1991). Calderazzi and Colonna 
(1997) use a similar test rig for different refrigerants. In both cases, the sample is located in a metallic 
cylinder and heated in an oven. Based on isothermal long-time experiments, the degradation rate is 
calculated.  
In the present study, we redesign the test rig by using an electrical heated tube which allows for high 
heating rates which can be accurately controlled. The main objective is to gain more knowledge on 
the influence of the working fluid temperature as well as the duration of the experiment. Furthermore, 
knowledge about the chemical composition of the degradation products is of main interest for a secure 
operation of direct evaporating ORC systems. 
 

2. METHODOLOGY 
 
2.1 Test rig and procedure 
 
A stainless steel tube with a length of 220 mm and an outer diameter of 18 mm is electrically heated 
according to Figure 1. The volume of the reactor accounts for 70.2 ml. The power of the heating wire 
is 850 W on a length of 5 m allowing a continuous and uniform heating of up to 450 °C. Compared to 
the heating in an oven, faster heating rates are achieved and the heating rate can be chosen constant 
for all tests. Within a second tube with an outer diameter of 3 mm the temperature within the reactor 
is measured with a thermocouple and used as pre-set temperature for the isothermal test procedure. To 
ensure constant test conditions, the reactor volume is flushed with nitrogen and evacuated two times 
before each test. The vacuum pump has a pressure limit of 1.0E-6 bar. Therefore, the remaining mass 
of nitrogen in the reactor is negligible. A sample mass of about 7 g is fed into the reactor through the 
filling valve at the bottom of the tube. Afterwards the reactor is sealed through blind plugs, heated 
until the preset temperature with a constant heating rate of 0.3 K/s and the time measurement starts. 
After the test period, the electrical heating is switched off and the reactor is cooled down to ambient 
temperature through natural convection. Subsequently, the analysis of the time-dependent temperature 
and pressure curve as well as the analysis of vapour and liquid phase by means of gas 
chromatography, mass spectroscopy and Karl-Fischer-titration is carried out. The raw material is MM 
with a purity of 97 % from the company Wacker Chemie in Burghausen, Germany (Wacker® AK 
0.65). 

 

Figure 1: Stainless steel tube (1), electrical 
heating wire (2), needle valve (3), thermocouple 

(4) and pressure sensor (5) 

 

Figure 2: Reactor in the lab 
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2.2 Evaluation method 
 
To describe the evaluation method, an experiment with a temperature of 420 °C and duration of 72 h 
is selected exemplarily.  
First of all, the heating period is analysed. Figure 3 shows the pressure within the tube depending on 
temperature. The characteristic progression of the bubble line is obtained until a pressure of about 
10 bar. However, due to the fact that the heating is much faster than the mixing of the fluid within the 
reactor, the vapour pressure at a specific temperature is lower than it is expected. Afterwards the slope 
of the curve drops as the specific volume of MM within the reactor is higher than the critical specific 
volume (Stephan et al., 2009). Due to the subsequent full mixing within the reactor, the pressure 
increases marginally at a constant temperature of 420 °C. The slightly right bended part between 
120 °C and 160 °C is caused by contaminants within the raw material.  
Secondly, the pressure profile during the isothermal test period in Figure 4 shows a value of 15.2 bar 
with a fluctuation range of 0.05 bar. The pressure changes indicate the formation of molecules with 
lower or higher molecular mass. The noise signal of the pressure sensor (±5 mbar) does not affect the 
result. As the pressure changes are not clearly pronounced, further evaluation methods are needed. 

 
Figure 3: Pressure depending on temperature 
during heating period (T = 420 °C, t = 72 h) 

 
Figure 4: Temperature and pressure depending on 

time (T = 420 °C, t = 72 h) 

The comparison of the pressure in the reactor before and after the experiment (Figure 5 and Figure 6) 
confirms the formation of molecules with lower molecular mass than MM. At a constant temperature 
and a fixed volume of the reactor, the pressure after the experiment is much higher as before which is 
caused by high vapour pressure of the degradation products. 

 
Figure 5: Temperature and pressure before 

experiment (T = 420 °C, t = 72 h) 

 
Figure 6: Temperature and pressure after 

experiment (T = 420 °C, t = 72 h) 

The chemical analysis of the products and the raw material by means of gas chromatography proves 
the assumption of low molecular substances. The mean relative error caused by the gas 
chromatograph is lower that 2 %. All components with a mass fraction higher than 0.4 % in the 
vapour phase are displayed in Figure 7. The mass fraction of MM drops to 58 %. The main 
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degradation products are low molecular hydrocarbons. This confirms the results from laser impulse 
experiments of Manders and Bellama (Manders and Bellama, 1985). Within the liquid phase traces of 
high molecular siloxanes are measured which fits the theory of Dvornic (Dvornic, 2000, 2008). 
However, the mass fraction of MM within the liquid phase still exceeds 99 % and indicates that the 
degradation products are mainly found in the vapour phase. As water catalyses the thermal 
degradation of many organic compounds, the water content of the raw material is measured by means 
of Karl-Fischer titration which gives a marginal value of 140 ppm. Furthermore, the nitrogen-flushing 
of the reactor and the subsequent evacuation ensures that no free water or contaminants remain within 
the tube which would influence the experiments. 
 

 
Figure 7: Mass fraction of vapour phase after the experiment and of raw material  

(T = 420 °C, t = 72 h, relative error caused by gas chromatograph < 2 %)  

 
3. RESULTS 

 
3.1 Influence of temperature on thermal degradation 
 
The influence of temperature on the thermal degradation is evaluated in Figure 8. The mass fraction of 
MM drops with increasing temperature. Below a temperature of 300 °C, methane is the dominant 
degradation product and higher molecular hydrocarbons are hardly detected. At 360 °C, higher 
amounts of ethane and ethylene are detected for the first time. The mass fraction of propane and 
propylene remains below 1.5 %. This value increases up to 7.3 % at 420 °C. In general, the variation 
margin of the mass fraction increases with increasing temperature. 
 
3.2 Influence of time on thermal degradation 
 
In general, the retention time within an ORC evaporator is far less than 72 h. However, due to 
impropriate mixing and dead volume, high residence times may occur in reality as well. Furthermore, 
short retention times could give knowledge about the chemical reactions involved in the degradation 
process. Therefore, the influence of time on the degradation is evaluated. A temperature of 420 °C is 
chosen to attain high degradation rates which are essential for meaningful results on the influence of 
time. The mass fraction of MM in Figure 9 drops and the ones of the degradation products increase 
with increasing time. The slope is almost linear within the first 24 h, for longer times the curves 
flatten. 
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Figure 8: Mass fraction of MM, methane, ethane/ethylene and propane/propylene in the vapour 

phase after the experiment depending on temperature (t = 72 h) 

  

  
Figure 9: Mass fraction of MM, methane, ethane/ethylene and propane/propylene in the vapour 

phase after the experiment depending on time (T = 420 °C) 
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4. DISCUSSION 
 
4.1 Qualitative evaluation of degradation products 
 
The formation of C1-/C2- and C3-hydrocarbons suggests that the break of a Si-C-bond and the 
subsequent formation of methyl radicals can be seen as the start reaction of thermal degradation. The 
increased variation margin above a temperature of 360 °C in Figure 8 suggests complex 
recombination effects which differ especially for longer times of the experiment and are strongly 
influenced by number and kind of available radicals. The theory of free radicals is also supported by 
the results in Figure 9. The lower the duration of the experiment, the fewer radicals are available and 
the straighter forward is their influence on the mass fraction especially of MM, methane and 
ethane/ethylene. This leads to the characteristic linear slope for times lower than 24 h. The number 
and types of radicals and, therefore, the variation margin increases for longer times of the 
experiments.  
 
4.2 Quantitative evaluation of degradation 
 
The mass of gaseous MM before and after the experiment is calculated from the composition of the 
vapour phase. In combination with the overall mass of MM in the reactor, the annual degradation rate 
is deduced (Figure 10).  
The typical exponential progression according to Arrhenius’ law is observed. The absolute value for 
temperatures below 300 °C is mainly lower than the typical leakage rates of 3 %/a (Heberle et al., 
2012) that are assumed for geothermal applications. The degradation rate increases considerably for 
temperatures higher than 300 °C. 
Figure 10 also gives the error-containing values for the degradation rate if we assume the following 
typical errors for the input data of the calculation:  

volume of the reactor and mass of MM in the reactor ± 2.0 % 
mass fraction of MM in liquid and vapour phase  ± 2.0 % 
density of MM in liquid and vapour phase  ± 1.0 % 

 
Figure 10: Degradation rate depending on temperature (t = 72 h) 

The dependency of the annual degradation rate on the duration of the experiments in Figure 11 shows 
a steep decrease for times lower than 12 h, subsequently the curve flattens. Note that error-containing 
minimum and maximum values are given again. It is obvious that the relative failure increases for 
lower durations of the experiment as the values are extrapolated to gain the annual degradation rate. 
Furthermore, according to Figure 11 the annual degradation rates which were calculated from the 
experiments for duration of 72 h (Figure 10) are probably higher in real ORC units, in which the 
retention time of the working fluid in the evaporator is far less. To account for this, a test series is 
carried out in which MM is just heated up to the pre-set temperature and instantly cooled down 
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afterwards. Therefore, it is possible to “simulate” the heating in the evaporator and instant cooling in 
the turbine and condenser in an ORC unit. It is shown that the amount of low molecular hydrocarbons 
is low until a temperature of 300 °C (Figure 12). At 360 °C, the mass fraction of methane increases. 
Subsequently, the mass fraction of ethane/ethylene and propane/propylene increases at 420 °C. This 
again proves the assumption that the break of a Si-C-bondage and the set free methyl radicals 
influence the thermal degradation of MM. 

 
Figure 11: Degradation rate depending on time (T = 420 °C) 

 
Figure 12: Mass fraction of MM, methane, ethane/ethylene and propane/propylene in the vapour 

phase after the experiment depending on temperature (test series: heating and instant cooling) 

 
4.3 Impact on the set-up of ORC power units 
 
From the gained results, it can be concluded that the use of MM in ORC units without intermediate 
thermal oil circuit is possible as long as the fluid temperature does not exceed 300 °C. As the 
thermodynamic suitable evaporation temperatures are around 240 °C, these conditions can be 
achieved if special care on evaporator design, particularly concerning film temperature and hotspots, 
is taken. Furthermore, Figure 12 shows that the formation of methane is an indicator for the thermal 
degradation. Therefore, in future ORC units a methane sensor could be placed at the top of the 
evaporator to give evidence on the degradation of MM (for example in case of unforeseen hotspots or 
in failure mode). In combination with a bleeder valve, the degradation products could be released 
before influencing the whole ORC system. 
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5. CONCLUSIONS 
 
The thermal degradation of MM depending on temperature and time was analysed qualitatively and 
quantitatively and the impact on the set-up of ORC power units was pointed out. The main results can 
be summarized as follows: 

 The main degradation products of MM are low molecular hydrocarbons like methane, 
ethane/ethylene and propane/propylene. 

 The degradation rate is strongly influenced not only by the temperature but also by the 
retention time. 

 MM is stable up to a temperature of 300 °C with annual degradation rates of less than 3.5 %. 
 Methane can be used as indicator for ongoing thermal degradation of MM. 
 The design of direct evaporating systems based on MM requires special care concerning film 

temperature and avoiding hot spots in the evaporator. 
Ongoing and future work will include the evaluation of free water on the thermal degradation of MM 
and the comparison with other linear siloxanes (MDM, MD2M). Furthermore, a dynamic test rig 
including pump, preheater, evaporator, superheater, throttle valve and condenser is planned to account 
for mechanical stress of the working fluid due to the cycle as well. 
 

NOMENCLATURE 
 
C carbon 
MDM octamethyltrisiloxane 
MD2M decamethyltetrasiloxane 
MM hexamethyldisiloxane  
ORC Organic Rankine Cycle 
Si silicon  
t time  (h) 
T temperature  (°C) 
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ABSTRACT

For zeotropic mixtures, the temperature varies during phase change, which is opposed to the isother-
mal phase change of pure fluids. The use of such mixtures as working fluids in organic Rankine cycle
power plants enables a minimization of the mean temperature difference of the heat exchangers when
the minimum pinch point temperature difference is kept fixed. A low mean temperature difference
means low heat transfer irreversibilities, which is beneficial for cycle performance, but it also results in
larger heat transfer surface areas. Moreover, the two-phase heat transfer coefficients for zeotropic mix-
tures are usually degraded compared to an ideal mixture heat transfer coefficient linearly interpolated
between the pure fluid values. This entails a need for larger and more expensive heat exchangers. Pre-
vious studies primarily focus on the thermodynamic benefits of zeotropic mixtures by employing first
and second law analyses. In order to assess the feasibility of using zeotropic mixtures, it is, however,
important to consider the additional costs of the heat exchangers. In this study, we aim at evaluating
the economic feasibility of zeotropic mixtures compared to pure fluids. We carry out a multi-objective
optimization of the net power output and the component costs for organic Rankine cycle power plants
using low-temperature heat at 90 �C to produce electrical power at around 500 kW. The primary out-
comes of the study are Pareto fronts, illustrating the power/cost relations for R32, R134a and R32/R134a
(0.65/0.35mole). The results indicate that R32/134a is the best of these fluids, with 3.4 % higher net power
than R32 at the same total cost of 1200 k$.

1. INTRODUCTION

The organic Rankine cycle (ORC) power plant is a technology that enables the utilization of low-
temperature heat for electricity production. The working fluid selection for the ORC power plant is
a critical design decision which affects the thermodynamic performance and the economic feasibility of
the plant. The use of zeotropic mixtures as working fluids has been proposed as a way to improve the
performance of the cycle (Angelino and Colonna, 1998). Zeotropic mixtures change phase with varying
temperature, which is opposed to the isothermal phase change of pure fluids. As the temperature of the
heat source and heat sink change during heat exchange, zeotropic working fluids enable a closer match
of the temperature profiles in the condenser and the boiler, compared to pure fluids. This results in a
decrease in heat transfer irreversibilities and an increase in cycle performance. The condenser has been
identified as the component where the irreversibilities decrease the most when using mixed working
fluids (Heberle et al., 2012; Lecompte et al., 2014), and the increment in cycle performance when using
zeotropic mixtures instead of pure fluids is largest when the heat source temperature is low (Chys et al.,
2012).
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Heberle et al. (2012) optimized the performance of ORC systems using zeotropic working fluids for
utilization of geothermal heat at 120 �C. Compared to pure isobutane, a mixture of isobutane/isopentane
(0.9/0.1mole) achieved an increase in the second law efficiency of 8 %. They also compared the UA-values
(the product of the overall heat transfer coefficient and the heat transfer area) of the heat exchangers in the
cycle, and found that the mixture compositions resulting in the highest cycle performance also required
the highest UA-values. This suggests that the cost of heat exchangers is larger when the mixture is used.
Le et al. (2014) performed maximizations of the exergy efficiency and minimizations of the levelized
cost of electricity for ORC systems using mixtures of R245fa and pentane as working fluids. Pure
pentane was identified as the best fluid, in both optimizations. In the minimization of the levelized cost of
electricity, the minimum value for pentane was found to be 0.0863 $/kWh. The mixtures pentane/R245fa
(0.05/0.95mass) and pentane/R245fa (0.1/0.9mass) obtained similar values at 0.0872 and 0.0873 $/kWh,
respectively.

In the present study, we carry out a multi-objective optimization of net power output and component
cost for an ORC power plant utilizing a low-temperature water stream at 90 �C. The objective of the
study is to investigate and compare the relationship between cost and performance for ORC power
plants using pure fluids and zeotropic mixtures as working fluids. The fluids considered are R32, R134a
and R32/R134a (0.65/0.35mole). These fluids are selected, since they achieved high thermodynamic
performance at subcritical turbine inlet pressure in a previous study (Andreasen et al., 2014).

Previous studies (e.g. (Heberle et al., 2012; Trapp and Colonna, 2013; Andreasen et al., 2014)) which
compare pure fluids and zeotropic mixtures focus mainly on the evaluation of the thermodynamic per-
formance of the fluids. These studies indicated that the thermodynamic performance can be increased by
using zeotropic mixtures as working fluids, while the size and thereby the cost of the heat exchangers in-
crease. In order to evaluate the feasibility of zeotropic mixtures, it is, therefore, necessary also to assess
the cost of equipment such that the working fluids are compared based on the same investment costs.
Le et al. (2014) included a single-objective optimization of the levelized cost of electricity. However,
they did not consider the simultaneous optimization of thermodynamic performance and cost as is done
in the present study. It is advantageous to implement the multi-objective optimization since it enables a
comparison of fluid performance based on the same equipment costs.

The paper begins with a description of the methodology in Section 2. The results are presented and
discussed in Section 3 and conclusions are given in Section 4.

2. METHODS

The multi-objective optimization method is developed in Matlab version 2014b (Mathworks, 2014)
based on the framework described by Pierobon et al. (2014). The steady state ORC system model,
capable of handling both pure fluids and mixtures through REFPROP R� version 9.1 (Lemmon et al.,
2013), is adapted from a previous study (Andreasen et al., 2014) and integrated within the simulation
tool. A sketch of the ORC power plant is depicted in Figure 1.

The heat source is a low-temperature water stream as investigated in Andreasen et al. (2014). Table 1
shows the hot fluid parameters along with the fixed input parameters assumed for the cycle. The hot
fluid and cooling water pumps are denoted as auxiliary pumps.

The optimization variables include cycle and heat exchanger design parameters; see Table 2. The lower
boundary for the turbine inlet pressure is defined as the bubble point pressure at a temperature 30 �C
higher than the cooling water inlet temperature (Tcool,i), and the upper boundary is 90 % of the critical
pressure (Pc). The superheating degree is defined as the temperature difference between the dew point
temperature and the turbine inlet temperature, and the bounds for the baffle spacing are set relative to
the shell diameter (ds). The lower bounds for the pinch points in the condenser and the boiler are set to
0.1 �C. Such low pinch points are not feasible in practice, but they are allowed in this study in order to
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Figure 1: Organic Rankine cycle power sys-
tem

Table 1: ORC system modelling conditions

Parameter description Value Unit
Hot fluid (water)
Hot fluid inlet temperature 90 �C
Hot fluid mass flow 50 kg/s
Hot fluid pressure 4 bar
Condenser
Cooling water inlet temperature 15 �C
Outlet vapour quality 0 -
Cooling water pressure 4 bar
Working fluid pump
Isentropic efficiency 0.8 -
Auxiliary pumps
Isentropic efficiency 0.7 -
Turbine
Isentropic efficiency 0.8 -
Minimum outlet vapour quality 1 -

compare the fluids based on a wide range of equipment costs.

The objective functions for the optimization are the net power output and the total cost of the compo-
nents. The net power is calculated as

ẆNET = ṁw f (h3�h4� (h2�h1))�Ẇaux.,pumps (1)

where ṁw f is the working fluid mass flow, h is the mass specific enthalpy and Ẇaux.,pumps is the power
consumption of the hot fluid and cooling water pumps. The total cost (Ctot) of the components is found
by adding the cost of the turbine (Cturb), working fluid pump (Cw f ,pump), condenser (Ccond), boiler (Cboil),
generator (Cgen) and the two auxiliary pumps (Caux.,pumps)

Ctot = Cturb +Cw f ,pump +Ccond +Cboil +Cgen +Caux.,pumps (2)

The total cost considered in this paper is the equipment cost, thus further expenses are expected for the
construction of the ORC power plants, e.g. installation costs.

Table 2: Optimization variables

Parameter description Lower bound Upper bound Unit
Cycle parameters
Turbine inlet pressure Pbub(Tcool,i +30) 0.9 ·Pc bar
Superheating degree 0 40 �C
Condensing temperature Tcool,i +5 Tcool,i +20 �C
Boiler pinch point temperature 0.1 20 �C
Condenser pinch point temperature 0.1 20 �C
Condenser design
Inner tube diameter 16 26 mm
Number of tubes 10 200 -
Baffle spacing 0.5 ·ds 3 ·ds mm
Boiler design
Inner tube diameter 16 26 mm
Number of tubes 10 200 -
Baffle spacing 0.5 ·ds 3 ·ds mm

The optimization framework comprises the following steps (Pierobon et al., 2014):

• Calculation of the process states by use of the cycle model (without pressure losses)

• Layout of the geometry of the condenser and the boiler and calculation of the heat transfer area
and the pressure losses

• Calculation of the net power output by use of the cycle model (with pressure losses)
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• Calculation of the total component cost

2.1 Heat Exchanger Modelling
The heat exchanger models are developed based on the shell-and-tube model used in Kærn et al. (2015).
In order to avoid leakage of working fluid, which for zeotropic mixtures can result in undesirable com-
position shifts, both the boiler and the condenser are designed with the working fluid flowing inside
the tubes (Cavallini et al., 2003). The heat exchangers are designed as TEMA E type shell-and-tube
heat exchangers with one shell pass and one tube pass. A 60� triangular tube layout is used; see Figure
2.

Table 3 lists the modelling conditions used for the shell-and-tube heat exchangers including the geo-
metric parameters and the ranges for the flow velocities. The velocities must be high enough to avoid
excessive fouling, but not so high that the heat exchanger material is eroded. The boundaries for the flow
velocities are selected based on recommendations from Nag (2008), Shah and Sekulić (2003) and Coul-
son et al. (1999). The shell side velocity is only checked at the inlet, since the density variations of the
hot fluid and the cooling water are small. The tube side outlet velocity for the condenser is allowed to be
lower than the minimum value of 0.9 m/s for liquid in-tube flow found in Shah and Sekulić (2003). Full
liquid flow is only present at the end of the condenser tube as all vapour is condensed. It is, therefore,
assumed that the liquid velocity can reach 0.5 m/s at the condenser outlet without the risk of excessive
fouling formation.

60o

din

dou

Tube 
pitch

Figure 2: Tube layout

Table 3: Heat exchanger modelling conditions

Parameter description Value/range Unit
Tube configuration Rotated square 45� -
Tube thickness 3 mm
Tube pitch 1.5 ·dou mm
Baffle cut 0.25 ·ds mm
Tube wall conductivity 16 W/mK
Number of control volumes 30 -
Condenser velocities
Tube side inlet 5�22 m/s
Tube side outlet 0.5�4 m/s
Shell side inlet 0.3�1.5 m/s
Boiler velocities
Tube side inlet 0.9�4 m/s
Tube side outlet 5�22 m/s
Shell side inlet 0.3�1.5 m/s

The heat transfer and pressure drop characteristics on the shell side are estimated based on the Bell-
Delaware method (Shah and Sekulić, 2003). The method is implemented for tubes without fins and for
a shell design without tubes in the window section. The effects of larger baffle spacings at the inlet and
outlet ducts compared to the central baffle spacing are neglected.

For single-phase flow, the heat transfer coefficient is calculated using the correlation provided by Gnielin-
ski (1976). The two-phase heat transfer coefficient of boiling is estimated based on the correlation
provided by Gungor and Winterton (1987) and Thome (1996)

a2p,boil = aL

"
1+3000(BoFc)0.86 +1.12

✓
x

1� x

◆0.75✓rL

rV

◆0.41
#

(3)

where Bo is the boiling number, x is the vapour quality, rL is the density of saturated liquid, rV is the
density of saturated vapour and aL is the liquid only heat transfer coefficient which is calculated using
the Dittus-Boelter correlation (Dittus and Boelter, 1930). The ratio of the nucleate boiling heat transfer
coefficient to the ideal nucleate boiling heat transfer coefficient, Fc = anb/anb,id , is calculated by
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Fc =


1+
✓

anb,id

qnb

◆
(Tdew�Tbub)


1� exp

✓
�Bqnb

rLhLV bL

◆���1

(4)

where qnb is the nucleate boiling heat flux, Tdew is the dew point temperature, Tbub is the bubble point
temperature, B is a scaling factor, hLV is the enthalpy of vaporization, and bL is the liquid phase mass
transfer coefficient. The values of B and bL are set to B = 1 and bL = 0.0003 m/s according to Thome
(1996). The ideal nucleate boiling heat transfer coefficient, anb,id is calculated using the correlation by
Stephan and Abdelsalam (1980).

For in-tube condensation, the heat transfer coefficient is estimated using the following correlation (Shah,
2009):

a2p,cond =

(
aI Jg � 0.98(Z +0.263)�0.62

aI +aNu Jg < 0.98(Z +0.263)�0.62 (5)

where Z is Shah’s correlating parameter and Jg is the dimensionless vapour velocity.

The heat transfer coefficients aI and aNu are calculated as

aI = aLT

✓
µL

14µV

◆0.0058+0.557Pr

(1� x)0.8 +

3.8x0.76(1� x)0.04

Pr
0.38

�
(6)

aNu = 1.32ReL
�1/3

"
rL(rL�rV )glL

3

µL2

#1/3

(7)

where aLT is the heat transfer coefficient assuming all mass to be flowing as liquid and ReL is the
Reynolds number for the liquid phase only. The variable aLT is calculated using the Dittus-Boelter
equation (Dittus and Boelter, 1930). For mixtures the heat transfer coefficient obtained from equation
(5) is corrected using the method proposed by Bell and Ghaly (1973). For in-tube flow, the single-phase
pressure drops are calculated based on the Blasius equation (Blasius, 1913) and the two-phase pressure
drops are calculated using the correlation by Müller-Steinhagen and Heck (1986).

2.2 Cost Correlations
The cost (in US$) of the components in the cycle are estimated based on correlations found in the
literature. The turbine is assumed to be axial, since axial turbines are commonly used by manufacturers
in the range of power (approximately 50-600 kW) considered in the present paper (Quoilin et al., 2013).
The cost (ine) of the turbine is estimated based on the correlation provided by Astolfi et al. (2014)

Cturb = 1.230 ·106
✓

1
2

◆0.5
 p

V̇4/(Dhis)0.25

0.18

!1.1

(8)

where V̇4 is the volume flow at the turbine outlet and Dhis is the isentropic enthalpy drop across the
turbine. An euro-to-dollar conversion factor of 1.2 is used to convert the turbine cost to US$.

The costs of the pumps, the heat exchangers and the generator are estimated by

CE = CB

✓
Q
QB

◆M

fM fP fT (9)

where CE is the equipment cost for equipment with capacity Q, CB is the base cost for equipment with
capacity QB, M is a constant exponent, and fM, fP are fT correction factors accounting for materials of
construction, design pressure and design temperature.
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The economic parameters needed in the cost correlation are listed in Table 4. For the heat exchangers,
the pressure correction factor is obtained by linear interpolation between the values reported in Smith
(2005). The component costs are corrected for inflation by using the Chemical Engineering Plant Cost
Index.

Table 4: Economic parameters

Component CB QB M fM fP fT Reference
Heat exchangers 32.8 k$ 80 m2 0.68 1.7 (Smith, 2005) 1 (Smith, 2005)
Pumps 9.48 k$ 4 kW 0.55 1 1 1 (Smith, 2005)
Generator 3.7 k$ 1000 kW 0.95 1 1 1 (Boehm, 1987)

3. RESULTS AND DISCUSSION

Figure 3 shows the Pareto fronts for multi-objective optimizations of net power output and cost for R32,
R134a and R32/R134a (0.65/0.35). The results indicate that R32/R134a is the best of the three fluids,
since it enables the highest net power output at the lowest component cost. R32 is the second best fluid
while R134a is performing worst.

When the fluids are compared based on a single-objective optimization of net power output, R32/134a
(0.65/0.35) reaches 13.8 % higher net power output than R32 and 14.6 % higher than R134a (Andreasen
et al., 2014). However, this approach does not account for the equipment cost, and it was therefore not
ensured that the fluids were compared based on similar cost. The multi-objective optimization, on the
other hand, does enable a fluid comparison based on fixed equipment cost. For a total cost of 1200 k$,
R32/R134a reaches a 3.4 % higher net power than R32 and 10.9 % higher than R134a. At Ctot = 800 k$,
the mixture obtains 2.1 % higher net power than R32 and 12.6 % higher than R134a. It should be noted
that in the single-objective optimization, which was presented in Andreasen et al. (2014), the mixture
composition was optimized, but in the multi-objective optimization, carried out in the present paper, it is
not. It is, therefore, possible that higher performance can be achieved with the mixture if the composition
is optimized in the multi-objective optimization.
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Figure 3: Pareto fronts
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Figure 4: Temperatures, R32/R134a

In Figure 4, the optimal degree of superheating, condensing temperature, boiler pinch point and con-
denser pinch point are plotted as a function of the total cost for R32/R134a. The degree of superheating
increases from about 13 to 23 �C as the total component cost increases. The condensing temperature,
boiler pinch point and condenser pinch point all continuously decrease as the total component cost in-
creases. The decrease in boiler pinch point results in an increase in the heat input to the cycle. This
trend positively affects the net power output while increasing the investment cost for the boiler. The de-
crease in the condensing temperature has a positive effect on net power output, but requires larger heat
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transfer areas since the temperature difference between the cooling water and the condensing working
fluid decreases. The larger heat transfer areas result in higher investment costs for the condenser. For
fixed cycle conditions (condensing temperature, mass flow, etc.), the condenser pinch point only affects
the net power output of the cycle through the power consumption of the cooling water pump. The pinch
point temperature of the condenser thereby primarily affects the cost of the condenser. Therefore, the
condenser pinch point tends to be as large as possible, while respecting the following constraints: 1)
the cooling water outlet temperature must be larger than the inlet temperature and 2) the flow velocity
in the condenser shell should not be higher than 1.5 m/s. A high condenser pinch point results in a
low cooling water temperature increase and thereby a high cooling water mass flow and a high shell
flow velocity. For R32/R134a, the temperature glide of condensation is 5.3 �C, while the cooling water
temperature increase ranges from 5.7 to 14.5 �C. In thermodynamic analyses of zeotropic mixtures, op-
timum conditions are typically obtained when the temperature glide of the mixture and the temperature
increase of the cooling water are matched (Heberle et al., 2012; Chys et al., 2012; Lecompte et al., 2014;
Andreasen et al., 2014). The present study does on the other hand indicate that optimum conditions
are reached when the temperature increase of the cooling water is larger than the temperature glide of
condensation.

For total costs of 1300 k$, the boiler pinch point drops below 2.5 �C. It is unusual that solutions with
pinch points below 2.5 �C represent economically feasible solutions. In Figure 3 at a total cost of
1300 k$, the curves are levelling off, meaning that an increase in investment cost results in a low in-
crease in net power output compared to when the total cost is lower. It is therefore likely that the more
economically feasible solutions are found at total costs below 1300 k$. It should be noted that the Pareto
fronts do not provide information which directly can be used to make an investment decision, since they
do not include information about the possible income related to the power delivered by the ORC power
plant. Such information is necessary in order to estimate, e.g., net present value or payback periods
which are useful figures for making investment decisions. The Pareto fronts should rather be used for
assessing the feasibility of working fluids based on equal component costs, thereby ensuring a fair basis
for comparison.
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Figure 5: Relative turbine costs
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Figure 6: Relative condenser costs

Figures 5, 6 and 7 depict the variation of the cost of the turbine, condenser and boiler as a function
of the total cost for the three fluids. The cost values displayed on the y-axes are relative to the total
cost. The relative size of the turbine cost decreases, while the relative costs of the condenser and boiler
increase. The relative turbine costs decreases since the turbine cost is a function of the turbine outlet
volume flow rate and the isentropic enthalpy drop across the turbine. An increase in the outlet volume
flow rate or a decrease in the isentropic enthalpy drop results in an increase in the turbine cost. These
two parameters can be varied by changing e.g. the boiler pressure or the turbine inlet temperature. By
modifying the boiler pressure or the turbine inlet temperature it is, however, not certain that the net
power output increases. The cost of the condenser and the boiler can be increased by decreasing the
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pinch point temperatures of the heat exchangers or the condensing temperature. This has a positive
effect on the net power output. Thus, the cost of the heat exchangers are not as tightly connected to the
cycle as the turbine is.
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Figure 7: Relative boiler costs
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Figure 8: Boiler cost comparison

The boiler pressures range from 39-45 bar for R32, 28-35 bar for R32/R134a and 16-22 bar for R134a.
Correspondingly the critical pressures are 57.8 bar, 51.8 bar and 40.6 bar for R32, R32/R134a and
R134a, respectively, thus indicating that higher critical pressures are related to higher optimum boiling
pressures. Figure 8 displays a comparison of the boiler costs for R32 and R32/R134a with and without
the pressure correction factor ( fP). The boiler pinch point is plotted on the x-axis. It is, thereby, possible
to compare the boiler costs for a given pinch point temperature difference. When the pressure correction
factor is unity, the boiler costs are higher for the mixture compared to R32. When the pressure correction
factor is employed as a function of the boiler pressure, the boiler costs are similar for the two fluids. This
indicates that the boiler pressure reduction, achieved when using the mixture, can compensate for the
increase in boiler cost caused by the degradation of the heat transfer coefficient and the lower temperature
difference of heat transfer.

For R32/R134a, the shell length to diameter ratio of the shell-and-tube heat exchanger designs are in a
range of 37-110 for the condenser and 76-180 for the boiler. Shah and Sekulić (2003) advise a desirable
range of 3-15 for this ratio, meaning that the condensers and the boilers should consist of numerous
shorter shell-and-tube heat exchangers in series, in order not to violate this practical limit. The shells
designed in this paper are long since the number of tubes must be relatively low in order to ensure
reasonable flow velocities in the tubes. Selecting a heat exchanger layout with multiple tube passes is a
viable solution for increasing the number of tubes while maintaining high flow velocities in the tubes.
Another option is to place the working fluid in the shell rather than in the tubes. This would increase the
risk of working fluid leakage, which is problematic in the case of zeotropic mixtures.

4. CONCLUSION

This paper present the results from a multi-objective optimization of net power output and component
cost for ORC power plants using R32, R134 and R32/R134a (0.65/0.35mole). For a low-temperature heat
source, the results indicate that R32/134a (0.65/0.35) is the best fluid and that R134a performs worst.
For a total cost of 1200 k$, the mixture reaches 3.4 % higher net power than R32 and 10.9 % higher
than R134a. The relative increase in net power output for the mixture compared to R32 is significantly
lower than the 13.8 %, which was estimated in a single-objective optimization of net power, i.e., not
considering the cost of the cycle components. This exemplifies the importance of accounting for eco-
nomic criteria in ORC system optimizations and fluid comparisons. This is especially important when
pure fluids and mixtures are compared due to the generally lower temperature difference of heat transfer
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and the degradation of heat transfer coefficients for zeotropic mixtures. Moreover, the differences in
operating pressures can have a significant effect on the cost of the ORC power plant. It is thus possible
to reduce the cost of the boiler by using R32/R134a as the working fluid compared to R32, since the
optimum pressure is lower for the mixture.

Future work on this topic will include performance comparisons for a larger group of pure fluids and
mixtures and an extension of the economic analysis enabling the estimation of payback periods and
net present values, such that the more cost efficient working fluids can be identified. An uncertainty
analysis, assessing the influence of the uncertainties related to heat transfer and equipment cost correla-
tions, is also a topic for further investigation, especially in the light of the relatively small performance
differences observed for R32 and R32/R134a.

NOMENCLATURE

Symbol
A heat transfer area (m2)
B scaling factor ()
Bo boiling number ()
C cost (US$)
d diameter (mm)
f correction factor ()
Fc anb/anb,id ()
g gravitational acceleration (m/s2)
G mass flux (kg/(s m2))
h specific enthalpy (kJ/kg)
Jg dimensionless vapour velocity ()
M Exponent in cost correlation ()
ṁ mass flow rate (kg/s)
P pressure (bar)
Q equipment capacity (m2), (kW)
q heat flux (kW/m2)
Re Reynolds number ()
T temperature (�C)
V̇ volume flow (m3/s)
Ẇ work (kW)
x vapour quality ()
Z Shah’s correlating parameter ()
a heat transfer coefficient (W/(m2 K))
b mass transfer coefficient (m/s)
D difference ()
l thermal conductivity (W/(m K))
µ viscosity (kg/(s m))
r density (kg/m3)

Subscript
1p one-phase
2p two-phase
B base
boil boiler
bub bubble point
c critical
cond condenser
cool cooling water
dew dew point
E equipment
gen generator
HEX heat exchanger
i inlet
id ideal
in inner
is isentropic
L saturated liquid
LT all mass as liquid
LV vaporization
nb nucleate boiling
NET net
ou outer
pump pump
r reduced
s shell
tot total
turb turbine
V saturated vapour
wf working fluid
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ABSTRACT

The present paper considers the employment of working-fluid mixtures in organic Rankine cycle (ORC)
systems with respect to heat transfer performance, component sizing and costs, using two sets of fluid
mixtures: n-pentane + n-hexane and R-245fa + R-227ea. Due to their non-isothermal phase-change be-
haviour, these zeotropic working-fluid mixtures promise reduced exergy losses, and thus improved cycle
efficiencies and power outputs over their respective pure-fluid components. Although the fluid-mixture
cycles do indeed show a thermodynamic improvement over the pure-fluid cycles, the heat transfer and
cost analyses reveal that they require larger evaporators, condensers and expanders; thus, the result-
ing ORC systems are also associated with higher costs, leading to possible compromises. In particular,
70 mol% n-pentane + 30 mol% n-hexane and equimolar R-245fa + R-227ea mixtures lead to the thermo-
dynamically optimal cycles, whereas pure n-pentane and pure R-227ea have lower costs amounting to
14% and 5% per unit power output over the thermodynamically optimal mixtures, respectively.

1. INTRODUCTION

Recently, the selection of working fluids for organic Rankine cycle (ORC) systems has received close
attention, including a particular interest in multi-component fluid mixtures, due to the opportunities
they offer in improving thermodynamic performance. Various authors have carried out investigations to
demonstrate and quantify these benefits, which have shown that working-fluid mixtures can exhibit an
improved thermal match with the heat source compared to the isothermal profile of (isobaric) evaporation
of pure-component fluids, therefore reducing exergy losses due to heat transfer, and increasing thermal
and exergy efficiencies (Angelino and di Paliano, 1998; Garg et al., 2013; Wang et al., 2010).

Investigators have carried out both experimental and theoretical studies across a range of heat-source
temperatures into the benefits of employing refrigerant (Sami, 2010; Chen et al., 2011; Aghahosseini
and Dincer, 2013), hydrocarbon (Heberle et al., 2012; Shu et al., 2014), and siloxane (Dong et al., 2014),
working-fluid mixtures. Compared to pure fluids, binary mixtures showed increased power outputs by
up to 30% and thermal efficiencies by over 15% in some cases. Excellent second law analyses have
also shown significant potential benefits (Lecompte et al., 2014). (Some exceptions to these general
trends have also been reported (Li et al., 2014).) Additionally, fluid mixtures can be used to adjust the
environmental and safety-related properties of ORC working fluids or to improve design parameters of
system components. At the same time, some investigators have begun to develop and apply advanced
computer-aided molecular design (CAMD) methodologies (Papadopoulos et al., 2010; Lampe et al.,
2014) with a view towards identifying or designing optimal fluids for ORC systems.

While these efforts have demonstrated the potential advantages of working-fluid mixtures, notably in
terms of power output and efficiency, many of the associated conclusions have been derived strictly
based on thermodynamic cycle analyses that do not fully consider the expected heat transfer perfor-
mance between the heat source/sink and working-fluid streams in the heat exchangers of ORC engines.
In particular, the heat transfer and cost implications of using working-fluid mixtures have not been prop-
erly addressed. Refrigerant mixtures are known to exhibit reduced heat-transfer coefficients (HTCs)
compared to their pure counterparts (Jung et al., 1989). Specifically, HTCs for refrigerants mixtures are
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usually lower than the ‘ideal’ values, linearly interpolated between the mixture components. This, cou-
pled with the reduced temperature difference between the heat source/sink and the working-fluidmixture,
will invariably lead to larger andmore expensive heat exchangers in an ORC system. Therefore, although
working-fluid mixtures may allow a thermodynamic advantage over single-component working fluids,
they may also lead to higher system costs owing to a deterioration in their thermal performance.

By presenting a method for evaluating the HTCs of working-fluid mixtures, this work aims to explore
the effects of using such mixtures on the heat transfer processes in ORC engines, which are important in
understanding the role that these fluids play on the overall system performance and cost. A simple ORC
engine model is presented that incorporates a suitable heat transfer description of the heat exchangers
used for the heat addition and heat rejection processes. The heat exchangers are discretized along their
lengths into segments (accounting for phase-change and single-phase regions), with suitable estimates
of the HTCs in the different segments. Overall HTCs and heat-transfer areas (HTAs) are then evaluated,
and simple cost models are used to estimate the relative costs of the components, and by extension of
the entire engine. Using a selection of alkane and refrigerant working-fluid mixtures, the heat transfer
characteristics and ORC-system equipment/component costs are thus investigated.

2. THERMODYNAMIC OPTIMIZATION

We begin with a simple thermodynamic optimization of an ORC system in a specified geothermal ap-
plication with two sets of working-fluid mixtures: the n-hexane + n-pentane alkane system; and the
R-245fa + R-227ea refrigerant system. Earlier studies have shown that these mixtures can provide sig-
nificant thermodynamic benefits in ORC systems (Lecompte et al., 2014; Chys et al., 2012; Braimakis
et al., 2014). Further, pentane and the selected refrigerants are presently being used in actual installations,
especially in geothermal ORC setups, such as the one considered here.

2.1 ORC Model
We consider a sub-critical, non-regenerative ORC, consisting of four basic processes (pumping, heat
addition, expansion and heat rejection), carried out by an organic working fluid (wf). Briefly, for com-
pleteness, the power required to pump theworking fluid fromState 1 (saturated liquid) to State 2 is:

Ẇpump = ṁwf (h2 − h1) = ṁwf (h2s − h1)/ηis,pump . (1)

The heat extracted from the heat source is transferred to the working fluid assuming no heat losses and
no pressure losses (i.e., an isobaric process). In our engine, the working fluid exits this process as a
saturated vapour (State 3), since superheating has been shown to be detrimental to ORC performance
(Oyewunmi et al., 2014). Thus, the rate of heat input from the heat source (hs) is given by:

Q̇in = ṁhs cp,hs (Ths,in − Ths,out) ; and, Q̇in = ṁwf (h3 − h2) . (2)

The power generated as the working fluid is expanded to State 4 is:

Ẇexp = ṁwf (h3 − h4) = ηis,exp ṁwf (h3 − h4s) . (3)

During heat rejection, the working fluid transfers heat to a cooling stream (cs) at a rate given by:

Q̇out = ṁwf (h4 − h1) ; and, Q̇out = ṁcs cp,cs (Tcs,out − Tcs,in) . (4)

The pump and expander isentropic efficiencies (ηis,pump and ηis,exp) are taken as 75%, while all necessary
fluid properties are calculatedwith REFPROP 9.1 (Kunz andWagner, 2012; Lemmon et al., 2013).

2.2 Application
Awide variety of fluid streams can be used as ORC-system heat sources, including thermal oil (e.g., in so-
lar applications), process streams (e.g., in industrial applications), geothermal water/steam, exhaust/flue
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gases, etc. For the purpose of this work, it is more appropriate to consider liquid-phase source and sink
streams; gaseous streams would dominate the thermal resistances on the source and sink sides of the
heat exchangers, thereby overshadowing the thermal resistances on the working-fluid vapour and liquid
streams, and limiting the information we hope to derive by employing different working-fluid mixtures.
Thus, the heat source selected in the present work is a hot-water stream from the 80 kWe Birdsville
geothermal ORC power-plant in Australia (Beardsmore et al., 2015), with an inlet temperature (Ths,in) of
98 ○C and a flow rate of 27 kg.s-1 (inlet enthalpy flow of 8.8 MWth). This is typical of what is obtainable
from other (low-pressure) geothermal reservoirs and also (low-grade) waste-heat streams in industrial
processes. The heat sink is a water stream at ambient conditions (in at 20 ○C; out at 30 ○C).
An optimization problem is set up to maximize the expansion power-output (Ẇexp) and, concurrently,
the cycle thermal and exergy efficiencies (ηth and ηex) for the specified heat-source enthalpy flow, while
specifying that all of theworking-fluid cycles are subject to the same (theoretical) total heat input from the
source (Q̇in = 1MWth; Ths,out = 89.2 ○C).While this latter constraint does not represent the actual working
condition in the Birdsville plant, it is imposed in order to ensure the same overall heat-exchange duty
across the working-fluid mixtures, thus enabling a uniform basis for comparison. The objective function
definition assumes that the pumping-power requirement is at least an order of magnitude smaller than the
expansion power-output, Ẇpump ≪ Ẇexp. The decision variables are the evaporation and condensation
pressures, while an additional constraint concerns the heat exchangers’ pinch conditions (≥ 10 ○C).
2.3 Optimal Cycles with Working-Fluid Mixtures
The ORC is optimized for maximum Ẇexp, using the Interior Point algorithm (Byrd et al., 1999). The
optimal power outputs and associated operating pressures are presented in Figure 1, and the expander
performance parameters are presented in Figure 2. All other cycle parameters are given in Table 1.

Table 1: ORC optimization results
xC6H14 ηth ηex wexp Ẇpump ṁwf ṁcs Q̇Ph Q̇Ev Q̇Dsh Q̇Cn x227ea ηth ηex wexp Ẇpump ṁwf ṁcs Q̇Ph Q̇Ev Q̇Dsh Q̇Cn

% % kJ/kg kW kg/s kg/s kW kW kW kW % % kJ/kg kW kg/s kg/s kW kW kW kW

0.0 7.79 39.5 33.5 1.41 2.37 21.4 251 749 81.0 841 0.0 7.65 39.5 16.7 2.84 4.74 21.4 284 715 62.0 861
0.1 8.24 41.6 36.5 1.33 2.29 21.3 260 740 84.1 833 0.1 8.00 41.5 17.5 3.48 4.78 21.3 318 682 68.5 851
0.2 8.53 43.1 38.5 1.24 2.25 21.2 266 734 86.9 828 0.2 8.12 42.4 17.3 4.05 4.92 21.3 339 661 72.4 846
0.3 8.71 43.9 39.9 1.15 2.21 21.2 270 730 89.3 824 0.3 8.12 42.7 16.7 4.64 5.13 21.3 356 644 75.4 843
0.4 8.70 43.8 40.1 1.04 2.20 21.2 267 732 89.9 823 0.4 8.07 42.8 15.9 5.31 5.40 21.3 373 627 77.8 841
0.5 8.67 43.6 40.0 0.94 2.19 21.2 266 733 90.8 822 0.5 8.03 43.0 15.1 6.12 5.72 21.3 393 607 80.5 839
0.6 8.64 43.4 39.8 0.87 2.19 21.2 265 735 91.9 822 0.6 7.87 42.6 14.0 6.97 6.11 21.4 410 589 82.5 839
0.7 8.56 43.0 39.2 0.79 2.21 21.2 263 737 92.7 822 0.7 7.60 41.7 12.8 7.83 6.57 21.4 426 575 84.3 840
0.8 8.43 42.3 38.1 0.72 2.23 21.2 259 740 92.7 822 0.8 7.32 40.8 11.6 8.77 7.09 21.5 442 559 86.0 842
0.9 8.19 41.1 36.3 0.64 2.27 21.3 252 748 91.4 826 0.9 7.04 39.9 10.5 9.79 7.64 21.6 460 540 86.9 843
1.0 7.85 39.3 33.8 0.55 2.34 21.4 240 760 88.5 833 1.0 6.74 38.9 9.51 10.8 8.23 21.6 478 522 86.4 846

Of the 1 MWth heat inflow to the cycle, roughly ∼75% is used to evaporate the alkane working fluids
(50% − 70% for the refrigerants), while the rest is used for pre-heating the fluids to their bubble points.
On average, about 0.85 MW is rejected during the condensation process. A working-fluid mixture with
xC6H14 = 0.3 results in the cycle with the highest power output and efficiency. The (pure) n-hexane cycle
has the lowest power output (Figure 1a), followed closely by the n-pentane cycle; their power outputs
are 10.5% and 10.1% lower than that of the optimal mixture, respectively. For the R-245fa + R-227ea
system, the equimolar mixture (xR-227ea = 0.5) is the optimal working fluid (Figure 1b).

The working-fluid mixtures with n-hexane fractions between 30 mol% and 60 mol% have the highest
power outputs and also the lowest working-fluid flow-rates (from Table 1). This results in cycles with the
highest specific work-outputs (defined as wexp = Ẇexp/ṁwf), with xC6H14 = 0.4 having the highest. The
pure fluids have the highest mass flow-rates and this, coupled with their lower work-outputs, results in
cycles with the lowest work densities, which are about ∼16% lower than that of the optimal fluid-mixture.
For the R-245fa + R-227ea system, the optimal working-fluid flow-rate increases monotonically from
pure R-245fa to pure R-227ea, and R-227ea has the cycle with the lowest specific work.
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Ẇexp
Pevap
Pcond

P
/
b
a
r

0

1

2

3

4

(a) n-pentane + n-hexane

xR-227ea

0 0.2 0.4 0.6 0.8 1

Ẇ
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Figure 1: Optimal expander power-output and corresponding operating phase-change pressure
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Figure 2: Expander volumetric flow-rate, volume and pressure ratio at optimal power output

The temperature glides (not shown) are smaller in the evaporator than in the condenser. In both heat
exchangers these follow a parabolic variation with x, reaching a maximum of 6 − 8 K at the equimolar
mixture (n-pentane + n-hexane) and 6 − 9 K at xR-227ea = 0.3 (R-245fa + R-227ea). These do not directly
correspond to the optimal mixtures, but are close. In fact, the temperature glide is a reasonably good
predictor of the maximum power-output in our study, since high power-output mixtures have relatively
high temperature glides, which are also closer to the external heat source and sink temperature changes (8
and 10K). Although this holds true for closely related binarymixtures, it has been suggested that mixtures
of highly dissimilar fluids may not follow this trend (Li et al., 2014; Oyewunmi et al., 2014).

The optimal evaporation and condensation pressures (Figure 1a and 1b, RHS axes) reduce linearly from
n-pentane (R-227ea) to n-hexane (R-245fa). This is because the saturation pressures of n-pentane (R-
227ea) are higher than those of n-hexane (R-245fa) at the same temperature, since the critical temperature
of n-pentane (R-227ea) is lower than that of n-hexane (R-245fa). In the R-245fa + R-227ea system, the
entire condensation process occurs at above atmospheric pressures, whereas in the n-pentane + n-hexane
system, only n-pentane condenses at above atmospheric conditions (the other working fluids condense
at sub-atmospheric pressures). The pumping power (while being negligible compared to the expander
output) mirrors the behaviour of the optimal evaporation pressure in both working-fluid systems.

The volumetric flow-rates through the expander, V̇exp (Figure 2a and 2b, LHS axes) are linear, increasing
steadily from n-pentane (R-227ea) to n-hexane (R-245fa) due to the reduction in the saturation pressures
during evaporation and condensation at higher concentrations of n-hexane (R-245fa). The pressure ra-

3RD International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium
25



Paper ID: 65, Page 5

tio, PR, and expansion ratio, VR, (Figure 2a and 2b, RHS axes) follow similar trends, with a minimum
observed for one of the pure-fluid components (n-pentane and R-227ea, respectively), and a maximum
observed for a fluid mixture. The low expansion-ratios and volumetric flow-rates for the pure compo-
nents suggest they would require smaller expanders than the mixtures, potentially leading to cost savings.
Also, they would require fewer expansion stages, further increasing the potential cost savings.

3. HEAT TRANSFER ANALYSIS OF OPTIMAL CYCLES

In the previous section we demonstrated the thermodynamic benefits of employing working-fluid mix-
tures in ORCs, especially for cases when the heat source and sink profiles are constrained. As expected,
there are working-fluid mixtures that realize higher power outputs and efficiencies than both pure fluids
as a result of the temperature glides during the phase change processes. The associated expansion and
pressure ratios of such working-fluid mixtures are comparable to those of the pure working-fluids.

However, these results were derived purely from a thermodynamic perspective; the effects of such mix-
tures on the heat transfer processes in the heat exchangers, and especially the evaporator and the con-
denser, have not yet been considered. Experimental investigations have shown that working-fluid mix-
tures are likely to experience lower HTCs than pure fluids under similar conditions. Thus, it is imperative
to examine the consequences of selecting fluid mixtures on the heat transfer processes in an ORC system,
with a view towards determining the sizes and costs of the main system components, and therefore their
contributions to overall system cost. The pump and expander costs depend on their power ratings and
volume/pressure ratios, which were derived from the thermodynamic optimization and thus need no fur-
ther treatment. The costs of the heat exchangers on the other hand depend on their sizes, which cannot be
obtained from thermodynamic calculations alone, and require appropriate heat transfer models.

3.1 Heat Exchanger Sizing
The heat addition process is carried out in two heat exchangers: (1) the Preheater (Ph), used to pre-heat
the working fluid to saturated liquid; and (2) the Evaporator (Ev), used to evaporate the working fluid to
the saturated vapour state. Similarly, the heat rejection process is carried out in the Desuperheater (Dsh)
and the Condenser (Cn). All heat exchangers are modelled as counter-current, shell-and-tube exchangers
(shell and tube diameters: 70 mm and 25 mm; tube thickness: dx = 5 mm) constructed from carbon-
steel (thermal conductivity: k = 51 W.m-1.K-1), and are discretized into 100 (variable-sized) segments,
i (= 1 − 100), each segment having an equal heat transfer/duty, i.e., Q̇in/100 or Q̇out/100. In all heat
exchangers, the working fluid flows through the tube-side (tb), while the heat source and sink streams
are the shell-side (sh) fluids. Thus, the total rates at which heat is transferred to/from the working fluid
in relation to Equations (2) and (4), respectively, are given by:

Q̇in = Q̇Ph + Q̇Ev = 100∑
i=1 Q̇i + 100∑

i=1 Q̇i ; and, Q̇out = Q̇Dsh + Q̇Cn = 100∑
i=1 Q̇i + 100∑

i=1 Q̇i . (5)

Furthermore, for each segment an overall heat-transfer coefficient, Ui, can be defined such that:

Q̇i = Ui Ai ΔTlm,i ; where: (6)

ΔTlm,i = (Tsh,i+1 − Ttb,i) − (Tsh,i − Ttb,i−1)ln[(Tsh,i+1 − Ttb,i)/(Tsh,i − Ttb,i−1)] ; and, Ui
−1 = hsh,i−1 + dx/k + htb,i−1 . (7)

Single-phase local HTCs (hsh, htb) can be calculated by using the Dittus-Boelter Nusselt number (Nui,sp)
correlation, whereas two-phase HTCs can be calculated by suitably modifying Nui,sp with empirical
functions of the Martinelli parameter, Xtt (Jung et al., 1989; Shin et al., 1996). In the present work,
this modification was fitted specifically to results from experiments involving horizontal turbulent-flow
boiling of refrigerant mixtures, as:

Nui,tp = F(Xtt) Nui,sp ; where: F(Xtt) = 1 + 1.8Xtt−0.82 , and Xtt = (1 − qq )
0.9 ( ρv

ρl
)0.5 ( μl

μv
)0.1 . (8)
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Equation (8) can be applied directly for pure fluids using the overall mixture composition for the liquid
and vapour-phase properties. For the fluid mixtures, Xtt is calculated using the equilibrium liquid and
vapour-phase compositions (not the overall composition) at the saturation temperature and corresponding
vapour quality, q on mass basis (Jung et al., 1989). The HTAs of all segments are then calculated from
Equation (6) and summed to give the total HTA (AHX) for the heat exchanger of interest.

3.2 Heat Exchanger Sizing for Optimal Cycles
First, we verify the overall HTCs calculated using Equations (7) − (8), especially for the heat exchangers
involving phase change (Evaporator and Condenser). The overall HTCs at the 20th, 50th and 80th seg-
ments of these heat exchangers, and for the single-phase heat exchangers, are presented in Figure 3 for the
R-245fa + R-227ea system. The calculated values are in good general alignment with the experimental
data obtainable for flow boiling of refrigerant mixtures found in Jung et al. (1989) and Shin et al. (1996).
Also in agreement with experimental observations, the HTCs for the working-fluid mixtures at each of
the segments appear lower than the linearly interpolated values between the two pure-fluid components
that make up the mixture. While various explanations have been proposed for this phenomenon, most
authors contend that it is due to mass-transfer effects caused by the composition differences between the
vapour and liquid phases during the phase-change process.

In the single-phase heat exchangers (Preheater and Desuperheater), the overall HTCs for the mixtures
are also lower than the linearly interpolated values, although this deviation is less pronounced for the R-
245fa + R-227ea mixtures. Overall, the HTCs are highest in the Evaporator, followed by the Condenser,
and lowest in the Desuperheater. Higher HTCs are achieved in the Condenser and Evaporator due to
change of phase. The working-fluid vapour results in the low HTC values in the Desuperheater.

Based on the knowledge of the HTCs and the associated heat-transfer rates, the HTAs for all segments of
the heat exchangers can be calculated from Equation (6). The HTAs of the segments in the Evaporator
and the Condenser (for R-245fa + R-227ea) are presented in Figure 4; similar observations can be made
by considering n-pentane + n-hexane. As the mole fraction of R-227ea is increased in the mixture, the
HTA is seen to increase and then decrease such that the pure fluids (R-245fa and R-227ea) have heat ex-
changers with the lowest HTAs. This is the case across all of the segments and in both the Evaporator and
the Condenser as a direct result of the lower HTCs of the working-fluid mixtures, with the only exception
being that of the Evaporator for R-245fa + R-227ea where some mixtures (e.g., xR-227ea = 0.8) have lower
HTAs than pure R-245fa; pure R-227ea still has the lowest areas across all of the sections.

The HTA variations are less pronounced in the Evaporator than in the Condenser where large differences
exist between the pure fluids and the mixtures. The pure fluids have the smallest areas primarily due to
their higher HTC values. For example, even though the Evaporator for the case of pure n-hexane has the
highest heat-transfer rate (see Table 1), it has the smallest areas because n-hexane has the highest overall
HTC amongst all the working fluids. In a similar manner, although the condenser for pure R-245fa has
the highest duty, its high HTC enables it to have a lower HTA than those of the mixtures.
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Figure 3: Overall HTCs at segments along the heat exchangers for R-245fa + R-227ea system
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Figure 4: Heat-transfer areas along the Evaporator and Condenser for R-245fa + R-227ea system

The total HTAs for each of the heat exchangers with the different working-fluid mixtures are presented
in Figure 5. As expected by consideration of their thermal duties (see Table 1), the Evaporators are
generally three times as large as the Preheaters, while the Condensers are 8 − 13 times larger than the
Desuperheaters. Although the Condenser thermal-duties are only about 15% higher than those of the
Evaporators, the Condensers are twice as large as the Evaporators in most instances. This is due to the
lower overall HTCs and the lower temperature differences across the Condensers.

As the concentration of R-227ea in the refrigerant-mixture system is increased, the Ph andDsh heat duties
increase, and so do the total HTAs of both heat exchangers. The Dsh area reaches a maximum at 90mol%
R-227ea and then decreases slightly for pure R-227ea. TheDsh and Ph areas for the n-pentane + n-hexane
systems are also directly governed by their heat duties. It should however be noted that these variations
in HTA with working-fluid mixtures (range of 0.13 m2 and 0.10 m2; 1.12 m2 and 0.31 m2) are much
smaller than those associated with the two-phase heat exchangers. This is important, in that it suggests
that working-fluid mixtures have a more profound effect on the Evaporator and Condenser sizes than
they do on the single-phase heat-exchangers, at least in the present study.

From Figure 5, it is clear that the pure working-fluids have smaller Evaporator HTAs compared to the
mixtures. The only exception is found in the R-245fa + R-227ea system, where fluid mixtures with
xR-227ea ≥ 0.6 have lower Ev areas than pure R-245fa. Furthermore, due to the deterioration of HTCs
during condensation, the Condensers for the working-fluid mixtures are much larger than those for the
pure fluids. In the case of the R-245fa + R-227ea system, the HTAs range from 12.2 m2 (xR-227ea = 1)
to 18.8 m2 (xR-227ea = 0.4), representing a difference of 54%. Such large differences in HTAs between
working-fluid mixtures and pure fluids can lead to considerable differences in plant size and cost.
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Figure 5: Total heat-transfer areas for heat exchangers with the different working-fluid mixtures
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4. COST ANALYSIS OF OPTIMAL CYCLES

We conclude this paper with a brief investigation of the cost implications of employing working-fluid
mixtures in ORC systems. The key components affected by the choice of working fluid are those illus-
trated previously – the working-fluid pump, the expander and the heat exchangers. The costs of these
components are added to give an estimate of the plant cost. Although this sum does not give the to-
tal installation cost, it is through this amount that the effects of working-fluid choice on plant costs are
manifested directly. Other factors that contribute to the plant installation costs would be similar for the
various working fluids considered. Component-base costs (CB, indexed in year 2006; £1 ≡ €1.47, $1.84)
are calculated using logarithmic correlations of component size factors (S) according to Seider et al.
(2009) and are presented in Table 2. Also in Table 2 are the cost coefficients (converted to SI units). The
calculated component-base costs of the optimal cycles are presented in Figure 6 (LHS axes).

Table 2: Component cost coefficients used in CB = (F) exp{C0 +C1[lnS] +C2[lnS]2}
Component S F C0 C1 C2

Pump V̇
√
H (m3.s-1.m1/2) 2.7 9.0073 0.4636 0.0519

Expander Ẇexp (kW) 1.0 6.5106 0.8100 0.0000
Expander* Ẇexp (kW) 1.0 7.3194 0.8100 0.0000
Heaters/Coolers A (m2) 1.0 10.1060 -0.4429 0.0901
Evaporator/Condenser A (m2) 1.0 9.5638 0.5320 -0.0002
* Sub-atmospheric pressure discharge expander (applicable to xC6H14 ≥ 0.1)

The pumps cost around £5,200, with the cost reducing monotonically from pure n-pentane (R-227ea) to
n-hexane (R-245fa) as a direct result of the lower evaporation pressures as the concentration of n-hexane
(R-245fa) in the working fluid is increased (in line with Figure 1). Similarly, the costs of the single-phase
heat exchangers (Ph and Dsh) are low (£5,000 − £6,000). However, the evaporator and condenser costs
are well in excess of £25,000. The expander costs fall into two classes: (i) sub-atmospheric pressure
discharge expanders that cost about £35,000; and (ii) standard expanders with a considerably lower cost
of about £15,000. From these results, it is clear that the expander and the phase-change heat exchangers
present the dominant costs of the ORC system considered here.

The pure fluids (pure n-pentane and n-hexane; R-245fa and R-227ea) generally have the lowest-cost
evaporators and condensers, while themixtures (xC6H14 = 0.7 and xC6H14 = 0.4; xR-227ea = 0.2 and xR-227ea = 0.4
respectively) have the highest costs. The condenser size and cost is smallest for n-pentane despite it hav-
ing a larger heat duty and working-fluid flow-rate (see Table 1) than those for the mixtures.
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Figure 6: Optimal cycles’ component costs (bars; LHS axes) and cost per kW (line; RHS axes)
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From Figure 6a and 6b, it is clear that the expander costs mirror the trend exhibited by the optimal power
output in Figure 1a and 1b especially as they are correlated with the power output. However, for the
n-pentane + n-hexane system, the expander cost for pure n-pentane (xC6H14 = 0) is over 50% lower than
those of the other working fluids. After expansion, the n-pentane vapour exits the expander at above
atmospheric pressure while all the other fluids exit at sub-atmospheric pressures and had their expander
costs calculated with the low-pressure discharge expander correlation in Table 2. This in turn makes the
cost of the n-pentane expander much lower than the rest.

We complete the analysis by considering the ‘rated costs’ for the optimal cycles, i.e., cost per kilowatt
of power generated (ΣCB/Ẇexp). This is done such that high power output fluids (especially the fluid
mixtures) are not unnecessarily penalized. The rated costs of the optimal cycles are plotted in Figures 6a
and 6b (RHS axes). As expected, the ORC system with n-pentane as the working fluid has the lowest
rated cost (£1,370/kW) due to its very low expander cost compared to the other working fluids while the
cycle with xC6H14 = 0.5 has the highest rated cost at £1,600/kW. For the R-245fa + R-227ea system, the
ORC system with pure R-227ea has the lowest rated cost (£1,330/kW) while that with xR-227ea = 0.3 has
the highest rated cost. The previously identified, thermodynamically optimal fluid mixtures (xC6H14 = 0.3
and xR-227ea = 0.5; see Figure 1) have cycle rated costs of £1,600/kW and £1,400/kW respectively. On the
other hand, the cost optimal working fluids are n-pentane and R-227ea, which give rated cost reductions
of 14% and 5% respectively over the thermodynamically optimal working fluids.

5. CONCLUSIONS

The first aim of this study was to investigate the thermodynamic benefits of employing working-fluid
mixtures in organic Rankine cycle (ORC) systems, and a second aim was to examine the effects of select-
ing such mixtures on the sizes and costs of the resulting ORC engines. Two sets of fluid mixtures, namely
n-pentane + n-hexane and R-245fa + R-227ea, were used for this investigation due to their common
use in ORC installations. A low-temperature geothermal hot-water heat-source stream was considered.
The thermodynamic optimization (maximum expansion power output) resulted in optimal working-fluid
mixtures in both cases; the performance indices of these mixtures along with corresponding costs are
summarized and compared with those of their constituent pure components in Table 3 below.

Table 3: Performance indices and costs of pure fluids and thermodynamically optimal mixtures
xC6H14 Ẇexp PR VR AEv ACn ΣCB/Ẇexp x227ea Ẇexp PR VR AEv ACn ΣCB/Ẇexp

kW - - m2 m2 £/kW kW - - m2 m2 £/kW

0.0 79.3 3.42 3.45 8.11 12.1 1370 0.0 79.3 3.38 3.55 8.28 12.8 1400
0.3 88.3 4.51 4.50 10.1 16.6 1590 0.5 86.4 3.73 4.30 8.96 18.7 1390
1.0 79.0 4.15 4.09 7.91 11.7 1600 1.0 78.3 2.88 3.75 6.00 12.2 1330

The analyses revealed that the temperature glides of the working-fluid mixtures during evaporation and
condensation resulted in higher power output and thermal/exergy efficiencies for fluid mixtures. Mix-
tures containing 30 mol% of n-hexane 50 mol% R-227ea had the highest output, more than either set
of pure fluids. The pure fluids did however result in smaller expanders due to their low volumetric
flow-rates and expansion ratios. Fluid mixtures appeared to have the largest evaporators and condensers,
requiringmore expensive heat exchangers than the pure fluids. Moreover, due to sub-atmospheric expan-
sion, the expander costs in the case of the n-pentane + n-hexane working-fluid mixtures (and n-hexane)
were much higher than those for pure n-pentane. Generally, equipment sizes and costs were larger for
both set of mixtures than for the constituent pure fluids. Thus, the working-fluid mixtures would require
larger plant layout areas, contributing significantly to their overall installation costs.

Although the mixtures were found to have the highest power output, they also had the highest rated cost
(equipment cost per kilowatt power generated). On the other hand, ORC systems with pure n-pentane
working had the lowest rated cost followed by those with n-hexane. For the case of R-245fa + R-227ea
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working fluids, pure R-227ea had the lowest rated costs. These observations imply that the thermo-
dynamic benefits derived from using the working-fluid mixtures may be outweighed by the increased
costs incurred. The fact that these insights were only possible from a direct consideration of thermal and
cost factors as exemplified here, underlines the importance of employing a combined thermodynamic,
thermal and cost approach in the selection of optimal working-fluid (mixtures) for ORC systems.
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ABSTRACT

Organic Rankine Cycles (ORCs) provide power by exploiting low-temperature heat of renewable sources
or waste heat. To enhance the efficiency of ORCs, binary mixtures have been proposed as working flu-
ids. Using a working fluid mixture leads to a temperature glide during evaporation and condensation
and thus to a better match between the temperature profile of the heat source and the working fluid.
We present a method for the integrated optimization the working fluid mixture, i.e., its components and
its composition, and the ORC process parameters. Mixture properties are calculated by the PC-SAFT
equation of state. In our design framework, the so-called continuous-molecular targeting (CoMT), the
pure component parameters are relaxed in the optimization to allow for a simultaneous optimization of
the working fluid mixture and the process. However, the resulting optimal mixture components do in
general not coincide with any real fluid. Real fluids are identified in the second step of the CoMT frame-
work, the structure-mapping. In this paper, only the CoMT optimization is employed to quantify the
potential benefit of working fluid mixtures. The results show that mixtures are not always thermody-
namically beneficial and that their benefit depends on the conditions under which the ORC system is
finally installed.

1. INTRODUCTION

Organic Rankine Cycles (ORCs) convert low-temperature heat to power. Typically, the exergy content
of such sources is low. Thus, efficiency of the cycle is crucial. To enhance the power output, mixtures
have been proposed as working fluids (Angelino and Colonna, 1998). Mixtures have a temperature glide,
i.e., the temperature is not constant during the phase-change. Due to the temperature glide, a better match
of the temperature profile of working fluid and (sensible) heat source is achieved (see figure 1). Better
matching of heat source and working fluids is equivalent to less exergy destruction and thus thermo-
dynamically favorable (Heberle et al., 2012). Therefore, zeotropic mixtures can enhance the efficiency
of an ORC system (Angelino and Colonna, 1998; Wang and Zhao, 2009; Heberle et al., 2012). Also
economically, mixtures were found to be outperforming pure components. Oyewunmi et al. (2014) state
lower investment cost by 20 - 30 % when comparing a mixture to a pure component. However, the com-
parison of the performance of mixtures and pure working fluids might still be biased by the selection of
reference pure working fluids and selection of mixtures for assessment. Only the comparison of optimal
working fluid mixture to an optimal pure component enables an unbiased analysis.

The selection of an optimal pure component working fluid is already non-trivial (Quoilin et al., 2013;
Bao and Zhao, 2013). The selection of an optimal working fluid mixture introduces further complexity.
Approaches based on trial and error are prohibitive as the combinatorial nature of the problem cannot
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Figure 1: Comparison of the exergy loss during the heat exchange between heat source/sink (thin
lines) and the working fluid (thick line), which is a) a pure fluid and b) a mixture. The inlet and
outlet temperatures as well as the minimal approach temperature is kept constant. The hatched
areas between heat source/sink andworking fluid profile reflect the exergy loss due to heat transfer.

be tackled efficiently. Thus, systematic methods for the design of working fluid mixtures are needed
(Molina-Thierry and Flores-Tlacuahuac, 2015). Based on their pioneering work for pure fluids (Pa-
padopoulos et al., 2010), Papadopoulos et al. (2013) identify high-performance working fluid mixtures
by computer-aidedmolecular design (CAMD). In their approach, the constituting equations enforcing the
feasibility of the component are skipped for one component and an optimal second component is iden-
tified. The result is used to limit the search space for the second component and the problem is solved
to identify a mixture. Mavrou et al. (2015) compared the resulting mixtures to other proposed mixtures
and confirm that the designed mixtures perform better. Furthermore, methods have been developed to
select a mixture from a database of components by genetic algorithms (Andreasen et al., 2014).

The continuous-molecular targeting computer-aided molecular design (CoMT-CAMD) framework de-
veloped by the authors enables the selection of an optimal working fluid by simultaneously optimizing
working fluid and process parameters (Lampe et al., 2014b). Due to the discrete nature of working fluid
selection, the simultaneous optimization would lead to a mixed-integer nonlinear program (MINLP) of
prohibitive size and complexity. In CoMT-CAMD, the simultaneous optimization is still achieved by
exploiting the PC-SAFT equation of state (Gross and Sadowski, 2001, 2002). In PC-SAFT, each work-
ing fluid is represented by a set of pure component parameters. These pure component parameters are
relaxed to continuous values during the optimization. The relaxation allows for optimization of working
fluid and process in a single nonlinear program (NLP). The optimization in the relaxed search-space is
the first step of CoMT-CAMD, the continuous-molecular targeting (CoMT). The resulting set of optimal
pure component parameters does in general not coincide with the pure component parameters of any real
working fluid. Real working fluids are identified in a second step, the so-called structure-mapping. The
structure-mapping can be based on a database of existing fluids (Lampe et al., 2014b) or novel working
fluids can be generated using CAMD (Lampe et al., 2014a). The CoMT-CAMD framework has also
been applied successfully to solvent selection (Bardow et al., 2010; Stavrou et al., 2014).

In this paper, the CoMT-step of the framework is extended for the optimization of binary working fluid
mixtures. The extension of the framework allows for the design of an optimal working fluid mixture
simultaneously with the optimization of the process itself. The mixture components, the composition
and the key process parameters are the degrees of freedom for the optimization. In section 2, the formu-
lation of the integrated mixture and process design is introduced. The continuous-molecular targeting
framework is used to identify the optimal working fluid mixture. The resulting optimal hypothetical
mixture is compared to the result of the same optimization for a pure component in a case-study (sec.
3). The optimal hypothetical mixture and the hypothetical pure component fluid provide an upper bound
on the possible performance for real fluids. Thus, the comparison of an optimal working fluid mixture
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to an optimal pure working fluid allows to quantify the potential benefit of employing a working fluid
mixture. The results show that mixtures are not always beneficial and that their benefit depends on the
conditions under which the ORC system is finally installed.

2. GENERAL PROBLEM FORWORKING FLUID MIXTURE OPTIMIZATION

In the continuous-molecular targeting, the working fluid mixture and the process are optimized simul-
taneously. For the formulation of the optimization problem, a generic model of the process is em-
ployed. min𝑥,𝑧1,𝑧2,𝑥wf 𝑓(𝑥, 𝜃) objective functions.t. 𝑔1(𝑥, 𝜃) ≤ 0 process model inequalities𝑔2(𝑥, 𝜃) = 0 process model equalities𝜃 = ℎ(𝑥, 𝑧1, 𝑧2, 𝑥wf) PC-SAFT𝐴 𝑧1 ≤ 𝑏 convex hull (fluid 1)𝐴 𝑧2 ≤ 𝑏 convex hull (fluid 2)𝑥min ≤ 𝑥 ≤ 𝑥max ∈ ℝ𝑛 process variables0 ≤ 𝑥wf ≤ 1 ∈ ℝ mixture composition𝑧min ≤ 𝑧1, 𝑧2 ≤ 𝑧max ∈ ℝ𝑚 mixture components.

(1)

The process model comprises an objective 𝑓(𝑥, 𝜃) (e.g. net power output, efficiency, or second law ef-
ficiency) as well as inequality and equality constraints 𝑔1(𝑥, 𝜃) and 𝑔2(𝑥, 𝜃), respectively. The process
model depends on two vectors of variables: the optimized process parameters 𝑥 (e.g., mass flow rate,
or pressure level) and thermo-physical properties of the working fluid 𝜃 (e.g., enthalpies, or entropies of
each state point). The thermo-physical properties 𝜃 are calculated by PC-SAFT (𝜃 = ℎ(𝑥, 𝑧1, 𝑧2, 𝑥wf)).
In PC-SAFT, binary mixtures are defined by their composition 𝑥wf and two sets of pure component
parameters 𝑧1 and 𝑧2. For the optimized process parameters, bounds can be derived based on the appli-
cation of the ORC system (e.g., upper and lower pressure level). To limit the search space of the pure
component parameters 𝑧𝑖, we construct a convex hull around a database of known pure components.
The convex hull yields a set of linear constraints 𝐴 𝑧𝑖 ≤ 𝑏 for both of the mixture components. Thus,
the complete search space of working fluids is feasible for each component.

The simultaneous optimization ofmixture and process in eq. (1) identifies the optimal process parameters𝑥∗ as well as an optimal working fluid mixture represented by the components 𝑧∗𝑖 and the composition𝑥∗𝑤𝑓. The optimization is performed as one single nonlinear program and no discrete degrees of freedom
are introduced. However, the resulting optimal mixture components 𝑧∗𝑖 do in general not coincide with
any real fluid. Real fluids are identified in the second step of the CoMT-CAMD framework, the structure-
mapping. In this paper, only the first step of the method is employed. This CoMT step does not identify
real components, but yields an upper bound for the performance of any working fluid mixture, as the
relaxed problem contains all discrete solutions.

Optimization problem (1) is a nonconvex NLP. In nonconvex problems, multiple local minima can oc-
cur. In fact, the search space is symmetric in the compounds of the mixture and thus there at least are
two globally optimal solutions, which both represent the same mixture: For any combination of two
components 𝑧1 and 𝑧2, and their composition 𝑥wf , an identical symmetric solution can be obtained by
exchanging the fluids (i.e., ̄𝑧1 = 𝑧2 and ̄𝑧2 = 𝑧1) and adapting the composition (i.e., ̄𝑥wf = 1 − 𝑥wf).
The symmetry of the search space can be prevented by a symmetry breaking constraint, e.g., bounding
the mixture composition to 𝑥wf ≤ 0.5. Symmetry breaking constraints should be employed when global
optimization is used to speed up the optimization (Liberti and Ostrowski, 2014). For local search algo-
rithms, symmetry breaking constraints are not always beneficial (Prestwich and Roli, 2005), as additional
local minima can be introduced to the problem. In this work, optimization is performed using sequential
quadratic programming (SQP) implemented in Matlab (2012) based on (Han, 1977; Powell, 1978, 1979)
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Table 1: Specification of the heat source for the generic example.

Parameter Symbol Value
heat source mass flow rate �̇�HS 50 kgs
heat source specific heat capacity 𝑐𝑝,HS 4.185 kJkg K
heat source inlet temperature 𝑇in,HS 270 ∘C

on a standard desktop PC (Core i5 CPU, 1.7 GHz with 4 GB RAM) using the default settings. To prevent
the solver from converging to a local optimum, different starting values have been used.

3. ILLUSTRATIVE EXAMPLE

The comparison ofmixtures of existingworking fluids to existing pure components in the literature shows
advantages for the mixtures compared to pure components. However, this comparison can be misleading
when a good mixture is compared to a bad pure component. Eq. (1) yields an optimal hypothetical
mixture and the corresponding process parameters. The same optimization can be performed for a pure
working fluid by enforcing a composition of 𝑥wf = 0. This allows for the identification of an optimal
hypothetical pure working fluid. The results of both optimizations can be used for a unbiased assessment
of the potential benefit of mixtures.

To assess the potential of mixtures, a generic example of an ORC system is used. Changing the model for
the cooling of the cycle allows to identify how the cold side effects the optimal mixture. A recuperated
ORC is considered. The minimal temperature difference to heat source and heat sink are Δ𝑇min = 0 K.
The heat source is defined by a mass flow rate of hot water (see table 1). The degrees of freedom 𝑥 for
the process are the pressure levels for evaporization 𝑝evap and condensation 𝑝cond as well as the mass
flow rate of working fluid �̇�wf . The system is optimized for an optimal net power output𝑃net = �̇� [(ℎ4 − ℎ5) − (ℎ2 − ℎ4)] ,
where the enthalpies are calculated assuming boiling liquid after the condenser (state 1) and saturated
steam after the evaporator (state 4). To calculate the enthalpy after the turbine (state 5) and after the pump
(state 2), constant isentropic efficiencies of turbine and condenser are assumed (𝜂T = 𝜂P = 0.85). For
the recuperator, a minimal approach temperature of Δ𝑇 regenmin = 30∘C is assumed.

For the cooling of the system, different options and model formulations are employed in the following
to demonstrate their effect on the optimal working fluid mixture.

3.1 Constant Cooling Temperature
The most simple model of a cooling system assumes a constant lower temperature limit. The lower limit
is selected according to a considered cooling system. For this example, a lower temperature limit of70 ∘C is considered. Eq. (1) is used to optimize two sets of pure component parameters 𝑧1 and 𝑧2 as
well as the optimal mixture composition 𝑥wf .
For a constant cooling temperature, the resulting optimal mixture is basically a pure component (𝑥∗wf =0.005). The illustration of the cycle in a T,h-diagram in figure 2 allows to identify the properties of
the working fluid leading to optimality: The working fluid is fitted optimally between the temperature
profiles of the heat source and heat sink. As the lower temperature level is constrained by a constant
temperature, the temperature glide of a mixture cannot be exploited for the condensation (states 5’-1).
For the heating of the system, working fluid and mass flow rate are selected to allow for a minimal
temperature difference in the preheating (states 2’-3). This combination of the practically pure working
fluid and process is not the most efficient cycle, regarding thermal efficiency. The deficit in efficiency
is overcome by matching preheating and heat source such that the heat source is cooled down as far as
possible. Thus, the cycle is optimal with respect to the net power output.
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Figure 2: Resulting ORC from the CoMT-optimization for a constant lower temperature limit.
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Figure 3: Resulting ORC from the CoMT-optimization for a cooling source with constant mass
flow rate of a) 500 kgs , b) 50 kgs and c) 20 kgs .

The assumption of a constant lower temperature limit leads to the identification of a pure working fluid:
due to the constant lower temperature of the cooling system, a pure working fluid already enables an
optimal match for a constant lower temperature limit. The effect of a sensible heat carrier in the cooling
system is considered in the following.

3.2 Fixed Mass Flow Rate of Cooling Agent
In this section, the cooling system is modeled in the same way as the heat source; i.e., a mass flow rate
of cooling agent is supplied with a specified temperature. Three different mass flow rates are assessed
to show the effect of a variation of the value of this parameter (500 kgs , 50 kgs , and 20 kgs ). The value of50 kgs corresponds to the same heat capacity flow rate (�̇� 𝑐𝑝)HS as for the heat source.

In figure 3a, the result of the optimization is shown for a flow rate of �̇�CS = 500 kgs . The result is a
mixture with a composition of 𝑥wf = 0.29 (see table 2). The temperature glide follows the cooling agent
exactly. To enable the perfect match of cooling agent and working fluid the condensation pressure 𝑝cond
and the mass flow rate �̇�wf are selected to the according values. The evaporization pressure 𝑝evap is
chosen to exploit the minimal allowed temperature difference to the heat source.
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Table 2: Resulting mixtures from the CoMT-optimization for different mass flow rates of cooling
agent

Parameter Unit Values�̇�CS kgs 500 50 20𝑥wf − 0.29 0.1 0.16𝑚1 − 1.84 1.91 1.85𝜎1 Å 3.41 4.32 4.15( 𝜖𝑘)1 K 503 489 543𝑚2 − 2.04 1.84 1.84𝜎2 Å 4.36 3.91 3.32( 𝜖𝑘)2 K 392 400 392𝑝evap bar 1.26 8.68 5.13𝑝cond bar 0.05 0.13 0.25�̇�wf kgs 57.0 15.2 12.5

The results for the varied mass flow of cooling source are similar to this result (figures 3b and 3c). The
cooling agent is dominating the value for the temperature glide, regardless of the heat source properties.
The optimal match of cooling agent and working fluid leads to a thermodynamically optimal cycle.
However, only a comparison based on an economic objective function would give a final answer to the
question, if mixtures can outperform pure components: the optimal cycles in this and the previous section
exploit a perfect match of working fluid and cooling agent in the condenser. This leads to low temperature
differences for the heat transfer and accordingly to large required heat exchange area. The larger heat
exchange area might lead to prohibitive investment cost to employ the cycle in a ORC system.

3.3 Modeling of an Air-Cooled System
The comparison based on a constant mass flow rate of cooling agent in section 3.2 might lead to the
conclusion that mixtures are performing better for real ORC systems. However, the assumption of a
constant mass flow rate of the cooling agent might still be misleading. Besides the negative effect on the
heat exchange area, the assumption of a constant mass flow rate of cooling agent is not valid for many
applications: When an air-cooled system is employed, the amount of air for cooling the system is not
limited by any constraint, in general. The amount of air that is fed to the system results from a tradeoff
between cost for the compression of the air and the effectiveness of the cooling-system.

To reflect this tradeoff, a model for the compressor of an air-cooled system is employed. The model is
based on a constant isentropic efficiency of the compressor 𝜂comp = 0.75. Themass flow rate of cooling
agent is assumed to be the minimal mass flow rate allowing for the cooling of the cycle. Thus, effort for
cooling at lower temperatures is considered in the optimization. The air is entering the compressor at𝑇air,in = 15 ∘C and fed to an heat exchanger. The pressure drop to be overcome by the compressor isΔ𝑝 = 0.01 bar.
Under these conditions, the CoMT optimization results in a mixture (figure 4a and table 3). The optimal
process has a lower temperature than the previous cases. The lower temperature is feasible, as the con-
straint on the lower temperature is less restrictive. A moderate temperature glide is employed (see figure
4a). The net power output optimal mixture with the optimal process is 𝑃net = 2.76 MW.

For an assessment of the effect of mixtures on the performance of the cycle, the optimization is per-
formed for pure component working fluids. The optimal mixture and an optimal pure component are
compared. Thus, the comparison is unbiased by the selection of a specific mixture and a set of pure
components.

The result of the CoMT-optimization for the pure component is similar to the result of the mixture op-
timization (see figure 4b). The optimal pure component has pure component parameters close to com-
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Figure 4: a) Result of the CoMT-optimization employing a model of and air-cooling system. b) Re-
sult of the CoMT-optimization for a pure component employing a model of and air-cooling system.

ponent 1 from the optimal mixture (table 3). The net power output of the pure component cycle is𝑃net = 2.69 MW. Thus, the net power output is only 3 % lower than the value for the optimal mix-
ture.

4. SUMMARY

The CoMTmethod for the integrated optimization of working fluid and process is extended to the design
of working fluid mixtures. The optimization was applied successfully to the identification of optimal
mixtures under different specifications for the application.

The hypothetical optimal mixture results in a optimal match of the heat transfer profile of the working
fluid and the cooling agent in all examples. For a constant temperature of the cooling agent, the optimal
working fluid is a pure component. When the mass flow rate of the cooling agent is constant, mixtures
are preferable due to their ability to adapt to the temperature profile of the cooling agents.

Overall, the results show that pure component working fluids are competitive with mixtures and indeed
optimal in some cases. By employing a model of the cooling system, the trade-off between the efficiency
of the cycle and power consumption of the cooling system is reflected. For this case, a mixture is the

Table 3: Results of the CoMT-optimization using an air-cooled system.

Parameter Unit Pure component mixture𝑥wf − - 0.1𝑚1 − 1.84 1.84𝜎1 Å 5.21 5.18( 𝜖𝑘)1 K 519 543𝑚2 − − 1.89𝜎2 Å − 4.35( 𝜖𝑘)2 K − 400𝑝evap bar 6.79 6.43𝑝cond bar 0.01 0.01�̇�wf kgs 14.5 14.6
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optimal solution. However, the difference to the optimal pure component working fluid is below 3%. For
the construction of a real ORC system, the small difference might favor the selection of a pure component
for simplicity of the system design.

The comparison of mixtures to pure working fluids indicates that there are pure components that can
compete with mixtures in terms of thermodynamical performance. Still, economic criteria will decide
in practice about the use of working fluid mixtures. Thus, economic criteria should be included in the
analysis in future work.
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ABSTRACT 

 
The focus of this paper will be specific to working fluids for use in various technologies for waste heat 
recovery (WHR) of exhaust heat including internal combustion engines (ICE) and in the use of Organic 
Rankine Cycles (ORC).  Several novel fluids have been developed (DR-2 or HFO-1336mzz(Z) and 
DR-12) which have a good potential fit for these low temperature heat recovery applications (up to 
250oC) and they have been characterized as having desirable working fluid properties such as good 
safety classification and environmental footprint.   Additional properties from an ORC system, where 
mechanical systems are incorporated, are good thermal stability, chemical compatibility, material 
compatibility and thermodynamic performance.  These systems must be reliable and therefore the 
interactions with the working fluids are paramount as design basis becomes an important attribute in 
the development of ORC components.   The aforementioned HFO fluids will be assessed on the criteria 
mentioned to help identify their candidacy in using them in heat recovery technology platform, where 
interest is specifically ORC based.  These novel HFO fluids provide a good alternative to existing 
working fluids currently under consideration with an added advantage of meeting low GWP regulations. 

 
1. INTRODUCTION 

 
The need to improve energy efficiency and fuel utilization efficiency has been a topic of discussion for 
the last couple of decades, the direction of integrating heat recovery systems in truck, marine, 
geothermal, biomass and waste heat from other various heat sources are progressively being adopted to 
help address this concern.  In all of these applications, there are an array of potential different classes 
of working fluids, CFCs, HCFCs, PFCs, siloxanes, alcohols, hydrocarbons, ethers, amines, fluids 
mixtures, HCFOs and HFOs, which can be considered for use in ORCs and should be evaluated on a 
broad basis in order to identify the ideal working fluid for the desired system.   

 

In recent years, an increased scrutiny has been placed on the environmental aspect of these fluids and 
regulatory pressures are driving global awareness of their impact on the environment.  The ozone 
depletion potential (ODP) and greenhouse gas emissions (GHG) are of particular interest here and 
emphasis has been placed on choosing a working fluid which demonstrates an ability to meet these 
climate protection initiatives.  When reviewing the various classes of working fluids listed above, 
certain characteristics will become unviable and as a result, CFCs and PFCs will not be evaluated due 
to their ODP and high GWP concerns, respectively.  The ethers present another concern around 
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reactivity and stability; the amines have been shown to have major toxicological effects, therefore these 
components were deemed to be outside the scope of good working fluids.   

Within these classes of potential viable working fluids, a select few are provided to show their basic 
characteristics so a further discussion on relevant use in applications can be made more constructive.  
Additionally, the novel hydrofluoro-olefin (HFO) based fluids (DR-2 and DR-12) will be discussed as 
they have been developed specifically to address these concerns as well as having of other favorable 
characteristics such as being non-flammable and low toxicity concerns.  

 
2. FLUID CHARACTERIZATION FOR LOW TEMPERATURE ORC 

 
2.1 Simple Organic Rankine Cycles 
The primary aim in identifying feasibility of working fluids for ORC system rests on conducting a 
thermodynamic analysis where the cycle configuration is an important variable.  Determining the cycle 
performance is dependent on having precise evaporating and condensing temperatures combined with 
fluid properties (latent heat of vaporization, temperature, pressure, entropy, enthalpy and liquid and gas 
densities) and using these variables to determine expander output, required pumping power, net cycle 
efficiencies, mass flow rates and turbine size parameters for the fluids of interest.  Without knowing 
exact system configurations, it is difficult to assess one fluid’s benefits over another so temperature-
entropy diagram and vapor pressure versus temperature curve will be provided for selected fluids as a 
general guideline.  The properties shown in Figures 1 through 3 were calculated by REFROP and 
CoolProp software, where each fluid and their respective EOS used are referenced in Table 1.  

 
Table 1. EOS reference for Working Fluids using REFPROP and CoolProp 
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Figure 1.  Vapor Pressure of Selected Working Fluids for Comparison 

 

 

 
Figure 2.  Temperature-Entropy Diagram for Selected Working Fluids for Comparison 
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Figure 3.  Enlarged Region of Temperature-Entropy diagram for Selected Working Fluids 

 
Examples for Simple Organic Rankine Cycles systems are shown below and Figure 5 illustrates heat 
being captured from the exhaust of internal combustion engine (Dupachy et al., 2009).   

 

 

 
Figure 4.  Rankine Cycle System 
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Figure 5.  Layout of the waste heat recovery Rankine bottom cycle 

 
Basic component selection for the expanders, pumps and heat exchangers is based on understanding the 
thermodynamics properties of the working fluids; however, there are other properties which can be 
overlooked which could be just as critical when selecting a fluid (safety, thermal stability, chemical and 
material compatibility, viscosity, etc.).  These properties could influence reliability, the material 
construction – plastics, elastomers and metals as well as the robustness of the system where higher 
operating pressures and/or corrosion potential exists.  From the refrigeration industry, many guidelines 
have been developed to address the safety management piece around the safe handling, storing and 
personnel exposure.  Additional agencies such as NFPA, DOT, CFR, OSHA and TDG have placed 
many restrictions pertaining to the safe practice of toxic and flammable fluids and thus impose limitation 
which can affect a distribution and service facilities in terms of cost for electrical classification, 
breathing apparatuses and/or other infrastructure needs. 

 

2.2 Working Fluids 
An effective way to screen out potential working fluid candidates can be an arduous task where 
emphasis of thermodynamic performance may be deemed as the most important element.  Even though 
this is true, aspects such as flammability and toxicity affect the ability to safely work with the fluids in 
a given environment.  Additionally, ODP and GWP are becoming a growing concerns as environmental 
restrictions and regulations may be imposed and ultimately negate the use of certain compounds 
(potential working fluids) as more friendly alternative fluids come into existence.  In Table 2 below, an 
overview of working fluids are provide to differentiate each based on physical properties, toxicity, 
flammability, GWP and ODP.  Toxicity and flammability characterization for refrigerant fluids is 
provided in the last row, ratings specifically for HMDSO, ethanol and toluene are conducted by 
ASHRAE (2000, 2007, 2013) as they use represents a serious safety concern.  Table 3 highlights the 
general safety classification that is used to characterize working fluids.  The category of A and B are 
used to distinguish the toxicity.  The increasing number following the letter distinguishes the increasing 
flammability aspect of the fluid. 
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Table 2.  Working fluid comparison of key thermodynamic, safety, health and environmental 

characteristics. 

 

 
 
 

Table 3.  General Safety Group Classification 

 

 

 
 
2.3 Thermal Stability 
From Table 2 above, an analysis can be made that the working fluids on the right side present concerns 
of flammability and of which, two have toxicity issues.  A smaller subset of these fluids were screened 
for thermal stability in sealed tube tests to assess their suitability for higher temperature systems.  Four 
of the fluids investigated, HFCF-123, HFC-245fa, DR-2, DR-12 and HCFO-1233zd(E), and subjected 
to 250oC for 1 and 7 days with metal coupons.  An IC analysis for the anions F- and Cl- were conducted 
after the exposure conditions on the remaining fluids.  Additional stability test of 14 days was carried 
out on HCFO-1233zd(E) and DR-2; results form HCFO-1233zd(E) were less favorable at 250oC, 
therefore a lower temperature study was performed at 200oC.  As seen in the data in Table 4, results for 
HCFO-1233zd(E) at 200oC reflect significant degradation of the molecule as a function of time.  DR-2 

Properties HCFC-123 HFC-134a HFC-245fa DR-12 DR-2 HCFO-1233zd(E) SES36 n-Pentane HMDSO(1) Ethanol(2) Toluene(3)

Normal Boiling Point, oC 27.8 -26.1 15.1 7.5 33.4 18.3 36.7 36.1 101 78.4 110.6

Critical Temperatures, oC 185 101.1 154 137.7 171.3 165.6 177.6 196.5 245.5 240.8 318.6

Critical Pressure, Mpa 3.67 4.06 3.65 3 2.9 3.57 2.85 3.36 1.94 6.15 4.13

Latent Heat @ 25 oC (KJ/Kg) 171.37 177.79 190.32 144.96 168.12 191.76 162.75 366.29 229.96 920.66 412.85

Specific Heat @ 0.1 Mpa 25oC 
(KJ/Kg-K)

1.02 1.43 1.32 1.09 1.19 1.24 1.08 2.32 1.91 2.44 1.7

Toxicity Class
sl ightly NA(7) moderate 

toxic

Flammability Class(4)
serious 

flammable
severe 

flammabil ity
serious 

flammabil ity

Ozone Depletion Potential 0.02 0 0 0 0 0.0003 0 0 0

Global Warming Potential(5) 79 1300 858 32(6) 2 1 3710 5 ND(8) 1 3

safety group (ASHRAE) B1 A1 B1 A1(6) A1 A1 A1 A3 ND(8) ND(8) ND(8)

(1) Fisher Scientific, Hexamethildisiloxane, Material Safety Data Sheet, February 29,2008.

(2) NCP Alcohols, Ethanol, Material Safety Data Sheet, May 3, 2012.

(3) Honeywell, Toluene, Material Safety Data Sheet, December 21, 2005.

(4) ASTM (2004)

(5) Myhre et al. (2013)

(6) Expected value

(7) Not associated

(8) Not determined

See ASHRAE safety group rating
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and DR-12 showed extremely favorable results.  Interesting results were discovered regarding DR-12, 
where the fluoride ion was below detectable limits.  The purity of DR-12 was only 98.1% and has no 
chlorines in its molecular structure; however, some trace chlorine containing species were present and 
very evident in the IC analysis as the Cl- ions are seen at these elevated temperatures.  These HFO fluids 
have an unsaturated (double bond) molecule and yet they do not demonstrate poorer thermal stability 
than saturated compounds. The notion that unsaturated compounds have less stability in a closed system 
at elevated temperatures is not necessarily correct a correct assumption.  In a closed system, with all 
materials specified, only chemical and material compatibility tests with the exact system (including 
HFOs) can determine stability.  Data presented in Table 4 below incorporates some results previously 
presented by Kontomaris et al. (2013). 

 
Table 4. Thermal Stability with IC Analysis Results 

 

Fluid Temperature 
(oC) Duration Coupon 

IC Anion Results 
(PPM) 

F- Cl- 
HCFO-1233zd-E 200 1 day steel 8.23 61.5 
HCFO-1233zd-E 200 7 days steel 9.48 143.97 
HCFO-1233zd-E 200 14 days steel 34.28 554.18 

           
HCFC-123 250 1 day steel 328.43 496.44 

HCFO-1233zd-E 250 1 day steel 11.66 170.45 
HFC-245fa 250 1 day steel 3.6 < MDL 

DR-12 250 1 day steel < MDL 18.28 
DR-2 250 1 day steel 0.6 11.3 

           
HCFC-123 250 7 days steel 2460.3 218.96 

HCFO-1233zd-E 250 7 days steel 1400.18 3854.26 
HFC-245fa 250 7 days steel 20 < MDL 

DR-12 250 7 days steel < MDL 35.23 
DR-2 250 7 days steel 1.55 3.39 

           
HCFO-1233zd-E 250 14 days steel 2668.5 3194.7 

DR-2 250 14 days steel 1.83 2.02 
 

 
2.4 Material Compatibility 
An investigation was conducted on material compatibility for DR-2 where the study looked at 15 
common materials in the presence of POE lubricant oil with DR-2 (Kontomaris, 2014); they were 
elevated to a temperature of 100oC for 14 days and their weight and hardness changes were measured 
at the conclusion of the experiment.  Results display only a mild interaction between these plastics and 
elastomers and DR-2; they suggest that DR-2 would be suitable for use.  It is recommend that further 
evaluations be conducted for material and chemical compatibility not only plastics and elastomers, but 
also covering various metals and lubricating typically found in a heat recovery system.  This study is 
only a subset of current experiments from the lab.  Future studies will be available where a selection of 
lubricant and recommendations will be incorporated as a function of temperature for DR-2 and DR-12. 
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Table 5.  Weight Changes of Various Elastomers and Plastics with DR-2 

 

 

 
Table 6.  Hardness Changes of Various Elastomers and Plastics with DR-2 
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3. CONCLUSION 

 
The basis of this work was not to provide a deep analysis of ORC systems, but to focus on the viability 
and the selection process that comes with identifying good working fluid properties.  The criteria to 
develop working fluids which perform under the high temperatures of heat recovery systems is essential 
as well as the need to have safe and environmental friendly alternatives to choose from.  The ultimate 
goal from this study is to provide insight to existing entities like ASHRAE that review working fluids 
for the refrigerant industry, where all potential candidates are reviewed by a body of engineers and 
chemists for safety in use.  It is conceivable that different environments may dictate that some safety 
concerns would represent less of an issue and they should be investigated based on their own merit.  In 
general use, both flammability and toxicity are highlighted to pose significant risks and additional 
precautions are necessary to address their suitability for use.  GWP and ODP represent two additional 
criteria which will influence working fluid selections in the future as regulations strive to find better 
alternatives as they affect the environment.  Even though these influencers limit the choices of potential 
candidates, it does not mean that a significant loss of performance must be sacrificed to adhere to these 
values.  The new HFO fluids offer comparable thermodynamic performance similar to fluids in their 
class and provide thermal stability as well.  The DR-2 molecule with its low GWP and no ODP, has 
shown extremely good thermal stability at temperature up to 250oC.  These new class compounds, 
HFOs, have been shown to exhibit good overall characteristics for use in low and possible medium 
temperature ORC applications. 

 

NOMENCLATURE 
 
WHR  waste heat recovery 
ORC  organic Rankine cycle 
GHG  greenhouse gases 
ICE  internal combustion engine 
ODP  ozone depletion potential 
GWP  global warming potential 
EOS  equation of state 
CFC  chlorofluorocarbon 
HCFC  hydrochlorofluorocarbon 
HFO  hydrofluoro-olefins 
PFC  perfluorocarbons 
HMDSO Hexamethyldisiloxane 
NFPA  National Fire Protection Association 
DOT  Department of Transportation 
CFR  Code of Federal Regulations 
TDG  Transportation of Dangerous Goods 
OSHA  Occupational Safety and Health Administration  
ASHRAE American Society of Heating, Refrigeration and Air Conditioning Engineers 
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ABSTRACT 

Cummins Inc. has been a leading developer of Organic Rankine Cycle (ORC) systems for 
application to heavy-duty, on-highway trucks in the United States for several years.  
Cummins has passed through several generations of ORC system architecture and has fielded 
several on-highway vehicles equipped with ORC systems as a part of research conducted in 
partnership with the United States Department of Energy.  Throughout this development, 
Cummins has carefully evaluated potential working fluids for ORC application and has 
remained committed to using safe and environmentally friendly refrigerants such as R245fa 
and its recently introduced ultra-low GWP replacements for on-highway use. 

Integration of Organic Rankine Cycle (ORC) systems into heavy duty, on-highway vehicles 
requires consideration of a significant number of factors, not the least of which is the choice 
of working fluid.  The selection of fluid is primarily driven by safety, environmental and 
health effects of the fluid, potential performance considering the application at hand, 
availability, serviceability, etc.  Given the working fluid, selection/sizing of various system 
components and optimization of the system architecture may be made. 

This paper will briefly review Cummins’ ORC history and discuss the background leading to 
Cummins’ selection of refrigerant working fluids for on highway application.  Details of 
technology that allow a refrigerant’s safe and effective use in this application will also be 
discussed.  An architecture comparison between systems using a refrigerant such as R245fa 
and ethanol will be made and a performance comparison between R1233zd(e), an ultra-low 
GWP replacement for R245fa, and ethanol will be presented. 

1. INTRODUCTION

Since approximately 2003, Cummins Inc. has investigated the potential practicality and benefit of 
applying Organic Rankine Cycles (ORC) to its heavy duty diesel engines applied to on-highway, 
linehaul vehicles.   Cummins settled upon non-flammable refrigerants, such as R245fa, as viable ORC 
working fluids.  Refrigerants were already applied in the ORC industry and had a proven record of 
effective performance.  Cummins evaluated many different working fluids but considerations of safety, 
environmental responsibility, feasibility, performance, etc., led the researchers to make R245fa their 
initial prime-path fluid of choice. 
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Cummins early ORC systems (see Figure 1, below) were designed before the introduction of Selective 
Catalytic Reduction (SCR) aftertreatment.  These ORC systems took advantage of a high flowrate of 
Recirculated Exhaust Gas (EGR) and were expected to achieve nearly an 8% fuel economy benefit. 

Figure 1: Early Cummins ORC system 

At the time, conversion of recovered power to electricity was preferred as integration of the ORC with 
potential hybrid drive systems was anticipated.  Compatibility of electronic systems, cost and 
complexity of electrical components, and the then expected drive cycle benefit of hybrid systems in 
linehaul applications drove the ORC architecture away from electrical integration. The concept of 
mechanically linking recovered power directly to the engine was developed into an architecture as 
presented in Figure 2, below. 

Figure 2: Mechanically-coupled ORC system architecture 

Direct-to-air condensing was adopted to avoid an unnecessary pump parasitic.  A speed-reducing 
gearbox and effective, self-contained lubrication system were designed using typical refrigeration-
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based technologies.  Recovery of charge air heat was not pursued as it did not appear to offer a cost-
effective benefit.  System performance was reduced to approximately 5% fuel economy benefit at this 
point due to a significant reduction in EGR flow as a result of adopting SCR aftertreatment.  The 
system architecture settled upon in Figure 2 was successfully demonstrated in-vehicle under the 
United States Department of Energy’s Supertruck Program.  Cummins applied R245fa as a working 
fluid throughout these developments but became aware of refrigeration industry plans to introduce 
ultra-low Global Warming Potential (GWP) ‘drop-in’ replacements. 

2. Safe and Effective Application

Use of halogenated fluid to cool pre-combustion gases (such as EGR or air) necessarily requires a robust 
and durable method to prevent leakage of the fluid into the combustion airstream.  In response to this 
challenge, Cummins investigated and embraced a heat exchanger architecture which provides a ‘leak 
to atmosphere’ feature.  This architecture is described in SAE Paper 2006-01-2163 (David B. Sarraf, 
Heat Pipe Heat Exchanger with Two Levels of Isolation for Environmental Control of Manned 
Spacecraft Crew Compartment) and is presented in Figure 4 below.  Initially, an isolation method of 
this nature was considered untenable as it would significantly deteriorate the heat transfer effectiveness 
of any EGR heat exchanger.  However, analysis and hardware evaluation showed that any decrease in 
effectiveness was negligible.  Extensive hardware reliability testing has since shown that a robust EGR 
heat exchanger design can be successfully executed in this manner.  Solutions of this nature are available 
from several manufacturers.  

Figure 3: Schematic of a folded fin heat exchanger element with an isolation layer (Ref: SAE 2006-01-2163) 

In addition to leakage through heat exchangers into the combustion airstream, leakage of refrigerant 
working fluid into air within and around the engine compartment was another potential opportunity for 
generation of harmful emissions.  Cummins extensively studied leakage, and the potential for engine 
ingestion in this regard as well.  Recognized standards such as SAE J2773 (Standard for Refrigerant 
Risk Analysis for Mobile Air Conditioning Systems) and SAE J639 (Safety Standards for Motor 
Vehicle Refrigerant Vapor Compression Systems) among others were applied to evaluate potential risk.  
It was concluded that the risk of applying refrigerant as an ORC working fluid posed no significantly 
greater risk than that which already existed from MAC systems.  Impingement of refrigerant leaking 
upon hot engine surfaces (and tailpipe components) were also studied.  It was determined that leaking 
refrigerant liquid or vapor would not significantly deteriorate but would simply tend to cool those areas 
of impingement. 

3. R245fa Alternatives

Awareness of regulatory restrictions imposed upon Mobile Air Conditioning (MAC) systems in the 
European Union (EU) led Cummins to investigate alternatives to R245fa.  R245fa, with a GWP of 
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~1000, though with no Ozone Depletion Potential (ODP), applied as a working fluid in a vehicle ORC 
system would achieve a significant reduction in the emission of carbon dioxide over the life of the 
vehicle.  However, similarity of ORC systems to MAC systems suggested that similar legislated 
regulations may be applied to ORC systems using refrigerants.  Contact with major manufacturers such 
as Honeywell, DuPont, etc., of R245fa and similar halocarbons revealed intentions to develop and 
release ultra-low GWP equivalents in the 2015 timeframe.  These fluids, such as R1233zd(E), are now 
available in the market and offer an effective alternative to R245fa.  Cummins performed comparative 
hardware performance testing with several of these alternative fluids (see Figure 4, below) with 
excellent results.  Operating points such as A100, B75, etc. reflect engine operation at Environmental 
Protection Agency, Federal Test Procedure conditions. 

Figure 4: Performance comparison of R245fa against low-GWP equivalents 

It was clear from the results that not only were there ‘drop-in’, ultra-low GWP replacements for R245fa 
readily available, but a slight increase in performance was potentially possible.  As a result, Cummins 
decided upon a low-GWP alternative to R245fa as the concept moves towards a production 
configuration. 

4. Comparisons with Ethanol

4.1 Performance 

Ethanol has been taken up as a potential ORC working fluid by many system developers.  Ethanol 
operates very well in this role.  At first glance, it is an effective and low-cost choice.  Ethanol is generally 
regarded as non-toxic and environmentally friendly.  Typical ethanol ORC system architectures assume 
rejection of condensation heat into a coolant stream common with the engine (engine and ORC 
condenser plumbed in parallel, receiving the same radiator return temperature coolant).  Many 
comparisons of performance between R245fa and ethanol simply adopt this cooling system arrangement 
to evaluate both fluids.  However, in doing so, performance potential of R245fa (or R1233zd(e)) is 
obscured.   

A model-based comparison of ethanol and R1233zd(e) at equivalent maximum (225oC) and minimum 
(80oC) temperatures, maximum operating pressures (2400 kPa) and equally arranged and capable ORC 
systems (same component efficiencies and effectiveness) shows a stark difference in performance 
(Figure 5, below). 
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Figure 5: Performance comparison between ethanol and R1233zd(e) in equivalent systems with equal 
maximum temperatures/pressures and equal condensing temperatures. 

For reference, net power from the ethanol system was 18.8 kW, net power from R1233zd(e) was 4.6 
kW.  Condenser heat rejection was 146 kW for ethanol and 158 for R1233zd(e).  Input heat energy to 
both systems was diesel exhaust at 400oC flowing at 0.6 kg/s.  Condensing temperature for ethanol is 
93oC, R1233zd(e) is 111oC. 

For system application, consideration is necessarily given to the availability of cooling.  As presented 
above, Cummins settled upon a ‘direct to air’ condensing arrangement early in its development.  The 
availability of near ambient air temperature cooling lent further reason to remain with refrigerant 
working fluids like R1233zd(e). 

Ambient air temperature is, on average in the lower contiguous 48 United States approximately 12oC 
(http://www.ncdc.noaa.gov/).  Average EU temperature is only slightly higher.  In this case, the results 
are significantly different as presented in Figure 6, below. 

Figure 6: Comparison of ethanol and R1233zd(e) with equivalent systems but with condensing 
temperature appropriate for an in-vehicle R1233zd(e) system. 

For reference in this case, net power from the ethanol system remained at 18.4 kW.  Net power from 
the 1233zd(e) system increased to 14.3 kW.  Condenser heat rejection remained 146 kW for ethanol but 
now increased to 174 kW for R1233zd(e).  Input heat energy to both systems as above.  Condensing 
temperature for ethanol remains at 93oC, R1233zd(e) is now 67oC. 

An obvious feature of above the R1233zd(e) Temperature-Entropy (T-s) diagram is the opportunity to 
apply recuperation to the cycle.  No such opportunity exists for ethanol due to its ‘wet’ nature.  The 
amount of superheating remaining in the ethanol flow upon leaving the expander is too little to usefully 
recover.  While the addition of a recuperator to an R1233zd(e) system necessarily adds cost to its 
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arrangement, it provides a significant benefit in power and a reduction in heat rejection.  Figure 7 below 
presents the cycles once again but now the R1233zd(e) cycle has a reasonably effective recuperator 
(effectiveness of 70%, 50 kPa ‘cold side’ restriction, 10 kPa ‘hot side’ restriction). 

Figure 7: Comparison of ethanol and a recuperated R1233zd(e) cycle. 

For reference, net power from the ethanol system remained at 18.4 kW, net power from the R1233zd(e) 
system increased to 22.7 kW.  Condenser heat rejection remained 146 kW for ethanol and but now 
decreased to 131 kW for R1233zd(e).  Input heat energy to both systems as above.  Ethanol’s 
condensing temperature remains at 93oC, R1233zd(e) is now 41oC. 

While the results above are only model-based, they represent a fair comparison of the two working 
fluids considering their potential arrangement in-vehicle.  The key take-away is that comparisons 
between refrigerant and ethanol systems should be made using systems optimized for each fluid.  
Modeling was performed using Engineering Equation Solver (EES) software with fluid properties 
currently available through NIST REFPROP.  R245fa and R1233zd(e) modeled performance was 
validated from hardware test experience. 

4.2 System Hardware Arrangements 

The Cummins R245fa-based ORC system demonstrated during the Supertruck project is illustrated in 
Figure 8, below. 
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Figure 8: Cummins Supertruck ORC Arrangement 

A potential ethanol-based ORC is presented in Figure 9. 

Figure 9: Potential ethanol ORC system arrangement 

In this arrangement, the ethanol system has one fewer heat exchanger than the R245fa system since it 
doesn’t call for a recuperator.  In this arrangement, ethanol would be cooled with radiator return 
temperature coolant.  If lower temperature condenser coolant is desired, an additional heat exchanger 
would be necessary, making the systems equivalent in their number of heat exchangers.  It should also 
be noted that the ethanol condenser, plumbing, etc. must be manufactured from material robust against 
ethanol corrosion.  Typically, stainless steels are applied when dealing with ethanol.  In comparison, 
R1233zd(e) is compatible with aluminum and other lightweight, low-cost materials already commonly 
deployed in MAC systems. 

The ethanol system requires either a shared main engine water pump or a separate water pump, likely 
electrically driven to provide coolant to that system’s condenser.  The refrigerant system, being directly 
cooled to air, does not require this.   

An ethanol system, using a low-speed, piston-type expander may directly mechanically couple its power 
to the engine’s geartrain.  However, an additional bypass valve around any positive-displacement 
expander will be necessary to guard against possible liquid ingestion/hydraulic lock and potential 
damage to the expander and the engine’s geartrain.  In comparison, refrigerant-based systems using a 
high-speed turbine expander, will need speed-matching equipment to provide mechanical power 
coupling to the engine.  ORC systems using isentropic or dry working fluids and turbine machines will 
not need to apply a bypass valve given adequate control of liquid superheating.  Turbines are robust to 
low flowrates of low pressure wet or liquid working fluid.  Additionally even a high flow of ‘wet’ vapor 
may enter the turbine as, on expansion/acceleration through entry nozzles, the fluid rapidly becomes 
superheated vapor, leaving little risk of expander blade erosion. 

4.3 Other Considerations 

Application of either ethanol or refrigerant must consider the arrangement of sealing against the 
intrusion of outside air.  This is not typically an issue during operation as both systems should operate 
with a ‘low-side’ (condensing) pressure greater than atmospheric pressure.  However, during cold 
operation or during cold storage, the fluid’s saturation pressure can be significantly important.  Figure 
10, below, presents a comparison of the saturation curves for R1233zd(e) and ethanol. 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 57



Paper ID: 41, Page 8 

Figure 10: Comparison of saturation pressures 

As shown in Figure 10, the saturation pressure of ethanol falls below atmospheric pressure at 
temperatures less than ~80oC.  At room temperature, it’s only about 8 kPa absolute.  This means that 
during shutdown, especially in cold ambient temperatures, there will be a significant risk of air ingress 
to the ethanol system.  Blending ethanol with water further suppresses the saturation pressure. 
R1233zd(e)’s saturation pressure falls below atmospheric pressure as well at approximately 18oC but it 
does not reach a significantly hard vacuum until nearly -40oC and degrades at a substantially slower 
rate.  Air ingress will cause unnecessarily high expander back-pressure and decreased system 
performance.  Either system, if executed with mechanical power coupling thus requiring an output shaft 
seal, would need a seal robust both to pressure during operation as well as vacuum when stored. 

Additionally, in regard to low saturation pressures, feedpump cavitation may be expected to occur more 
frequently in systems using ethanol.  Extremely low feedpump Net Pump Suction Head Required 
(NPSHR) will be a necessary requirement, or an additional ‘boost’ pump will become necessary.  This 
problem is not only related to cold temperatures.  Some ethanol systems have been shown to have 
vented their condensers to atmosphere in an attempt to increase feedpump inlet available suction head 
(NPSHA).  While this may allow better operation close to sea level, higher altitude operation (and thus 
lower atmospheric pressure) may lead to feedpump cavitation and a loss of performance if condensing 
temperatures are below 80oC. 

5. Further Development

Application of ORC systems to mobile internal combustion engines is not a new idea but it is certainly 
not a field whose opportunities have been fully explored.  It is hard to imagine the potential performance 
mobile ORC might provide today had it undergone the same intensity and duration of research and 
development as the internal combustion engine.  Though, as a bottoming cycle, it may never reach the 
thermal efficiency of the engines to which it is applied, it can certainly grow in its ability and benefit.  
In doing so it will meet and exceed the economic challenges which have typically kept it from 
production implementation. 

It’s quite easy to recovery heat.  The real challenge is how to reject it.  Thermodynamically, any 
recovered energy cycled through a heat engine loses some of its energy potential making it more 
difficult to reject.  Given the finite cooling capacity available in current and future heavy duty vehicles, 
a thorough understanding of cooling system function and its duty-cycle based load will determine how 
much potential benefit any bottoming cycle can provide.  Unused cooling capacity during engine 
operation below worst case conditions is potential ORC benefit.  The optimized sharing of cooling 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 58



Paper ID: 41, Page 9 

capacity between the engine and ORC is an area of research ‘outside the cylinder’ which should be 
developed as vigorously as are combustion, air handling, and aftertreatment. 

The engines to which ORC systems are being applied today will certainly change as the emphasis for 
increased efficiency and reduced emissions continues.  Further development of ever more capable NOx 
reducing aftertreatment may very well result in the removal of EGR.  Increased emphasis upon exhaust 
energy recovery will occur but it will also focus attention to potential recovery of other engine waste 
heat streams.  Charge air and engine coolant may become viable opportunities for cost-effective 
recovery.  An ORC system architecture which can usefully approach these waste heat streams will 
certainly be the most viable long-term solution.  Today’s typical engine coolants offer a bulk 
temperature considered to be too low for effective use.  However, the potential for hotter coolant (and 
thus more thermally efficient diesel engines) is a real possibility.  In this case, an additional ‘necessary’ 
heat stream (as is EGR today) of recoverable energy will become available for the ORC to convert to 
useful power. 

ORC system components are just beginning to attract the attention of manufacturers.  As typical system 
arrangements coalesce across the industry, availability of more capable and more cost effective 
components will increase.  Development of ORC components is just beginning and will certainly offer 
performance and efficiency benefits as it grows. 

As mobile ORC is a new and relatively undeveloped field which will affect a significant portion of the 
engine system, there will necessarily be a great deal of work to establish standards, methods, and 
procedures around its safe and effective application.  The handling of its fluids, the ratings of its 
components, the controls interaction between ORC and other engine systems will all require careful 
review and consideration by the industry’s governing bodies and professional organizations. 

6. Conclusions

This paper covers the use and application of R245f or R1233zd(e) and potentially other halocarbons as 
working fluids in mobile ORC systems.  A brief review of the ORC project at Cummins and system 
architectures from the project’s early phases through its most recent demonstrations have been shared 
and discussed.  Reasons for Cummins’ choice and adherence to low GWP refrigerant as its on-highway 
ORC working fluid have been provided.  System considerations and features that allow the safe and 
effective application of these fluids in mobile ORC systems have been shared.  Mention and comparison 
of ultra-low GWP working fluid alternatives to R245fa has been made.  A model-based comparison of 
R1233zd(e) and ethanol has been provided to show that performance between the two working fluids 
is not quite as different as may be gathered from other work.  Application considerations between the 
two fluids have also been discussed to offer developers some insight as to why R1233zd(e) is an 
appealing and viable working fluid for application in mobile ORC systems.  Considerations for future 
development have been provided and briefly discussed. 

ORC application to on-highway engines was once considered to be a ‘tried and failed’ technology.  The 
emphasis on efficiency and emissions has resurrected it once again.  The potential benefit it offers is 
the most significant efficiency increase available in quite some time and perhaps, for some time to 
come.  New materials, controls, components, and ideas will help it leap the economic hurdle to reach 
mainstream, production implementation.  
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ABSTRACT 

 
In a context of energy cost increase, reducing engine fuel consumption has become a key issue for 
transportation industry. Many paths exist to achieve substantial fuel savings: downsizing, 
hybridization, energy recovery… IFPEN has carried out an analysis of heat losses showing that 
recovering exhaust heat energy is a promising solution for improving fuel economy. Thus, IFPEN and 
ENOGIA have co-developed an Organic Rankine Cycle (ORC) system for direct recovering energy 
from exhaust heat. This system has been designed in order to be implemented on a Diesel-electric 
regional train manufactured by ALSTOM TRANSPORT. The train has several Diesel engines that 
produce mechanical torque needed for generators used for train electric propulsion. The ORC 
recovers energy from the exhaust heat of the different Diesel engines.  
 
The project funded by the French national agency for research (ANR) started with 0D simulations in 
order to identify the optimal ORC architecture as well as some promising working fluids. More than 
100 fluids were evaluated and finally two fluids were retained for this application thanks to their 
safety features, eco-friendliness and thermodynamic potential. A pre-design study defined the main 
components (boiler, condenser, pump…) that answer to the major constraints: cost, compactness, 
efficiency. ENOGIA developed the “heart” of the ORC, a dedicated turbine coupled with a high-
speed generator on the same axle. The objective is that the electricity produced by the turbo-generator 
is re-injected for the train electrical propulsion. An ORC prototype has been assembled with a special 
care for avoiding any organic fluid leaks. The prototype has then been tested in an engine bench with 
the same Diesel engine as in the regional train. At the engine bench, the electricity produced by the 
ORC is re-injected in the French grid by means of inverters and transformers.  
 
Based on previous experiences, IFPEN has developed an advanced control system for this application, 
which allows transient control of ORC operation by regulating vapor superheating at evaporator 
outlet. The machine has been largely instrumented for monitoring Rankine cycle operation. At the 
time of paper writing, around 10kW of ORC electricity output power has been reached in stable 
conditions. 
 

1. INTRODUCTION 
 
In Europe, more than 50% of the railway network is not electrified. Thus, Diesel electric trains are 
widely used for regional passenger transportation. In these trains, the Diesel engines are linked to 
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high-voltage generators to provide direct current (DC) to the electric train traction. Each regional train 
has several engines consuming each around 50l/100km of fuel. In a context of energy saving and 
global warming awareness, train manufacturers have been focusing their research and innovation 
efforts on the fuel consumption reduction of their engines. But despite all these improvements, engine 
efficiency is reaching an asymptote around 40-45%. At least 60% of the energy content of the fuel is 
lost in exhaust gas heat (~30%) and engine coolant (~30%). Many paths exist to achieve substantial 
fuel savings. Among these, hybrid concepts show significant efficiency improvements but with high 
cost. That’s why some scientists are focusing their interest on how recovering energy from engine 
losses. Heat conversion to mechanical or electrical work can’t only be reduced to energy 
consideration, then the concept of exergy derived from the second law of thermodynamics has to be 
introduced. It represents the part of the energy that can be really extracted for a thermodynamic closed 
system reversibly from its initial state to equilibrium. Exergy (Ex) variation between states 1 and 2 of 
a system in contact with its environment is defined as: 
 

∆Ex$%&'H%-H$(-)*.'S%-S$( (1) 
 
El Habchi (2010) shown that recovering energy from the exhaust presents higher potential than 
coolant energy recovery. As an example, over a specific mission profile (Artemis Motorway, for 
passenger car) for a 2L gasoline engine, exhaust gas exergy represents 26% of fuel lower heating 
value whereas coolant exergy is only 3%. Several technologies exist to convert exhaust heat into 
useful work such as turbo-compound, thermoelectric generator or thermo-acoustic engine and finally 
thermodynamic systems (Rankine, Stirling, Ericsson cycles). However, the complexity or the cost of 
some technologies is disproportionally high in comparison to the heat recovery potential: considering 
this, Rankine cycle seems to be the most promising approach. Heat recovery technology is already 
widely exploited in stationary equipment or for heavy ships. The implementation on mobile 
applications is challenging due to the transient behavior of the heat source. No serial production 
Rankine system exists yet for heavy-duty or train application. 
 
Considering this context, IFPEN and ENOGIA have co-developed an Organic Rankine Cycle (ORC) 
system for recovering energy from exhaust heat from a Diesel-electric regional train made by 
ALSTOM TRANSPORT. The train has several Diesel engines developing more than 300kW max. 
power each. They have a two-stage turbocharging which limits even more exhaust gas temperature 
compared to a biogas spark-ignited stationary engine for example. The Rankine system produces 
work by the mean of a working fluid that exchanges heat between a hot source and a cold sink as 
described in figure 1. The working fluid is circulated and pressurized thanks to a volumetric pump. 
The fluid is then vaporized inside a boiler by exchanging heat with a hot source, exhaust gas in this 
case. This vapor at high pressure is then expanded in a turbine generator which produces electricity 
that is used for electric train propulsion. The working fluid is liquefied in a condenser by exchanging 
heat with a cold source before it is pumped again. The ORC works in a medium range of temperatures 
(100 to 200°C) compared to steam Rankine systems that operate at higher temperatures. 
 

 
Figure 1: Rankine cycle principle 

 
The project has followed different steps from blank sheet to a prototype: a ORC pre-sizing stage 
including selection of the ORC architecture and the working fluid, the ORC prototype conception and 
manufacturing, the testing in realistic conditions at engine bench.    
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2. SIZING THE ORC 
 
2.1 Heat recovery potential on the train  
The first step of this work is to evaluate the heat recovery potential of the train application depending 
on the hot source and cold sink. To achieve this study, a 0D dynamic low-frequency model of the 
train system propulsion has been made using the tool LMS Imagine Lab Amesim with IFPEN-Drive 
engine dedicated library. The IC engine, the generator and electrical load have been simulated using 
two real mission profiles given by the train manufacturer:   

• Profile A: interurban route between two cities at high speed (average speed 120km/h) shown 
in figure 2. 

• Profile B: one suburban route with a lot of stop & go (average speed 77km/h). 

 
Figure 2: Exhaust mass flow and temperature evolution over mission profile A 

 
The simulator evaluates the recoverable exergy along the chosen mission profiles by using input data 
of exhaust temperature and exhaust mass flow given by train manufacturer and the heat flow 
estimation evaluated thanks to REFPROP thermodynamic database of the NIST. Different ORC 
configurations have been simulated by varying 3 parameters in realistic conditions: 

• The cold sink temperature: the ambient temperature impacts the cold sink temperature and 
thus the exergy recovery potential can be limited. 

• The maximum working fluid temperature (for simulating thermo mechanical turbine 
constraint or limit before chemical degradation of the working fluid). 

• The recovery system location: boiler position downstream the Diesel Particulate Filter (DPF). 
 

Table 1: Heat recovery potential simulation results 
ORC Configuration 1. 2. 4. 3. 5. 

Cold sink T [°C] 50°C 50°C 25°C 50°C 50°C 
Max. fluid T [°C] No limitation No limitation 200°C 200°C 150°C 

Boiler position Just after DPF 1m downstream 
DPF  Just after DPF Just after DPF Just after DPF 

Exergy on profile A 
[% mech. energy] 48kW (14%) 24kW (7%) 42kW (13%) 39kW (12%) 36kW (12%) 

Exergy on profile B 
[% mech. energy] 49kW (14%) 24kW (7%) 41kW (13%) 38kW (11%) 36kW (10%) 

 
The assumption is that exhaust heat is recovered in both Exhaust Gas Recirculation (EGR) and 
exhaust line downstream DPF, that’s why the levels of exergy are quite high (up to 14%). As EGR 
heat recovery is deeply intrusive in existent engine architecture and calibration, it has been abandoned 
at this stage of the project and energy will be recovered only on exhaust line. The main influence 
factor on recoverable exergy is the recovery system location: the results show that the boiler should be 
placed as closed as possible downstream DPF to maximize thermal exhaust energy. Then the 
maximum fluid temperature has a strong influence too: if the max. working fluid temperature is 
reduced by 50°C, the exergy potential is reduced by ~10%. Finally, the cold sink temperature has a 
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medium influence on recoverable exergy especially when max. fluid temperature is already limited. 
Moreover, the 2 different mission profiles have minor impact on exergy potential. These results have 
to be moderated as the fuel consumption reduction will be different between the 2 mission profiles. 
Indeed, the ORC turbine has a variable efficiency depending on the operating conditions, especially at 
part load and during transient conditions, which is hard to be fully taken into account in the 
simulation.  
 
2.2 Screening the working fluid 
The working fluid plays a key role in a Rankine cycle. It is repeatedly vaporized, expanded and re-
condensed. The work output for a given temperature gradient differs significantly for different fluids. 
That’s why a screening of different working fluids is carried out to choose the most suitable fluid for 
this application according to specific criteria: 

• Thermodynamic performance: high expansion work output. The pressure in the boiler should 
be as high as possible to increase the turbine expansion rate. Finally, the pressure downstream 
the condenser should be as closed as possible to atmospheric pressure also to increase the 
turbine expansion rate. 

• Mollier’s diagram shape (temperature versus entropy): the dry working fluids are more 
suitable as they don’t liquefy during their expansion in the turbine. The need for superheating 
is then reduced and the risk of droplet generation during expansion (leading to turbine blade 
erosion) is avoided. For a mobile application with high space constraints, the fluid needs to 
have a high specific heat capacity and latent heat of vaporization to minimize flow rates and 
by the way the size of components especially the boiler and the required pumping power. 

• Safety: inflammability (explosion protection due to critical flashpoint) and toxicity. 
• Chemical stability: molecule decomposition under ageing or thermal effects. 
• Environment aspects: GWP, ODP. 
• Material compatibility: corrosiveness, lubricant properties of the turbine. 
• Equilibrium pressure when ORC is stopped: if ORC is under atmospheric pressure when 

stopped, air can enter inside the circuit if leaks are present and thus degrading Rankine cycle 
efficiency. 

• Low freezing point: compliance with train parking with cold conditions (-30°C). 
 

 
Figure 3: Global ORC efficiency simulated for different fluids for ambient and condenser T. variations 

 
The fluid screening has been carried out with an ORC 0D steady-state model using Matlab platform. 
Different types of working fluids have been tested including water, ammonia, SO2, hydrocarbons, 
alcohols and hydrofluorocarbons: more than 100 different fluids have been analyzed. The 
thermodynamic data of the fluids have been estimated thanks to the REFPROP V9.1 software of the 
NIST. The ORC efficiency is calculated for the engine point producing the maximum power 
(>300kW) taking into account realistic train conditions. Thus, every ORC component has been 
described by assumed realistic values of efficiencies for the turbine generator and the pump and using 
water as cold sink. This water circuit is cooled by an electric cooling fan. The fluid is superheated, its 
minimal pressure is above 1 bar, its maximum pressure is below 25bar and its maximum temperature 
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is below 200°C. The Rankine circuit is also optionally composed of a regenerator that exchanges heat 
between vapor phase from downstream turbine and liquid phase from downstream pump. 
 
Finally, about 500 000 simulations have been carried out in this project. In figure 3, the results show 
the maximum global ORC efficiency defined as the ratio between the electric output net power of the 
ORC over the mechanical engine power. This efficiency is between 3 to 5% depending on the 
conditions (ambient or condenser temperatures…). This global ORC efficiency decreases at low 
condensing temperatures as more energy is spent to cool the water (cold sink) than the gain in ORC 
thermal efficiency (Carnot theorem). Because of safety issues, hydrocarbons, alcohols and ammonia 
are disqualified for train application. Water is also not adapted as efficiencies are really low. Finally, 
HFC presents good trade-off with a 4% ORC efficiency potential combined with acceptable toxicity 
and environmental characteristics. Finally, the project has chosen two fluids for experimental testing : 

• R245fa: high efficiency and long partner experience with this fluid but high GWP. 
• Fluid B: high efficiency, not sensible to condenser water temperature variation, low GWP but 

high cost. 
 

Table 2: Working fluid specifications 

Fluid 
characteristic Formula 

Max. 
continuous 

T 

Critical 
P/T 

Inflammability 

NFPA / HMIS 

Toxicity 

NFPA / HMIS 

ODP 

GWP 

Supplier 

Cost 

R245fa C3H3F5 154°C 154°C  
36,5bar 

1 / 1  
Non flammable 2 / 2 0 

950-1030 
Honeywell 

Medium 

Fluid B Confiden
tial <300°C <200°C 

<20bar 
0 / 0  

Non flammable Low 0 
<50 

Confidential 
High 

 
2.3 Expected performances 
Finally, simulations allow to obtain the expected performances for the selected ORC architecture with 
the two different working fluids. The ORC efficiency expected is around 6 to 7% with both fluids 
meaning that 6 to 7% of the heat power received by the fluid in the boiler will be re-injected for the 
electric train traction.  
  

Table 3: Predicted performances at steady-state max. power engine operating point 
Fluid R245fa Fluid B 

Heat power received by the fluid in the boiler 134 kW 122 kW 
Heat power lost by the fluid in the condenser  117 kW 107 kW 

Electrical power generated by the turbine 16 kW 14 kW 
Electrical pump power consumption 1,8 kW 1,6 kW 

Cooling power consumption  5,8 kW 3,6 kW 
ORC efficiency (compared to heat on fluid) 6,3 % 7,2 % 

Fluid mass flow  2150 kg/h 3600 kg/h 
P / T in HP branch 25 bar / 167 °C 15 bar / 200 °C 
P / T in LP branch 3,6 bar / 41°C 1,5 bar / 50 °C 

 
3. ORC PROTOTYPE AND IMPLEMENTATION AT ENGINE BENCH 

 
3.1 ORC architecture 
After the first stage of pre-sizing, IFPEN and ENOGIA co-designed an ORC layout taking into 
account the previous recommendations in order to be tested at engine bench. The layout is displayed 
in figure 4. The heat is recovered in the exhaust line downstream the DPF in order to avoid the boiler 
clogging. The exhaust line has been modified by the implementation of two exhaust throttles allowing 
the exhaust gas going through the boiler or bypassing it, depending on exhaust thermal energy 
available. The expansion machine is a turbine that is coupled to a generator for electricity production. 
Among the conventional components of an ORC cycle, one can notice the presence of a regenerator to 
improve the cycle efficiency with an intermediate heat exchange in order to pre-heat the pressurized 
liquid with the vapor after expansion on the turbine. The ORC is instrumented with thermocouples, 
pressure sensors and flow meters in order to allow real-time monitoring of the ORC energy balance.  
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3.2 Component description 
To pressurize the working fluid, an industrial volumetric pump self-lubricated has been chosen with a 
variable capacity between 80 to 1000L/min. It is driven by an electrical motor of 3 kW max power 
with a chain transmission. The boiler has been chosen with specific criteria for maximizing heat 
exchange with exhaust gas with the minimum pressure drop in exhaust gas (for no impact on engine 
fuel consumption) and with a reasonable cost. The chosen technology consists in a cross flow 
stainless steel exchanger mixing tubes (for fluid) and plates (for exhaust gas). Total surface plates 
(>50m²) is much greater than surfaces of tubes (>3m²) to compensate lower heat transfer coefficient 
of the gas compared to the liquid. The boiler has been sized to reach the expected performance shown 
in table 3. ENOGIA has designed and manufactured the expansion machine. It is an axial turbine 
coupled with a generator on the same axle. The shape of the turbine blades have been adapted to the 2 
different fluids based on the experience and know-how of ENOGIA. The robust design of the turbine 
allows to operate the ORC in flexible operating conditions without any risk of damaging turbine 
blades and the smart design permits to reduce significantly maintenance intervals of the expander. The 
condenser and the regenerator are off-the-shelf plate exchangers for cost and planning reasons, taking 
into account weight and compactness for a further train integration. 
 

 
Figure 4: ORC prototype system layout with its measurement equipment for engine bench 

 
3.3 Implementation at engine test bench 
The design has taken into account a first level of constraints in terms of train integration. Train 
integration study has not been fully completed but has highlighted some general guidelines in order 
that the ORC prototype implemented at engine bench should become compatible with real train 
integration in the near future. A volume has been defined by the train manufacturer to implement the 
ORC on the train: it is represented in figure 5 by the tubular frame in blue. This constraint imposed to 
make a chain transmission between the electrical motor and the fluid pump. Moreover, the condenser 
and the regenerator had to be inclined to fit in the available room. 
 

 
Figure 5: ORC prototype before entering in the test cell 

 
The ORC has been manufactured with the dedicated pressure and temperature sensors. The prototype 
has been implemented at engine test cell and coupled up with the one Diesel engine identical to the 
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ones used on the train as presented in figure 6. The exhaust throttles have been mounted: the chosen 
technology is a flap with an electrohydraulic actuator with position feedback. The electricity 
generated by the ORC is injected in the test facility grid by means of a smart inverter and a 
transformer. The smart inverter used in this application, provided by MAVEL, allows a turbine speed 
regulation and real-time monitoring of the electrical power produced. For each point of the ORC 
circuit, based on the measurements of pressure and temperature, the fluid and exhaust gas specific 
enthalpies are tabulated thanks to the thermodynamic data given by the NIST software: REFPROP 
V9.1. The fluid and exhaust gas heat power are obtained by introducing the measurement fluid mass 
flow and the enthalpy of a reference state for 20°C. The heat transfer efficiencies of each exchanger 
are evaluated: boiler, condenser and regenerator ; the turbine efficiency is estimated by making the 
difference between the isentropic expansion work and the real work measured.  
 

               
Figure 6: ORC prototype implementation at the engine bench 

 
4. ORC CONTROL SYSTEM 

 
One challenge of this project is to control dynamically the ORC which is a complex system evolving 
in transient conditions. The principle of the ORC control consists in dynamically adjusting the corner 
points of the thermodynamic cycle on the Mollier diagram (pressure vs. enthalpy) to ensure safe and 
efficient operation, with respect to changing external conditions. Ideally, one should be able to adapt 
both the high pressure (HP) point at evaporator outlet and the low pressure (LP) point at condenser 
outlet. However, this means being able to control four different thermodynamic variables (two for 
each point), which is in general unachievable due to the reduced number of available actuators and 
their lack of control authority. In practice, depending on the ORC configuration, only a few variables 
can be tightly controlled, and sometimes just one.  All the different configurations tested during the 
project fall into the generic ORC layout shown in figure 7 with the inputs/outputs for control. 
 

 
Figure 7: ORC control layout with I/O 

(red: manipulated ; yellow: disturbance ; blue: measured/estimated variables) 
 
No actuator is available for control purposes on the condenser side, which means that cooling 
conditions are entirely seen as an external disturbance. The turbine speed setpoint ,-./01  sent to the 
inverter has little effect in the project conditions and can only be used to optimize turbine efficiency. 
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The turbine bypass 23-./01 , which has been integrated in some configurations for safety reasons, 
cannot be used during nominal (power production) operation. The pump speed setpoint ,/45/01  is the 
only actuator with large enough control authority and can be used to control, for instance, the 
superheating SH at evaporator outlet, a variable which is meaningful both in terms of performance 
and safety. Thus, a main control loop acting on pump speed to regulate evaporator superheating can 
be designed, as described in Peralez et al., 2014, for a long-haul truck application. There is one last 
actuator available, the evaporator bypass 23-67/01 , which has a safety purpose too, but could in 
principle be used for slow regulation of another variable (HP pressure, for instance), as suggested in 
Peralez et al., 2014. However, contrary to long-haul truck applications, where ORC systems are most 
often designed for operation at roughly one third of engine full load (corresponding to flat highway 
conditions), see for instance Espinosa et al., 2010, the ORC system under investigation is optimized 
for use at engine full load. Thus, the usefulness of a control loop acting on the proportional evaporator 
bypass valve to regulate pressure at evaporator (fluid) outlet is very limited in this context. 
 

Figure 8: Global supervision and control system in Simulink (left) and decentralized control loops layout (right) 
 
Based on these considerations, in the global supervision and control system in Simulink (figure 8), 
only the first decentralized control loop (the superheat controller of figure 8, where 8$ & ,/45/01  and 
9$ & :;) has been implemented so far. The superheat controller is made of two parts. The feedback 
part is a gain scheduled PI controller where for the feedforward part two solutions are available: a 
static feedforward, heuristically calibrated, and the model-based feedforward, presented in Peralez et 
al., 2013. A first calibration of the gain scheduled PI controller can be directly obtained using a 
dynamic ORC simulator, based on moving-boundary modeling of heat exchangers coded in 
Modelica/Dymola, coupled to the control system coded in Simulink. However, a thorough system 
identification campaign on several operating points is required to obtain an accurate representation of 
ORC dynamic behavior and finalize controller calibration.   
    

5. EXPERIMENTAL RESULTS  
 
5.1 Relevant results in steady-state conditions  
Figure 9 presents the best results on the maximum power engine point (>300kW) for each ORC 
configuration tested. For confidentiality reasons, the heat power recovered from exhaust gases and the 
electric power produced at the output of the ORC turbine generator are normalized in reference to the 
first configuration using R245fa fluid without regenerator. The different bars of the graphs correspond 
to the different steps of the ORC improvements by the means of the fluid, extra exchanger, mass fluid 
and boiler optimizations.  
The first level of optimization consisted in changing the working fluid from R245fa to fluid B and 
adding the regenerator. The turbine blades were changed and optimized for the use of fluid B. The 
chart shows a significant improvement (+22%) on the heat power recovered from the exhaust gases. 
Thanks to a special shape in its Mollier diagram, fluid B is specially adapted to run with an 
intermediate exchanger (regenerator) upstream the boiler. Indeed, this exchanger allows pre-heating 
the pressurized working fluid in liquid state upstream the boiler (the HP branch) with the hot working 
fluid in vapor state downstream the turbine (the LP branch). The drawbacks of using such exchanger 
are the extra mass of working fluid (cost issue) and the rising complexity of ORC control. In this 
project, we estimate the increase of the mass working fluid around 18% leading to an 15% extra cost 
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of the total ORC fluid cost. This 15% increase cost has to be compared to the 40% ORC electricity 
production enhancement allowed by this intermediate exchanger and the use of this new fluid B. 
 

 
Figure 9: Tests results at max. power engine for different ORC configurations in terms of normalized heat 

power recovered on the fluid and ORC electric production power 
 
The second step was to optimize the mass of working fluid inside the ORC. This operation is needed 
to avoid pump cavitation in case of fluid lacking or to avoid non optimized fluid liquefaction in the 
condenser in case of fluid overload. Furthermore, this optimized working mass fluid allows to 
maximize the thermodynamic efficiency of the cycle by establishing the optimized pressures in the LP 
and HP branches. The last step is still ongoing and the tests have not yet been done. Calculations have 
predicted that with an optimized boiler with higher exchange surface, exhaust gas heat recovering can 
be improved by 38% compared to the first configuration and ORC electric power output increased by 
140%. The tests are still on-going and at the time of paper writing, more than 150hours of ORC 
operation have been carried out and 600 operating points (steady-state or transient) have been 
recorded. As a significant achievement, around 10kW of electricity power produced by the ORC 
turbine generator have been measured continuously in the last tests. 
 
5.2 Boiler hunting 
In this project, among all the technical challenges that have been taken up, the boiler has shown 
sometimes an unstable behavior in steady-state thermal conditions. Indeed, with stabilized constant 
exhaust gas and working fluid mass flows,  temperature periodic oscillations can appear downstream 
the boiler. This phenomenon is well-known in refrigerating applications like described by Mithraratne 
et al., 2002, with diphasic exchangers and it has been called “boiler hunting”. More recently, Yuh-Ren 
et al., 2014, faced the same problem with an ORC using R245fa. In this project, we observed the 
boiler hunting for both working fluids R245fa and fluid B (see figure 10) with the same boiler but 
with different signal properties. The signal period were respectively 40s and 17s whereas peak 
amplitude were respectively 8°C and 6°C for R245fa and fluid B. As a remark, temperature sensors 
accuracy is around ±0,5°C. Until now, no consistent scientific explanation exists justifying such 
behavior. Some scientists assume that the phenomenon depends on the working fluid characteristics 
and on the boiler internal geometry. This abnormal behavior must be avoided to ensure a robust and 
consistent ORC control in transient conditions.  
 

 
Figure 10: ORC superheating oscillations in steady-state conditions (T, P) after the boiler for fluid B 

68



 
Paper ID: 193, Page 10 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

6. CONCLUSIONS 
 
This pre-industrial project has succeeded in building an operational ORC prototype for a train 
application by merging the skills of IFPEN and ENOGIA. A pre-sizing study allowed to identify the 
exergy potential on a realistic train mission profile and the optimal recovery system location provided 
by ALSTOM TRANSPORT. Then, the screening fluid allowed to choose 2 suitable working fluids 
for this application considering all the safety, thermodynamic and cost constraints. The expected 
results were evaluated by simulation. The ORC prototype was built by ENOGIA by selecting the 
optimal components and respecting a limited volume for further train integration. The prototype has 
then been implemented at the test bench at IFPEN. An ORC control has been deployed using the 
know-how of IFPEN previous experiences on Rankine systems. These tools work with the help of 
exhaustive measures of temperature, pressure and mass flows allowing to evaluate in real-time 
conditions the energy balance of the whole ORC system. Experimental results showed the high 
increase of waste heat recovery and electric produced power after each improvement step along the 
project duration. The change of fluid and the addition of the regenerator increased the electric 
production by 86% compared to the first configuration. At the time of paper writing, around 10kW of 
ORC electricity output power has been reached in stable conditions and more than 150h of testing 
have been carried out. Further improvements should be attainable. 
 

NOMENCLATURE 
 
DPF Diesel Particulate Filter 
GWP / ODP Greenhouse Warming Potential / Ozone Depleting Potential 
IFPEN IFP Energies nouvelles 
NIST US National Institute of Standards and Technology 
ORC Organic Rankine Cycle 
SH/SC SuperHeating/SubCooling 
WHR Waste Heat Recovery   
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ABSTRACT 

 
To take full advantage of the waste heat from a diesel engine, a set of dual loop organic Rankine cycle 
system (ORCs) was designed to recover exhaust energy, waste heat from the coolant system, and 
released heat from turbocharged air in the intercooler of a six-cylinder diesel engine. Aspen plus 
software was used to model the dual loop ORCs. According to the simulation model, the operating 
performance of the dual loop ORCs and the fuel economy of the diesel engine were investigated. The 
results show that the thermodynamic performance and economy performance of the diesel engine can 
be effectively improved by using the dual loop ORCs. At the engine rated condition, the overall net 
power output of the dual loop ORCs is up to 43.65 kW. The brake specific fuel consumption (BSFC) 
and the thermal efficiency of the diesel engine-dual loop ORCs are 191.24 g·(kW·h)-1 and 37.57%, 
respectively. Compared with the diesel engine, the thermal efficiency of the combined system can be 
increased by 13.69% and the BSFC can be reduced by 15.86%. 
 

1. INTRODUCTION 
 
A large amount of petroleum resources has been consumed by automobiles. Meanwhile, given the low 
utilization rate for internal combustion engine, the thermal efficiency is only 30%-45% for diesel 
engine and 20%-30% for gasoline engine. And then the remaining heat is released into the atmosphere 
(Dolz et al., 2012, Roy et al., 2010). Therefore, discovering a more effective way to recover internal 
combustion engine waste heat so as to increase engine thermal efficiency and decrease fuel 
consumption has become a hot focus of recent research work. 
 
ORCs has been widely used to recover and utilize the low-grade waste heat and recently numerous 
scholars have investigated the use of ORCs to recover engine exhaust waste heat energy (Fang et 
al.,2010, Liu et al., 2012). Shu et al. (2014) designed a set of dual loop ORCs to recover exhaust 
waste heat energy and coolant system waste heat. Results showed that using the dual loop ORCs can 
effectively improve the thermodynamic performance of the engine. Gao et al (2013) proposed ORCs 
to recover the exhaust waste heat of a turbocharged diesel engine. The results showed that the net 
power output of the diesel engine can improve 12%. Meinel et al (2014) compared a two-stage ORC 
with internal heat recovery with a simple standard ORCs and an ORC with a recuperator based on 
Aspen Plus software. The thermodynamic efficiencies of the two-stage cycle exceed the 
corresponding values of reference ORCs by up to 2.25%. 
 
Although many scholars have analyzed the performance of different kinds of ORCs, most research 
takes only internal combustion engine exhaust energy into account. Few of them have considered 
recovering the waste heat from the coolant system, and the released heat from turbocharged air in the 
intercooler of internal combustion engine. In this paper, a set of dual loop ORCs is designed to 
recover exhaust waste heat energy, waste heat from the coolant system, and released heat from 
turbocharged air in the intercooler of a diesel engine. Aspen plus software is used to model the dual 
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loop ORCs, and then the operation performance is analyzed based on the sensitivity analysis under 
the different high temperature cycle evaporation pressure and the working fluid mass flow rate.  
 

2. MODEL OF DUAL LOOP ORC SYSTEM 
 
2.1 Model of Dual Loop ORCs Based on Aspen Plus 
The exhaust temperature of diesel engine is generally high. However, the temperatures of the coolant 
and the turbocharged air are relatively low. To take full advantage of the waste heat energy from the 
diesel engine, a set of dual loop ORCs is designed. As shown in Figure 1, the dual loop ORCs 
contains a high temperature (HT) loop ORCs (the lower part) and a (low temperature) LT loop ORCs 
(the upper part). The HT loop ORCs is used to recover the high-temperature exhaust energy, while the 
LT loop ORCs is used to recover the waste heat from the coolant system, the released heat from 
turbocharged air in the intercooler and the residual heat of low-temperature exhaust energy. Figure 2 
and Figure 3 are the T-s diagram of the HT loop and LT loop in the dual loop ORCs, respectively. 
The dual loop ORCs system operates according to the following process. In the HT loop ORCs 
(corresponding to Processes 1-7), the working fluid is pressurized into the saturated liquid state 
working fluid using Pump 1. Then it is preheated in the Recuperator. Subsequently, the working fluid 
turns into a saturated vapor state in the Evaporator 1. Then, the saturated vapor enters Expander 1 to 
produce useful work. Finally, the superheated vapor exported from Expander 1 turns into a saturated 
liquid state after the heat transfer process in the Recuperator and Condenser1. With this change, the 
HT loop ORCs completes one working cycle. Meanwhile, in the LT loop ORCs (corresponding to 
Processes 10-16), Pump 2 pressurizes the saturated liquid state working fluid and sends it into the 
Intercooler to exchange heat with the turbocharged intake air. Then, the working fluid flows into the 
Preheater and is heated up into the two-phase state by the engine coolant. Later, the two-phase 
working fluid is heated up into a saturated vapor state by the residual heat of the low-temperature 
exhaust energy in the Evaporator 2. The saturated vapor enters Expander 2 to make it do work. Finally, 
the superheated vapor exported from Expander 2 condenses into a saturated liquid state in the 
Condenser 2. The whole process is then completed. 

 
 

Figure 1: Model of the dual loop ORCs 
 
2.2 Boundary Conditions 
(1) The thermodynamic properties of fluid are calculated based on the Peng-Robinson state equation. 
R123 is selected as the working fluid, water is selected as the coolant. The diesel engine air fuel ratio 
is set to 19.7, mass fraction of the exhaust components CO2、H2O、N2 and O2  is 15.1%、5.5%、71.6% 
and 7.8%, respectively. (Shu et al., 2014). 
(2) The isentropic efficiencies of expander 1 and expander 2 are both set to 0.7. The isentropic 
efficiencies of Pump 1 and Pump 2 are both set to 0.65.  
(3) The ambient temperature is set to 291.15 K. 
(4) The working fluid temperature at the evaporator 1 outlet is set to 456K. When the exhaust 
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temperature drops below the dew point, the exhaust pipes and evaporator surfaces can erode, so the 
exhaust temperature at the evaporator 2 outlet is set to 380K. (Bahadori, 2011).  
(5) The mass flow rate of the HT loop ORCs is set to 0.4-0.8 kg/s; The evaporation pressure of HT 
loop ORCs is set to 1.0-2.5MPa. 
(6) The cooling water inlet temperature and mass flow rate of Condenser1 are set to 285K and 2kg/s 
(corresponding to Processes 24-25 in Figure 1); The same as the Condenser2 are set to 285K and 3kg/s 
(corresponding to Processes 17-18 in Figure 1). 
(7) The outlet temperature of engine coolant is set to 340K (corresponding to Processes 21-22 in Figure 
1) 
(8) The outlet temperature of turbocharged intake air is set to 350K (corresponding to Processes 19-20 in 
Figure 1)  
(9) The test parameters of the diesel engine at rated conditions are listed in Table 1. 
 

 
Figure 2: T-s diagram of the HT loop ORCs 

 

 
Figure 3: T-s diagram of the LT loop ORCs 

 
Table 1: Test parameters of the diesel engine 

 

Items value 
Rated speed/ r·min-1 2000 
 Rated power / kW 275 

Exhaust temperature/ K 783 
Air intake mass flow rate/ kg·s-1 0.43 

Fuel consumption/ kg·h-1 60.97 
Intake air temperature/ K 407 

Engine coolant mass flow rate/ kg·s-1 1.30 
Engine coolant temperature/K  370 

 

72



Paper ID: 38, Page 4 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 
 

2.3 Thermodynamic Model of the Dual Loop ORCs  
To evaluate the performance of the dual loop ORCs, the following parameters are selected in the 
study. 
The net power output of HT loop ORCs is given in Equation (1)： 

p1exp1H WWW                                    (1) 
The net power output of LT loop ORCs is given in Equation (2)： 

p2exp2L WWW                                    (2) 
Where p1W  and p2W  are the power consumed by pump 1 and pump 2, respectively. 1expW  and 

exp2W  are the power output of the expander 1 and expander 2, respectively. 
The overall net power output of the dual loop ORCs is given in Equation (3)： 

oa H LW W W                                    (3) 
The thermal efficiency of the dual loop ORCs is given in Equation (4): 

oa
oa

oa

100
W

η %
Q

                                   (4) 

Where oaQ  is the overall heat transfer rate of the dual loop ORCs： 

oa e1 e2 int preQ Q Q Q Q                                (5) 

Where 1eQ , 2eQ , in tQ  and  preQ are the heat transfer rate of evaporator 1, evaporator 2, intercooler 
and preheater, respectively. 
To assess the economy performance of the diesel engine-dual loop ORC combined system, the brake 
specific fuel consumption (BSFC) of the combined system is defined as: 

eng

cs
oa

1000
F

bsfc
W W

 


                            (6) 

Where F represents the fuel consumption of the diesel engine； engW  represents the power of diesel 
engine. 
The BSFC of the diesel engine is defined as: 

1000
eng

eng 
W

Fbsfc 


                              (7) 

The improvement ratio of BSFC of the combined system is defined as： 

100%
eng

cseng
cs 




bsfc
bsfcbsfc

η                              (8) 

The thermal efficiency of the diesel engine is given in Equation (9)： 

100%
cs


Q

W
η 


eng

eng                                   (9) 

Where csQ represents the overall energy generated by fuel combustion of the diesel engine. 
The thermal efficiency of the combined system is defined as: 

oa eng
cst

cs

100
W W

η %
Q

 


                             (10) 

The increasing ratio of thermal efficiency in the combined system is defined as: 
cst eng

tei
eng

100
η η

η %
η

 


                              (11) 

The exergy destruction rate of the each components are given in Equations (12)-(22):  
)( 12H0p1 ssmTI                                     (12) 

)( 1011L0p2 ssmTI                                     (13) 

)]()[( 2356H0r ssssmTI                                 (14) 

73



Paper ID: 38, Page 5 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 
 

])[(
HH,

34
34H0e1 T

hhssmTI 
                                (15) 

Where HH,T  is the temperature of the high temperature heat source in the HT loop ORCs, and is 
assumed to be equal to 54HH TT , . 
 

])[(
HL,

1314
1314L0e2 T

hhssmTI 
                              (16) 

Where HL,T  is the temperature of the high temperature heat source in the LT loop ORCs, and is 
assumed to be equal to 514HL TT , . 

)( 45H0exp1 ssmTI                                    (17) 
)( 1415L0exp2 ssmTI                                    (18) 

])[(
Hint,

1112
1112L0int T

hhssmTI 
                               (19) 

Where Hint,T  is the temperature of the heat source in the intercooler, and is assumed to be equal 
to 512Hint, TT . 

])[(
Hpre,

1213
1213L0pre T

hhssmTI 
                               (20) 

Where Hpre,T  is the temperature of the heat source in the intercooler, and is assumed to be equal to 
513Hpre, TT . 

])[(
LH,

67
67L0con1 T

hhssmTI 
                                (21) 

Where LH ,T  is the temperature of the low temperature heat source in the HT loop ORCs, and is 
assumed to be equal to 57LH, TT . 

])[(
LL,

1516
1516L0con2 T

hhssmTI 
                               (22) 

Where LL,T  is the temperature of the low temperature heat source in the LT loop ORCs, and is 
assumed to be equal to 516LL, TT . 
Note that Eq. (15),(19),(21)and (22) are derived from Ref. (Yang et al., 2014) 
 

3. RESULTS AND DISCUSSION 
 
The variation of the net power output in LT loop ORCs with the evaporation pressure and mass flow 
rate of the HT loop ORCs is shown in Figure 4. The graph shows that at a certain evaporation 
pressure of HT loop ORCs, the net power output of the LT loop ORCs decreases gradually with the 
increase of the mass flow rate of HT loop ORCs. This primarily because that, the heat transfer rate of 
evaporator 1 increases with the increase of mass flow rate at the HT loop ORCs. Therefore, the heat 
transfer rate of evaporator 2 decrease. At a certain mass flow rate of HT loop ORCs, the net power 
output of the LT loop ORCs increases gradually with the increase of the evaporation pressure of HT 
loop ORCs. When the evaporation pressure and mass flow rate of HT loop ORCs are 2.5 MPa and 0.4 
kg·s-1 , the net power output of the LT loop ORCs reaches the upper limit and is 24.63 kW. 
 
The variation of the net power output in HT loop ORCs with the evaporation pressure and mass flow 
rate of the HT loop ORCs is shown in Figure 5. The graph shows that at a certain evaporation pressure 
of HT loop ORCs, the net power output of the HT loop ORCs increases gradually with the increase of 
the mass flow rate of HT loop ORCs. At a certain mass flow rate of HT loop ORCs, the net power 
output of the HT loop ORCs increases gradually with the increase of the evaporation pressure of HT 
loop ORCs. When the evaporation pressure and mass flow rate of HT loop ORCs are 2.5 MPa and 0.8 
kg·s-1 , the net power output of the HT loop ORCs reaches the upper limit and is 24.99 kW. 
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Figure 4: Net power output of the LT loop ORCs 
 

 
 

Figure 5: Net power output of the HT loop ORCs 
 

Through the comparison between Figure 4 and Figure 5, it can be concluded that the net power output 
of the LT loop ORCs and the HT loop ORCs are affected more by mass flow rate of the HT loop 
ORCs. And the net power output of the LT loop ORC system is greater than that of the HT loop ORC 
system under the same evaporation pressure of HT ORCs.  
 
The variation of the overall net power output in dual loop ORCs with the evaporation pressure and 
mass flow rate of the HT loop ORCs is shown in Figure 6. The graph shows that at a certain 
evaporation pressure of HT loop ORCs, the overall net power output of the dual loop ORCs increases 
gradually with the increase of the mass flow rate of HT loop ORCs. This primarily because that, with 
the increase of the mass flow rate of HT loop ORCs, the variation of net power output of HT loop 
ORCs is relatively higher than that of LT loop ORCs. At a certain mass flow rate of HT loop ORCs, 
the net power output of the dual loop ORCs increases gradually with the increase of the evaporation 
pressure of HT loop ORCs. When the evaporation pressure and mass flow rate of HT loop ORCs are 
2.5 MPa and 0.8 kg·s-1 , the overall net power output of the dual loop ORCs reaches the upper limit 
and is 43.65 kW. 
The variation of the thermal efficiency in dual loop ORCs with the evaporation pressure and mass 
flow rate of the HT loop ORCs is shown in Figure 7. Moreover, the thermal efficiency has the same 
variation tendency with the overall net power output of the dual loop ORCs. The reason can be 
explained as follows. According to Eq. (4), the thermal efficiency of dual loop ORCs is related to the 
overall heat transfer rate and the overall net power output of the dual loop ORCs. The overall heat 
transfer rate is constant due to the constant operating condition of diesel engine, while the overall net 
power out of dual loop ORCs increases with evaporation pressure and mass flow rate of HT loop 
ORCs, as shown in Figure 6. When the evaporation pressure and mass flow rate of HT loop ORCs are 
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2.5 MPa and 0.8 kg·s-1, the thermal efficiency of the dual loop ORCs reaches the upper limit and is 
10.52%. 
 

 
 

Figure 6: Overall net power output of the dual loop ORCs 
 

 
 

Figure 7: Thermal efficiency of the dual loop ORCs 
 

 
 

Figure 8: BSFC of the combined system 
 

The variation of the BSFC in diesel engine-dual loop organic Rankine cycle (ORC) combined system 
with the evaporation pressure and mass flow rate of the HT loop ORCs is shown in Figure 8. The 
graph shows that at a certain evaporation pressure of HT loop ORCs, the BSFC of the combined 
system decreases gradually with the increase of the mass flow rate of HT loop ORCs. At a certain 
mass flow rate of HT loop ORCs, the BSFC of the combined system decreases gradually with the 
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increase of the evaporation pressure of HT loop ORCs. The reason can be explained as follows. 
According to Eq. (6), the BSFC of combine system is related to the fuel consumption, the power of 
diesel engine and the overall net power output of the dual loop ORCs. The fuel consumption and the 
power of diesel engine is constant due to the constant operating condition of diesel engine, while the 
overall net power out of dual loop ORCs increases with evaporation pressure and mass flow rate of 
HT loop ORCs, as shown in Figure 4. When the evaporation pressure and mass flow rate of HT loop 
ORCs are 2.5 MPa and 0.8 kg·s-1, the BSFC of the diesel engine-dual loop ORC combined system 
reaches the minimum and is 191.24 g·(kW·h)-1. 
 
The variation of the improvement ratio of BSFC in diesel engine-dual loop ORC combined system 
with the evaporation pressure and mass flow rate of the HT loop ORCs is shown in Figure 9. The 
graph shows the improvement ratio of BSFC in the combined system gradually increases with 
evaporation pressure and mass flow rate of HT loop ORCs. Moreover, the minimum improvement 
ratio of BSFC is 10.9%. When the evaporation pressure and mass flow rate of HT loop ORCs are 2.5 
MPa and 0.8 kg·s-1, the improvement ratio of BSFC in the diesel engine-dual loop ORC combined 
system reaches the upper limit and is 13.69%. 

 
 

Figure 9: Improvement ratio of BSFC in the combined system 
 

 
 

Figure 10: Increasing ratio of thermal efficiency in the combine system 
 

The variation of the thermal efficiency improvement in diesel engine-dual loop ORC combined 
system with the evaporation pressure and mass flow rate of the HT loop ORCs is shown in Figure 10. 
Compare with Figure 6, the increasing ratio of thermal efficiency in the combine system has the same 
variation tendency with the overall net power output of the dual loop ORCs. Moreover, the minimum 
thermal efficiency improvement is 12.23%. When the evaporation pressure and mass flow rate of HT 
loop ORCs are 2.5 MPa and 0.8 kg·s-1, the increasing ratio of thermal efficiency in the diesel 
engine-dual loop ORC combined system reaches the upper limit and is 15.86%. 
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Figure 11 shows the variations of the exergy destruction rate in dual loop ORCs under the condition of 
the overall net power output reaches the upper limit. The graph shows that, the exergy destruction rate 
of the condenser 2 is bigger than that of other components and is 15.64kW, followed by condenser 1 
and evaporator 1. They are 14.70 kW and 13.33 kW, respectively. The exergy destruction of 
condenser 1 and condenser 2 are all bigger due to the higher temperature difference between the 
working fluid and cooling water at the condenser. Whereas, the exergy destruction of evaporator 1 is 
bigger because of the higher temperature difference between the working fluid and exhaust gas at the 
evaporator 1. The exergy destruction rate of the dual loop ORCs and LT ORCs are 40.78 kW and 
29.75 kW, respectively. 

 
 

Figure 11: Exergy destruction rate of the dual loop ORCs 
 

4. CONCLUSIONS 
 

 By employing the dual loop ORC system, the waste heat of exhaust energy, coolant system, 
and released heat from turbocharged air in the intercooler can be effectively recovered and 
utilized. The overall net power output and thermal efficiency of the dual loop ORCs can reach 
43.65kW and 10.52%, respectively. 

 The fuel economy of the diesel engine can be notably improved, by employing the dual loop 
ORCs. When the evaporation pressure and mass flow rate of HT loop ORCs are 2.5 MPa and 
0.8 kg·s-1, the BSFC of the diesel engine-dual loop ORC combined system is 191.24 
g·(kW·h)-1, which reduced by 13.69% compared with the diesel engine itself. 

 The net power output of LT loop ORCs is greater than that of HT loop ORCs. At the 
maximum overall net power output condition, the exergy destruction rate of the LT loop ORC 
system is higher than that of the HT loop ORC system and the difference can reach 11.03kW. 

 
NOMENCLATURE 

 
m            mass flow rate                 (kg·s-1) 
h            enthalpy                      (kJ·kg-1) 
Q            heat transfer rate                 (kJ) 
S            entropy                       (kJ/kg·K) 
T            temperature                     (K) 
W            work                          (kJ) 
η            efficiency                       (%) 
F            fuel consumption               (kg·h-1) 
I            exergy destruction                (kW) 
 
Subscript 
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1,2, 3…       state point in cycle 
H             HT loop ORCs/high temperature heat source 
L             LT loop ORCs/low temperature heat source 
p             pump 
e             evaporator 
r             recuperator 
exp           expander 
int            intercooler 
pre            preheater 
con           condenser 
eng           diesel engine 
cs            combined system 
oa            overall of dual loop ORCs 
cst            thermal efficiency of the combined system 
tei            thermal efficiency improvement 
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ABSTRACT 

This paper investigates the waste heat recovery potential of internal combustion engines, using 
organic Rankine cycles running on small-scale radial turbomachinery. ORC are promising candidates 
for low-grade thermal sources and the use of dynamic expanders yields very compact systems, which 
is advantageous for automotive applications. As engine coolant and exhaust gases are the major 
available heat sources, different cycle configurations and working fluids have been investigated to 
capture them, in both urban and highway car operation. Pareto fronts showing the compromise 
between net power output and total heat exchange area have been identified for a set of cycle’s 
variables including turbine inlet conditions and heat exchanger pinches. A preliminary optimization, 
including only R-1234yf working fluid, shows that a single-source regenerative cycle harvesting the 
high temperature exhaust gas stream performs averagely better than coolant-driven and dual-source 
cycles. A more in-depth optimization including eight working fluids as well as aerodynamic and 
conceptual limitations related to radial turbomachinery and automotive design constraints, finally 
shows that an ICE exhaust heat recovery ORC could improve the first law efficiency of the driving 
system by up to 10% when implemented with fluid R-1233zd. 

1. INTRODUCTION

Nowadays, concerns about fossil fuel shortage and global warming advocate for a more rational use 
of primary energy. Transportation, which represents about 28% of the world energy consumption 
(IEA, 2014), is a sector where efficiency improvements are particularly awaited. Indeed, according to 
Legros (2014) passenger cars are barely using one third of the available fuel power to drive the 
wheels. The remaining two thirds are rejected to the environment as waste heat, mainly through 
coolant and exhaust gas streams. Recovering part of this energy would not only save fuel but also 
decrease pollutants emissions. The conversion of heat into useful electrical or mechanical energy may 
be performed by technologies like thermoelectric, thermoacoustic and thermophotovoltaic generators 
or by various thermodynamic cycles such as Stirling, Brayton and Rankine cycles, according to 
Legros (2014). Although they are compact, thermoelectric devices require expensive materials and 
have rather low efficiency, as shown by LeBlanc (2014). As it can be seen in Wu et al. (2014) 
ongoing research on thermoacoustic generators shows good efficiency but prototypes are still bulky. 
Thermophotovoltaic systems are getting mature but prototypes show limited efficiency and mostly, 
they require a high temperature source, involving combustion, to efficiently convert heat into thermal 
radiations (Ferrari et al. 2014). Although free-piston Stirling engines are an efficient and mature 
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technology, they are best suited to slow changing of power output and require long warm-up period 
(Kongtragool and Wongwises 2003). While open Brayton cycles are adequately exploited in gas 
turbines and turbojet engines, their efficiency seriously drops when trying to operate them in closed 
loop with a low temperature heat source. To compensate for this, Wright et al. (2006) proposed a 
design with multiple inter-stage heating/cooling between the expansion/compression stages. The 
resulting complexity and associated cost make this cycle unsuitable for vehicle integration. Rankine 
cycles are an attractive candidate, especially when running with organic working fluids, where low- to 
medium-grade heat sources can be harvested, as shown in the review by Sprouse and Depcik (2013). 
In such systems, the expansion technology is the most important element since it is responsible for the 
extraction of the fluid power. For small-scale power generation, volumetric expanders are usually 
selected since they can handle low fluid flowrates. However, friction between the moving parts causes 
wear and eventually failure if no lubricant is mixed with the working fluid. In addition to reducing 
expander and evaporator performance, auxiliary oil circuits add complexity and cost to the system. 
For these reasons, dynamic expanders would be the preferred solution. In the turbomachinery domain, 
radial inflow turbines are promising since they can achieve much higher stage pressure ratios than 
axial machines. Yet, in order to process low flowrates, radial rotors need to be downsized, which is 
advantageous for vehicle packaging, but however implies high rotor speeds. Improvements in 
dynamic gas bearing technology make this possible, as shown by Schiffmann and Favrat (2009) and 
Demierre et al. (2015), who successfully operated small-scale radial turbo-compressors and turbo-
expanders at speeds up to 210 krpm. The objective of this article is to evaluate the potential of 
Rankine cycles combined with small-scale turbomachines for waste heat recovery on automotive 
internal combustion engines. Several cycle topologies and working fluids are included in the 
investigation to identify the most promising configuration for maximizing waste heat recovery while 
reducing the required heat exchange area. 
 
 

2. SYSTEM DESCRIPTION 
 
 
2.1 Engine characterization 
The considered commercial vehicle is equipped with a 96 kW gasoline engine. Test data have been 
analyzed to extract waste heat flows and temperatures associated with urban (50 km/h) and highway 
(120 km/h) operations. As shown in Table 1, exhaust gas and coolant streams were identified as 
valuable heat sources with respect to the engine power. From an exergetic point of view though, 
coolant yields significantly less recoverable power than exhaust gases, due to its lower temperature. 
 

Table 1: Vehicle power streams characterized in terms of temperature, power and exergy 

Vehicle 
operating 

point 

Engine Exhaust gases Coolant 

�̇�𝑚𝑒𝑐 𝑇 �̇� �̇�  𝑇𝑖𝑛  𝑇𝑜𝑢𝑡 �̇� �̇� 

 kW °C kW kW °C °C kW kW 
Urban 3.80 425 2.64 0.97 105 104 2.17 0.46 

Highway 22.9 706 19.2 9.21 105 101 12.6 2.61 
 
2.2 Cycle configurations 
In order to extract useful power from engine waste heat, a basic Rankine cycle (Figure 1a) is first 
considered. In this cycle, a selected working fluid is successively compressed through a pump where 
little power is consumed (1-2), evaporated through a heat exchanger in contact with a heat source (2-
3), expanded through a turbine where useful power is extracted (3-4), and finally condensed through a 
heat exchanger in contact with a heat sink (4-1) considered to be ambient air in the studied system. To 
further increase the cycle efficiency, an internal heat exchanger (IHX) can be added as shown in 
Figure 1b, so that the working fluid is preheated (resp. precooled) before being evaporated (resp. 
condensed). Yet, in these two configurations, only one single source can be harvested. Since the goal 
is to maximize heat recovery, two additional configurations are proposed, where both the exhaust gas 
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and the coolant heat sources are exploited. The first one uses two heat exchangers in series (Figure 
1c), with the coolant stream preheating the working fluid and the exhaust gas stream evaporating it. 
The second one integrates two pumping and expansion stages with heat exchangers in parallel (Figure 
1d). In this configuration, the coolant and exhaust gas streams are respectively associated with the 
intermediate and high pressure evaporators. Although other configurations could have been studied, it 
was decided, in view of the targeted automotive application where compact packaging is a key aspect, 
to limit the number of heat exchangers in the evaluated systems to a maximum of three. In order to 
reduce exergetic losses, all evaporators are considered counter-flow and all condensers cross-flow. 
The first type is well suited to transfer heat from the engine waste heat streams to the working fluid 
while the second one is better adapted to reject heat from the working fluid to the ambient air. 
 

 

Figure 1: Evaluated Rankine cycle configurations: Basic single-source (a), Regenerative single-
source (b), Series dual-source (c), Parallel dual-source (d) 

 
2.3 Fluid candidates 
Several working fluids may be appropriate candidates for Rankine cycles. Beyond the critical point, 
indicating the maximum pressure and temperature levels at which a fluid can experience a two-phase 
state, environmental indicators are also essential selection criteria. As such, working fluids should 
show null Ozone Depletion Potential (ODP), low Global Warming Potential (GWP) and low toxicity 
and flammability (ASHRAE standard 34). Refrigerants R-134a, R-152a and R-245fa were 
consequently identified as good candidates. Because of their high GWP however, R-134a and R-245fa 
are likely to be phased out and replaced by their respective counterparts R-1234yf/R-1234ze and R-
1233zd, which are therefore included in the evaluation. Other considered fluids are ethanol and water. 
Table 2 summarizes the selected fluids, also highlighting their expansion behavior from a saturated 
vapor state at the turbine inlet. 
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Rankine cycles generally operate close to the saturation lines. Therefore ideal or perfect gas 
assumptions to retrieve the fluid’s thermodynamic properties are not valid. This article uses 
REFPROP® based thermodynamic data to perform cycle calculations. 
 

Table 2: Working fluid candidates 

Working fluid 𝑃𝑐𝑟 [bar] 𝑇𝑐𝑟 [°C] ODP GWP ASHRAE 34 Expansion 
R-134a 40.6 101 0 1430 A1 Wet 
R-1234yf 33.8 95 0 4 A2L Dry 
R-1234ze 36.3 109 0 6 A2L Dry 
R-152a 45.2 113 0 124 A2 Wet 
R-245fa 36.5 154 0 1030 B1 Dry 
R-1233zd 35.7 166 0 7 A1 Dry 
Ethanol 62.7 242 0 0 - Wet 
Water 220.6 374 0 0 A1 Wet 
 
2.4 Heat sink 
In addition to the available heat sources, proposed cycle configurations, and working fluids, a heat 
sink also has to be characterized. As ambient temperatures ranging from 20 to 25°C were observed in 
the vehicle test data, the reference cold source temperature is set to 25°C. Assuming a 10°C 
temperature increase in the cross-flow condensers, an average air exchange temperature of 30°C is 
then considered. 
 
 

3. SIMULATION MODELS 
 
 
In order to assess the performance of a Rankine cycle on the two vehicle operating points, steady-state 
models have been implemented for each cycle configuration. Typical model inputs are the heat source 
and sink mass flowrates and temperatures, working fluid subcooling/superheating at the pump/turbine 
inlets, turbomachines efficiency and heat exchangers temperature pinch. Calculated outputs are the 
system efficiency, net power output, turbomachinery pre-design (rotor speed and diameter) and heat 
exchangers area. Model resolution is based on mass and energy conservation laws with the following 
general assumptions: 

- Fluid flow is one-dimensional. 
- Fluid kinetic and potential energy variations are neglected. 
- Heating and cooling transformations are isobaric. 
- Heat exchangers are perfectly insulated. 

 
3.1 Turbomachinery modeling 
The net power output of a cycle is calculated from the difference of the generated turbine powers �̇�𝑡 
and consumed pump powers �̇�𝑝. Each of them is predicted from the product of the working fluid 
mass flowrate (�̇�𝑡, �̇�𝑝) with the isentropic specific enthalpy difference through the device (𝛥ℎ𝑡,𝑠, 
𝛥ℎ𝑝,𝑠), corrected to account for entropy and electromechanical losses: 
 

  �̇�𝑛𝑒𝑡 = ∑ �̇�𝑡
𝑡

− ∑ �̇�𝑝
𝑝

= ∑ (�̇�𝑡𝛥ℎ𝑡,𝑠 · 𝜂𝑡,𝑠𝜂𝑡,𝑒𝑚)
𝑡

− ∑ (�̇�𝑝𝛥ℎ𝑝,𝑠 𝜂𝑝,𝑠𝜂𝑝,𝑒𝑚⁄ )
𝑝

 (1) 
 

 

 
While electromechanical efficiencies 𝜂𝑡/𝑝,𝑒𝑚 are considered fixed for simplicity, isentropic 
efficiencies 𝜂𝑡/𝑝,𝑠 are extracted from Balje’s diagrams (Balje, 1981), that plot iso-efficiency lines as a 
function of specific speed 𝑛𝑠 and specific diameter  𝑑𝑠, defined as: 
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 𝑛𝑠 =
𝜔 �̇�0.5

|𝛥ℎ𝑠|0.75 (2) 

 

 𝑑𝑠 =
𝑑 |𝛥ℎ𝑠|0.25

�̇�0.5  (3) 

 
Determining these two dimensionless parameters from the optimal efficiency on the radial pump / 
turbine diagram and knowing the fluid flowrate �̇� at the pump inlet / turbine outlet as well as the 
absolute fluid isentropic enthalpy difference |𝛥ℎ𝑠|, both the rotor angular velocity 𝜔 and tip diameter 
𝑑 can be estimated. Also, to avoid restricting the feasible design, radial pumps and turbines are not 
considered coupled on the same shaft. 
 
3.2 Heat exchangers modeling 
Predicting the volume of a heat exchanger is a difficult task. It depends not only on the flow 
conditions, but also on the detailed heat exchanger geometry and materials. Since heat exchangers 
design is beyond the scope of this work, it was decided to evaluate their size in terms of heat 
exchange surface. For this purpose, the Logarithmic Mean Temperature Difference (LMTD) method 
(Incropera et al., 2006) was used. It states that the power �̇� exchanged between two streams is equal 
to: 
 

 �̇� = 𝑈𝐴𝛥𝑇𝑙𝑚 (4) 
 
where 𝑈 is the overall heat transfer coefficient, 𝐴 the heat exchange area and 𝛥𝑇𝑙𝑚 the logarithmic 
mean temperature difference. By assuming that fluids are separated by an infinitely thin wall, the heat 
exchange area becomes identical on each side and the overall heat transfer coefficient derives from an 
inverted sum of the hot and cold fluid convective heat transfer coefficients 𝑈ℎ and 𝑈𝑐; which used 
values are presented in Table 3, depending on the fluid type: 
 

 
1
𝑈

=  
1

𝑈ℎ
+ 

1
𝑈𝑐

 (5) 

 
Table 3: Typical convective heat transfer coefficients (Marechal, 2012) 

 Gas Liquid Condensing fluid Evaporating fluid 
𝑈𝑐𝑜𝑛𝑣 [𝑊 𝑚2𝐾⁄ ] 60 560 1600 3600 

 
The LMTD is given by: 
 

 𝛥𝑇𝑙𝑚 =
𝛥𝑇2 − 𝛥𝑇1

log (𝛥𝑇2 𝛥𝑇1⁄ ) (6) 

 
where 𝛥𝑇1 and 𝛥𝑇2 are the fluid temperature differences between the two streams on each side of the 
heat exchanger. 
 
 

4. OPTIMIZATION RESULTS AND DISCUSSION 
 
 
The implemented models being highly non-linear, non-differentiable and with numerous inputs, a 
genetic algorithm has been used to perform the optimizations. The goal is to identify the most 
promising cycle configuration and working fluid and to determine the possible trade-offs between 
system performance and size, in accordance with vehicle expectations. Two objective functions were 
defined: net power output maximization and total heat exchange area minimization. As observed by 
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Molyneaux (2002) and Leyland (2002), genetic algorithms are well indicated to come up with Pareto 
frontiers when dealing with complex energy systems. 
The optimization was performed in two stages: a first run comparing the four cycles presented in 
Figure 1 and a second run confronting the eight fluids listed in Table 2. 
 
4.1 Optimization stage I 
The first optimization stage aimed at comparing the cycle configurations exposed in Figure 1. It has 
been performed using refrigerant R-1234yf, which is the standard working fluid replacing R-134a in 
vehicle cabin air conditioning, with a pump inlet subcooling of 2°C, a pinch of 10°C in all heat 
exchangers, and no electromechanical losses. Three decision variables were accounted for, as shown 
in Table 4. 
 

Table 4: Decision variables for optimization stage I 

# Decision variable Range 
1 Working fluid evaporating pressure 2 – 40 bar 
2 Working fluid temperature at turbine inlet 60 – 250 °C 
3 Exhaust gas temperature at evaporator outlet 80 – 200 °C 

 
Figure 2 presents the Pareto fronts resulting from the first-stage optimization. At first glance, it can be 
seen that cycles recovering the coolant waste heat only are the least profitable ones and that an 
internal heat exchanger (IHX) does not increase the extracted power. On the contrary, single-source 
waste heat recovery using the exhaust gases is much more valuable and, in this case, regeneration 
through an IHX significantly increases the conversion to useful power. With equal powers for lower 
areas, the dual-source series configuration always shows better performance than the parallel 
configuration. This is due to the engine coolant temperature (about 100°C), which imposes the cycle 
intermediate pressure level (about 30 bar for R-1234yf at 90°C) and therefore limits the topping cycle 
pressure ratio (1.33 for a maximum pressure of 40 bar) in the parallel configuration. 
 
In urban vehicle operation, the overall Pareto front is shared by the exhaust-gas-driven basic cycle up 
to 0.13 kW (36% of available power range), the exhaust-gas-driven regenerative cycle from 0.13 to 
0.28 kW (42%) and finally the dual-source series cycle from 0.28 to 0.36 kW (22%). In highway 
vehicle operation however, only exhaust-gas-driven cycles take part in the overall Pareto front, with 
the basic configuration being optimal up to 1.4 kW (50% of available power range) and the 
regenerative configuration being optimal from 1.4 to 2.8 kW (50%). Consequently, recovering the 
engine exhaust gases waste heat using a Rankine cycle that includes an internal heat exchanger, gives 
the best vehicle efficiency improvement perspectives. 
 

 
Figure 2 : Heat recovery system Pareto fronts from different cycle configurations 
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4.2 Optimization stage II 
The second optimization stage aimed at comparing the fluid candidates exposed in Table 2. It has 
been performed using a regenerative exhaust-gas-driven cycle, which is the optimal configuration 
from the first-stage optimization, with a pump inlet subcooling of 5°C to prevent cavitation, 
turbomachine electromechanical efficiencies of 85% to account for bearing and generator losses, a 
minimum working fluid pressure of 1 bar to avoid subatmospheric processes and possible 
contamination by air, a maximum working fluid pressure of 30 bar to make piping and evaporator 
costs accessible to automotive industry, a minimum exhaust gas outlet temperature of 150°C to avoid 
acid condensation in the last section of the exhaust pipe, and a minimum turbine tip diameter of 10 
mm for manufacturability. Furthermore, Balje’s (1981) predictions for radial pump isentropic 
efficiencies being overestimated (up to 92%), the pump isentropic efficiency has been fixed to a more 
realistic value of 60%. Four decision variables were accounted for, as shown in Table 5. 
 

Table 5: Decision variables for optimization stage II 

# Decision variable Range 
1 Working fluid superheating at turbine inlet 0 – 200 °C 
2 Condenser pinch 5 – 25 °C 
3 Evaporator pinch 5 – 25 °C 
4 IHX pinch 5 – 25 °C 

 
In addition to the above constraints, cycle pressure ratio limitations have been considered, so that the 
expansion is feasible across a single-stage turbine. The advantage is that it significantly decreases the 
complexity and consequently the manufacturing cost of the turbo-generator unit. Yet, as dynamic 
machine stage pressure ratio is strongly dependent on rotor design and fluid density differentials, a 
one-dimensional aerodynamic analysis has been performed on an existing small-scale radial turbine 
design presented by Demierre et al. (2015), which goal was to determine for each working fluid, the 
maximum stage pressure ratio as a function of the turbine inlet superheating. In this analysis, sonic 
limitations at the nozzle and rotor throats were accounted for, as well as a maximum rotor peripheral 
speed of 400 m/s, for mechanical strength reasons. 
 
Results from the second-stage optimization (Figure 3) suggest that whether the vehicle is operated in 
urban or highway mode, ethanol as well as refrigerants R-245fa and its substitute clearly show the 
best objectives combinations, with R-1233zd being optimal in terms of net power output. 
Nonetheless, if the main criterion is to minimize the heat exchange area, ethanol then takes the first 
place in the ranking. For further comparison, Table 6 presents for each working fluid, some of the 
main system characteristics at maximum net power output; that is turbine diameter 𝑑𝑡 and rotational 
speed 𝑁𝑡, cycle pressure ratio 𝜋, evaporating pressure 𝑃𝑒𝑣 and efficiency 𝜂𝐶, and system overall 
efficiency 𝜂𝑆. The first-law efficiencies are defined below, as a function of evaporator load �̇�𝑒𝑣 and 
heat source available power �̇�𝑠𝑜𝑢𝑟𝑐𝑒. 
 

 𝜂𝐶 =  
�̇�𝑛𝑒𝑡

�̇�𝑒𝑣
 (7) 

 

 𝜂𝑆 =  
�̇�𝑛𝑒𝑡

�̇�𝑠𝑜𝑢𝑟𝑐𝑒
 (8) 

 
It should here be mentioned that the cycle condensing pressures were determined from the average 
heat sink temperature and accounting for the condenser pinch, subcooling at the pump inlet and 
minimum pressure constraint. Then, the evaporating pressure was calculated from the optimal 
pressure ratio at corresponding turbine inlet superheating and accounting for the maximum pressure 
constraint. As shown in Table 6, this last constraint mainly explains why refrigerants R-152a, R-134a 
and substitutes exhibit lower performance. On the contrary, with a condensing pressure of 1 bar, 
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natural working fluids do not suffer from the maximum pressure constraint. While water-based 
systems performance is limited by the zero-droplet tolerance and by the limitation of the rotor 
peripheral speed, ethanol-based systems show promising results with the best Pareto frontier from 
0.15 to 0.2 kW in urban operating mode and from 1.5 to 1.8 kW in highway operating mode. 
Nonetheless, these two fluids present relatively high and therefore challenging rotational speeds (300 
to 600 krpm), which associated with 20 to 10 mm rotors, lead to much higher peripheral speeds 
compared to refrigerant-based systems. 
 

 

Figure 3: Heat recovery system Pareto fronts from different working fluid candidates 
 
No matter the working fluid, turbine design is always characterized by the smallest accepted design 
diameter and a high rotational speed when optimizing the heat recovery system for an urban vehicle 
operation. This is disadvantageous for production and performance since manufacturing tolerances 
(linked with efficiency) and rotor balancing (linked with stability) become stricter, as observed by 
Schiffmann and Favrat (2010) and Schiffmann (2013). In addition, efficiencies are lower compared to 
the highway operation systems. Hence, from this refined optimization and considering both cycle net 
power outputs and turbine design characteristics, it can be concluded that the waste heat recovery 
system should be designed for the highway vehicle operation, using refrigerant R-1233zd as cycle 
working fluid. The expected gain ranges from 1.5 to 2.3 kW of electrical power that is a 6.5 to 10% 
increase in the first-law efficiency of the vehicle drivetrain. 
 

Table 6: System characteristics at maximum net power outputs 

 Urban Highway 
Working 
fluid 

𝜂𝑆 𝜂𝐶 𝑃𝑒𝑣 𝜋 𝑁𝑡 𝑑𝑡 𝜂𝑆 𝜂𝐶 𝑃𝑒𝑣 𝜋 𝑁𝑡 𝑑𝑡 
% % bar - krpm mm % % bar - krpm mm 

R-134a 5.8 8.4 30.0 2.93 261 10.0 8.6 10.5 30.0 2.90 244 12.0 
R-1234yf 6.0 8.7 30.0 2.94 250 10.0 8.8 10.8 30.0 2.93 214 12.9 
R-1234ze 7.3 10.6 30.0 3.89 293 10.0 10.7 13.1 30.0 3.89 250 13.0 
R-152a 6.5 9.4 30.0 3.20 340 10.0 10.0 12.2 30.0 3.27 368 10.9 
R-245fa 8.7 12.6 18.2 5.15 309 10.0 11.4 14.0 23.6 5.18 227 15.2 
R-1233zd 9.3 13.5 17.4 5.28 329 10.0 12.0 14.7 20.3 5.31 218 16.4 
Ethanol 7.6 11.0 5.95 5.95 606 10.0 9.5 11.7 5.94 5.94 335 19.3 
Water 3.7 5.4 2.49 2.49 600 10.4 4.8 5.9 2.49 2.49 395 17.9 
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5. CONCLUSIONS 
 
 
In view of reducing vehicle fuel consumption and carbon dioxide emissions, Rankine cycle systems 
have been studied to recover the waste heat from engine coolant and exhaust gas streams. Two 
representative vehicle operating points were analyzed with four possible cycle configurations and a 
set of eight working fluids. Targeting both maximum performance and minimum size criteria, multi-
objective optimizations were performed, accounting for automotive and turbomachinery design 
constraints. From the resulting Pareto fronts, it has been found that the optimal recovery system 
should be designed for the highway vehicle operation, using a regenerative exhaust-gas-driven cycle 
and refrigerant R-1233zd. The expected benefit is an additional 2.3 kW of electrical power that is a 
10% increase in the vehicle efficiency. For achieving this performance, the optimal expander is a 16.5 
mm tip diameter radial inflow turbine rotating at about 220 krpm. In order to validate the complete 
system design, its behavior should now be evaluated for other vehicle operating points, including off-
design performance evaluation and engine dynamics. 
 
 

NOMENCLATURE 
 
 
Symbols 
𝐴 Area 𝑚2 
𝑑 Tip diameter 𝑚𝑚 
𝑑𝑠 Specific diameter − 
�̇� Exergy 𝑊 
ℎ Specific enthalpy 𝐽 𝑘𝑔⁄  
�̇� Mass flowrate 𝑘𝑔 𝑠⁄  
𝑁 Rotational speed 𝑟𝑝𝑚 
𝑛𝑠 Specific speed − 
𝑃 Pressure 𝑏𝑎𝑟 
�̇� Heat 𝑊 
𝑇 Temperature °𝐶 
𝑈 Heat transfer coefficient 𝑊 𝑚2𝐾⁄  
�̇� Volumetric flowrate 𝑚3 𝑠⁄  
�̇� Electrical power 𝑊𝑒 
�̇� Mechanical power 𝑊 
𝛥ℎ Specific enthalpy diff. 𝐽 𝑘𝑔⁄  
𝛥𝑇 Temperature difference °𝐶 
𝜂 Efficiency − 
𝜋 Pressure ratio − 
𝜔 Angular velocity 𝑟𝑎𝑑 𝑠⁄  
 
Subscripts 
𝐶 Cycle  

𝑐 Cold  
𝑐𝑜𝑛𝑣 Convective  
𝑐𝑟 Critical state  
𝑒𝑚 Electromechanical  
𝑒𝑣 Evaporation  
𝐻𝑋 Heat exchange  
ℎ Hot  
𝑖𝑛 Inlet  
𝑙𝑚 Logarithmic mean  
𝑚𝑒𝑐 Mechanical  
𝑛𝑒𝑡 Net  
𝑜𝑢𝑡 Outlet  
𝑝 Pump  
𝑟𝑒𝑓 Reference (Ambient)  
𝑆 System  
𝑠 Isentropic  
𝑡 Turbine  
 
Acronyms 
GWP Global Warming Potential  
ICE Internal Combustion Engine  
IHX Internal Heat Exchanger  
ODP Ozone Depletion Potential  
ORC Organic Rankine Cycle  
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ABSTRACT  
 
This study examines the parametric optimization and performance analysis of ORC system using 
genetic algorithm (GA) for engine waste heat recovery. The effects of three key parameters, including 
evaporation pressure, superheat degree, and condensation temperature on the net power output per unit 
heat transfer area and exergy destruction rate under engine various operating conditions are analyzed. 
Subsequently, the performances of a finned-tube evaporator used in this ORC system are evaluated. The 
results indicate that the optimal evaporation pressures are mainly influenced by the engine operating 
conditions. Moreover, superheat degree and condensation temperature presents slight variation over the 
whole operating range. At rated condition, the ORC system achieves maximum net power output per 
unit heat transfer area of 0.74kW/m2. Furthermore, the ratio of maximum effective heat transfer area to 
the actual area of the evaporator is 69%, which has great influence on the performance of the ORC 
system.  
 

1. INTRODUCTION 
 
Over the past few years, the energy consumption has kept increasing with the development of 
industrialization process in China. Thereinto, internal combustion engines (ICEs) have consumed about 
60% of overall oil consumption. Due to the low thermal efficiency of the ICEs, only about one-third of 
total fuel combustion energy becomes power output. The exhaust waste heat recovery of ICEs presents 
a potential for converting waste heat into electrical energy to improve the engine thermal efficiency and 
reduce emissions. 
 
As a solution to the low grade waste heat recovery, Organic Rankine cycle (ORC) has been applied 
widely because of its high efficiency, low cost and simple structure. Zhai et al. (2014) showed that the 
ORC system is one of the most effective methods for recovering energy from low grade heat sources. 
Walraven et al. (2015) observed that the discount rate, electricity price, brine inlet temperature and 
annual electricity price evolution have a strong influence on the configuration and efficiency of the 
ORC and on the economics of the project. Heberle et al. (2012) showed that the use of mixtures as 
working fluids leads to an efficiency increase compared to pure fluids. Li et al. (2014) showed that 
there exists a possible relationship between the critical temperature of working fluids and the 
economical performance of the system. 
 
Currently, much attention has also been paid to waste heat recovery for the ICEs based on ORC system. 
Wang et al. (2014) indicated that the exhaust energy recovery system serve more applicable on the 
heavy-duty diesel engine. Teng et al. (2006) demonstrated that with the hybrid power system of the 
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diesel engine and the Rankine engine operated with waste heat, substantial enhancement in engine 
power and improvement in fuel economy can be achieved. Vaja et al. (2010) showed that a 12% 
increase in the overall efficiency can be achieved compared with the engine with no bottoming. 
 
Based on the aforementioned analysis, the ORC system has already been extensively applied and 
investigated in low grade heat sources, especially in ICEs waste heat recovery. In this paper, the 
thermodynamic model of the ORC system is established based on the first and second laws of 
thermodynamics. The optimal operating parameters of the ORC system are investigated under diesel 
engine various operating conditions with evaporation pressure, superheat degree, and condensation 
temperature of the working fluid as optimization parameters for the maximum net power output per 
unit heat transfer area (POPA) and the minimum exergy destruction rate (EDR) using genetic 
algorithm (GA). 
 

2. SYSTEM DESCRIPTION 
 
The schematic and T-s diagram of the ORC system for recovering engine exhaust waste heat are 
shown in Figures 1 and 2. The liquid working fluid is pressurized to the evaporator by the pump. Then 
the subcooled liquid working fluid absorbs heat from the exhaust gas in the evaporator and turns into 
saturated or superheated vapor. After that, the vapor flows into the expander to do work and drives the 
generator to produce electricity. Finally, the superheated vapor exported from the expander condenses 
into saturated liquid state in the condenser. Subsequently, the liquid working fluid is pressurized by 
the pump to begin the new cycle again. 
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Figure 1: Schematic diagram of the ORC system 
 

 
 

Figure 2: T-s diagram of the ORC system 
 
The optimal working fluid should not only ensure higher waste heat recovery efficiency for the ORC 
system, but also meet the requirement of environmental protection, safety, and economy. Wang et al. 
(2011) compared nine different pure organic working fluids based on their thermodynamic 
performances. R245fa is the most suitable working fluid for engine waste heat recovery application. 
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Therefore, R245fa is selected as the working fluid in this study.  
 

3. MATHEMATICAL MODEL 
 
3.1 Thermodynamic model 
Process 1-2 (Expander): 
The power output and the exergy destruction rate of the expander are given by: 
 )( 21wfexp hhmW    (1) 

 )( 12wf0exp ssmTI    (2) 

The isentropic efficiency of expander is given by: 

 
2s1

21
exp hh

hhη



  (3) 

Process 2-4 (Condenser): 
The heat transfer rate and the exergy destruction rate of the condenser can be expressed as: 

 )( 42wfcon hhmQ  
 (4) 

 )]()[( 42042wfcon ssThhmI  
 (5) 

 
Process 4-5 (Pump): 
The power consumed and the exergy destruction rate of the pump can be determined as: 

 )( 45wfp hhmW  
 (6) 

 )( 45wf0p ssmTI  
 (7) 

The isentropic efficiency of the pump is given by: 

 45

45s
p hh

hhη




 

(8) 

Process 5-1 (Evaporator): 
The heat transfer rate and the exergy destruction rate of the evaporator can be expressed as: 

 )()( 51wfdaexheva hhmhhmQ  
 (9) 

 )]()[()]()[( 51051wfda0daexheva ssThhmssThhmI  
 (10) 

For each heat transfer area in the evaporator, the heat transfer rate between the exhaust and the 
working fluid can be calculated using the following equations: 

 )()( 71wfbaexh71 hhmhhmQ  
 (11) 

 )()( 67wfcbexh67 hhmhhmQ  
 (12) 

 )()( 56wfdcexh56 hhmhhmQ  
 (13) 

To investigate the heat transfer performance of the evaporator, the ratio of effective heat transfer area 

to actual area is defined as: 

 act

eff
h t A

Aη   (14) 

The aim of this paper is to conduct the parametric optimization and evaluate the performance of a   
finned-tube evaporator used in the ORC system. Therefore, the isentropic efficiencies of the pump and 
the expander are set to constant values. Therein, several assumptions for the thermodynamic model 
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are listed as follows: 
(1) The ORC system operates under steady state conditions. 
(2) There are no pressure drops in the pipes and the components. 
(3) The heat losses in each component are also neglected. 
(4) The isentropic efficiencies of the pump and the expander are set to 0.65 and 0.7 respectively. 
(5) The ambient temperature is set to 291.15 K.  
 
3.2 Evaporator model 
In this study, we select a fin-and-tube evaporator used in our lab for thermodynamic analysis. The 
schematic and the geometric dimensions of the fin-and-tube evaporator are shown in Figure 3 and 
Table 1, respectively. The engine exhaust gas flows outside the tube, and the working fluid flows 
inside the tube. The evaporator model refers to Zhang et al. (2013). 
 

Exhaust inlet

Exhaust outlet

Working fluid inlet

Working fluid outlet

Exhaust inlet

Exhaust outlet

 
 

Figure 3: Schematic of the fin-and-tube evaporator 
 

Table 1: Geometric dimensions of the fin-and-tube evaporator 
 

Items Parameters Units 
Number of tubes in each row 9 - 
Number of tube rows 20 - 
Tube outer diameter 25 mm 
Tube inner diameter 20 mm 
Tube pitch 60 mm 
Row pitch 100 mm 
Fin height 12 mm 
Fin width 1 mm 
Rib effect coefficient 3 - 
Tube row alignment Staggered type - 
Tube material Stainless steel316L - 
Fin material Stainless steel316L - 
Inner heat transfer area 9 m2 
Tube length 8.8 m 

 
4. OPTIMIZATION METHODOLOGY 

 
4.1 Description of genetic algorithm 
The diesel engine operates under various operating conditions for the practical applications. Therefore, 
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the coordinated variation of each operating parameters in the ORC system is indispensable to achieve 
the optimal performance. Genetic algorithm which was invented by professor Holland (1975) is 
adaptive heuristic search algorithm based on the evolutionary ideas of natural selection and genetics. 

 
In the present study, the POPA and the EDR are evaluated as objective functions with evaporation 
pressure, superheat degree and condensation temperature of the working fluid as optimization 
variables. Therefore the optimization of the ORC system is performed by using GA in MATLAB. The 
multi-objective optimization function can be described as: 
 )T,T,(P(POPA)max 417f  (15) 

 )T,T,(P(EDR)min 417f  (16) 

The lower and upper bounds of decision variables and parameter setting of GA are listed in Tables 2 
and 3. 

 
Table 2: Lower and upper bounds of decision variables 

 
Decision variables Lower bound Upper bound 

Evaporation pressure (MPa) 0.8 3 
Superheat degree (K) 0 20 
Condensation temperature (K) 298.15 353.15 

 
Table 3: Parameter setting of genetic algorithm 

 
Parameters Value 

Population size 150 
Selection process Tournament 
Crossover fraction 0.8 
Mutation function Adaptive feasible 
Stop generations 600 

 
5. ENGINE WASTE HEAT EVALUATION 

 
The engine used as the topping cycle in this study is a six-cylinder in-line diesel engine. The main 
technical performance parameters of the diesel engine are listed in Table 4. 

 
Table 4: The main technical parameters of the diesel engine 

 
Items Parameters Units 

Rated power 247 kW 
Maximum torque 1600 N.m 
Displacement 11.596 L 
Cylinder number 6  
Air intake type Turbocharged and Intercooled  
Fuel injection system High pressure common rail  
Speed at maximum torque 1400 r/min 
Stroke and cylinder bore 155×126 mm 
Compression ratio 17.1  

 
Figure 4 shows the performance maps of the diesel engine over the whole operating range. The 
variation of BSFC (brake specific fuel consumption) is illustrated in Figure 4(a), which indicates that 
the BSFC is mainly influenced by engine torque. When the diesel engine is operating under the high 
load conditions, it has the lower BSFC within the range of 196 g/(kW.h) to 205 g/(kW.h). Moreover, 
at the engine rated condition, the power output of the engine reaches a maximum value of 247 kW. 
Figure 4(b) shows the variation of the exhaust temperature with the engine speed and load. It can be 
seen that the exhaust temperature varies slightly with engine speed, but increases rapidly with engine 
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load. When diesel engine is operating under the medium-low speed and medium-high load conditions, 
the exhaust temperature is relative high and can reach its maximum value of 667 K. The exhaust mass 
flow rate of the diesel engine, which is the sum of fuel consumption and intake air mass flow rate per 
unit time, is shown in Figure 4(c). It is obvious that the exhaust mass flow rate increases with engine 
speed and engine load. At rated condition, the exhaust mass flow rate reaches a maximum of 0.36 kg/s. 
Figure 4(d) shows the available exhaust energy of the diesel engine over the whole operating range. 
Note that the available exhaust energy is mainly affected by exhaust mass flow rate and exhaust 
temperature. Therefore, the available exhaust energy shows the same variation tendency compared 
with Figures 4(b) and 4(c). Under the medium-high speed and medium-high load conditions, the 
available exhaust energy ranges from 47 kW to 103 kW. At rated condition, the maximum available 
exhaust energy of the diesel engine is 103 kW. 
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Figure 4: Performance maps of the diesel engine 
 

6. RESULTS AND DISCUSSION 
 

Based on the thermodynamic model established of the ORC system, the optimization using GA for the 
exhaust waste heat recovery is performed over the whole operating range of the diesel engine. The 
aim of the optimization process is to achieve the maximum POPA and the minimum EDR. 
 
Figure 5 shows the optimization results of the two objective functions over the whole operating range 
of the diesel engine. The maximum POPA of the ORC system is presented in Figure 5(a). It can be 
observed that the maximum POPA is influenced by engine operating conditions significantly, namely 
available exhaust energy. From Figures 4(d) and 5(a), the maximum POPA increase with the available 
exhaust energy. This can be explained since the more exhaust energy will lead to an increase in the 
quantity of evaporated working fluid, which resulted in the increase of the net power output. Over the 
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whole operating range, the maximum POPA of the ORC system ranges from 0.06 kW/m2 to 0.74 
kW/m2. At rated condition, the maximum POPA of the ORC system is 0.74 kW/m2. Figure 5(b) shows 
the variation of the minimum EDR with the engine speed and load. Similarly to the POPA, engine’s 
operating conditions have a great impact on the EDR. When the diesel engine operates under the 
medium-low speed and medium-low load conditions, the ORC system can provide lower EDR, whose 
values range from 0.61 kW to 10.75 kW. It also can be seen that when the diesel engine operates 
under high speed and high load conditions, the ORC system has the higher EDR. This is due to the 
exhaust temperature increases with the engine speed and load, which resulted in higher temperature 
difference between the exhaust gas and the working fluid. 
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Figure 5: Optimization results of the two objective functions 
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Figure 6: Optimization results of operating parameters and power output for the ORC system 

 
Figure 6 shows the optimization results of operating parameters for the ORC system, including OEP 
(optimal evaporation pressure), OCT (optimal condensation temperature), and OSD (optimal 
superheat degree). In addition, the variation of the ORC system power output with the engine’s 
operating conditions is presented in Figure 6(d). Figure 6(a) demonstrates that the overall trend about 
the OEP increases with the increment of engine speed and engine torque. Over the whole operating 
range, the OEP for the working fluid is in the range of 1.09 MPa to 2.81 MPa. Therefore, it is 
necessary to select the OEP for each operating condition of the diesel engine. As can be seen in Figure 
6(b), the OCT has a small variation in its range, which is nearly kept constant at 298.15 K. As we all 
known, higher evaporation pressure and lower condensation temperature will lead to an increase in 
the thermal efficiency of the ORC system. Therefore, the optimization results of the OEP and the OCT 
are consistent with the analysis based on the first and second laws of thermodynamics. Figure 6(c) 
shows the variation of OSD over the engine whole operating range. It can be seen that the OSD is in 
the range of 0 K to 2.13 K. Under the most operating conditions of the diesel engine, the OSD values 
are in the range between 0 K to 1 K. That is to say, the working fluid does not need to be superheated, 
which has the similar results for dry organic fluids with Mago et al. (2008). In the practical 
applications of the ORC system, such small OSD cannot be met perfectly due to the limitation of 
technology problems. From Figure 6(d), it can be concluded that the net power output exhibits the 
same variation tendency with available exhaust energy presented in Figure 4(d). The net power output 
increases with increasing available exhaust energy. Over the whole operating range of the diesel 
engine, the net power output of the ORC system is in the range of 0.32 kW to 13.84 kW. At the engine 
rated condition, the net power output is 13.84 kW. 
 
Figure 7(a) shows the thermal efficiency of the ORC system over the whole operating range of the 
diesel engine. It can be observed that the thermal efficiency of the ORC system is mainly affected by 
the engine torque. When the diesel engine operates at the high load regions, the ORC system presents 
higher thermal efficiency. This is due to the increase in the net power output obviously at these 
regions. At engine rated condition, the thermal efficiency of the ORC system reaches the maximum of 
13.33%. The POIR (power output increasing rate) is the ratio of the net power output of the ORC 
system to the engine power output, which is used to evaluate the performance improvement of the 
diesel engine. The variation of the POIR over the engine whole operating range is shown in Figure 7 
(b). It can be observed that the ORC system generates higher POIR at the low torque regions of the 
diesel engine. That is to say, when the diesel engine operates at the low torque regions, the ORC 
system can improve the power performance of the diesel engine notably. At the low torque regions of 
the diesel engine, the POIR is in the range of 3.23% to 9.41%. When the diesel engine operates at the 
medium-high torque regions, the POIR changes gently.  
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Figure 7: Thermal efficiency of the ORC system and the POIR compared with the diesel engine 
 
Figure 8 shows the ratio of effective heat transfer area to actual area of the evaporator over the whole 
operating range of the diesel engine. It can be observed that when the diesel engine operates under the 
medium-low speed or medium-high torque conditions, the ratio of effective heat transfer area to actual 
area of the evaporator increases with the engine speed and torque. In addition, when the diesel engine 
operates under the medium-high speed and medium-low torque conditions, the ratio of effective heat 
transfer area to actual area of the evaporator is mainly affected by the engine torque. That is to say, the 
operating conditions of the diesel engine have a great effect on the performance of the evaporator. The 
performances of the evaporator, including heat transfer rate, heat transfer temperature difference, heat 
transfer coefficient, and heat transfer surface area will vary with the operating conditions of the diesel 
engine. Over the whole operating range of the diesel engine, the ratio of effective heat transfer area to 
actual area of the evaporator is in the range of 17.78% to 69.19%.  
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Figure 8: The ratio of effective heat transfer area to actual area of the evaporator 
 

7. CONCLUSIONS 
 

In this study, the parametric optimization and performance analysis of the ORC system using genetic 
algorithm for recovering exhaust waste heat of a diesel engine are conducted. Based on the first and 
second laws of thermodynamics, the effects of three key parameters, including evaporation pressure, 
superheat degree and condensation temperature on the system performances are conducted with net 
power output per unit heat transfer area and exergy destruction rate as objective functions. The main 
conclusions can be drawn as follows:  

 Over the whole operating range of the diesel engine, the maximum POPA and the net power 
output are influenced by the engine operating conditions significantly. At rated condition, the 
maximum POPA and the net power output of the ORC system are 0.74 kW/m2 and 13.84 kW, 
respectively. 

 The overall trend about the OEP increases with the increment of engine speed and engine 
torque. Over the whole operating range, the OEP for the working fluid is in the range of 1.09 
MPa to 2.81 MPa. The OCT has a small variation in its range, which is nearly kept constant at 
298.15 K. The OSD is in the range of 0 K to 2.13 K. Under the most operating conditions of the 
diesel engine, the OSD values are in the range between 0 K to 1 K. 

 For a selected fin-and-tube evaporator, the preheated zone has the maximum heat transfer rate 
and surface area. Over the whole operating range of the diesel engine, the ratio of effective heat 
transfer area to actual area of the evaporator is in the range of 17.78% to 69.19%. Considering 
the OSD almost equals 0, therefore the heat transfer rate and surface area in the superheated 
zone can almost be neglected. 

 
NOMENCLATURE 
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W  power  (kW) 
Q  heat transfer rate  (kW) 
m  mass flow rate (kg/s) 
h  specific enthalpy (kJ/kg)  
s  specific entropy (kJ/kg.K) 
I  exergy destruction rate  (kW) 
T  temperature  (K) 
P  pressure (MPa) 
A  area (m2)  
Greek letters 
η  efficiency 
Subscript 
0  reference state 
1-7,2s,5s state points in the cycle 
exp  expander 
wf  working fluid 
con condenser 
p  pump 
eva  evaporator 
exh  exhaust 
eff  effective 
act  actual 
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ABSTRACT 
 

Combined cycle mode of power generation is one of the efficient ways of generation of power. 
Combined cycles generally use gas turbine in the toping cycle. However, steam is a standard working 
fluid in bottoming cycle in present units. Recent studies show that Organic working fluids are most 
suitable for bottoming cycles under certain range of exhaust gas temperatures. Gas turbines with 
retrofits like intercooling between the compressor stages and regenerator are not suitable for 
conventional combined cycle operations. Tapping higher amounts of gas turbine exhaust thermal 
energy for power generation for high pressure ratio, recuperative gas turbine are feasible with organic 
working fluids.  
Present research work aims at introduction of organic Rankine cycle (ORC) as a bottoming cycle in a 
conventional combined cycle unit. Commercially available gas turbine models like SGT200 (small 
capacity) and GE LM -6000 (medium capacity) have been considered for the toping cycle. Saturated 
Toluene, cyclopentane, butane, MM, MDM, MD2M, D4, D5 are studied parametrically to understand 
energy recovery potential from the gas turbine exhaust. The working fluid with higher potential for 
power generation is best suited for ORC.  
Use of dry working fluids can achieve the same efficiency as that of other organic working fluids, as 
they create a scope for use of Internal Heat Exchange (IHE). The advantage of IHE can be understood 
with reduced condenser loads and enhanced potential for waste heat recovery from the source fluid. It 
can be either used for thermal applications or power applications depending upon its availability. As 
siloxanes are deep dry working fluids, their internal regeneration capability is good and hence another 
bottoming cycle can be thought of with lower boiling point organic working fluid in conjunction with 
primary bottoming cycle. A very innovative scheme with R-245fa and butane bottoming cycles are 
studied in conjunction with MM saturated cycle. The power recovery potential by using both the 
bottoming cycle schemes is studied. This scheme increases complexity of the combined cycle. Hence 
a dual pressure bottoming cycle scheme is developed using MM as the working fluid. Saturated MM is 
injected with expanding vapor in the turbine (which is in superheated state). Studying the potential of 
energy recovery in this arrangement is very creative. 
 

1. INTRODUCTION 
 

Efficiency of power generating cycle improves, if the heat rejection occurs at lowest feasible 
temperature. This is better achieved by generating power in a combined cycle mode. The commercial 
combined cycles generally use gas turbine in the toping cycle. The exhaust gas from the toping cycle 
is used to generate steam for the generation of power in the bottoming cycle. Heavy duty gas turbines 
with higher exit temperatures from the turbine are techno-economically viable for combined cycle 
applications.  
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Combined cycle efficiency depends upon the optimal selection of the gas turbine efficiency. Improving 
gas turbine efficiency does not necessarily improve the combined cycle efficiency. It is useful only if 
it does not cause high reduction in steam cycle efficiency. For the same gas turbine inlet conditions, the 
toping cycle attains higher efficiency at higher pressure ratio. But the efficiency of combined cycle with 
moderate pressure ratio toping cycle is better than the high pressure ratio toping cycle. This is because 
steam turbine operates with higher inlet pressure and temperature and contributes greater output. 
Chacartegui et al. (2009a) observed that, gas turbines with retrofits like intercoolers and regenerators 
are not found suitable in conventional gas and steam combined cycles. Jaheeruddien (2004) observed 
that steam and gas combined cycles with triple pressure bottoming cycle achieve highest efficiency. 
Nazzar et al.(2003) carried out review of cogeneration opportunity using gas turbine exhaust. Tapping 
gas turbine exhaust heat to power for a high pressure ratio, recuperative gas turbines needs organic 
working fluid. It can perform better in the given exhaust temperature range. The integration of ORC 
with high efficiency, recuperative turbines is carried out by Chacartegui et al. (2009b). Bianchi et al. 
(2011) carried out study of different alternative waste heat recovery arrangements like ORC, Stirling 
engine, inverted Bryton cycle for low to moderate temperature heat sources. Srinivasan et al. (2010) 
and Vaja and Gambarotta (2010) studied integration of ORC with I C engine exhaust.  
Colonna et al. (2006a) (2008a) developed multi parameter Span and Wagner equations for 
determination of thermodynamic properties of selected siloxanes. The same authors recommend 
siloxanes for high temperature ORC applications. Drescher and Bruggemann (2007a) and Fernández et 
al. (2011a) suggested use of intermediate thermo oil (recoverer) circuit to exchange energy with source 
fluid and organic fluid. 
 This paper presents introduction of ORC as a bottoming cycle in a combined cycle mode. 
Commercially available gas turbine models of medium to small power capacity are selected for the 
toping cycle. Saturated toluene, cyclopentane, butane, MM(Hexamethyldisiloxane), MDM(Octamethyl 
trisiloxane),MD2M(Decamethyaltetrasiloxane),D4(Octamethylcyclotetrasiloxane),D5(Decamethylcycl
opentasiloxane) are studied parametrically to understand energy recovery potential from the gas turbine 
exhaust. Thermodynamic analysis of the cycle is carried out with the help of software program 
developed in C++.Thermodynamic properties of the working fluids calculated using Peng Robnsion 
cubic equations, the constants required to calculate vapor pressure and ideal gas isobaric heat capacity 
taken from Colonna et al. (2006b) (2008b) and Nanan and Colonna (2009) for siloxanes. For toluene, 
cyclopentane and butane the constants have been referred using Lai Ngoc Anh (2009). 
To avail the advantage of internal regeneration using IHE, another bottoming cycle in conjunction with 
MM bottoming cycle has been discussed in sections to follow. A creative multi pressure evaporative 
scheme is developed to understand the complete power recovery potential from MM 
 

2. DESCRIPTION OF COMBINED CYCLE 
 
Retrofitting high pressure ratio gas turbine toping cycle with ORC bottoming cycle is certainly a 
challenging task. An intermediate thermo oil circuit (recoverer) circuit is preferred over direct exchange 
of energy from gas turbine exhaust to the organic working fluid, keeping the safety aspect in focus. 
Siemens, SGT 200 and high efficiency aero derivative GE LM -6000 are considered for toping cycle. 
The energy recovery potential for the bottoming ORC cycle using different working fluids is studied 
for saturated turbine inlet conditions of the bottoming cycle.  
 
2.1 Description of Toping Cycle 
The modern heavy duty gas turbine models are not preferred for integration with ORC. The 
specifications of the gas turbine toping cycles used in this work are provided in Table 1 High efficiency, 
intercooled and recuperated toping gas turbine cycles produce exhaust gas temperature in the range 355 
to 450oC. When there is no process steam requirement, taping this potential could be possible 
effectively through organic working fluids.  
Figure 1. represents block and T-s diagram for combined cycle power plant with gas turbine toping 
cycle and ORC bottoming cycle with intermediate thermal (thermo) oil circuit. The atmospheric air 
enters the compressor at point 1GT and it is pressurized to 2GT and then enters the combustor, where it 
helps to combust the fuel. The hot gases from the combustor 3GT enter the gas turbine, after passing 
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through the turbine it leaves at 4GT and enter the recoverer (known as heat recovery steam generator 
HRSB in steam based combined cycle). Dow therm A, thermo oil is used to exchange energy with 
turbine exhaust. After exchanging energy to the thermo fluid the exhaust gases move to stack and is let 
out to the atmosphere at prescribed conditions. Thermo fluid after receiving energy from the hot exhaust 
gases enter the vapor generator of ORC circuit. 
 
Table 1: Specifications of different gas turbine models [Siemens web page, Chacartegui et al. (2009c)] 

 

 
 
 
 
 
 
 
2.2 Description of ORC Bottoming Cycle 
For high pressure ratio recuperative gas turbine toping cycles, steam based bottoming cycle is least 
efficient. In this scenario, using an organic working fluid in bottoming cycle is a novel idea. The organic 
working fluid enters the pump at point 1 and it is pressurized to turbine pressure at point 2. Then it 
flows through the internal heat exchanger (if provided in the circuit) and receives energy from the 
turbine exhaust of bottoming cycle and leaves at point 2a. It enters the vapor generator and leaves at 
point 3. After expansion in the turbine point 4, it is in superheated state and made to pass through 
internal heat exchanger (IHE). It leaves IHE at 4a and passes through condenser; after condensing it 
enters pump at point 1. 
 

 
 

Figure 1: T-s and block diagram for combined cycle power plant 
 

Figure 2. shows temperature T-∆H diagram for the generalized combined cycle for bottoming cycles 
without IHE. It represents heat exchange between exhaust gas to intermediate thermo oil as well as 
thermo oil to the organic working fluid. The exhaust gas and intermediate thermo oil temperatures for 
different working fluids is given in Table 2 for SGT 200 integration with organic working fluids. It also 
explains the operating conditions of the condenser of the ORC circuit. The exhaust gas inlet temperature 
to the recoverer circuit is denoted by T4GT, it is the exit temperature of the flue gas from the toping 
cycle. The exhaust gas outlet temperature from the recoverer circuit (Tstack) is taken as 423.15 K (150oC) 
based on the suggestions by Meherwan (2002).The inlet and outlet temperature of the thermo oil at the 
recoverer circuit is denoted by Tth1 and Tth2. Tth2 is the inlet temperature of the thermo oil to the vaporizer 
section of ORC and it leaves the vaporizer at a temperature Tth1. The maximum temperature of the 
working fluid is governed by stability and safety criterion of the working fluid. It is given by T3 in the 
Figure 2. Since we have carried out a parametric study it is not presented in Table 2. The minimum 

Parameter  SGT200 GE LM-6000 
�̇�𝑒𝑥(kg/s) 29.3 127 
PR 12.2 29.1 
TIT(K)   1533 
TET(K) 739.15 711 
�̇�(MW) 6.75 43.4 
η (%) 31.5 (ele) 41.8 

103



 
Paper ID: 2, Page 4 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

temperature of the working fluid is given by condenser conditions. Minimum condenser pressure of 
5kPa is recommended by Drescher and Bruggemann (2007b) and Fernández et al. (2011b). The 
condenser temperature (Tcon=T1) of 323.15K (50oC) is selected for toluene, cyclopentane, butane and 
MM as their saturation pressure i.e. condenser operating pressure (Pcon=P1) is above 5kPa. For the 
working fluids MDM, MD2M, D4, D5 the condenser temperatures (T1) is elevated to maintain the 
minimum acceptable condenser pressure.    
 
 

 
 
  

 
3. INTEGRATION OF SATURATED ORC BOTTOMING CYCLE WITH TOPING 

GAS TURBINE CYCLE 
 

Saturated ORC schemes are widely accepted schemes in ORC technology in various applications. 
These are simple and show good efficiency and preferred over superheated and supercritical schemes 
for dry working fluids. Different dry type of working fluids like toluene, cyclopentane, butane, MM, 
MDM, MD2M, D4, and D5 are studied parametrically to understand the energy recovery potential from 
gas turbine exhaust. The condition of the vapor leaving the turbine is superheated for dry type working 
fluids. Hence cycles with internal heat recovery using IHE is also studied. An innovative R-245fa 
bottoming cycle in conjunction with MM bottoming cycle is also studied to understand total recovery 
potential from gas turbine exhaust. The following assumptions are made in the analysis of the cycle. 

 Isentropic efficiency of turbine and pump are assumed as 0.88 and 0.80  
 The effectiveness of IHE is 0.8 
 PPTD  ≥10oC  

 
3.1 Thermodynamic analysis of the cycle 
Selection of pinch point is one of the important parameters in the combined cycle analysis. It can be 
defined as the temperature difference between the exhaust gas (thermo oil in this case) leaving the 
evaporator section and saturation temperature of the working fluid at the turbine inlet pressure. It is the 
lowest temperature difference existing in the evaporator. The calculation of the pinch point and mass 
flow rates of working fluid is carried out by conducting energy balance. Refer Figure 2. For the 
notations.   
A) Energy exchange in recoverer to calculate mass flow rate of thermal fluid: 
Energy lost by the exhaust gas= Energy gained by the thermal fluid 

�̇�𝑒𝑥 × 𝐶𝑝,𝑒𝑥 × (𝑇4𝐺𝑇 − 𝑇𝑠𝑡𝑎𝑐𝑘) = �̇�𝑡ℎ × 𝐶𝑝,𝑡ℎ × (𝑇𝑡ℎ2 − 𝑇𝑡ℎ1) (1) 
B) Energy exchange in vaporizer section of ORC bottoming cycle to calculate mass flow rate of 
working fluid: 
Energy lost by thermal fluid=Energy gained by the working fluid 

�̇�𝑡ℎ × 𝐶𝑝,𝑡ℎ × (𝑇𝑡ℎ2 − 𝑇𝑡ℎ1) = �̇�𝑤𝑓 × (ℎ3 − ℎ2) (2) 
C) Energy exchange in the evaporator section of the vaporizer to calculate PPTD  

�̇�𝑡ℎ × 𝐶𝑝,𝑡ℎ × (𝑇𝑡ℎ2 − 𝑇𝑝𝑖𝑛𝑐ℎ) = �̇�𝑤𝑓 × (ℎ3 − ℎ3′) (3) 

Table 2: Operating temperatures of exhaust gas, thermo oil & 
working fluid [Refer Figure 2] 

Working 
fluid 

T4GT 
(K) 

Tstack 
(K) 

Tth1 
(K) 

Tth2   
(K) 

T1    
(K) 

P1 
(kPa) 

Toluene 739.15 423.15 343.15 648.15 323.15 9.19 
Cyclopentane 739.15 423.15 343.15 648.15 323.15 103.92 
Butane 739.15 423.15 343.15 648.15 323.15 494.27 
MM 739.15 423.15 343.15 648.15 323.15 17.72 
MDM 739.15 423.15 363.15 648.15 343.15 5.83 
MD2M 739.15 423.15 393.15 648.15 375.15 5.00 
D4 739.15 423.15 383.15 648.15 363.15 5.68 
D5 739.15 423.15 410.15 648.15 390.15 5.29 

       
 

 

Figure 2:  T-∆H diagram for recoverer 
and vaporizer 

 
Figure 2:  T-∆H diagram for recoverer 

and vaporizer 

104



 
Paper ID: 2, Page 5 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

𝑃𝑃𝑇𝐷 = 𝑇𝑝𝑖𝑛𝑐ℎ − 𝑇3′ (4) 
D) The first law efficiency for heat engine can be expressed as: 

𝜂𝑡ℎ =
𝑁𝑒𝑡 𝑤𝑜𝑟𝑘 𝑜𝑢𝑡𝑝𝑢𝑡

𝐻𝑒𝑎𝑡 𝑖𝑛𝑝𝑢𝑡
=

�̇�𝑤𝑓 × (𝑤𝑡 − 𝑤𝑝)
�̇�𝑖𝑛

 (5) 

 
3.1 Integration of Toping Cycle SGT200 with Bottoming ORC Saturated Cycles 
In this section integration of different ORC schemes with small capacity gas turbine SGT200 is 
discussed. Toluene, cyclopentane, butane, MM, MDM, MD2M, D4, D5 working fluids have been 
studied parametrically to understand the potential for power generation, when connected with gas 
turbine exhaust. The working fluid with higher potential for power generation is best suited for ORC 
integration. 
The integration with gas turbine cycle for all working fluids considered are studied parametrically at 
various reduced pressures (P_r) (0.6-0.9). Initially cycles without internal regeneration have been 
studied followed by cycles with internal regeneration. 
Table 3 shows the results obtained for saturated cycles at the maximum permissible temperature limit 
for individual fluid, expressed in the form of reduced temperature T_r (Tmax/Tc). The corresponding 
saturation pressure is also expressed in the form of reduced pressure P_r (Pmax/Pc). Tmax =T3, is 
permissible maximum inlet temperature for the working fluids for integration with SGT200. Toluene 
is considered at 0.85 Pmax/Pc, understanding its safe limit of evaporation for saturated cycles as provided 
by Chacartegui et al. (2009d). 
Power produced by any power generating cycle is a function of the mass flow rate of the working fluid 
and the specific net work output (wnet=wt- wp) of the working fluid. It can be observed that mass flow 
rate of toluene cycle is less compared to other working fluids, but specific net work output is 
considerably high over other working fluids. This can be shown with higher level of power recovery 
from integration with a particular heat source. After toluene, cyclopentane and MM show better exhaust 
heat to power conversion capabilities. The efficiency of the cycle without IHE is studied initially. 
Except for butane the potential for internal heat exchange using turbine exhaust is good for all the 
working fluids considered and hence cycles with IHE have been studied for other working fluids. It can 
be observed that toluene shows highest efficiency of 25.75% and D5 exhibits lowest efficiency with a 
value of 11.38%. The combined cycle efficiency is calculated for gas turbine and ORC integration. The 
efficiency of the toping gas turbine cycle is referred from Siemens web page and its value is taken as 
 𝜂𝐺𝑇 = 0.334. Highest combined cycle efficiency of 54.11% is observed for toluene with integration 
with SGT 200. 

𝜂𝑐𝑐 =  𝜂𝐺𝑇 + 𝜂𝑂𝑅𝐶 − (𝜂𝐺𝑇. 𝜂𝑂𝑅𝐶) [Murugan and Subbarao (2010)] (6) 
 

Table 3: Results for saturated ORC cycles for all working fluids at 0.9P_r 
 

Working 
fluid T_r P_r 

�̇�𝑤𝑓  
(kg/s) 

wnet 
(kJ/kg) 

�̇� 
(MW) 

ƞ(-IHE)  
% 

ƞ(+IHE) 
% 

ƞcc 
% 

Toluene 0.978 0.850 14.847 183.401 2.723 25.75 31.09 54.11 
Cyclopentane 0.984 0.900 18.622 117.574 2.189 20.71 22.49 48.38 
Butane 0.985 0.900 25.601 57.082 1.461 13.82 ---- 42.60 
MM 0.988 0.900 20.656 78.364 1.619 15.31 24.59 49.78 
MDM 0.990 0.900 20.196 76.060 1.536 14.53 27.44 51.68 
MD2M 0.989 0.900 21.035 63.105 1.327 12.55 25.53 50.41 
D4 0.988 0.900 23.191 63.058 1.462 13.83 26.53 51.07 
D5 0.989 0.900 22.908 52.552 1.204 11.38 24.11 49.46 

 
Parametric study of all the working fluids is done for the P_r range 0.6-0.9. Figure 3(a). shows power 
recovery potential of all the working fluids.  Toluene shows highest power recovery at all the reduced 
pressures and power recovered by the D5 is least. This makes toluene most competent working fluid for 
the integration at all inlet conditions of the turbine. The contribution of bottoming cycle to the total 
power produced by the combined cycle is expressed by ratio of % Ẇbot /Ẇtot. Figure 3(b) shows 
% Ẇbot/Ẇtot for toluene, cyclopentane and MM the top three power recovery working fluids. As toping 
cycles for all the working fluids is same it is obvious that toluene shows higher ratio compared to other 
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two. Similarly combined cycle efficiency at various reduced pressures is shown in Figure 3(c). The 
combined cycle efficiency with toluene as the bottoming cycle is highest at all the reduced pressure 
ranges and it is followed by MM and cyclopentane. 
 

     
(a)                                            (b)                                               (c) 

Figure 3 (a, b, c): Total power recovered, % Ẇbot /Ẇtot, ƞcc 
3.2 Integration of Toping Cycle GELM-6000 with Bottoming ORC Saturated Cycles 
The integration of the saturated ORC with different working fluids with medium capacity gas turbine 
GE LM- 6000 is done in a similar way to SGT 200. The exhaust gas enters the recoverer at 711K at a 
mass flow rate of 127kg/s and enters the stack at a temperature of 150oC. Thermo fluid is maintained 
at a temperature of 343.15K and 648.15K at the inlet and out let of the recoverer. Table 4 shows the 
results obtained for the parametric integration of GE LM- 6000 with different working fluids at 0.9P_r. 
Power recovery potential of toluene is highest as compared to other working fluids, similar to SGT 200 
integration. 
 

Table 4:  Results for the parametric integration of GELM-6000 with different working fluids 
 
 
 
 
 
 
 
 
 
 
3.3 Impact of Internal Heat Exchange on Power Recovery: 
The advantage of IHE can be understood with reduced condenser loads and enhanced potential for 
waste heat recovery from the source fluid. It can be either used for thermal applications or power 
applications depending upon its availability.  
Figure 4. shows the advantage of using IHE to the circuit. The temperature of the working fluid 
increases from T2 to T2a. And due to this heat addition in a constant pressure process is h3-h2a instead 
of h3-h2 as represented in the diagram. The effect of this can be observed in thermo oil circuit also, the 
thermo oil leaves the vaporizer at Tth1' instead of Tth1. This potential generated due to IHE effect, can 
be availed either by utilizing it for thermal application or else for power generation. This potential is 
very small for toluene and cyclopentane and it can be used for small process heat requirement of the 
industry. As siloxanes are deep dry working fluids, their internal regeneration capability is good and 
hence another bottoming cycle can be thought with lower boiling point organic working fluid. For the 
sake of analysis, MM cycle at 0.9P_r is considered to integrate with another bottoming cycle. R-245fa 
and butane bottoming cycles are studied in conjunction with MM saturated cycle at 0.9P_r by using the 
potential Tth1'-Tth1. As R-245fa produces higher power with the integration and it is presented in the 
next section. 
 

Working 
fluid T_r P_r 

�̇�𝑤𝑓 
(Kg/s) 

�̇�          
(MW) 

ƞ(-IHE)       

% 
ƞ(+IHE) 

% 
ƞcc              

% %(Ẇbot/Ẇtot) 
Toluene 0.978 0.85 58.43 10.72 25.07 30.10 59.32 19.80 
Cyclopentane 0.984 0.9 73.28 8.62 20.70 22.49 54.89 16.56 
MM 0.988 0.9 81.28 6.37 15.31 24.59 56.11 12.80 
MDM 0.990 0.9 79.47 6.04 14.53 27.44 57.77 12.22 
MD2M 0.989 0.9 82.77 5.22 12.55 25.53 56.66 10.74 
D4 0.988 0.9 91.26 5.75 13.83 26.53 57.24 11.70 
D5 0.989 0.9 90.15 4.74 11.38 24.11 55.83 9.84 
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     Figure 4: IHE effect on thermal oil circuit             Figure 5: Integration of MM+R-245fa bottoming cycles 
 
 
3.4 Saturated R-245fa Bottoming Cycle in Conjunction with MM at 0.9P_r for Integration of 
GE-LM 6000 
A very innovative cycle has been developed by understanding the extra potential created due to IHE 
effect. Figure 5. Shows T-s diagram for saturated R-245fa bottoming cycle which is used in conjunction 
with MM cycle. The thermo oil leaving the vaporizer of the MM circuit (Tth1') is made pass through 
another vaporizer in which it interacts with low boiling point working fluid R-245fa. After exchanging 
energy it leaves the vaporizer of R-245fa at Tth1, which is the inlet temperature to the heat recoverer. 
The saturated R-245fa vapor enters the turbine at point 3 after expansion in the turbine the state of the 
working fluid is slightly superheated. Hence the use of internal heat exchanger is eliminated. The 
turbine exhaust vapor enters the condenser at point 4.After condensing at point 1 it is pumped to turbine 
pressure. As this bottoming cycle uses two ORC circuits, it increases complexity of the design, it also 
adds extra capital investment on all ORC components. The cost associated with this arrangement is not 
being discussed in this work.  
Table 5 shows the parametric study carried for R-245fa cycle for the reduced pressure range of 0.6 to 
0.9 P_r. It can be observed that saturated R-245fa at a reduced pressure of 0.9 P_r contributes power of 
1.76MW, it is the maximum power obtained from the arrangement. Total power obtained by the two 
bottoming cycles (MM+R-245fa) is 8.13MW. The efficiency of the combined cycle improves 
considerably by converting this potential into power. A combined cycle efficiency of 69.57 % is 
reached by the combination of MM at 0.9 P_r and R-245fa also at 0.9 P_r. The contribution of the 
bottoming cycle to the combined cycle power is also improved by incorporating this scheme. 
 
Table 5: Results for parametric optimization of R-245fa bottoming cycle used in conjuction with MM  at 0.9P_r 

for integration with GE LM-6000 
 

P_r �̇�𝑤𝑓 
(kg/s) 

ƞ(-

IHE)       
% 

�̇�         
(MW) 

�̇�bot  
(MM+R245fa) 

ηcc              
(%) %(Ẇbot/Ẇtot) 

0.90 58.22 12.63 1.76 8.13 69.57 15.77 
0.80 57.24 13.27 1.72 8.09 70.16 15.72 
0.70 57.10 13.73 1.67 8.04 70.58 15.63 
0.60 57.36 13.99 1.58 7.95 70.82 15.49 

 
4. MULTI PRESSURE EVAPORATION FOR ORC BOTTOMING CYCLES 

 
In this section multi pressure evaporative scheme for bottoming cycle ORC plant is being studied for 
MM as the working fluid. A very innovative case has been developed and analyzed by using MM as 
the working fluid.  
 Due to internal heat exchange between turbine exhaust vapor and exit liquid from pump, the 
temperature of the thermo oil leaving the vaporizer section of the ORC is increased. This potential has 
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been utilized by running another bottoming cycle (R-245fa in conjunction with MM cycle). The total 
power produced by the bottoming cycle by both MM and R245fa is 8.13MW at 0.9P_r as discussed in 
previous section. It is the maximum power recovery from the combination. Of course it increases the 
power recovery potential of the bottoming cycle, but it also increases complexity and cost of the cycle 
by adding one more ORC cycle (components) to the circuit. 
 
4.1. Discussion of Dual Pressure Evaporative MM Cycle 
The idea of generating MM vapor and injecting it in the turbine, instead of R-245fa was futile because 
the condition of MM at lower pressures is superheated and it is not supported by thermodynamics.   
Therefore a new idea is developed in which instead of generating superheated vapor at the lower 
pressure (pressure of injection), saturated vapor is being generated and injected in MM turbine. It does 
lead to slight reduction in exergy of expanding vapor, but it is important that it should produce power 
comparable to MM and R-245fa combination. After studying feasibility of evaporation at different 
pressures, it is decided to evaporate MM at 0.3269P_r (0.639MPa) for injection into the turbine.  
The block and T-s diagram for the scheme is shown in Figure 6.The condensate from the condenser 
with flow rate �̇�𝑤𝑓 at point 1 is divided into two streams: mass �̇�𝑤𝑓1and  �̇�𝑤𝑓2. The mass �̇�𝑤𝑓1is 
pressurized to high pressure in high pressure pump, (2). It is internally regenerated by using the vapor 
from the exit of the turbine to point, (2a). The regenerated high pressure fluid then enters the high 
pressure vapor generator at point 2a. It leaves the vapor generator in a saturated state with respect to 
the turbine inlet pressure, (3). At the same state it enters the turbine and expands till point 4. The 
condensate �̇�𝑤𝑓2 is pumped through low pressure pump at 2', the fluid leaving the low pressure pump 
is internally regenerated using turbine exhaust in the low pressure regenerator to point 2a'. It then enters 
the low pressure vapor generator and heated till point 4. It is injected into the turbine at the same state. 
The state of low pressure vapor at point 4 is saturated and the state of the expanding vapor is superheated 
at point 4. It leads to small amount of exergy destruction of expanding vapor. The temperature of the 
mixed stream is calculated by this approximation. 

Mass flow rate of vapor expanding in turbine at high pressure: �̇�𝑤𝑓1 =81.284kg/s  
 

Mass flow rate of low pressure vapor: �̇�𝑤𝑓2 =10.8kg/s 
 

 
Total mass:�̇�𝑤𝑓 = �̇�𝑤𝑓1 + �̇�𝑤𝑓2 = 92.084kg/s 
 

(7) 
Temperature of the expanding vapor at point 4:𝑇4,𝑠𝑢𝑝=480K  
Temperature of the low pressure saturated vapor:𝑇4,𝑠𝑎𝑡=451.98K 
 

 

Mass fraction high pressure expanding vapor:  𝑥ℎ = �̇�𝑤𝑓1

�̇�𝑤𝑓
 

 

(8) 

Mass fraction of low pressure vapor:𝑥𝑙 = �̇�𝑤𝑓2

�̇�𝑤𝑓
 

 

(9) 

Hence temperature of the mixed stream is approximated as: 
𝑇4 = 𝑥ℎ × 𝑇4,𝑠𝑢𝑝 + 𝑥𝑙 × 𝑇4,𝑠𝑎𝑡 ≈477K (10) 

As both the streams mixing at the same pressure, P4=0.639MPa 
The further expansion of the mixed stream is considered from P4, T4 to condenser condition till point 
5. At point 5 the total mass flow rate of working fluid is divided into two steams. �̇�𝑤𝑓1  goes to high 
pressure regenerator and  �̇�𝑤𝑓2  enters low pressure regenerator. After exchanging energy with feed 
fluid in IHE, both the streams mix together and enter the condenser at point 1' and the cycle 
continues.  
 
4.2. Thermodynamic analysis of the cycle 
Rate of work obtained from high pressure vapor before mixing (3-4) in the turbine:    

�̇�𝑡1 = 𝑚 ̇ 𝑤𝑓1 × (ℎ3 − ℎ4) (11) 
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Figure 6:  Block and T-s diagram for multi pressure evaporation 

Rate of work obtained from the mixed stream (4-5) the turbine: 
�̇�𝑡2 = 𝑚 ̇ 𝑤𝑓 × (ℎ4 − ℎ5) (12) 

Total rate of work obtained:          𝑊𝑡̇ = �̇�𝑡1 + �̇�𝑡2 (13) 
Rate of work in put to high pressure pump:     �̇�𝑝1 = 𝑚 ̇ 𝑤𝑓1 × (ℎ2 − ℎ1)  (14) 
Rate of Work in put to low pressure pump:  �̇�𝑝2 = 𝑚 ̇ 𝑤𝑓2 × (ℎ2′ − ℎ1)    (15) 
Total rate of pump work:                              𝑊�̇� = �̇�𝑝1 + �̇�𝑝2 (16) 
Net rate of work obtained :                     �̇�𝑛𝑒𝑡  = (�̇�𝑡 − �̇�𝑝)    (17) 
Rate of energy input to the cycle: �̇�𝑖𝑛 = 𝑚 ̇ 𝑤𝑓1 × (ℎ3 − ℎ2𝑎) + 𝑚 ̇ 𝑤𝑓2 × (ℎ4 − ℎ2𝑎′) (18) 

Efficiency of the cycle:  𝜂𝑡ℎ = 𝑁𝑒𝑡 𝑟𝑎𝑡𝑒 𝑜𝑓 𝑤𝑜𝑟𝑘 𝑜𝑏𝑡𝑎𝑖𝑛𝑒𝑑
𝑇𝑜𝑡𝑎𝑙 𝑟𝑎𝑡𝑒 𝑜𝑓 𝐸𝑛𝑒𝑟𝑔𝑦 𝑖𝑛𝑝𝑢𝑡

= �̇�𝑛𝑒𝑡
�̇�𝑖𝑛

 (19) 
         

Table 6: Results for multi pressure evaporation for MM 
 

T_r3 P_r3 T_r4 P_r4 
�̇�𝑤𝑓1 
(kg/s) 

�̇�𝑤𝑓2 
(kg/s) 

𝑊𝑡̇  
(kW) 

𝑊�̇� 
(kW) 

�̇�𝑛𝑒𝑡 
   (kW) 

�̇�𝑖𝑛 
(kW) η (%) 

0.98 0.90 0.87 0.33 81.28 10.80 7540.50 251.48 7289.00 28526.44 25.55 
 
Table 6 shows the results obtained for multi pressure evaporation. It can be observed that net power 
produced from the multi pressure evaporation is 7.289 MW and the total power produced by bottoming 
cycle of saturated MM and saturated R245fa at 0.9P_r is 8.13 MW. There is a reduction of power by 
841kW by injecting MM saturated vapor in to the turbine, but this cycle is less complicated and simple 
as it consists only single ORC in the bottoming cycle. 
 

5. CONCLUSIONS 
 

The potential for power recovery using different organic working fluids for saturated ORC schemes is 
studied for high pressure ratio recuperative gas turbine toping cycles. The cycles are studied for both 
without IHE and with IHE schemes.  Toluene shows highest recovery potential over all the working 
fluids considered. It generates a power of 2.723MW for integration with SGT200. The advantage of 
using IHE not only improves efficiency but also creates opportunity for extra power generation using 
low boiling point working fluid. MM bottoming cycle in conjunction with another low boiling point 
working fluid (R245fa)  recovers a power of 8.13MW(MM+R245fa) for integration with GE-LM 6000. 
This is lower than toluene bottoming cycle which produces 10.72 MW of power from integration .A 
multi pressure cycle using MM as the working fluid is discussed at the end for the integration of GE-
LM 6000. The advantage of IHE is utilized to generate saturated vapors of MM and injected into the 
expanding vapor of MM bottoming cycle. The power recovery capability of this innovative idea is 
compared with (MM+R245fa) combined bottoming cycle. Even though multi pressure evaporation of 
MM produces less power but it reduces complexity of the cycle. 
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NOMENCLATURE 
 

List of  Symbols    Subscripts 
�̇� Mass flow rate kg/s cc Combined cycle 
PR Pressure ratio (-) GT Gas turbine 
h Enthalpy  kJ/kg th Thermo 
P Pressure MPa wf Working fluid 
T Temperature  K sup Superheated 
s Entropy kJ/(kg-K) sat Saturated 
TIT Turbine inlet temperature K bot Bottoming 
TET Turbine exit temperature K tot Total 
IHE Internal heat exchanger (-)  t Turbine 
�̇� Power MW  p Pump 
w Specific work output kJ/kg  c Critical 
Cp Specific heat kJ/(kg-K) sup Superheated 
T_r Reduced temperature (-) sat Saturated 
P_r Reduced pressure (-)   
Greek Symbols      
η Efficiency (%)   
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ABSTRACT 
 
Organic Rankine cycle (ORC) is a very attractive technology for the conversion of low-grade thermal 
energy into electrical and/or mechanical energy. As the ORC has a wide range of power, it can 
recover the waste heat from power cycles such as turbines and/or microturbines of gas. The ORC 
bottoming cycle is currently incorporated into the exhaust of recuperative gas turbines to further lower 
the temperature of the exhaust gas, yielding similar overall efficiency to that of conventional gas 
turbine and steam combined cycles. However, a certain amount of thermal energy in the intercooler is 
not effectively utilized in the intercooled gas turbine cogeneration cycles. The temperature of the 
compressed air at the intercooler inlet could be found about 120 ℃-250 ℃. This is an ideal energy 
source to be used in an ORC for power generation. 
 
In this investigation, a thermodynamic analysis was carried out on combined cycles comprising 
recuperated, intercooled and reheat gas turbines and two ORCs (recuperated ICRHGT-ORCs) to 
recover waste heat from the intercooler and the exhaust of recuperated gas turbine. Three existing gas 
turbines were performed as the topping cycles with appropriate modifications. The following organic 
fluids were considered as the working fluids in ORCs: R123, R245fa, toluene and cyclohexane. A 
computer program was then designed for computations of system performance. Thermodynamic 
analyses were performed to study the effects of parameters including evaporator temperatures and 
degrees of superheat at the ORC turbine inlet on the combined cycle performance. These parameters 
were then optimized with thermal efficiency as the objective function by means of a genetic algorithm. 
It was found that all the three modified gas turbines with bottoming ORCs had higher performance, 
with thermal efficiency increase of 7.8% to 15.2%, in comparison to their original values. 
 

1. INTRODUCTION 
 
In the low-grade waste heat recovery field, the organic Rankine cycle (ORC) gives a good 
performance to convent low and medium temperature heats such as renewable energies like solar, 
wind and geothermal power, low enthalpy heat rejected by industry and exhaust gas of gas turbines 
into electrical or/and mechanical energy. Much work has been carried out on the application and 
performance of ORCs (Angelino et al., 1998, Hung, 2001, Wei et al., 2007, Tchanche et al., 2011, 
Vélez et al., 2012). Typically, the ORC as a bottoming cycle in combined power plants is a promising 
process to enhance the system efficiency and reduce the fossil fuel consumption. For gas turbine 
applications, the combination of an ORC bottoming cycle can reduce design and development cost.  
 
The modularity and wide range of power of the ORC system allow repowering of the existing gas 
turbines to use the thermal power of the exhaust gases typically available in the temperature range of 
250 – 300 ℃ and produce electricity by acting a bottoming cycle. Najjar and Radhwan (1988) 
proposed a cogeneration system by combining a gas turbine cycle with an ORC bottoming cycle. The 
results showed that a global combined cycle efficiency slightly below 45.2% with an efficiency 
improvement of about 54% by using R22 as the organic fluid. Invernizzi et al. (2007) investigated the 
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performance of a 100 kW size micro-gas turbine and ORC combined cycle. They reported that the 
micro-gas turbine could obtain an additional 45 kW of electricity and an efficiency improvement of 
30% to 40%. Yari (2008) conducted parametric analysis and comparison of the micro turbine ORC 
with or without internal heat exchanger combined cycles. The effects of several parameters on the 
combined cycle performance were also discussed. Clemente et al. (2013) studied a number of 
different expanders for ORCs with the aim to design a bottoming cycle for a 100 kW recuperated gas 
turbine. A careful review of these numerous works shows that the bottoming ORC cycle is designed 
to recover waste heat from the flue gases of a small recuperative gas turbine. However, combined 
cycles comprising high efficiency heavy duty gas turbines and ORCs in the medium and large scale 
power generation have not been carefully analyzed. Chacartegui et al. (2009) found this shortage and 
then studied the use of ORC bottoming cycles incorporated into the exhaust of recuperated gas 
turbines or very high pressure ratio gas turbines, which are characterized by their very high efficiency 
but low exhaust temperature. Moreover, they modified the topping gas turbines by adding intercooled 
compression and reheat, showing that the efficiency of the modified combined cycle was up to 3% 
points higher than conventional single pressure steam combined cycles, depending on the working 
fluid. 
 
By adding an intercooled compression to the modern high efficiency gas turbines, the low pressure 
compressor (LPC) outlet temperature varies from 120 ℃ to 250 ℃, depending on the LPC pressure 
ratio (Bhargava et al., 2002). This amount thermal energy currently is rejected to the coolant like 
atmospheric air, cooling water or sea water. It is noticed that there may be a continuous increase of 
efficiency improvement of the current gas turbine and ORC combined cycle by designing an 
additional ORC bottoming cycle to recover the heat from the intercooled compression. In addition, a 
limited amount of work has been done on the evaluation of a combined cycle comprising a 
recuperated, intercooled and reheat (ICRH) gas turbine and two ORC bottoming cycles in 
cogeneration applications.  
 
This paper investigated the possibility of increasing the performance of recuperated ICRH gas 
turbines by combining two ORCs which recover the waste heat from the intercooler and the exhaust 
of recuperated gas turbine. Three existing gas turbines with appropriate modifications were performed 
as the topping cycles. For the ORC bottoming cycles, the following organic fluids were considered as 
the working fluids: R123, R245fa, toluene and cyclohexane. A computer program was designed for 
computations of system performance. Four key parameters in the bottoming cycles including 
evaporator temperatures and degrees of superheat at the ORC turbine inlet were evaluated to analysis 
their effects on the combined cycle thermal efficiency. These parameters were then optimized with 
thermal efficiency as the objective function by means of a genetic algorithm (GA). 
 

2. RECUPERATED ICRHGT-ORCS COMBINED CYCLE DESCRIPTION 
 
In this section, two ORC bottoming cycles are incorporated into the exhaust and two successive 
compression stages, respectively, of a recuperated ICRH gas turbine cycle, as shown in Figure 1. The 
purpose of such analysis is to evaluate the interest of the proposed bottoming cycles when integrated 
with the recuperated ICRH gas turbines. In order to use the exhaust waste heat, an ORC is employed 
through an evaporator to further decrease the exhaust temperature. Additionally, a second ORC is 
designed through a suitable evaporator 2 to recover waste heat from the compressed air leaving the 
LPC. 
 
For the topping cycle, three existing gas turbines are selected and modified to be converted into the 
recuperated ICRH gas turbine cycles. The selected gas turbines include a modern heavy duty gas 
turbine Alstom GT 24, a high efficiency aeroderivative gas turbine GE LM-6000 (dry) and a 
recuperated and intercooled gas turbine Rolls-Royce WR 21. The examples give a large power range 
from 25 MW to 179 MW. This study converted each of the selected gas turbines into a recuperated 
ICRH cycle system using the design methodology presented in Bhargava et al. (2002). Note that for 
the Rolls-Royce WR 21 gas turbine, a low pressure turbine (LPT), which is not presented in Figure 1, 
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is included between the high pressure turbine (HPT) and the combustion chamber 2 (CC2). The 
calculated main performance of each modified gas turbine is presented in Table 1. 
 

 
 

Figure 1: Schematic diagram of reference combined recuperated ICRH gas turbine with two ORC cycles 
 

Table 1: Recuperated ICRH Gas turbines main characteristics 
 

Parameter GE LM-6000 Alstom GT 24 RR WR 21 
Power Output (MW) 96.84 249.75 35.76 

Overall Efficiency (%) 47.59 47.32 47.5 
Turbine Inlet Temperature (℃) 1260 1260 982 

Exhaust Temperature (℃) 462 384 307 
LPC outlet temperature (℃) 117 211 152 

Exhaust Gas Flow (kg/s) 148.7 391 73.1 
Overall Pressure Ratio  34.1 31 16.2 

LPC Pressure Ratio 2.65 4.48 3.3 
HPT Pressure Ratio 3.44 2.03 1.97 
LPT Pressure Ratio - - 1.64 
PT Pressure Ratio 9.88 15.27 4.94 

 
Data in Table 1 show that each of the recuperated ICRH cycle had impressive efficiency and power 
output. The modified LM-6000 machine achieved efficiency and power of 47.59% and 96.84 MW, 
respectively. For the modified GT 24 gas turbine, the efficiency and power were 47.32% and 249.75 
MW, respectively. Additionally, the recuperated ICRH cycle derived from WR 21 machine attained 
efficiency and power of 47.5% and 35.76 MW, respectively. Although the value of exhaust 
temperature for modified gas turbines is not particularly high due to the presence of the recuperator, it 
can further drop by addition of an evaporator to transfer its heat to the bottoming cycle. For the 
modified LM-6000, GT 24 and WR 21 the LPC outlet temperatures were 117, 211 and 152 ℃, 
respectively. The difference in values of LPC outlet temperature for modified gas turbines is due to 
the fact that the optimum LPC pressure ratio varies. 
 
For the bottoming cycle, two simple configuration of ORC are considered. The ORC uses organic 
working fluids with low boiling points to recover heat from low- and medium temperature heat 
sources. The selection of the working fluid substantially affects the performance of the ORC. Table 2 
presents a list of some common working fluids considered in this paper along with their critical 
properties and maximum operating temperatures. The limitation of maximum operating temperature 
for each working fluid guarantees that fluid degradation is avoided. The working fluid at the ORC 
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turbine inlet can be either saturated or superheated. The effect of degree of superheat on the combined 
cycle thermal efficiency will be later discussed. 
 

Table 2: Properties of working fluids used in this study 
 

Working fluid Tc (℃) Pc (MPa) Tmax (℃) 
R123 183.68 3.66 175 

R245fa 154.05 3.64 140 
Toluene 318.6 4.13 300 

Cyclohexane 280.45 4.075 270 
 

3. THERMODYNAMIC ANALYSIS 
 
In this section, the thermodynamic model of combined cycles that use commercially modified gas 
turbines and ORC bottoming cycles was developed on the basis of available resource in literature 
(Bhargava et al., 2002, Chacartegui et al., 2009, Yari and Mahmoudi, 2010). It must be noted that the 
same working fluid is used in both bottoming ORCs for certain recuperated ICRHGT-ORCs 
combined cycle. 
 
3.1 Assumptions 
The following assumptions for the combined cycle are considered in this study: 
(1) The system operates in a steady-state condition; kinetic and potential energy changes are neglected. 
(2) The pressure drops throughout the pipes and heat exchangers are negligible. 
(3) The general assumptions of ORC are listed in Table 3. Saturated liquid is supposed at the 
condenser outlet with a conservative temperature of 40 ℃. 
(4) In thermodynamic calculations special attention is paid to the values of pinch point in evaporator 
which is not below 2 ℃. 
(5) The effectiveness of 0.9 was considered for the intercooler and the recuperator. 
 

Table 3: ORC data assumption 
 

Pump 
Efficiency (%) 

Turbine 
Efficiency (%) 

Evaporator 
Efficiency (%) 

Condensation 
Temperature (℃) 

80 85 90 40 
 
3.2 Performance evaluation 
The net power output of the recuperated ICRHGT-ORCs can be expressed as: 

 ,  ,  

 ,  1 , 2       =( ) ( ) ( )
net net REC ICRHGT net ORCs

HPT PT LPC HPC REC ICRHGT T P ORC T P ORC

W W W

W W W W W W W W

= +

+ − − + − + −

  

           (1) 

The overall efficiency of the combined cycle is given by 
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  (2) 

The power ratio is defined as the ratio of bottoming cycles to combined cycle power, which is given 
as follows 

 ,Power Ratio net ORCs

net

W
W

=

   (3) 

 
3.3 Optimization method 
In order to recover as much waste heat as possible, it is necessary to optimize the combined cycles. 
The parameters chosen for optimizing recuperated ICRHGT-ORCs combined cycle are evaporator 
temperatures, pitch point temperature difference and degrees of superheat at the ORC turbine inlet. 
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The equation of the mathematical model reveal that the optimum value for overall efficiency ( Iη ) can 
be expressed as a function of these five operating parameters, as shown in the equation: 

 , 1 , 2 sup,1 sup,2Maximize   ( , , , , )I e e ET T T T Tη ∆ ∆ ∆   (4) 
Subject to: 
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where , 1eT  is the evaporator temperature of the organic fluid in ORC 1, , 2eT  is the evaporator 
temperature of the organic fluid in ORC 2, 2T  is the LPC outlet temperature, ET∆  is the pitch point 
temperature difference in the evaporator, sup, 1T∆  is the superheat degree at the ORC 1 turbine inlet, 

sup, 2T∆  is the degree of superheat at the ORC 2 turbine inlet, maxT  is the maximum operating 
temperature of the organic fluid. 
 
The constraints as listed in Equation (5) were applied by setting the bounds on each variable. Note 
that the upper bound of , 2eT  was limited to either LPC outlet temperature subtracted 10 ℃  or 
maximum operating temperature of the organic fluid. This is because the critical temperature of the 
organic working fluid like R245fa may below the LPC outlet temperature. In the present study, the 
genetic algorithm (Holland, 1992) is applied to the optimization process to obtain the maximum 
overall efficiencies for each combined cycle. 
 

4. RESULTS AND DISCUSSION 
 
The results of parametric analysis of the recuperated ICRHGT-ORCs combined cycles are presented 
in this section. Reference data from the NIST REFPROP database (Lemmon et al., 2007) are used to 
calculate the working fluid thermodynamic properties. In addition, a code of the recuperated 
ICRHGT-ORCs combined cycles was developed to perform the simulation of these combined cycles. 
As toluene has higher critical properties and turbine specific enthalpy than R123, R245fa and 
cyclohexane, it is used as the working fluid of the bottoming cycles to evaluate effects of key 
parameters of ORCs on the performance of three modified gas turbine and ORCs combined cycles. 
Optimizations of recuperated ICRHGT-ORCs combined cycles for different organic working fluids 
were then conducted.  
 

     
(a)        (b) 

Figure 2: Overall efficiency versus evaporator temperatures (a) and degrees of superheat (b) with toluene as 
the organic working fluid and the recuperated ICRH LM-6000 gas turbine as the topping cycle 

 

115



 
Paper ID: 28, Page 6 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

The effect of the evaporator temperatures and degrees of superheat on the overall efficiency of toluene 
LM-6000-ORCs combined cycle is shown in Figure 2. It can be seen that the overall efficiency 
strongly increased with an increase in the evaporator temperature , 1eT . It seems that a greater overall 
efficiency can be obtained by a higher evaporator temperature in the evaporator 1. This result is 
understandable because the exhaust temperature of LM-6000 was as high as 465 ℃. However, the 
evaporator temperature , 2eT  had slight effect on the overall efficiency. It can be seen from Figure 2(b) 
that there is an optimum value of superheat degree at the ORC 1 turbine inlet with which the 
efficiency is found to be maximum. 
 
Figure 3 shows the variation of modified GT 24-ORCs combined cycle with evaporator temperatures 
and degrees of superheat in bottoming cycles with toluene as the working fluid. It can be observed 
that an increase in evaporator temperature 1 ( , 1eT ) led to an increase in overall efficiency. However, 
an increase in evaporator temperature 2 ( , 2eT ) led to an increase and then a decrease in the combined 
cycle efficiency. These results indicate that the ORC 2 plays an important role in the enhancement of 
the overall efficiency. This is expected because the LPC outlet temperature of GT 24 was up to 211 ℃, 
and, as a result, the heat recovery from LPC exhaust in evaporator 2 section increased significantly. 
From Figure 3(b) it can be seen that the overall efficiency decreased with an increase in degree of 
superheat at ORC 2 turbine inlet. An increase in degree of superheat at ORC 1 turbine inlet, however, 
led to an increase in the overall efficiency. 
 

     
(a)        (b) 

Figure 3: Overall efficiency versus evaporator temperatures (a) and degrees of superheat (b) with toluene as 
the organic working fluid and the recuperated ICRH GT 24 gas turbine as the topping cycle 

 
Figure 4 presents the effects of evaporator temperatures and ORC turbine inlet vapour superheating 
on the toluene WR 21-ORCs combined cycle efficiency. It can be seen from Figure 4(a) that an 
optimum evaporator temperature 2 ( , 2eT ) existed and could be found by parameter optimization of the 
combined cycle. For a higher evaporator temperature 1 ( , 1eT ), greater waste heat is transferred to the 
ORC 1 resulting in an increase of power generation in ORC turbine and therefore the combined cycle 
efficiency. Figure 4(b) shows that by increasing the degrees of superheat at the turbine inlet both in 
the ORCs the overall efficiency decreased. It appears that saturated vapour of the organic working 
fluid is expected at the turbine inlet in both ORCs for the WR 21 and ORCs combined case. 
 
In order to investigate the interest of combining low temperature bottoming cycle with low exhaust 
temperature intercooled gas turbines, a parametric optimization of the bottoming cycles is now 
presented depending on the modified gas turbines as described in Table 1 and working fluid in the 
bottoming cycles. Results are shown in Tables 4, 5 and 6 for different topping gas turbines. 
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(a)        (b) 

Figure 4: Overall efficiency versus evaporator temperatures (a) and degrees of superheat (b) with toluene as 
the organic working fluid and the recuperated ICRH WR 21 gas turbine as the topping cycle 

 
Table 4 shows the optimization results of the recuperated ICRH LM-6000-ORCs combined cycle for 
different organic fluids. It is found that the modified LM-6000-ORCs combined cycle had higher 
performance, with thermal efficiency increase of 8.75% - 15.18% depending on the organic fluid, in 
comparison to the original value of stand-alone recuperated ICRH LM-6000. Note that the efficiency 
enhancement is the overall efficiency of the combined cycle relative to the efficiency of single 
modified gas turbine. The maximum overall efficiency was obtained by using toluene as the ORC 
fluid, i.e., 54.81%. Moreover, the toluene REC ICRHGT-ORCs had an overall power output of 
111.54 MW with a power ratio of 13.18%. These findings are understandable because the turbine 
specific work or enthalpy drop of toluene in ORCs is higher when compared with R123, R245fa and 
cyclohexane. The net additional power produced by the ORCs was about 8.5 - 14.7 MW. The R123 
and R245fa ORCs combined cycles demanded mass flow rates of about 231 and 216 kg/s in ORC 1, 
respectively, which were almost 3 times greater than that the toluene or cyclohexane ORCs combined 
cycle demanded. The ORC 2 recovering waste heat from the intercooler produced electricity of about 
0.5 MW on average for each organic fluid. This amount of power is relatively smaller than the power 
generated by the ORC 1 due to the limitation of LPC outlet temperature. The optimum operating 
parameters using the GA are also presented in Table 4. It can be seen that the pitch point temperature 
difference approached a value of 2 ℃ for all the organic working fluids, which means that the 
evaporator size would be large or the evaporator should be well designed  to meet the demand of heat 
transfer. On the other hand, the degree of superheat at the ORC 1 turbine inlet was as high as 10 ℃ 
using R123 as the organic fluid, while the degree of superheat at the ORC 2 turbine inlet was 
relatively small for each organic fluid. 

Table 4: Summary of optimization results for maximum overall efficiency of the modified GE LM-6000-
ORCs cycle 

 

Parameter R123 R245fa Toluene Cyclohexane 
Overall Efficiency (%) 52.62 51.75 54.81 53.89 

Efficiency Enhancement (%) 10.57 8.75 15.18 13.24 
ORC 1 Power Output (MW) 9.72 7.95 14.21 12.33 
ORC 2 Power Output (MW) 0.52 0.53 0.49 0.49 
Overall Power Output (MW) 107.08 105.32 111.54 109.66 

Power Ratio (%) 9.56 8.05 13.18 11.69 
Te, 1 (℃) 169.9 140 299.7 263.8 
Te, 2 (℃) 80.3 78.1 80.3 75.6 
ΔTE (℃) 2.3 2.1 2.2 2.9 
ΔTsup,1 (℃) 10 8 5.7 1.4 
ΔTsup,2 (℃) 0.7 2.1 1.2 3.4 

ORC 1 Mass Flow Rate (kg/s) 231.4 215.7 72.8 76.7 
ORC 2 Mass Flow Rate (kg/s) 31.6 31.4 12.1 14.1 
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Table 5 shows the optimization performance of the recuperated ICRH GT 24-ORCs combined cycle. 
It is found that the modified GT 24-ORCs combined cycles had efficiencies of 52.13% - 54.07%, with 
thermal efficiency increase of 10.17% - 14.26%, in comparison to the original value of stand-alone 
recuperated ICRH GT 24. The maximum overall efficiency was obtained by using toluene as the ORC 
fluid, i.e., 54.07%, which is close to the overall efficiency of toluene REC ICRH LM-6000-ORCs 
combined cycle. Moreover, the toluene REC ICRH GT 24-ORCs had a maximum overall power 
output of 284.47 MW. The net additional power produced by the ORCs was about 25.4 - 35.6 MW. 
Furthermore, the power ratios were 9.96%, 9.23%, 12.48% and 10.6% for R123, R245fa, toluene and 
cyclohexane combined cycles, respectively. The ORC 2 could produce electricity of about 9 MW by 
using R245fa as the ORC fluid. This amount of power is more than a half of the power generated by 
the ORC 1 due to the high inlet temperature of ORC turbine 2. Correspondingly, large amount of 
R245fa is desirable to run the R245fa REC ICRH GT 24-ORCs combined cycle, which, however, 
may increase the system capital cost. Conversely, organic fluids with high turbine specific enthalpy 
like toluene and cyclohexane had few mass flow rates in ORCs. The optimum operating parameters 
using the GA are also presented in Table 5. It can be seen that, similar to the case of modified LM 
6000-ORCs combined cycle, the pitch point temperature difference approached a value of 2 ℃ for all 
the organic working fluids. On the other hand, the degree of superheat at the ORC 1 turbine inlet 
ranged from 0.2 ℃ to 8.2 ℃, while the degree of superheat at the ORC 2 turbine inlet was close to 
zero for all the organic fluids. 
 

Table 5: Summary of optimization results for maximum overall efficiency of the modified Alstom GT 24-
ORCs cycle 

 

Parameter R123 R245fa Toluene Cyclohexane 
Overall Efficiency (%) 52.55 52.13 54.07 52.93 

Efficiency Enhancement (%) 11.06 10.17 14.26 11.85 
ORC 1 Power Output (MW) 19.83 16.34 28.99 23.13 
ORC 2 Power Output (MW) 7.78 9.06 6.63 6.48 
Overall Power Output (MW) 277.36 275.15 284.47 279.36 

Power Ratio (%) 9.96 9.23 12.48 10.60 
Te, 1 (℃) 175 140 297 225.7 
Te, 2 (℃) 139 129.4 126.1 150.6 
ΔTE (℃) 2.2 2.2 2 2 
ΔTsup,1 (℃) 6.6 8.2 4 0.2 
ΔTsup,2 (℃) 0.4 0 0.7 0 

ORC 1 Mass Flow Rate (kg/s) 477.6 442.7 150.3 161.9 
ORC 2 Mass Flow Rate (kg/s) 230.9 280.9 82.1 68.2 

 
Table 6 shows a summary of optimization performance of the recuperated ICRH WR 21-ORCs 
combined cycle for different organic working fluids. It is found that the modified WR 21-ORCs 
combined cycles had efficiencies of 51.19% - 52.62%, with thermal efficiency increase of 7.77% - 
10.76%, in comparison to the original value of single recuperated ICRH WR 21. The maximum 
overall efficiency was obtained by using cyclohexane as the ORC fluid, i.e., 52.62%, which is slightly 
higher than that by using toluene as the ORC working fluid. Moreover, the cyclohexane REC 
ICRHGT-ORCs had an overall power output of 39.61 MW with a power ratio of 9.72%. The 
minimum power ratio was obtained by using R245fa, i.e., 7.21%, where the overall power output was 
equal to 38.55 MW. The ORC 2 produced electricity of about 0.5 MW on average for each organic 
fluid. This amount of power is relatively smaller than the power generated by the ORC 1 due to the 
limitation of LPC outlet temperature and minimum pitch point temperature difference. The optimum 
operating parameters using a GA are also presented in Table 6. It can be seen that the pitch point 
temperature difference approached a value of 2 ℃ for all the organic working fluids. On the other 
hand, the degree of superheat at the ORC 1 turbine inlet could be as high as 7.8 ℃ using R123 as the 
organic fluid, while the degree of superheat at the ORC 2 turbine inlet was relatively small for all the 
organic fluids in absence of cyclohexane. It can be noticed that the mass flow rate of the working fluid 
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in ORC 1 in this case was much lower than that of corresponding working fluid in ORC 1 in LM-6000 
and GT 24 combined cases as given in Tables 4 and 5. This is because both of the exhaust 
temperature and the exhaust flow rate of the WR 21 gas turbine were relatively lower, i.e., 307 ℃ and 
73.1 kg/s, respectively, which leads to a decrease in heat transfer to the ORC 1. Compared to the other 
two high efficiency gas turbines, the modified WR 21 is more suitable to couple ORC bottoming 
cycles with reasonable operating conditions. 
 

Table 6: Summary of optimization results for maximum overall efficiency of the modified RR WR 21-
ORCs cycle 

 

Parameter R123 R245fa Toluene Cyclohexane 
Overall Efficiency (%) 51.77 51.19 52.55 52.62 

Efficiency Enhancement (%) 8.99 7.77 10.61 10.76 
ORC 1 Power Output (MW) 2.68 2.2 3.3 3.34 
ORC 2 Power Output (MW) 0.53 0.56 0.5 0.51 
Overall Power Output (MW) 38.97 38.55 39.56 39.61 

Power Ratio (%) 8.25 7.21 9.59 9.72 
Te, 1 (℃) 170.6 140 205.8 235.7 
Te, 2 (℃) 98 104 95.3 92.7 
ΔTE (℃) 2.2 2 2 2 
ΔTsup,1 (℃) 7.8 5.6 0.9 0.8 
ΔTsup,2 (℃) 0 0.4 0.4 2.9 

ORC 1 Mass Flow Rate (kg/s) 64.8 61.4 23.4 22.5 
ORC 2 Mass Flow Rate (kg/s) 23.9 22 9.2 10.1 

 
5. CONCLUSIONS 

 
The main conclusions drawn from this study are the following: 

• The analysis of combined cycles based on commercial gas turbines and two ORCs shows that 
ORCs are an interesting and impressing option when combined with high efficiency gas 
turbines with low exhaust temperatures. Among the organic fluids in the bottoming cycles, 
toluene ORC combined cycles for each modified gas turbines present a very attractive overall 
efficiency.  

• The efficiencies of recuperated ICRH gas turbines when coupled with two ORC bottoming 
cycles were improved by about 7.8% to 15.2% depending on the exhaust temperature and 
LPC outlet temperature of the topping gas turbine cycle and organic working fluid in ORCs. 
The use of different organic fluid in the two bottoming cycles may further improve the 
combined cycle efficiency. 

• The heavy duty gas turbines like modified LM-6000 and GT 24 are not preferable to be used 
in combined cycles with R123 or R245fa ORC as the bottoming cycles resulting from the 
demand for large amount of mass flow rate in bottoming cycles and further high system 
capital cost. Gas turbine with relatively small power like WR 21 is more suitable to combine 
bottoming ORCs with reasonable mass flow rate of the organic fluid. 

• The ORC 2 yielded about 0.5 and 0.53 MW on average of the power output for LM-6000 and 
WR 21 gas turbine combined cycles, respectively. The power could be further increased by 
using a high pressure ratio LPC and a newly designed HPC of the topping recuperated ICRH 
gas turbine.  

 
NOMENCLATURE 

 
CC combustion chamber   
G generator 
GT gas turbine   
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HPC high pressure compressor    
HPT high pressure turbine    
LPC low pressure compressor    
ORC organic Rankine cycle 
PT power turbine    
Q heat transfer rate (kW)  
REC recuperator    
T temperature (℃)   
W   power generation (kW) 
m  mass flow rate (kg/s) 
 
Greek letters 

Iη  first-law efficiency (%) 
 
Subscript 
1,2,3… cycle locations  
c critical 
E evaporator  
I first law  
max maximum  
mix mixture 
sup superheating  
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ABSTRACT

This paper presents an original method to design equipment of an organic Rankine cycle power plant. It is
based on the entropy production equipartition theorem in the geothermal heat exchanger. The criterion of
best pressure in favor of exergy at turbine inlet at given temperature is also used to initialize the problem
at an ambient design temperature. According to these design criteria, the price of each main pieces of
equipment is estimated. Then the equipment are simulated throughout a typical year, the net electrical
production is deduced. The same method is repeated with different ambient temperatures chosen as
design temperature. Then the product price per kWh is calculated and compared to the one obtained at
the average design temperature. The methods is revealed not monotonous and so a filter is applied to
results in order to keep the best cases regarding economical criteria. Three sites are studied. Regarding
the ambient temperature climate distribution, a temperature where design appear to be the best, is found.
Finally the developed simulation tool of ORC power plant allows to test the relevance of different design
criteria.

1. INTRODUCTION

ORCs are proving to be an effective solution to produce mechanical or electrical power from low tem-
perature heat source. These low temperature sources also make them sensitive to the sizing of their
equipment (Schuller et al., 2014). Indeed, due to the evolution of the Carnot efficiency for ORCs influ-
enced by ambient temperature (see figure 1 where equation (1) is plotted), the pinches involved in the
evaporators or condensers have high consequences. This particular point must be carefully addressed. In
these specific conditions, technical and economical trade-offs must be determined in order to make ORC
competitive. This paper focuses on the technical-economic study of a supercritical ORC with propane,
without regenerator, dedicated to the production of electricity from a geothermal source. The supercriti-
cal cycles are chosen for their ability to extract the heat from the hot source and the absence of the phase
change plateau that avoids a large pinch inside the steam generator (Schuster et al., 2010). We firstly
describe how the four main pieces of equipment (pump, geothermal heat exchanger, turbine and con-
denser) are designed by applying the entropy production equipartition theorem in the geothermal heat
exchanger (Schuller et al., 2014). In the same time a specific criterion (Schuller et al., 2014) regarding
working fluid in the turbine is used to constrain the problem and avoid liquid formation in the turbine.
The costs of the four main items of equipment are estimated in relation to their sizing parameters (surface
of exchanger, turbine power,...) designed at an arbitrarilly chosen ambient temperature. The effect of
this temperature selection on the design and the overall efficiency (energetic and economic) will be dis-
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Figure 1: Carnot efficiency rise for a tem-
perature drop from 283 to 277 K

f(Thot) = (1 −
277
Thot
) − (1 − 283

Thot
)

1 − 283
Thot

∗ 100 (1)

cussed. Secondly, this paper describes how equipment performances change according to the weather
variation throughout the year. A typical ambient temperature distribution along the year is estimated
with Meteonorm (Remund and Kunz, 1997)(see figure 2) and is used to calculate the yearly production.
Thirdly, the same geothermal source is virtually placed in three sites in the world with different climates.
By the previously described method three different ORC plants are designed. The comparison of the
three plants is presented. This opens a discussion about the consequence of heat sink temperature vari-
ations. The consequence on the characteristics of equipment, designed at a fixed ambient temperature,
but used at a variable ambient temperature is observed.

The three places chosen to illustrate the influence of the ambient air as heat sink are:

• Site 1, East of France
• Site 2, Turkey
• Site 3, Caribbean Island

The typical distribution of temperature given by Meteonorm (Remund and Kunz, 1997) for each site is
presented in the figure 2 and the mean values are given in table 1

Figure 2: Hourly ambient temperature on typical year

Site Average temperature (K) Standard deviation (K)
1 284.5 8.0
2 292.0 8.6
3 300.6 3.5

Table 1: Average and standard deviation of ambient temperature distribution along a typical year

In the present work, the results are obtained by numerical simulations performed with a dedicated sim-
ulator developped with Matlab (Schuller et al., 2014).
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2. THERMODYNAMICS MODEL

The thermo-physical fluids characteristics are calculated by Refprop (Lemon, 2013), directly linked to
Matlab The main physical properties taken account are summarized in the table 2.

Physical properties value unit
Geothermal inlet temperature 435.15 K
Geothermal outlet temperature 273.15 K
Geothermal inlet pressure 2000 kPa
Geothermal mass flow 45 kg/s

Geothermal fluid pure water
Working fluid propane

Superheating margin (regarding cricon) ≥ 200 kPa
Hex Working fluid outlet entropy ≥ Cricondentrope entropy

Pinch Hex ≥ 5 K
Expander inlet temperature > Tcrit + 10 K
Expander inlet pressure > Pcrit + 50 kPa

ΔTCondensation−Ambient air (approach design) 18 K
Condenser working fluid pressure drop 20 kPa
Evaporator working fluid pressure drop 100 kPa

Evaporator geothermal fluid pressure drop 200 kPa

Table 2: Hypothesis summary

2.1 Details of equipment model
This supercritical ORC has four main items of equipment 1:

• a pump transferring and pressurizing the working fluid in liquid phase.
• a geothermal heat exchanger transferring heat from the geothermal source, toward the working
fluid.

• a turbine expanding the working fluid to remove the mechanical energy, which coupled to a gen-
erator via a gear box will produce electricity then injected on the electrical network.

• a condenser, which desuperheats and then condensates the expanded working fluid, in contact with
the cold source, i.e. the ambient air.

Propane is chosen as a working fluid because adapted to the temperature of the hot source (Marcuccilli,
2010) (Sauret, 2011).

2.2 Condenser, cold source
The air cooled condenser is a classic model similar to API661 models that are found in ORC facilities
for geothermal applications. The working fluid flows in finned tubes. Air is driven by fans. The power
of the fans is calculated according to Robinson and Briggs correlation (Nir, 1991). Fan speed is assumed
constant. Fan power depends only on ambient air temperature and its density (calculated directly by
Meteonorm). Geometry is fixed, i.e tube length, diameter, fin width, height, fin density, as well as the
number of tube rows. Only the number of tubes required by the condensation power is considered for
the design calculation, whereas the condensation pressure and temperature will be considered for the
off-design calculation.

2.3 Pump
The pump is of centrifugal type. Because of high fluid pressure (beyond its critical pressure), the variation
in density between the input and output of the pump is significant. The model considers therefore, for the

1No regenerator is considered in this study
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pump power consumption calculation, a polytropic compressionwith efficiency depending on its variable
speed, head and flow (Troskolanski, 1977). The power and the speed are assumed to be sufficient to reach
all the requirements for all off-design points.

2.4 Geothermal heat exchanger, hot source
The geothermal heat exchanger is of the shell and tube type. For cleaning considerations, geothermal
water flows in the tubes. The exchanger is discretized in intervals of equally exchanged heat power . The
diameter of tubes is considered constant, as well as pitch and baffles spacing and number. The number
of parallel tubes depends only on water flow. The length of these tubes is calculated from the required
exchange surface at design point.

2.5 Turbine
The turbine is of radial inflow type (Marcuccilli, 2007). The wheel diameter and the speed of rotation are
determined to maximize isentropic efficiency (Balje, 1981). Pressure and temperature at turbine inlet are
determined according to an optimization procedure (Schuller et al., 2014). The turbine is equipped with
variable inlet guide vanes. The turbine inlet pressure is controlled by the position of these inlet guide
vanes whereas the inlet temperature is governed by the working fluid mass flow rate (i.e. controlled by
the pump).

3. ALGORITHM OF DESIGN AND OFF-DESIGN CALCULATION

The program contains a multitude of parameters. A lot of them are geometric, such as diameter of heat
exchanger tube, fin height etc. In this study we focus on the following parameters:

• Ratio of mass flows, water over propane

• Pressure at turbine inlet

• Temperature at turbine inlet

• Design ambient temperature

Simulations are performed in two steps: design step and off-design step. In the design step, a specific
ambient design temperature and condenser approach are chosen. Then the four main items of equipment
previously presented are designed with respect to some optimization processes (Schuller et al., 2014)
(Schuller, 2011). Optimal values of pressure and temperature at turbine inlet (see figure 3) and mass
flows ratio are obtained at this stage. In figure 3, the thermal path of water is scaled to propane enthalpy
as described in Augustine et al. (2009). In the second step, with off-design calculation, the performances
of the designed plant are predicted keeping all the geometrical parameters constant. In this stage, the
influence of the varying ambient temperature can be estimated. The flow of propane is calculated to
reach the same turbine inlet temperature than at design. In real control scenario, it would be done by
varying the speed of the pump. Finally, two different indicators are predicted, one with respect to the
annual energy production, the other with respect to the economic efficiency of the plant, depending on
the chosen business plan (see paragraph 5). The algorithm is detailed as follows (see figure 4): first, the
temperature, at three quarter from supercritical to geothermal source temperature is chosen as the turbine
inlet temperature. Thus the corresponding pressure on the curve EMTD2 (see figure 3) is deduced for
turbine inlet. The turbine outlet pressure is the condensation pressure corresponding to the ambient tem-
perature plus the chosen approach shift from an arbitrary pressure drop. We consider no subcooling 3.
Then optimization is launched on the turbine inlet pressure and temperature and mass flow of propane, in
order to minimize the variance of the reduced temperature difference to the average reduced temperature
difference along the geothermal heat exchanger. In other words, the optimization makes the two thermal

2Maximal exergy at given temperature: for a given temperature, there exists a corresponding enthalpy or pressure where
the exergy reaches a maximum (Tondeur, 2006)

3The NPSH, net pressure suction head, required by the pump is supplied by the height of the condenser
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Figure 3: Thermal path of cycles before and after optimization tominimize the criterion of entropy
production equipartition

paths (water and propane) as parallel as possible in a diagram of reduced temperature4 versus enthalpy.
The pinch point is not fixed as recommended byWalraven et al. (2014) for optimum issue, but it is a con-
sequence of using the equipartition criterion. Furthermore, the turbine inlet point should be on the right
hand side (in the H,T diagram) of the pseudocricondentropic curve (PseudoCricPoly in figure 3) in order
to avoid liquid ingress during the expansion through the turbine, with respect of constraints and condi-
tion summarized in table 2. At this step, the design is fixed and equipment characteristics are defined.
Off-design turbine inlet temperature and pressure are set to the design value. Temperature data from
Meteonorm are implemented at condenser inlet, and at fixed characteristics, equipment performances
are calculated:

• condenser approach
• condensation pressure
• fans power consumption
• pump speed

• pump efficiency and losses
• pump power consumption
• turbine nozzle opening
• turbine efficiency

• turbine, gearbox, generator losses
• generator power
• propane mass flow
• Hex pinch

This off-design is calculated hourly and production is assumed constant during one complete hour. An-
nual production is the sum of the power at each hour. In the figure 5, the example of site 1, design at
average temperature is given. Power and production are reduced by the power and respectively produc-
tion, produced at the average temperature. The coldest temperature gives the greatest power, but a poor
occurrence. Average temperatures give average power values but have the highest occurrences. Hottest
temperatures give the lowest power values but have poor occurrences. The consequence is illustrated in
figure 6. The power and contribution to annual production are not correlated. Then at which temperature
should equipment be designed: at a frequent temperature or at a temperature that gives the best power?
To find out, different design temperatures are tested in the paragraph 4.

4. OFF-DESIGN REGARDING THE CHOSEN DESIGN TEMPERATURE

Themethod described in the paragraph 3 is applied for different design temperatures. These temperatures
are chosen among temperature site occurrences, every 0.5 K. All results are reduced by a reference
production. This reference is the production of a complete year in site 1, in the case of design at the
average temperature of this site. These results are shown in figure 7. The shape of curves are non
monotonous. This is due to the chosen criterion of entropy production equipartition. This is different to
minimizing the entropy production. The algorithm of optimization is based on a simplex method, with

4temperature reduced by the Carnot factor
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Figure 4: Algorithm logic diagram
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Figure 5: reduced power and production and
temperature throughout the year

Figure 6: Reduced power and contribution to
production vs ambient temperature

three parameters: turbine inlet pressure and temperature andwater over propanemass flow ratio. Entropy
production is illustrated by the gap between both thermal paths. On the other hand, entropy production
equipartition is illustrated by the parallelism between both thermal paths. Sometimes, regarding the
equipartition, it is preferable to move the thermal paths away from each other rather than bringing them
together while keeping them parallel. This is clearly shown in the example of figure 8:

• The point 1 of figure 7 corresponds to the annual production of a power plant designed at 269.6 K
and running at site 1. Its design case is shown with a dotted line in figure 8.

• The point 2 of figure 7 corresponds to the annual production of a power plant designed at 273.6 K
and running at site 1. Its designed case is shown with a continuous line in figure 8.

The characteristics of both cases are summarized in the table 3. For only 4 K of design temperature dif-
ference, the gap between the two thermal paths of the continuous line case shows that the heat exchanger
is smaller than the one of the doted line case. In consequence the heat exchanger surface of case 1 is three
times bigger than that of case 2. Both annual productions are coherent regarding heat exchanger sizes.
More generally, pressure rise flattens isobaric curves, while flow ratio changes the slope of the water
thermal path. A temperature rise increases the length of the thermal path, thus the range of temperatures
taken into account to calculate the average gap between the two fluid temperatures. Finally, by using
the equipartition criterion to design equipment and if we assess the production of the designed cycle,
we realize that it is not the best method to design equipment that will finally mainly work at off-design
conditions. The method is missing a criterion to distinguish between plants that are designed at different
ambient temperatures. Thus in paragraph 5, we add some economical criteria.

Design Propane Heat Turbine Turbine Reduced
Case ambient reduced exchanger inlet inlet annual

temperature mass reduced temperature pressure production
flow surface

(Units) (K) ( ) ( ) (K) (kPa) ( )
1 270 0.91 2.43 421 6900 1.19
2 274 1.28 0.81 408 4500 0.94

Table 3: Comparison between two different design ambient temperature
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Figure 7: Reduced annual production ("Sum
of net kWh produced in one year")

Figure 8: Thermal path of cycles after op-
timization for two different design ambient
temperatures

5. BUSINESS PLAN

One kind of business plan is now implemented. The prices of the four main items of equipment are
evaluated by means of Marshall and Swift Index (Turton et al., 2008), then shifted to match some MW
ORC scale. From the sum of these items of equipment, by a Lang method (Lang, 1947), updated by
Peters et al. (2003), the rest of the cost is estimated by adding rate of this sum. Of course, the business
plan depends very sensitively to the place where the plant is built, the local fee, and the price for the
kWh sold. The average ambient temperature of site 1 is taken as reference. The results for the other case
are then reduced by this reference. The reduced production cost of the reference is then equal to 1, the
sames goes for its production at the end of one year. As previously done for the calculation of yearly
production in paragraph 4, the cost of production is also estimated at different design temperatures. The
results are shown in figure 9. This business plan is done for a period of twenty years. The life time of the
power plant is assumed to be equal to this duration. The cost of production (see equation 2) is the sum
of all cost of charges, salaries and fees to be payed during one year in the power plant. One twentieth of
the plant cost is added as depreciation. This amount is divided by the number of kWh produced in one
year.

CostProduction = ∑year(fees, charges, salaries) + 1
20(capital investment)∑year(sold electricity) (2)

6. FILTER APPLIED TO DESIGN TEMPERATURE REGARDING BUSINESS PLAN

As shown in figure 7, the yearly production is non monotonous with regards to the design temperature
when entropy production equipartition is the optimization criterion chosen. However, once the design
is done, off-design is regular and follows the ambient temperature. The business plan brings a new
criterion for the evaluation of the results obtained at different design temperatures. Especially the cost of
production reveals some more interesting design temperature. We decide to focus on the low production
cost plants and the ambient temperature at which they have been designed, as shown in figure 9. The
filter keeps all local minima 5. We plot them with a continuous line for each site. These continuous line
reveal more monotonous shapes, with global minima. These minima appear at average minus 1.5 times
the standard deviation for site 1 and 2, and the average minus 2 times the standard deviation for site 3.
A best design temperature found below the average temperature is coherent with figure 6 data 6.

5the filtered points correspond to the lower bound of the points cloud
6The ambient air distribution is symmetric around average, but power is higher at below average temperature
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Figure 9: Reduced cost of production ("production cost of kWh")

7. CONCLUSION

Focusing production and comparing between sites, as expected, the coldest site reaches the best result.
The entropy production equipartition, used only for design does not have regular trend. Despite this non
monotonous characters, it is possible to extract a global regular behavior by filtering data. Due to the
sensitivity of the equipartition criterion, it remains necessary to perform the calculations on the entire
range of ambient temperature. Each climate has its own optimum. However, based on these three tests,
no generic law (rule of thumb) seems to be able to predict a priori the optimal design temperature. Thus,
the use of such numerical simulator, coupled with an optimization method seems to be essential in the
context of the design of plant like ORC system. The results presented here are closely linked to the
choice of the steam generator design criterion, but taking into account other constraints or criteria is
easily implementable in the simulator. Thus, in forthcoming publication, we intend as well to test the
following points:

• Use a particle swing optimization method to determine the best power plant design.

• Do a systematic calculation on the neighborhood of the assumed optimum found in paragraph 6.

• Use the criterion of entropy production equipartition in off-design control setting 7.

• Add a constrain to the equipartition criterion to force the mean to reach a target value, figuring
indirectly the size of the heat exchanger.

• Calculate the best approach8 on the condenser regarding the cost of production.

The combination of multiple criteria is interesting to study. Especially when thermodynamics criterion
have benefit to economical optima, which finally is one of the most efficient means to deploy ORC with
the support of policymaker.

NOMENCLATURE

T temperature (K)
T0 temperature of cold sink (K)
Q mass quality
P pressure of working fluid, (kPa)
Δ difference
EMTD maximal exergy at given temperature

Ache condenser
Hex geothermal heat exchanger
Subscript
cond condensation
in inlet
hot hot source

7Actual control is at fixed turbine inlet temperature and pressure.
8Differential temperature between ambient air and condensation temperature.
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ABSTRACT 

In the last two decades ORCs have been largely used to convert the heat from biomass combustion  into electric 
energy. The success of the ORC technology for this application is  mainly due  to its  low maintenance 
requirements, ease of operation and  good partial load performance.  

In the quest for higher efficiency systems, biomass gasification, followed by conversion to electric power in a 
small scale combined cycle, is very promising.  

 Indeed several  gasification systems, integrated with gas cleaning and gas engines for power production, have 
been put into operation in the past, with different results depending on the adopted solution.  

The paper  suggests  a different approach featuring an innovative gasification device, a gas turbine prime 
mover, and an Organic Rankine Cycle as bottoming system, typically for a power output of the combined 
system up around 5 MW.  A preliminary study of the system performance is presented.  

 

1. INTRODUCTION 
 
Biomass is a very interesting source for power generation, thanks to a number of reasons, which we 
try and summarize here: 

- it allows storage over extended periods of time, without substantial loss of energy. 
Hence it allows to cope with a varying power demand, in particular with a seasonally 
varying power demand. 

- it can be transferred to other sites, though at a higher cost than fossil fuels. 
- it is, or it can be made, substantially neutral concerning the introduction of carbon 

dioxide in the atmosphere. 
- its cost is strongly related to its origin (residual biomass from agriculture and forestry, 

energy crop, waste from wood industry etc.), however in many cases the cost per unit 
of energy content is much lower than the equivalent in a fossil fuel. 

- biomass can be transformed into power by quite small power units, down to about one 
MW of electric power and even less. Hence the related investment can be sustained by 
small enterprises and limited local resources can be exploited. 

- due to the low power level, it is often possible to find, at least for a fraction of the year, 
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a suitable consumer for the thermal power associated with the generation of electric 
power.  

- On the other hand, if the conversion to power is referred to a Rankine Cycle power plant 
(steam or ORC), a number of critical aspects have often hindered a more widespread 
utilisation of biomass for power: 

- the cost per kW electric  installed is rather high, typically in the range 4000 to 8000 
€/kW except for large systems, which are less attractive, for the reasons considered 
above. An important fraction of the cost is often related to the need to reduce the 
emission of particulate and of gaseous/VOC pollutants into the atmosphere.  

- the  efficiency of conversion is up to now rather low  in most installations, typically 
around 15 to 20%, taking into account the whole process, that is the ratio between 
electric energy produced and the energy content of biomass. Even lower figures can be 
met for co-generative plants. This low efficiency obviously has the adverse effect of 
reducing the amount of electric energy which can be produced by a given low cost 
biomass source, so that in practice, only relatively large sources can be exploited for 
power generation. 

- moreover the ability of today’s plants to follow a fast varying load is limited. Hence in 
the case of an isolated grid, either a mix of power sources is introduced into the grid, or 
the biomass power unit has to be kept running at high power condition, and the excess 
power is wasted. 

 
2. DISCUSSION OF GASSIFICATION 

 
Gasification has been proposed as an alternative solution to straight combustion, in order to overcome the 
problems listed above.  In fact, notwithstanding a number of tentative tests, starting back to Rudolf Diesel 
experiments with pulverized coal, direct utilisation in internal combustion engines of solid biomass, even very 
finely divided, does not seem to be promising, due to the uneven properties, the energetic cost of pulverisation, 
the alkali content in ashes, and in general the difficulties of feeding a solid product. 
Gas feeding of reciprocating engines on the contrary has been the subject of many analyses and it has been put 
in to effect in a large number of real applications. A large number of different solutions have been proposed 
and experimented for the gasifier itself, for the cleaning of the produced gas and the overall implementation 
of the power plant. Gas turbine systems have been considered too, mostly at larger power level than 
reciprocating engines. 
Specific solutions for gasification are discussed in detail, e.g. in [1] and [2]. 
The large number of proposed solutions indicate that none is in fact totally satisfactory. 
The scope of the present paper is to describe a solution involving an innovative concept gasifier, feeding a 
combined cycle, composed by a gas turbine and an ORC bottoming unit. 
 
Traditionally the solutions are classified according to the following schemes: 

- fixed bed Updraft in which the descending biomass moves counter-current to the ascending gaseous 
phase, so that the subsequent steps of the process, from the point of view of biomass, are ordered as 
Drying, Pyrolysis, Reduction, Oxidation (as reported in fig.1-a)  

- fixed bed Downdraft in which the descending biomass moves co-current to the descending gaseous 
phase, so that the subsequent steps of the process, from the point of view of biomass, are ordered as 
Drying, Pyrolysis, Oxidation, Reduction (fig 1-b)  

- fluidized bed of various kinds. In many cases the process cannot be divided in zones and it takes place 
instead on the surface and within each particle of solid biomass,   hence all four transitions  take place 
substantially at the same time in parallel. 
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                       Figure 1 - Traditional fixed bed gasifier schemes [3] 

In fixed bed gasifiers, Reduction is the most characterising step, which takes place in the bed of char resulting 
from the Pyrolysis. In Downdraft gasifiers reduction involves a given dwell time and interaction between the 
gases and tars resulting from the pyrolysis. As a consequence, besides the main scope of obtaining a gas 
composition including high H2 and high CO, the reduction step is very effective at achieving thermal 
decomposition of tars. In Updraft gasifiers, the produced gas is substantially clean at the top of the reduction 
zone, but then it flows through the pyrolysis zone and it becomes heavily loaded with tar and moisture. 
Apparently, a Downdraft solution is preferable in any case. However in practice the transfer of heat to the 
upper layers undergoing pyrolysis is rather ineffective and it is difficult to keep a uniform flow through the 
bed, in particular if the bed has a large cross section. Hence the Updraft solution, though not attractive from 
the tar content point of view, is preferable for relatively large systems.  
Moreover so as in fact the counter-current flow of hot gas allows an efficient pre-drying of the biomass  before 
it enters the pyrolysis zone and the separated water is added to the produced gas instead of being put to the 
high temperature  reaction zone, allowing to feed the Updraft gasifier with high moisture biomass (up to 50% 
vs 20% for the Downdraft). [3] 
 
The fluidized bed gasifiers are intermediate, for what concerns both the tar content in the gas point of view 
and the acceptance of high humidity feed. [4-5] 
Fixed bed gasifiers are attractive due to the low parasitic power required and their tolerance of eneven quality  
biomass. However, the required volume of the reactor is large and the  quality of the produced gas is less 
predictable than with fluidized bed gasifiers. 

 
3. PRESENT PROPOSAL FOR THE GASIFIER 

 
A different approach to the flow within fixed bed gasifiers is here proposed in conjunction with ORC bottoming 
solution. The new approach  should allow to solve the problems reported, that is it should lead to an efficient 
transfer of heat to the pyrolysis zone and an efficient cleaning of gas thanks to flow within the char bed at high 
temperature. 
 
The present proposal  concerns an innovative co-current fixed bed gasifier, characterized by the fact of utilizing 
two vessels in parallel, and having an alternate flow of gasifying agent.  In this way the produced gas flows 
back and forth through the bed, ensuring a larger volume of high temperature reactive zones, compared to a 
conventional downdraft gasifier. Moreover the increase of velocity through the bed activates both the heat 
exchange between gas and solids and the gasification reactions. 
The proposed solution has been given the acronym “Twingas” by the authors of the relevant patent [6], hence 
here the same name is adopted, too. 
  A sketch of the Twingas is reported in fig. 2, concerning a system with top to bottom flow of biomass 
as well as an alternating co-current and counter-current flow of gas.   
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Figure 2 - TWINGAS gasifier solution, with two vessels and alternated flow of gas 

The expected results are a higher production per unit of volume of gasifier, a better quality gas and a good 
tolerance towards non-uniform charge. Twingas is reported more in detail in Appendix I. 
 

4. UTILIZATION OF PRODUCED GAS 
 

The syngas produced by the gasifier can be utilized to generate power according to one of the following 
schemes: 

1) Gas is burned in a boiler to generate organic vapour (or steam) for a Rankine cycle, preferably after 
some treating of the gas, e.g. to reduce the particulate content (fig. 3).  Though organic vapour or 
steam could be also generated by burning the initial solid biomass in a suitable boiler, burning 
syngas gives some definite advantages, compared to a solid fuel powered furnace and boiler: the 
combustion can be better controlled, drastically reducing the pollutants in the exhaust, the boiler heat 
exchange surfaces remain clean, it is possible to change fast the flow of generated vapour/steam,  in 
particular it is possible to reduce/shut-off quickly the combustion, in order to adapt to a the fast load 
change of a stand-alone unit. Moreover, the inventory of fluid in the boiler is lower, compared to a 
solid fuel boiler, this feature can be important if a direct exchange between combustion gas and 
organic working fluid is envisaged. 
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Figure 3 - Utilization of syngas for evaporation of working fluid (ORC or Steam plant) 

2) Gas is thoroughly cleaned and fed to a reciprocating internal combustion engine (ICE). From the point 
of view of efficiency this solution is very effective, however past experience has shown that it is 
difficult to clean the gas consistently to a high purity level, such as to avoid a heavy maintenance 
burden. The thermal power available in the exhaust downstream from the engine is not large,  hence a 
combined cycle ICE + ORC (fig.4) would get a minor increase of power and efficiency from the ORC 
itself (the power of the bottoming cycle amounts to some 10% of engine power). 

 

Figure 4 - Schematic of power production from fixed bed gasifier by ICE. 

3) Gas is thoroughly cleaned, and fed to a compressor which in turn feeds the combustor of a gas 
turbine (GT). The required purity level for the gas is substantially lower for a gas turbine then for an 
ICE. The footprint of the gas turbine is small compared to the ICE, its exhaust gas is cleaner, the 
maintenance load is lower while availability and realiability are higher.  
The amount of thermal power at high temperature in the exhaust is much larger than in a 
reciprocating engine, and the addition of a bottoming cycle is instrumental to obtain a high overall 
efficiency. The bottoming cycle can produce some 30% of  the overall  power.  
The rationale for adopting an ORC solution, rather than steam are the following: 

- an ORC, if properly designed and constructed is a very reliable, long lasting, and easy to operate 
unit, featuring a moderate pressure and low rpm turbine, 

- the maintenance cost for  ORC is low compared to steam system, 
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- the ORC concept allows to exploit efficiently low power sources, by adopting  suitable working 
fluid and  optimized cycle for the specific heat source, 

- fast and repeated start/ stop operation and load variation can be easily fulfilled. 
 
A schematic of the solution is reported in fig.5, with reference to an ORC bottoming unit. 

 

 
 

Figure 5 - Schematic of combined cycle fed by gasifier: mass and power streams 

The proposed solution for the gasifier should allow to obtain a reliable, low tar, low particulate 
gas source.   
In fact, the best option from the energy efficiency point of view involves the production in the 
gasifier itself of a pressurized high temperature syngas, hence the whole gas production and supply 
line to the gas turbine combustor must be under sufficient pressure for power modulation of the 
gas turbine. To avoid the deposition of its (albeit small) tar content, the temperature of the gas 
should be kept above some 400 °C. 
A preliminary calculation has been performed for a power plant utilizing an OPRA OP16 Gas 
Turbine [7], organized in a combined cycle, fed by a pressurized Twingas fixed bed gasifier. The 
bottoming cycle for the combined cycle has been identified as a standard unit (TD 7 by Turboden, 
with direct recovery from gas turbine exhaust). The working fluid adopted in this case 
hexamethyldisiloxane.  
                                                                                                                                                                                                                                 
A simplified scheme is reported in fig.6, featuring direct heat exchange between turbine exhaust 
gas and ORC working fluid. 
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Figure 6 - Schematic of ORC combined cycle fed by pressurized Twingas gasifier: list of mass and power streams 

The data adopted for a preliminary evaluation of performance for a case of power only production 
are reported in Table I (“Standard ORC”), while the preliminary performance is reported in Table 
II. The design point characteristics for the TD 7 ORC are reported in Tab III [8]. 
 

5. ENHANCED ORC BOTTOMING SOLUTIONS 
 

The example reported in the previous chapter concerns  the adoption of a standard unit of Turboden as 
bottoming. In order to explore the power which could be recovered by an ORC system put to the limits, an 
optimized recovery system has been considered, with two units in series on the exhaust. Moreover, a very high 
temperature supercritical cycle has been envisaged. The purpose is both to increase the temperature level of 
the heat input  the “high side” of the exhaust flow and to lower the  temperature of the exhaust gas leaving the 
unit, on the “low side”. The same working fluid, hexamethyldisiloxane, is adopted in the two cycles, which 
can be linked in order to take advantage of a number of shared auxiliaries. 
The exchanged power vs temperature diagram is reported in fig.7, and the expected performance is summarized 
in Table I to III and fig. 8 (“Enhanced ORC”). The power increase is obvious, besides the uncertainties linked 
to the thermal endurance of the working fluid, in any case the power increase would be obtained at the expense 
of increased capital cost, and complexity of system. 

 
Figure 7 - Q-T diagram for enhanced ORC bottoming solution 
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Table IIII : Preliminary data for power-only operation Standard ORC Enhanced ORC
Fuel power input (rel. To NCV) kW 8362 8362
NCV fuel (moisture content wood chips 27.5 wt.% w.b. kJ/kg w.b. 12701 12701
Fuel input kg/h 2370 2370
Ash kg/h 9,5 9,5
NCV producer gas (gasifier outlet) kJ/kg w.b. 5100 5100
Temperature producer gas out of gasifier °C 400 400
Total power outpu gasifier kW 8224 8224
Heat losses producer gas kW 8 8
Temperature producer gas after heat loss °C 396 396
Total power input turbine kW 8216 8216
Pressure producer gas into turbine barg 14 14
Mass flow producer gas into turbine kg/s 1,47 1,47
Mass flow air into turbine kg/s 8,73 8,73
Electric power output turbine - gross kW 2054 2054
Thermal power exhaust gas out of turbine kW 5916 5916
Mass flow exhaust gas kg/s 10,2 10,2
Temperature exhaust gas out of turbine °C 575 575
Heat losses exhaust gas kW 36 36
Temperature exhaust gas into ORC °C 572 572
Thermal power input ORC - from exhaust gas kW 4284 4906
Thermal power input ORC - from cooling PG kW - -
Conversion losses ORC kW 27 27
Electric power output ORC - gross kW 966 1328
Thermal power output ORC (not used) kW 3291 3705
Temperature exhaust gas out of ORC °C 197 129
Low-temperature heat recovery exhaust gas (used) kW - -
Temperature exhaust gas leaving heat recovery °C 197 129
Heat content exhaust gas rest (not used) kW 1632 1010
Ambient temperature °C 15 15

Heat recovery

Gasifier

Gas Turbine

ORC

Table IIIIIIII : Preliminary performance data for power-only operation Standard ORC Enhanced ORC
Total electric power output - gross kW 3020 3382
Auxiliary power consumption gasifier plant kW 82 82
Auxiliary power consumption air cooler kW 11 11
Auxiliary power consumption gas turbine kW 16 16
Auxiliary power consumption ORC kW 43 93
Auxiliary power consumption pumps kW 10 15
Auxiliary power consumption compression (air, producer gas) kW 281 281
Total electrical power output - net kW 2577 2884
Total utilized thermal power output kW - -

Total electric efficiency - gross % 36,1 40,4
Total electric efficiency - net % 30,8 34,5

Overall plant
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Figure 8 – Simplified block diagram and performance 

6. CONCLUSIONS AND FINAL REMARKS 
 

 The solution outlined here would allow to obtain a plant, well adapted to converting wood biomass to electric 
power in the few MW power range, featuring some very attractive points: 

- A high overall efficiency of conversion, around 30% for a power-only system with standard ORC. 
- Low pollutant content of the exhaust gases. 
- Fast modulation of power produced, which could become an important feature for a stand-alone 

unit. 
- Good tolerance concerning the characteristics of the biomass fed to the gasifier, similar to the one 

of an updraft gasifier. 
- Performance with an ORC bottoming system featuring very high temperature supercritical cycle 

could exceed 34%. 
Up to now the solution has been the subject of a number of studies and preliminary evaluations, the technical 
feasibility, expected performance and cost effectiveness shall be ascertained in the frame of the future activity. 
If the expected results are confirmed, the proposed solution could give an important contribution to spreading 
the practical use of  small scale biomass sources for power, (typically around 5 MW of electric power produced, 
by adopting two OPRA Gas Turbine units in parallel), all around the world. 

 

Table IIIIIIIIIIII : Load case data for power only module Standard ORC Enhanced ORC
Net thermal power processed by ORC kW 4270 4906
Exhaust gas temperature into ORC °C 575 575
Exhaust gas temperature out of ORC °C 197 138
Total exhaust gas flow rate kg/s 10,2 10,2
Exhaust gas average heat capacity kJ/kgK 1,1 1,1
Heat losses (on gas-fluid exchanger) % - -
ORC overall net output kW 920 1237
Thermal power to cooling source kW 3280 3607
Average air temperature (Dry bulb) °C 15 15
Cooling water inlet temperature °C 23 23
Cooling water outlet temperature °C 35 31
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APPENDIX I- Description of the TWINGAS concept. 
 

With reference to figg.2 and 9, the proposed gasifier is composed of at least two reactors (vessels 1, and vessel 
2) and two connecting vessels or ducts, the hot side duct 3, and the cold side duct. 
Biomass feed (wood chips, or any other biomass of interest) are fed through the gated feed mechanisms 5 and 
6, and flow down in the twin vessels to the high temperature zone at the bottom. The biomass is pyrolyzed to 
char in zone 7. In the subsequent zone 8 the char reacts with the volatiles generated in the pyrolysis and air 
from the top air feeds 9,10 (if present) to produce syngas. 
The syngas is extracted through ports 11, 12 in the vessels, or through port 13 in the bottom duct. The charcoal 
column is retained by grates 14, 15  while the ash falling to the bottom of the bottom duct 3 is extracted by a 
suitable mechanism 16 (screw or other mechanism). 
The temperature of the gas in the bottom duct 3 is held at the value required for proper reaction within the 
vessels by a burner 17, introducing in the gas the correct amount of oxidizing agent (air, oxygen or any oxygen 
containing gas).  The temperature set is one of the main variables in gasifier operation, in principle it should 
be as high as possible without exceeding the ash melting threshold. 
The whole system is characterized by the pumping device 18, a fan which pushes alternatively the gas in the 
vessel 1 towards the vessel 2 and viceversa.  As the head loss through the biomass columns is low compared 
to the average pressure of the gas, the pumped gas will behave as a nearly incompressible fluid , and a 
substantially alternate flow of gas will be established throughout the whole system. 
This alternate flow involves that the high temperature at the bottom is easily transferred by the flowing gas to 
the reacting char bed in the twin vessels, thus supplying the required energy for the gasification reactions. 
The following advantages are expected from the alternated flow in the two vessels: each vessel is operated, for 
about half time, as an updraft gasifier. In this phase a gas flow is established from the high temperature zone 
to the pyrolysis zone and, further up, to the drying zone. This phase allows an effective transfer of heat to the 
colder zones following a substantially counter-flow scheme. The gas exiting the top layer of biomass of this 
“updraft” gasifier, is not sent to utilizer, on the contrary it flows through the other vessel, acting in this phase 
as a “downdraft” gasifier. Flowing down, the gas becomes loaded with steam from the drying section and then 
with tar, from the pyrolysis zone. It gets progressively at higher temperature, taking heat from the layers it 

140



Paper ID: 111, Page 11 

 
3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

goes through. It transfers steam and tar to the char bed, where they participate to the gasifying reactions. 
Tars are decomposed in the bed, CO and H2 levels are enriched: the typical effects of a downdraft scheme. 
In order to have this scheme running sustainably, an energy  input is required as well as an extraction of the 
useful product, syngas. Like in most gasifiers, fresh energy is supplied by introducing a sub-stoichiometric 
amount of oxidizer, typically air, or oxygen-enriched air. A number of different options are possible concerning 
the site of introduction, the most obvious position being the connecting drum at the bottom of the two vessels. 
In this area the temperature is high, typically around 800 °C, in order to achieve fast going reactions in the 
char bed, while avoiding ash softening. Introduction of the oxidizer in this area involves the development of 
immediate reaction with the gas and allows a good control on the temperature in this area, too.  
Extraction of produced gas is more tricky, as it should be extracted in a low tar content zone. Also, the 
temperature should not be too high, to reduce the duty of the heat exchanger preheating of the oxidizer. A 
position along the two vessels, corresponding to the lower half of the char bed is most probably the best 
solution. However, due to the pressure drop within the bed, the gas will preferably flow out from the 
“downdraft” vessel. Hence a gas with a good combination of tar removal and temperature should be obtained. 
An alternated extraction, controlled by a valve or a fan, can give a number of interesting control strategies.  

 
         Figure 9 - Extraction points and control values for syngas in Twingas gasifier 

In summary, the Twingas solution is expected to allow an effective combination of the advantages of both 
updraft and downdraft fixed bed gasifiers: moreover so, as it gives new tools for controlling the process, that 
is the frequency and the intensity of the alternate flow, which are independent from the flow of oxidizer. 
Moreover it can be expected that, by keeping a larger thickness of char bed at high temperature, the Twingas 
solution should allow a much faster modulation of load, and in particular a much faster load increase after an 
extended low load period. This aspect can be very important for systems supplying an isolated grid. 
The Twingas solution has been here summarized, its analysis is in fact complex and involves a time dependent 
simulation, much more demanding than the already complex simulation of conventional gasifiers. 
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ABSTRACT 

The major portion of the heat sources is in the lower end of the temperature spectrum. Therefore, the 
successful utilization of low-grade heat is very essential to energy.  The organic Rankine cycles 
(ORCs) are one of the appropriate technologies to convert low grade heat to power.   Korea Institute 
of Energy Research (KIER) and Jinsol Turbomachinery have jointly developed an ORC power-
generator applicable to very low-temperature heat sources.  This paper deals with the design, 
fabrication and test results of the ORC power generator.  The ORC system was designed the 
maximum electric power output of 100kW utilizing geothermal hot water.  The ORC has a simple 
configuration with an evaporator, an expander, a condenser and a pump.  The completely hermetic 
turbo-generator was developed by Jinsol Turbomachinery and applied to the system.  The turbo-
generator has twin radial inflow turbines connected with high-speed synchronized generator.  Two 
plate heat exchangers are used for evaporator and condenser.  The performance test was conducted 
and the resulted gross electric power output was 91.22kW with cycle efficiency of 7.14%. 

1. INTRODUCTION

An organic Rankine cycle (ORC) is a type of a Rankine cycle, which uses organic compounds as a 
working fluid instead of water.  Thanks to the low evaporation temperature of the organic compounds, 
ORCs could be applied to lower temperature heat sources compared to the steam Rankine cycle. Low 
grade waste heat, geothermal hot water, solar thermal heat, and biomass combustion can be the heat 
source for ORCs (Lecompte et al., 2015).  There are a couple of alternative technologies for 
converting low-temperature heat to power, such as Kalina cycle (Kalina, 1984), Uehara cycle (Uehara 
et al., 1994), Goswami Cycle (Goswami, 1995), trilateral Flash cycle (TFC) and thermoelectric 
generator.  Despite of the high potential of TFC, a lack of efficient two-phase expander is the main 
obstacle of the TFC.  Many researchers have been compared the ORCs and Kalina cycles (Yari et al., 
2015, Bombarada et al., 2009, Zare and Mahmoudi, 2015, Yue et al., 2015 and Victor et al., 2013) 
from a thermodynamic and/or economical perspective.  There is still controversy about the best heat 
recovery power generation technique.  However, simple configuration, low pressure level and high 
freedom of design (selection of working fluids including mixtures, transcritical/supercritical cycle) 
make the ORS to the most practical technology. 
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Designing ORC power-generator is quite complex problem due to excessively high freedom of design. 
Selection of working fluids, configuring a cycle, choosing an expander and heat exchanger types, and 
etc.  Colonna, P. (2013) pointed out that there are 1.6 million alternatives in designing ORCs. 
Various ORC power-generators are already developed and commercialized in the market.  The power 
ranges of ORCS are from a few kW to tens of MW.  Most of the ORCs adopt turbines as expanders, 
except very small systems due to relatively high isentropic efficiency of turbine.  In spite of the long 
history and successful commercialization of ORCs (Mario Gaja, 2011), many researchers have been 
making efforts to develop a new and advanced ORC system.  Many researchers introduced novel 
cycles and/or new optimization design method to enhance the cycle efficiency of ORCs (Xiao et al., 
2015, Feng et al., 2015 and Imran et al., 2015) and adopting new working fluids (Lecompte et al., 
2014 and Mavrou et al., 2015).  Several researchers built their own ORCs with various configurations. 
Yun et al. (2015) designed parallel-expanders ORC for the application with large heat source 
variations.  . Yamada et al (2015) developed a prototype of 10W ORC with a scroll expander.  They 
showed the possibility of micro-scaled ORC in spite of low cycle efficiency.  Fu et al. (2015) 
designed and constructed a simple cycle 250kW class ORC with turbine expander and achieved 9.5% 
thermal efficiency using 120°C hot water. 
In the present work, KIER and Jinsol Turbomachinery jointly developed a 100 class ORC power 
generator for the commercialization purpose. A simple cycle was selected to avoid complexities in 
construction/maintenance.  Instead of that, we focused on improving and optimizing the performances 
of the ORC system.  An originally designed turbo-generator and hybrid type plate heat exchangers are 
developed and integrated to the present system.  This paper will describe the design, fabrication 
procedures and test results of the system. 

2. CYCLE DESIGN

2.1 Design conditions 
To design an ORC system, the conditions of heat source and heat sink should be defined.  In the 
present work, one of the hot spring wells in Seokmo Island is selected as a heat source.  The heat 
source temperature is 75°C and the well is expected to produce about 1,400ton of geothermal hot 
water per day.  For a heat sink, dry cooling tower was chosen.  The power output of ORCs changes 
with external temperature and the maximum power is achieved during the winter season.  When 
designing an ORC power generator, not only the rated power but also maximum power output should 
be considered due to the safety reasons.  Therefore, the cooling water temperature of 5°C was 
assumed for the winter season. 

Figure 1: Effects of working fluid flow rate 
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For the given heat source conditions, the output power of the ORCs increases with the mass flow rate 
of working fluid, while the cycle efficiency reduces.  Therefore, there is no correct answer in deciding 
a mass flow rate.  Hot water in Suokmo Island is planned to be used in hot springs, so the water 
temperature after the power generation should be high enough for hot springs.  Figure 1 shows the 
effect of mass flow rate of working fluid on evaporation temperature, power output, cycle efficiency 
and heat source outlet temperature.  The working fluid is refrigerant R245fa and the pinch point 
temperature difference (PPTD) is 2.5°C.  For quick estimation, no loss was assumed.  Form the 
calculation, the mass flow rate was determined to 5kg/s with the heat source outlet temperature of 
57.9°C.  

2.2 System configuration and cycle design 

Figure 2: Schematic diagram of ORC power generator 

Figure 3: T-s diagram of the present ORC cycle 
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Figure 2 shows the schematic diagram of the present ORC power generator.  The system is consisted 
of a pump, an evaporator, a separator, turbines, a generator, a condenser and a receiver tank.  The 
R245fa in the receiver tank is assumed an equilibrium state and the temperature and pressure are the 
same with the condensing condition.  For cycle design, efficiencies of the pump, motor, turbine and 
the generator are assumed to be 0.700, 0.895, 0.850 and 0.950, respectively.  And the pressure losses 
through each component and pipes are considered.  The pinch point temperature differences of 2.5°C 
were applied for both the evaporator and condenser.  Required mass flow rate of heat source and heat 
sink were calculated from the PPTD and were 16.0kg/s and 52.3kg/s, respectively.  The T-s diagram 
of the calculated ORC cycle is shown in Fig. 3.  The red and blue lines refer the heat source and heat 
sink, respectively. The generator power output is 113.1kW with 2.268kW of pumping power 
consumption. The expected gross cycle efficiency is 9.74% (Net: 9.55%). 

3. SYSTEM FABRICATION AND TEST

3.1 Component selection and system fabrication 

Design requirements for each component are fixed from the cycle design and summarized in Tables 1 
and 2.  

Table 1: Design requirements of evaporator and condenser 
Evaporator Condenser

Cold side Hot side Cold side Hot side 
Working Fluid R245fa Water Water R245fa 

ሶ [kg/s] 5.0 16.0 52.3 5.0 

Inlet T[°C] 12.2 75.0 5.0 24.2 
P[kPa] 479.4 - - 91.5 

Outlet T[°C] 60.0 - - 12.0
P[kPa] 462.3 - - 89.2 

Heat duty Q[kW] 1161.0 1044.0

Table 2: Design requirements of turbine and pump 

Turbine Pump

Working Fluid R245fa 
ሶ [kg/s] 5.0 

Inlet T[°C] 59.8 12.0
P[kPa] 456.6 102.6

Outlet T[°C] 24.3 -
P[kPa] 95.2 492.8

PR/ΔP[kPa] 4.8/361.4 4.8/390.2

Hybrid type heat exchangers, developed by Innowill, are adopted for both the evaporator and 
condenser. A Grundfos pump (CRN15-4) was chosen for the present system.  A twin radial type 
turbo-generator was designed and fabricated by Jinsol Turbomachinery.  The turbo-generator has twin 
radial turbines directly coupled with a high speed synchronous generator (Fig. 4). The yellow arrows 
in Fig. 4 indicate the flow direction of the vapor refrigerant. Details of the turbo-expander are 
discussed by Yang (2015).  
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Figure 4: Mechanical Layout of the 100kW turbo-generator for ORC plant (Yang et al., 2015) 

A 3ton/hr steam boiler and a plate heat exchanger and hot water tank are used to simulate heat source 
in Seokmo Island (Fig. 4).  The hot water temperature to evaporator was adjusted by controlling steam 
valve, and the hot water flow rate is fixed. A 500RT cross-flow cooling tower supplies cooling water. 

Figure 5: Schematics of hot water supply system 

Figure 6 presents the photo of a 100kW ORC turbo-generator installed at KIER.  A separator is 
located just downstream of the evaporator to remove liquid droplet and prevent the possibility of 
flooding. A small tank is positioned beneath the separator.  If the tank is filled with liquid R245fa, an 
automated control valve opens, so liquid refrigerant can be discharged to receiver tank.  Then, hot 
refrigerant vapor enters the turbines and expands.  Since the expanded vapor has very low temperature, 
it designed to cool the generator instead of external air.  Therefore, the vapor refrigerant flows 
through the generator as shown in Fig. 4.  After that it reaches to the condenser and returns to the 
receiver tank.  The receiver tank secures acceptable pump operation pressure for avoiding cavitation 
and keeps the system stable during unexpected transient behavior, such as over heat input and/or 
failures in cooling system.  A bypass pipe is installed parallel to the turbine. 
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Figure 6: Photo of a 100kW Geothermal ORC Turbo-generator 

3.2 Performance test 
For the test and control, pressure transducers with the full scale range of 10bar (GE Druck, PT5072), 
and RTDs (PT100, 3-wire) are installed as shown in Table 3.  The full scale range of the selected 
pressure transducers is more than double of the operating range.  The reason is that the system is 
pressurized up to 10bar with N2 gas during the leakage test.  The refrigerant flow rate was measured 
by using Coriolis mass flow meter (OVAL, CA010L) located between the pump and the evaporator. 
The flow rates of the heat source and cooling water are measured by using magnetic flow meters.  The 
generated electric power was measured at the generator outlet.  Precision power analyzer (Yokogawa, 
WT3000) is used to measure the high frequency electric power. 
Figure 7 shows the generator power output (P), refrigerant mass flow rate ( ሶ݉ ) and cycle efficiency (η) 
during the startup test. When the turbine starts, the bypass valve was partially opened, and part of the 
refrigerant flows through the bypass line.  Therefore, the measured flowrate is higher than that enters 
the turbines.  With increasing of the refrigerant mass flow rate, both the power output and the cycle 
efficiency increase.  When the power output increases up to 70kW, the cycle efficiency reaches 
maximum value and then stays constant.  The effects of mass flow rate are shown in Fig. 8.  The 
condensing temperature rose slightly during the test run. The maximum power output (gross) was 
recorded 91.22kW and the cycle efficiency was 7.14% at 4.17kg/s of mass flow rate.  Both the power 
output and the cycle efficiency are lower than expected.  One of the possible reasons is the absence of 
insulation.  The disagreement between heat release of the source and heat gain of the working fluid is 
about 10~15% during the test.  Based on heat gain of the working fluid, the cycle efficiency was rises 
up to 9.17%. 
Figure 9 compares the designed cycle and test results.  Dashed lines indicated designed cycle and 
solid lines refers the test results.  During the test, heat sink temperature was higher than that of design 
condition.  To keep the temperature difference between the heat source and heat sink, the heat source 
temperature.  As a result, the tested condition shifted upward compared to the designed cycle, due to 
higher heat sink temperature.  As shown in Fig. 9, unexpected superheating and subcooling are 
observed.  The degrees of superheat and subcooling were 10.2°C and 5.6°C, respectively.  The 
estimated uncertainty of the measured electric power and calculated cycle efficiency were less than 
±1.0% and ±1.46%, respectively (Kline and McClintock, 1995).  
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Figure 7: Power and efficiency change during startup 

Figure 8: Performance results of 100kW ORC generator 

Figure 9: Comparison of designed and tested cycles 
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6. CONCLUSIONS

A 100kW ORC system adopting a high speed turbo expander was developed for low temperature 
geothermal heat applications.  Performance test has been made and the results are follows: 

 The ORC turbo-generator is designed for 113.1kW of gross electric power and 9.74% of
cycle efficiency with the refrigerant mass flow rate of 5kg/s. 

 The performance test show maximum electric power output was 91.22kW with the cycle
efficiency of 7.14%, and the measured refrigerant flow rate was 4.17kg/s. 

 High heat sink temperature and heat losses of the evaporator are the possible reason of low
cycle efficiency.  Based on heat gain of R245fa, the cycle efficiency was 9.17%, which is 
almost the same with expected value. 

NOMENCLATURE 

T temperature (°C)
P pressure (kPa)
ሶ݉ mass flow rate (kg/sec) 
η cycle efficiency (%)

Subscript 
eva evaporation
cond condensation
h heat source
c         heat sink  
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ABSTRACT 

Much R&D is currently devoted to obtain commercial ORC power systems generating few 
kilowatts up to few tens.  The driver application is currently waste heat recovery from long-
haul truck engines, but many other applications can be envisaged, once these units 
successfully reach the market. This is not a new idea, and a brief history will illustrate past 
developments, useful for the context. The design paradigm of such systems is bound to be 
quite different from mainstream stationary ORC power plants, as mini systems will be 
designed for standardized large series production. The small capacity offers at the same time 
challenges and opportunities. The small and fast turbine is one such challenge, and options 
and concerned research are briefly addressed. Several new applications based on these 
miniature power plants are described, and ideas for the path forward proposed.  
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ABSTRACT 
 
We present a thermo-economic analysis of an Organic Rankine Cycle (ORC) for waste heat recovery. 
A case study for a heat source temperature of 150 °C and a subcritical, saturated cycle is performed. 
As working fluids R245fa, isobutane, isopentane and the mixture of isobutane and isopentane are 
considered. The minimal temperature difference in the evaporator and condenser as well as the 
mixture composition are chosen as variables in order to identify the most suitable working fluid in 
combination with optimal process parameters under thermo-economic criteria. 
In general, cost-effective systems show a high minimal temperature difference ∆TPP,C at the pinch-
point of the condenser and a low minimal temperature difference ∆TPP,E at the pinch-point of the 
evaporator. In case of R245fa, the design parameters ∆TPP,E = 1 K and ∆TPP,C = 13 K lead to minimal 
costs of 56.8 €/GJ. Choosing isobutane as working fluid leads to the lowest costs per unit exergy with 
52.0 €/GJ (∆TPP,E = 1.2 K; ∆TPP,C = 14 K). Considering the major components of the ORC, specific 
costs range between 1150 €/kWel and 2250 €/kWel. For the mixture isobutane/isopentane, a mole 
fraction of 90 % isobutane leads to lowest specific costs per unit exergy. Despite an increased 
efficiency an overcompensation of the additional expenses for the heat exchange equipment is not 
achieved compared to isobutane. The pure working fluid is 3.3 % more cost-effective. A sensitivity 
analysis for the ORC system using isobutane as working fluid shows high sensitivity of the costs per 
unit exergy to the costs of process integration and the isentropic efficiency of the turbine. 
 

1. INTRODUCTION 
 
Organic Rankine Cycle (ORC) systems for waste heat recovery have a high growth potential 
(Tchanche et al., 2011). Numerous investigations are performed in order to maximize the efficiency 
of such power plants by working fluid selection with respect to the heat source temperature. 
Particularly, the use of zeotropic fluid mixtures is a promising optimisation approach due to a good 
glide match of the temperature profiles at phase change. In this context, Angelino and Colonna di 
Paliano (1998) show for a low-temperature application that mixtures of natural hydrocarbons (n-
butane/n-hexane) lead to an efficiency increase of 6.8 % compared to the pure working fluid n-
pentane. Other case studies for geothermal heat sources prove the potential of zeotropic mixtures as 
working fluids in ORC systems (Demuth, 1981; Iqbal et al., 1976). For subcritical cycles an increase 
in efficiency by up to 16 % is obtained compared to pure working fluids, like isobutane or isopentane. 
More recent investigations include sensitivity analyses for crucial parameters (Borsukiewicz-Gozdur 
and Nowak, 2007; Wang and Zhao, 2009; Chen et al., 2011; Garg et al., 2013; Dong et al., 2014; 
Lecompte et al., 2014; Shu et al., 2014). In addition, Heberle et al. (2012b) show high second law 
efficiencies for mixture compositions which lead to an good match of the temperature profiles at 
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condensation. However, these concentrations show a significant increase in heat exchange capacity. 
Similar results are obtained by Andreasen et al. (2014) considering pure components and their 
zeotropic mixtures as working fluids for subcritical and transcritical cycles in case of a low-
temperature heat source. For a heat source temperature of 120 °C, mixtures of propane and higher 
boiling natural hydrocarbons as well as isobutane/isopentane show high first law efficiency for the 
subcritical cycle. At the same time, an increase of the heat exchange capacity for the condenser is 
presented, which is an indicator for the requirement of high heat transfer areas. Angelino and Colonna 
di Paliano (2000) compare an equimolar mixture of n-butane/n-hexane and pure n-pentane as ORC 
working fluids in a case study for waste heat recovery. Fan power savings of the air-cooling system of 
49 % by using the zeotropic mixture are determined. However, an additional heat transfer area of 73 
% is required. Weith et al. (2014) have recently shown for a waste heat recovery unit that the use of a 
siloxane mixture leads to an efficiency increase of 3 % compared to the most efficient pure 
component. In consequence, a 14 % higher heat transfer area of the evaporator is determined for the 
zeotropic mixture. 
The described dependence suggests a thermo- or exergo-economic analysis of ORC systems in order 
to evaluate the increased power output and the additionally required heat exchange area for fluid 
mixtures. Existing thermo-economic analyses of ORC systems are focused on pure working fluids 
(Tempesti and Fiaschi, 2013; Astolfi et al., 2014; Heberle and Brüggemann, 2014). Regarding small-
scale waste heat recovery ORC units, Quoilin et al. (2011) determine specific investment costs for 8 
working fluids in the range of 2136 €/kW and 4260 €/kW. For an electric capacity between 30 kW 
and 120 kW, Imran et al. (2014) considered different plant schemes and working fluids. In this 
context, specific investment costs in the range of 3556 €/kW and 4960 €/kW are obtained. Quoilin et 
al. (2013) indicate specific investment costs between 8000 €/kW and 1000 €/kW for an ORC waste 
heat recovery module in the range of 10 kW and 7500 kW electrical power output. In case of an 
geothermal resource, Heberle et al. (2012a) identify isobutane as a cost-efficient working-fluid 
compared to isopentane. The lowest specific costs are obtained for a minimal temperature difference 
of 3 K in the evaporator and 7 K in the condenser.  
Under the consideration of zeotropic mixtures as potential ORC working fluids, we provide a thermo-
economic analysis of waste heat recovery ORCs. In order to clarify if an efficiency increase 
overcompensates the additional heat transfer requirements. A case study is performed for a heat 
source temperature of 150 °C. In this context, a second law analysis for the ORC working fluids 
R245fa, isobutane and isopentane as well as for the zeotropic mixture isobutane/isopentane is 
conducted. Based on processes parameters the required heat exchange equipment is designed. Finally, 
the specific costs for the generated electricity are calculated. Depending on the working fluid 
composition and the minimal temperature difference in the condenser and evaporator, the most cost-
efficient system is identified.  
 

2. METHODS 
 
2.1 Exergy analysis 
 
For the exergy analysis, steady-state simulations are performed using the software Cycle Tempo 
(Woudstra, N. and van der Stelt, T.P., 2002). Fluid properties are calculated by RefProp Version 9.1 
(Lemmon, E.W. et al., 2013). Process simulations are conducted for a subcritical and saturated cycle. 
The scheme of the module and the corresponding T,s-diagram in case of a pure working fluid is 
illustrated in Figure 1.  
The present case study is conducted for a low-temperature waste heat source of 150 °C. As a heat 
transfer medium pressurized water is assumed (pHS = 6 bar). The mass flow and the outlet temperature 
of the heat source are chosen according to a thermal heat input of 3 MW. For the analysis, an air-
cooled system is considered. R245fa, isobutane and isopentane as well as the zeotropic mixture 
isobutane/isopentane are examined as ORC working fluids. For the considered mixture, the 
composition is varied in discrete steps of 10 mole-%. The temperature difference in the evaporator 
and condenser is chosen as independent design variables in order to identify the most cost-efficient 
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process parameters. The analysis is conducted neglecting pressure and heat losses in the pipes and 
components. In Table 1 the boundary conditions for the cycle simulations are shown. 

 
Figure 1: Scheme of ORC system and corresponding T,s-diagram for the working fluid isopentane 

 
Table 1. Boundary conditions assumed for the second law analysis 

parameter  
mass flow rate of heat source ṁHS  10 kg/s 
outlet temperature of heat source THS,in  80 °C 
inlet temperature of cooling medium TCM,in  15 °C 
temperature difference of cooling medium ∆TCM  15 °C 
maximal ORC process pressure p2  0.8·pcrit 
isentropic efficiency of feed pump ηi,P  75 % 
isentropic efficiency of turbine ηis,T  80 % 
efficiency of generator ηG  98 % 

 
To evaluate the cycle efficiency, the net second law efficiency ηII of the ORC is calculated by 
 

G Pump Fans net
II

HS HS HS

P P P Pη
E m e

+ +
= =

⋅ɺ ɺ
 (1)  

 
where PG and PPump correspond to the power of the generator and the pump. PFans is related to the 
power of the air cooler fans. The exergy flow of the heat source ĖHS is obtained by multiplying the 
specific exergy eHS with the mass flow rate ṁHS. The specific exergy could be calculated by 
 

0 0 0HSe h h T (s s )= − − −  (2)  
 
where the subscript 0 corresponds to the reference state (T0 = 15 °C and p0 = 1 bar). Corresponding to 
(Bejan et al., 1996), the exergy analysis is extended by an exergy balance for each component k of the 
system 
 

k,Dk,Lk,Pk,F EEEE ɺɺɺɺ ++=  (3)  
 
where ĖF and ĖP describe the exergy flow rate of the fuel and the product. The exergy flow rate ĖL 
includes heat losses to the surrounding or exergy that leaves the system in a physical way, like 
exhaust gases. Here ĖL = 0, due to neglected heat losses. The exergy flow rate ĖD represents the 
exergy destruction rate associated to irreversibilities. Exemplarily, the exergy destruction rate of the 
preheater can be calculated as 
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(4)  

 
where Tm,PH  corresponds to the thermodynamic mean temperature of the heat source in the preheater. 
 
2.2 Component design and economic analysis 
 
For the major components of the ORC module, the purchased equipment costs (PEC) are estimated 
based on cost data of Turton et al. (2003). Purchased equipment costs C0 based on ambient operating 
conditions and a carbon steel construction are calculated in US $ depending on parameter Y:  
 

( )210 0 1 2 10 3 10log log logC K K (Y) K (Y)= + +  (5)  
 
where Y represents the capacity or size of a component. The parameters K1, K2 and K3 are listed in 
Table 2. To convert the PEC in Euro a conversion ratio of 0.815 is considered. Due to maximal ORC 
pressures below 35 bar, additional cost factors depending on system pressure are not considered. 
 

Table 2.Equipment cost data used for Equation (5) according to Turton et al. (2003) 
component Y; unit K1 K2 K3 
Pump (centrifugal) kW 3.3892 0.0536 0.1538 
Heat exchanger (floating head) m2 4.8306 -0.8509 0.3187 
Heat exchanger (air cooler) m2 4.0336 0.2341 0.0497 
Turbine (axial) kW 2.7051 1.4398 -0.1776 

 
By setting the corresponding Chemical Engineering Plant Cost Index (CEPCI2001) of 397 into relation 
to the value of 2014 with 575, the inflation and the development of raw material prices are taken into 
account Turton et al. (2003). For the costs Ctot,ORC of the major components of the ORC power plant 
the PEC are summarized. The total investment costs of the power plant are calculated by multiplying 
Ctot,ORC by the factor Fcosts = 6.32. According to Bejan et al. (1996) this parameter represents additional 
costs like installation, piping, controls, basic engineering and others. The heat exchange area A is 
determined for the shell and tube heat exchanger in counter flow. Therefore, the overall heat transfer 
coefficient Utot of each heat exchanger is calculated by  
 

( )1 1 1 o o io

tot o i i t

r ln r / rr
U rα α λ

= + +
 

(6)  

 
where αo represents the heat transfer coefficient at the outside of the tube, respectively, the shell side 
and αi corresponds to the heat transfer coefficient at the inside of the tube. The inner and outer radius 
of the tube are represented by ri and ro. The thermal conductivity of the tube corresponds to λt. The 
outer diameter of the tubes is 20 mm and the wall thickness of the tube is 2 mm. In order to calculate 
the required diameter of the shell and the number of tubes, the maximal flow velocities of 1.5 m/s for 
liquid flows and 20 m/s for gaseous flows are assumed according to chapter O1 of the VDI Heat Atlas 
(VDI-GVC, 2010). In general, the ORC working fluid is led inside the tubes. Regarding the tube 
layout, a squared pitch and a pitch to diameter ratio of 1.22 are assumed. The considered heat transfer 
correlations for the calculation of αi, depending on phase state and flow configuration are listed in 
Table 3. In case of the preheater and the evaporator, the method of Kern (1950) is applied for the shell 
side (αo). For the air-cooled condenser a tube bank staggered arrangement is applied. In this context, a 
cross-flow heat exchanger with finned tubes is considered and the following design parameters are 
assumed: fin height of 3 mm, a fin thickness of 0.3 mm, a fin spacing of 2 mm and a transversal tube 
pitch of 60 mm. The air-side heat transfer coefficient is determined by the method of Shah et al. 
(2003). For all considered heat exchangers, the heat transfer surface is finally calculated by 
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tot LMTD logQ U AF TΔ=ɺ  (7)  
 
where ∆Tlog is the logarithmic mean temperature difference. In general, the logarithmic mean 
temperature difference correction factor FLMTD is equal 1 for condensation and boiling heat transfer. In 
this study, the simplifying assumption of FLMTD = 1 is also met for single phase heat transfer. 
 

Table 3. References for the considered heat transfer correlations 
heat exchanger tube side 
preheater (Sieder and Tate, 1936) 
evaporator (pure working fluid) (Steiner, 2006) 
evaporator (zeotropic mixture)  (Schlünder, 1983) 
condenser (pure working fluid) (Shah, 1979) 
condenser (zeotropic mixture) (Bell and Ghaly, 1973; Silver, 1964) 

 
2.3 Exergy costing 
 
The thermo-economic analysis combines thermodynamic and economic aspects. In this context, the 
product of the energy conversion as well as each component can be evaluated according to the cost 
formation process. For the presented analysis, the method by Tsatsaronis and Winhold (1985), also 
known as exergo-economic method, is used. The exergy costing converts an exergy stream Ė to a cost 
stream Ċ, by multiplying the exergy with corresponding average costs per unit of exergy, respectively, 
specific costs c. In this context, a system of equations is set up consisting of the cost balance for each 
component k of system (Bejan et al., 1996), (Heberle et al., 2012a): 
 

P,k F ,k D,k kC C C Z= − +ɺ ɺ ɺ ɺ  (8)  
 
The cost streams Żk describe the costs of the k-th component depending on operation and maintenance 
ŻO&M and capital investment ŻCI. In order to calculate the described cost streams the economic 
boundary conditions listed in Table 4 are assumed. 
 

Table 4. Economic parameters for the calculation of the cost streams Żk 
parameter  
lifetime  20 years 
interest rate ir  4.0 % 
annual operation hours  7500 h/year 
Cost rate for operation and maintenance 0.02·ŻCI 
Costs for process integration CPI  0.2·Ctot,ORC 
Power requirements of the air-cooling system  5 kWe/MWth 
Electricity price €/kWh 0.08 €/kWh 

 
The selected optimization criteria for the system is the minimization of the costs per unit exergy of the 
total system cP,tot. In this study, the generated electricity is considered as the product of the system and 
the ĖP,tot correspond to the power output of the generator. In this context, the auxiliary power 
requirements are covered by electricity from the grid. Alternatively, the net power output of the 
system can be considered in the denominator of Equation (9). The exergy rate of the fuel ĖF,tot 
represents the exergy rate of the waste heat source transferred to the ORC system.  
 

F ,tot F ,tot k
P,tot k

P,tot
P,tot P,tot

( c E Z )C
c

E E

+
= =

∑ɺ ɺɺ
ɺ ɺ  (9)  
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In addition, the specific investment costs SIC are calculated:  
 

tot ,ORC

net

C
SIC

P
=

 
(10)  

 
3. RESULTS AND DISCUSSION 

 
3.1 Identification of cost-efficient design parameters 
 
For each working fluid the minimal costs per unit exergy cp,tot are identified depending on the minimal 
temperature difference ∆TPP in the evaporator and condenser. In order to vary the minimal 
temperature difference, the corresponding upper and lower ORC pressure is adapted. In Figure 2, the 
resulting specific costs of the product are shown exemplarily for R245fa. The most cost-efficient 
design parameters for this ORC working fluid are ∆TPP,E = 1 K and ∆TPP,C = 13 K. For these 
parameters, costs per unit exergy of 56.8 €/GJ are obtained. Considering a minimal temperature 
difference between 0.5 K and 6 K for the evaporator and 8 K and 14 K for the condenser, the 
maximum costs per unit exergy of 60.0  €/GJ are calculated (∆TPP,E = 6 K; ∆TPP,C = 8 K). In general, 
the cost minimum is a compromise between rising power output and increasing costs with decreasing 
minimal temperature difference in the heat exchangers. The results show that the condenser is crucial 
for the total PEC. Due to the highest amount of transferred thermal energy combined with the lowest 
logarithmic mean temperature difference, the highest heat transfer areas and component costs are 
obtained for the condenser. Therefore, the most cost-effective parameters show a low ∆TPP for the 
evaporator and a high value in case of the condenser.  

 
Figure 2: Costs per unit exergy for R245fa as ORC working fluid depending on minimum temperature 

difference in the evaporator and condenser 
 
3.2 Comparison of ORC working fluids 
 
Power output, heat transfer area and, therefore, capital investment costs for the ORC modules may 
considerably vary due to the working fluid selection and the corresponding fluid properties. In this 
context, Figure 3a illustrates the costs per unit exergy for the pure ORC working fluids isopentane, 
isobutane and R245fa as function of the minimum temperature difference in the condenser. For 
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∆TPP,E, always the most cost-effective parameter is shown. In Figure 3b specific costs of the product 
are shown for selected mole fractions of the zeotropic mixture isobutane/isopentane. 
Isobutane is identified as the most cost-effective working fluid for the considered case study with 
costs per unit exergy of 52.0 €/GJ. The corresponding design parameters are ∆TPP,E = 1.2 K and 
∆TPP,C = 14 K. R245fa and isopentane lead to 9.2 % and 15.0 % higher costs per unit exergy (see 
Table 4). Although, these alternative pure working fluids show optimal design parameters with a 
lower minimum temperature difference, the power output is 10.8 % and 14.6 % lower. Net second law 
efficiency is between 1.0 % and 3.0 % lower compared to isobutane. The total heat exchange area 
differs only slightly and is 0.3 % lower for R245fa and 2.1 % higher for isopentane. 

 
Figure 3: Costs per unit exergy for the pure ORC working fluids (3a) and for the zeotropic mixture 

isobutane/isopentane (3b) depending on the minimum temperature difference in the condenser 
 
Regarding the mixture isobutane/isopentane, a mole fraction of 90 % isobutane leads to the lowest 
costs. In case of ∆TPP,E = 2 K and ∆TPP,C = 15 K specific costs of 53.8 €/GJ are obtained. However, the 
costs per unit exergy are 3.5 % higher compared to the most efficient component isobutane. This is 
due to a 5.5 % lower power output. At same time the total heat exchange area is only 3.6 % lower for 
90/10 compared to isobutane.  
 

Table 4. Selected ORC parameters for the most-effective cycles depending on fluid selection 
parameter isobutane R245fa isopentane isobutane/isopentane 
APH (m2) 173.2 100.0 90.8 

 
108.1 

AE (m2) 123.1 118.1 118.6 112.8 
AC (m2) 747.1 821.7 856.0 785.0 
PG (kW) 387.8 345.9 331.0 366.4 
PPump (kW) 60.1 21.6 12.1 41.4 
∆TPP,E (K) 1.2 1.0 1.0 2.0 
∆TPP,C (K) 14.0 13.0 13.0 15.0 
ηII (%) 30.3 30.0 29.4 30.0 
SIC (€/kW) 1161.9 1270.1 1336.23 1203.0 
cp,tot (€/GJ) 52.0 56.8 59.8 53.8 

 
3.3 Sensitivity analysis for selected boundary conditions 
 
In order to identify the most cost-important parameters of the estimated boundary conditions, Figure 4 
illustrates the costs per unit exergy as function of interest rate, turbine efficiency, costs for process 
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integration, costs for operation and maintenance and F-factor. The specific costs per unit exergy show 
the highest sensitivity for the isentropic efficiency of the turbine and the costs for process integration. 

 
Figure 4: Cost per unit exergy as function of selected parameters for the working fluid isobutane 

 
4. CONCLUSIONS 

 
A thermo-economic case study for waste heat recovery by ORC is conducted. Cost-efficient design 
parameters concerning the temperature difference at the pinch point are identified in the case of pure 
working fluids and mixtures. In general, low minimum temperature differences in the evaporator and 
high values in the condenser are suitable for a cost-efficient ORC system. Isobutane as a working 
fluid leads to the most cost-effective ORC (∆TPP,E = 1.2 K; ∆TPP,C = 14 K). Regarding the considered 
mixture isobutane/isopentane, a mole fraction of 90 % isobutane leads to the lowest costs per unit 
exergy. The economic parameters show a high sensitivity with respect to the estimated isentropic 
efficiency of the turbine and the costs for process integration. For further work, a variation of the heat 
source temperature and the heat exchanger design will be considered. In the context of a reliable 
estimation of the turbine efficiency, a detailed turbine model will be implemented in the analysis. 
 

NOMENCLATURE 
 
A heat transfer area (m2)  
c costs per unit exergy (€/GJ) 
C costs (€)   
Ċ cost rate (€/h) 
e specific exergy (kJ/kg) 
Ė exergy flow (kW) 
F cost factor (-) 
h specific enthalpy (kJ/kg) 
K constant (-) 
ṁ mass flow (kg/s) 
p pressure (bar) 
P power (kW) 
r radius (m) 
s specific entropy (kJ/(kgK)) 
SIC specific investment costs (€/kW) 
T temperature (°C) 
U overall heat transfer coeff. (W/(m2K))  
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Y capacity/size parameter (kW) or (m2) 
Ż cost rate (€/h) 
α heat transfer coefficient (W/(m2K)) 
∆T temperature difference (K) 
η efficiency (%) 
 
Subscript 
C condenser 
CI capital investment 
CM cooling medium 
D destruction 
E evaporator 
F fuel 
G generator 
HS heat source 
i inner 
is isentropic 
II second law 
K k-th component  
L loss 
LMTD  logarithmic mean  
                                  temperature difference 

 log logarithmic 
m mean 
net net 
o outer 
out outlet 
O&M operation and  
                                  maintenance 
P product 
PH preheater 
PP pinch point 
Pump pump 
t tube 
tot total 
0 reference state 
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ABSTRACT 
 

A techno-economic analysis of a sub-critical ORC designed for the utilization of geothermal heat is 
performed. The thermodynamic optimization of the investigated ORC system is based on a new 
approach, in which thermal match between the heat source and the working fluid is improved by 
operating an optimal working fluid at near-critical pressures. The Optimal Heat Source Temperature 
(OHST) method is used to identify suitable fluids for which the pinch point is located at the inlet (or 
an intermediate point) of the preheater. As a result, R227ea is selected, which performs best under 
certain defined conditions, while R245fa is also considered as a reference fluid for further thermo-
economic comparison. A heat transfer model is proposed for the plate heat exchanger system in order 
to determine the pinch point position in the case of near-critical fluid parameters, as well as to obtain 
the heat transfer area which is required for the calculation of Purchased Equipment Cost (PEC). The 
economic optimization is based on the minimization of the Levelized Cost of Electricity (LCOE) for 
the considered fluids. Results from the techno-economic optimizations show that for R245fa the 
optimum is obtained with a system efficiency of 7.306% and a LCOE of 205.7 €/MWh. In 
comparison, the proposed approach for R227ea leads to an optimum with a system efficiency of 
8.607% and a LCOE of 185.9 €/MWh. The comparison suggests that although the proposed approach 
aims to improve the thermodynamic performance of the sub-critical ORC, it is also promising in 
terms of the economic profitability. 

1. INTRODUCTION 
 
Interests on power generation from low temperature geothermal heat have grown rapidly in the past 
decades due to the increase in the electricity consumption worldwide. The Organic Rankine Cycle 
(ORC) system has been considered as one of the most suitable technologies for the exploitation of 
such heat source because of several advantages, such as simplicity and relatively high efficiency 
compared to the conventional water/steam Rankine cycle. However, a great limitation of improving 
the system efficiency of ORC is the isothermal evaporation which leads to a high exergy destruction 
in the heat transfer process. Several methods are available, aiming at a better thermal match between 
the heat source and the working fluid, such as using triangular ORC (Khennich and Galanis, 2012) or 
super-critical ORC to bypass the isothermal evaporation (Schuster et al., 2010), or using fluid 
mixtures in order to obtain a non-isothermal evaporation (Heberle et al., 2012). Although these 
techniques are effective under certain working conditions, the complexity of the ORC system or of the 
component is increased, causing higher manufacturing costs. 
To reduce the exergy destruction caused by isothermal evaporation, an interesting approach is 
proposed in this paper, where a very high evaporation temperature is applied in order to reduce the 
absolute heat amount transferred during the evaporation process. The drawback of this approach is, 
however, obvious: the pinch point which is in most cases located at the evaporator inlet can greatly 
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limit the mass flow rate of the working fluid, leading to a reduced power output. To overcome this 
drawback, it is prerequisite for the proposed approach to find a suitable working fluid, for which the 
pinch point is located not at the evaporator inlet but the preheater inlet. As a result, the whole heat 
transfer process is optimized, leading to a better thermal match and hence a higher system efficiency 
(Liu et al., 2014, 2015). 
Although the proposed approach has been proven to be an effective method for improving the 
thermodynamic performance, its impact on the economic performance is still uncertain: the better 
thermal match in the preheating process does lead to a higher system performance; however, it 
requires a larger heat transfer area, which increases the purchase cost of the heat exchanger system. 
Therefore, the main task of the present paper is the thermo-economic investigation of the ORC which 
is optimized using the proposed approach for the geothermal power generation. 

2. Modeling and Thermodynamic Description of Subcritical ORC 
 
Figure 1(a) shows the considered subcritical ORC, which includes the most fundamental components: 
pump, preheater, evaporator, turbine and condenser. The working fluid at the saturated liquid state 
(state 1) is pressurized in the pump to a high pressure (state 2). Then it is led to the preheater where 
the sub-cooled fluid is heated until being liquidly saturated (state 3). Afterwards, the saturated liquid 
is evaporated under isothermal condition to the saturated vapor (state 4). The vapor then expands in 
the turbine, which rotates the shaft and generates electricity. At last, the loop is closed by condensing 
the super-heated vapor (state 5) to the saturated liquid (state 1). 

      
                               (a)                                                                             (b) 

Figure 1: (a) Schematic diagram of a standard ORC, (b) Demonstration of OHST in T-h diagram 

The static cycle simulation is performed in Matlab, using fluid properties from REFPROP 9.0 
(Lemmon et al., 2012). Simplifications are made that (1) there is no heat loss and no pressure drop 
through the cycle; (2) auxiliary power consumption, e.g. power required for circulating pump is 
neglected. The balance strategy is to vary the mass flow rate for the working fluid and the cooling 
water until the pinch point meets the design criteria in the heat exchanger and condenser, respectively. 
Unlike the common cycle simulations, the pinch point in the heat exchanger is considered as variable. 
Table 1 summarizes all boundary conditions for the cycle simulation. 

Table 1: Boundary conditions for the investigated subcritical ORC. 

Heat source temperature     140 °C Cooling water temperature     8 °C 
Heat source pressure     10 bar Cooling water pressure     1 bar 

Heat source thermal amount  ̇   50 MW Isentropic efficiency Turbine             0.85 
Evaporating pressure      < 30 bar Isentropic efficiency Pump          0.75 

Pinch point in heat exchanger         Variable Mechanical efficiency       0.98 
Condensation temperature       20 °C Generator/Motor efficiency   /   0.95 

Pinch point in the condenser        5 K Reference state       1 bar, 8 °C 
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Global system efficiency which combines both thermal efficiency     and heat transfer efficiency     
of the ORC system is used in this study for the evaluation of the thermodynamic performance. It is 
given by (Schuster et al., 2010): 

             (1) 

Where     and     are equal to: 

    
       

 ̇  
 

                                 

     
 (2) 

    
 ̇  

 ̇  
  

     

     
 (3) 

Where         is the net power output [kW];   ̇   is the heat flow transferred from the heat source to 
the ORC unit [kW];  ̇   represents the available heat of the considered heat source [kW]. 
Therefore, to increase the thermal efficiency     of the investigated ORC system with a constant 
condensation temperature it is practical to increase the evaporating pressure   . To increase the heat 
transfer efficiency    , the heat source outlet temperature    should be lowered as much as possible. 
More specifically, the maximum of     can be observed when the pinch point is located at the 
preheater inlet. 

3. Optimal Heat Source Temperature 
 
The Optimal Heat Source Temperature (OHST) is defined as a heat source temperature, for which the 
pinch point is evenly located in the preheater (Liu et al. 2015). By comparing the OHST with the 
available heat source temperature, the pinch point position for the investigated ORC can be identified, 
which is demonstrated by figure 1(b). In the case where     < OHST, the pinch point is located at the 
evaporator inlet (states 3-7(7˝)). In the case where     > OHST, however, the pinch point is shifted to 
the preheater inlet (states 2-8(8ˈ)). As the proposed approach requires a pinch point position at the 
preheater inlet, the working fluid selection should be based on a condition that the OHST is lower 
than the available heat source temperature. 
Assuming a constant specific heat capacity for the homogeneous liquid, the OHST can be estimated 
as a state quantity depending only on the evaporating pressure (Liu et al., 2015), provided that the 
pinch point and the condensation temperature are constant: 

     
    

  ̅   
                (4) 

Where the mean specific heat capacity for the working fluid is calculated by: 

  ̅  
     

     
 (5) 

Where    is assumed equal to the condensation temperature of the working fluid, since temperature 
changes only slightly for a homogenous liquid after compression. 
The fluid screening is performed based on the OHST theory mentioned above. Firstly, 35 pure fluids 
with the critical temperatures between 90 and 160 °C are selected out of 121 fluids from the 
REFPROP database. Afterwards, the OHSTs are calculated for all the considered fluids using 
equation (4) and (5) given a constant pinch point of 10 K and the evaporating pressure of 0.9·  , 
which are summarized in figure 2. It is noted that the constant pinch point is considered in this section 
only for the purpose of the screening of fluids. Next, taking into account the boundary conditions that 
     < 30 bar and OHST <     (140 °C), the only fluid, i.e. R227ea which is located near the bottom 
left corner of figure 2 can be selected for the further cycle simulations. In addition, R245fa which has 
been widely used in the ORC industry is also selected as a reference fluid for comparison. 
It should be noted that in the case of near-critical fluid parameters the pinch point can be located 
neither in the preheater inlet nor the evaporator inlet, since the heat capacity is strongly dependent on 
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the temperature. Figure 3(a) presents a possible scenario where the pinch point is located at an 
intermediate point of the preheater. In order to predict such pinch point position, it is necessary to 
partition the preheating process into finite number of elements assuming an equal amount of 
transferred heat, which is detailed in section 4. 

 
Figure 2: OHST versus evaporating pressure for the considered fluids. 

       
                                       (a)                                                                                     (b) 

Figure 3: Demonstration of TQ-diagram and pinch point position for (a) R227ea and (b) R245fa, respectively. 

4. Heat Transfer calculation 
 
The main aims of the heat transfer calculations are 1) the determination of the pinch point location 
demonstrated similar to figure 3, and 2) the calculation of the heat transfer coefficient and the required 
surface area for a counter-flow plate heat exchanger system. The preheater and evaporator are 
considered as a whole in order to simplify the system components. Assumptions are made that the 
heat transfer process is stationary and both of the pressure drop and the fouling factor are negligible. 
Based on the given geometric parameters of the plate (see table 2), the sizing of a Plate Heat 
Exchanger (PHE) system requires only few characteristics, i.e. plate arrangement, plates (channel) 
number and the channel spacing. Figure 4 demonstrates the plate arrangement of the considered PHE 
system, where plates are arranged into three blocks to form equal number of parallel channels. The 
channel spacing is set to 3.6 mm. The channel number for each fluid is related to the total required 
surface area. 
Taking into account the temperature dependency of heat capacity, the assumption of an overall 
temperature difference between the hot and cold fluids cannot be acceptable for the investigated 
preheating process. For this reason, both of the preheating and evaporating processes are discretized 
respectively into a number of elements with equal amount of heat flow, as demonstrated in figure 3 
and 4. For reduction of the calculation error, the number of elements      is set to 500 (Karellas et al. 
2012). 
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Table 2: Input parameters for plate. 

Plate width   0.7 m 
Plate height   2.31 m 

Channel space   3.6 mm 
Corrugation angle   60° 

Plate thickness        0.7 mm 
Thermal conductivity        15 W/m·K 

 
Figure 4: Schematic overview of the plate heat exchanger system. 

Within each element, the transferred amount of heat flow is thus given by: 

 ̇  
 ̇  

    
           

(6) 
  ̇             (             )    ̇                             

Where  ̇  is equal to  ̇     [kg/s]; and     is simplified for each element by assuming: 

                (7) 

On this account, the pinch point can be obtained by: 

        
        

    (8) 

Assuming the convective heat transfer is dominant, the overall heat transfer coefficient is given by: 

 
  

 
 

     
 

      

      
 

 
     

 (9) 

To calculate the convective heat transfer coefficient at an arbitrary point  , it is necessary to obtain the 
Nusselt number which is defined as the ratio of convective to conductive heat transfer across the 
elementary boundary: 

    
     

  
     

      

  
 (10) 

Where    is the thermal conductivity at point i [W/m2K];    [m] is the hydraulic diameter which is 
equal to           referring to the investigated plate channel. 
Depending on the type of the heat transfer process, the Nusselt numbers are calculated using various 
empiric correlations. For the single-phase heat transfer process, the Chisholm and Wanniarachchi 
(Chisholm and Wanniarachchi, 1990) correlation is employed where Nusselt number is given by: 

         (
  
 

)
     

                 (11) 

Where Pr is the dimensionless Prandtl number, given by          . 

166



 
Paper ID: 33, Page 6 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

For the multi-phase heat transfer, the working fluid undergoes the liquid-gaseous phase transition. 
Specifically for the evaporating process, Nusselt number is calculated using Yan and Lin’s correlation 
(Yan and Lin, 1999): 

                     
           [        (

  

  
)
   

] (12) 

Where      is the equivalent boiling number;      is the equivalent Reynold number;    is the 
density for saturated liquid [kg/m3];    is the density for saturated vapor [kg/m3];   is vapor fraction. 
It should be noted that for obtaining the continuous heat transfer coefficient the Nusselt number for 
the evaporative heat transfer is modified by multiplying equation (12) by a factor     given by: 

    
            

         
 (13) 

For the condensation process, Nusselt number is calculated using Yan’s correlation (Yan et al., 1999): 

                         (14) 

With the rated    and    , the total heat transfer area      can be given by: 

     ∑   

    

   
 (15) 

However, this calculated surface area must satisfy the input condition, i.e. the plate height of 2.31 m, 
which is achieved by varying the number of channels for each fluid until the objective error function 
(equation (16)) is minimized. 

        
    

   
        (16) 

The total number of plates is thus given by: 

                   (17) 

5. Levelized Cost of Electricity 
 
The economic performance of the considered geothermal ORC system is evaluated by means of the 
Levelized Cost of Electricity (LCOE) method. Based on the Net Present Value (NPV) method, LCOE 
is given by (Konstantin, 2013): 

     
   ∑      

      
   
   

∑    
      

   
   

 (18) 

Where    is the initial investment cost [€];    is the expenditures for Operation & Maintenance 
(O&M) in the year t [€];    is the investment costs for replacement of equipment in the year t [€];     
is the Electricity generation in the year t [MWh];   is the annual discount rate [%];   is the lifetime of 
the project in years [a]. 
Factors accounting for the initial investment cost    are manifold, such as the costs for drilling, 
purchasing equipment, and other expenses such as site preparation, instrumentation, control, 
insurance, etc. For a drilling depth of 3.5 km, the drilling cost is estimated to about 21 Mio. € using 
the correlations from (Schlagermann, 2014). The Purchased Equipment Cost (PEC) related to the 
component parameters is described in detail see section 5.1. The other expenses for the initial 
investment are mainly dependent on the drilling process, which approximately accounts for 40% of 
the total drilling cost (Schlagermann, 2014). 
Apart from the initial investment costs in equation (18), the annual expenditures for O&M are 
estimated to be about         based on the proposed correlations (Schlagermann, 2014). The 
investment costs caused by the replacement of system components depend on the lifetime of each 
component (see table 3). The annual electricity generation is calculated with the consideration of 8000 
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full-load hours. The annual discount rate is set to 8%. Finally, the lifetime of the project is considered 
to be 25 years. 
It is noted that the correlations used for the economic evaluation are based on an existing geothermal 
ORC plant in Germany. For more details, the reader is referred to Schlagermann (2014). 
Table 3: Constants in equation (19), bare module factors and lifetimes for different system components (Turton 

et al., 2013) (Schlagermann, 2014) 

Equipment             Lifetime 
Pump 3.3892 0.0536 0.1538 4.05 10 

Preheater + Evaporator 4.6656 -0.1557 0.1547 3.86 10 
Turbine 2.6259 1.4398 -0.1776 6.10 25 

Condenser 4.6656 -0.1557 0.1547 3.86 10 
 
5.1 Purchased Equipment Cost (PEC) 
The PEC for each component of the ORC system is calculated using the empirical correlations based 
on a number of industrial data (Turton et al., 2013), which is given by: 

                                    (19) 

Where   ,   ,    are constants depending on the system component (see table 3) and   is the size or 
capacity for the corresponding component. The calculated      is converted into Euro with the 
average exchange rate of 1.2 for the recent years. 
The multiplication factor    is used to account for the indirect costs and the use of specific materials 
(Turton et al., 2013). Therefore, the modified PEC is given by: 

            (20) 

Where    is listed in table 3 for each of the system equipment. 
The Chemical Engineering Plant Cost Index (CEPCI) is used to evaluate the cost deviation due to 
inflation. The PEC calculated using equation (20) is based on the CEPCI value of 382 for the year of 
1996 (Turton et al., 2013). In the present economic analysis, the updated value of 578.1 for the year of 
2014 is employed. 

6. Results 
 
The main aim of the thermo-economic optimization is to obtain the minimum of LCOE for the 
considered two fluids, i.e. the selected R227ea and the reference fluid R245fa. 
For R227ea with a constant evaporating pressure in the investigated ORC system, the influence of the 
pinch point (depicted in figure 3(a)) on the ORC system performance is threefold. Firstly, according 
to equation (4), increasing the pinch point temperature results in a higher OHST value, which can 
change the pinch point position to the evaporator inlet in the case of OHST > Ths. In order to avoid 
such changes, the pinch point value is limited up to 15 K for which the OHST is equal to 139.93 °C. 
Secondly, increasing the pinch point temperature corresponds to a worse thermal match between the 
thermal water and the working fluid, which reduces the system efficiency. Such influence is 
illustrated in figure 5 where the global system efficiency for R227ea decreases monotonically with the 
increase of the pinch point value. Thirdly, the benefit of increasing the pinch point is that it requires a 
smaller heat transfer area, leading to a lower PEC value particularly for the preheater and the 
evaporator. Particularly for R227ea, it can be seen from figure 5 that the total PEC for the preheater 
and the evaporator decreases significantly with the increase of the pinch point value. A small decrease 
in the other costs mainly referring to the instrumentation & controlling is also observed for a higher 
pinch point value. The PEC for condenser, turbine and pump are relatively less affected by varying 
the pinch point. Conclusively, it is reasonable to consider the pinch point in the heat exchanger as the 
optimization parameter for R227ea. 
It is necessary to note that due to the consideration of the constant condensation temperature the 
variation of the pinch point for the condenser affects only the condenser size but not the power output. 
Therefore, its influence on the LCOE is relatively limited so that it is not considered in the present 
techno-economic optimization. 

168



 
Paper ID: 33, Page 8 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

 

 
Figure 5: PEC and system efficiency as functions of          and       for R227ea and R245fa, respectively. 

                                             
Figure 6: LCOE as functions of          and       for R227ea and R245fa, respectively. 

Figure 6 shows the resulting LCOE with the variation of pinch point. For R227ea, the minimum of 
LCOE is observed around 185.9 €/MWh for the pinch point of 9 K. In order for such minimum to 
make sense, it is required to compare it to the optimum LCOE for some other fluid, e.g. the reference 
fluid R245fa. The optimization parameter for R245fa, however, is different from that for R227ea. 
According to equation (4), the OHST for R245fa is significantly higher than the available heat source 
temperature, indicating that the pinch point is located at the evaporator inlet (see figure 3(b)). In such 
case to obtain the minimum LCOE, the evaporating pressure is chosen as the optimization parameter 
(Quoilin et al., 2011). In contrast to R227ea, the pinch point in the preheater is fixed at 4 K for 
R245fa. In figure 5, the PEC and global system efficiency for R245fa are shown as a function of 
evaporating pressure, where a maximum global system efficiency can be observed. The LCOE for 
R245fa is given in figure 6 as a function of evaporating pressure, where a minimum is observed for 
the evaporating pressure of 9 bar. 
For further comparisons, the T-Q diagrams for the optimized R227ea and R245fa are given, 
illustrating their heat transfer processes, respectively. In addition, table 4 summarizes the parameters 
resulting from the thermo-economic optimizations for both working fluids. Although the use of 
R227ea requires higher PEC, more electricity can be produced annually, which leads to reduce the 
LCOE by 9.63%. 

Table 4: Results from the thermo-economic optimizations for R227ea and R245fa 

Fluid 
 Thermodynamic  Economic 

                                    LCOE 
[°C] [bar] [K] [%] [%] [MWh]  [m. €] [€/MWh] 

R227ea 96.60 26.33 9.000 8.607 79.47 29006  8.739 185.9 
R245fa 85.33 9 4.000 7.306 63.51 23762  7.306 205.7 
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7. Conclusions 
 

In the present paper, a new approach for the heat transfer optimization has been developed and 
thermo-economically investigated for a sub-critical ORC designed for geothermal power generation. 
The working fluid considered is R227ea, for which the pinch point is not located at the evaporator 
inlet for the available heat source temperature. A detailed heat transfer model is proposed, aiming at 
the precise determination of the pinch point position and the calculation of the required heat transfer 
area. Compared to common works, the optimization parameter considered for R227ea is not the 
evaporating pressure but the pinch point for the heat transfer process. The results show that the pinch 
point in the preheater has a great influence on both of the system efficiency and the PEC. An optimum 
pinch point value is obtained for R227ea, corresponding to a global system efficiency of 8.607% and 
a minimum LCOE of 185.9 €/MWh. Compared to the optimization results for R245fa, an increase of 
system efficiency of 17.81% and a reduction of LCOE of 9.63% are observed. 
In general, the proposed approach leading to both higher system efficiency and economic profitability 
seems promising. However, further challenges remain. The numerical results should be compared 
with the experimental results in the near future. In addition, it is necessary to further include pressure 
drops through the ORC loops and to investigate their influences on the heat transfer mechanism 
particularly for the working fluid at the near-critical states. 
 

NOMENCLATURE 
 
  Surface area or annual cost      (m2 or €) 
  Channel space      (mm) 
   Specific heat capacity      (kJ/kg·K) 
  Plate thickness      (mm) 
   Hydraulic diameter      (m) 
  Specific exergy flow      (kJ/kg)  
   Multiplication factor for PEC    (-) 
  Specific enthalpy      (kJ/kg) 
  Convective heat transfer      (W/kg·m2) 
  Plate height      (m)   
  Investment cost      (€) 
  Constants for PEC      (-) 
m. million      (€) 
 ̇ Mass flow rate      (kg/s) 
  Lifetime of project      (a) 
   Nusselt number      (-) 
  Pressure      (bar) 
  Power      (kW or MW) 
   Prandtl number      (-) 
 ̇ Heat flow      (kW) 
  Annual discount rate      (%) 
   Reynold number      (-) 
  Operation year      (-) 
  Temperature      (°C) 
  Overall heat transfer coeff.      (W/kg·m2) 
  Plate width      (m) 
  Electricity generation      (MW) 
  Vapor fraction      (-) 
  Size or capacity      (m2 or kW) 
  Corrugation angle      (°) 
  Efficiency      (%) 
  Thermal conductivity      (W/m·K) 
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  Viscosity      (kg/s·m) 
  Density      (kg/m3) 
  
Subscript 
          Reference or working states     Preheater 
   Electricity     System 
    Element    Thermal 
   Equivalent     Total 
    Evaporation   Saturated vapor 
  Generator    Working fluid 
   Heat source Acronyms  
   Heat transferred      Levelized Cost of Electricity 
  Saturated liquid          Organic Rankine Cycle 
     Mechanical         Optimal Heat source temperature 
  Motor           Purchased Equipment Cost 
   Pinch point          Plate Heat Exchanger 
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ABSTRACT

The influence of the cost of the heat source on the performance and configuration of the economically
optimal ORC is investigated in this work. This optimal ORC is obtained by performing a system op-
timization, in which the most important components (heat exchangers, cooling system and turbine) are
optimized together with the configuration of the cycle. Minimization of the LCOE (Levelized Cost of
Electricity) is chosen as the objective function.

As a result, the LCOE for both water and air-cooled ORCs is given as a function of the heat-source
cost and heat-source-wellhead temperature. With these data, an estimation of the LCOE of a geother-
mal project can be made, based on the depth of the wells and the expected wellhead temperature. By
comparing the obtained LCOE with expected electricity prices, the profitability of the project can be
estimated.

1. INTRODUCTION

Low-temperature geothermal heat sources are widely available (Tester et al., 2006; IEA, 2011), but the
heat-to-electricity conversion efficiency is very low due to the low temperature of the heat source. In
many regions in the world, the geothermal heat sources do not manifest at the surface, but drilling of
wells is necessary. These wells are often very expensive due to the relative high drilling depth.

In this paper, the combined influence of the drilling costs of the heat source and the temperature of the
heat source is investigated. Contour maps of the LCOE (Levelized Cost of Electricity) of economically
optimal ORCs are calculated as a function of these two parameters. This LCOE is the fixed electricity
price needed to obtain break even at the end of the project. Also the influence of these parameters on the
design and performance of the power plants is investigated.

A system optimization is performed, so that the configuration of the main components (heat exchangers,
turbine and cooling system) are optimized together with the configuration of the cycle itself. The results
in this paper are calculated with a previously developed code and the details of the modeling can be found
in Walraven et al. (2015b).
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2. MODEL

2.1 ORC
Organic Rankine cycles (ORCs) with different configurations (recuperated, subcritical or transcritical)
are modeled in this paper, of which the scheme is given in figure 1. All the possible heat exchangers
(economizer, evaporator, superheater and recuperator) are shown, but they are not always necessary.
Air-cooled condensers (ACC) or wet cooling towers (WCT) connected to a condenser, and if necessary
a desuperheater, can be used for cooling.

Heat source inHeat source out

1

2

3

4 5
6

7

8

Cooling system

Figure 1: Scheme of a single-pressure, recuperated ORC.

It is assumed that state 1 is saturated liquid and that the isentropic efficiency of the pump is 80%. More
information about the modeling of the cycle can be found in Walraven et al. (2013). An axial-inflow,
axial-outflow turbine is modeled, based on the results of Macchi and Perdichizzi (1981).

2.2 Shell-and-tube heat exchangers
Figure 2 shows a TEMAE shell-and-tube heat exchanger with its basic geometrical characteristics, which
is the only type of heat exchanger used in this paper. The geometrical characteristics are the shell outside
diameter Ds, the outside diameter of a tube do, the pitch between the tubes pt, the baffle cut length lc and
the baffle spacing at the inlet Lb,i, outlet Lb,o and the center Lb,c. More information about the modeling
of the heat exchangers can be found in Walraven et al. (2014).

Lb,cLb,i

Lb,o

D
s

lc

pt

D
ot
l

θb

θctl

do

Dctl

Figure 2: Shell-and-tube geometrical characteristics. Figure adapted from Shah and Sekulić
(2003). See also Walraven et al. (2014).
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2.3 Cooling system
Figure 3 shows the geometry of the air-cooled condenser (ACC) modeled in this paper. The tube-bundle
geometry is determined by the tubes' small width Ws, the fin height H, the fin pitch S, the tubes' large
width Wl and the length of the tubes Lt. In an A-frame ACC the tube bundles are placed at an angle
θ with the horizontal. More information about the modeling can be found in Walraven et al. (2015a).

vapor duct

condensate head

fan

finned tube bundles

air flow

θ

Wl

Lt

(a) A-frame
condensate

vapor
Ws H

S

Lt

(b) Tube bundle

Figure 3: Geometry of an A-frame air-cooled condenser (a) and the bundle geometry of flat tubes
with corrugated fins (b).

Another cooling option is the use of a wet cooling tower (WCT) connected to a condenser and, if neces-
sary, a desuperheater. A mechanical-draft wet cooling tower is shown in figure 4. The height of the inlet
Hi, the height of the fill Hfi, the height of the spray zone Hsp and the width of the towerWt are shown in
the figure. The reader is referred to Walraven et al. (2015b) for more information.

Inlet louvers

Fill

Drift eliminators

Fan

Sprays

Rain zone

Spray zone

Water basin

Hi

Wt

Hfi

Hsp

Figure 4: Geometry of an induced mechanical-draft wet cooling tower. Figure adapted fromKlop-
pers (2003).
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3. OPTIMIZATION

A system optimization is performed by optimizing the cycle parameters and the configuration of all the
components together. The software packages CasADi (Andersson et al., 2012) and WORHP (Büskens
and Wassel, 2013) are used for the optimization. The models themselves are developed in Python and
the fluid properties are obtained from REFPROP (Lemmon et al., 2007).

3.1 Objective function
The objective of the optimization is to minimize the levelized cost of electricity (LCOE). This LCOE is
the constant electricity price needed during the lifetime of the power plant to reach break even over the
lifetime of the project. The LCOE is calculated in AC/MWhe as (D'haeseleer, 2013)

LCOE = CEPC +∑tLT
t=1 [(CO&M,t +Cwater,t) (1 + i)−t]
∑tLT

t=1 Ẇnet N (1 + i)−t , (1)

with CEPC the engineering, procurement & construction overnight cost (EPC) of the installation, tLT the
lifetime of the installation, CO&M,t the operations and maintenance cost in year t which is assumed to be
2.5% of the investment cost of the ORC per year (IEA, 2011), Cwater,t the water cost in year t, Ẇnet the
net electric power output, which takes an electric generator efficiency of 98% into account, expressed in
MWe, N the number of full-load hours per year (an availability of 95% is assumed) and i the discount
rate. The EPC cost consists of two parts: the cost of the drilling Cdrilling and the cost of the ORC CORC.
More information about the cost of the ORC can be found in Walraven et al. (2015b).

3.2 Optimization variables
The optimization variables of a single-pressure, recuperated cycle are the temperature before the turbine,
the saturation temperature at the pressure before the turbine, the pressure at the inlet of the pump, the
mass flow of the working fluid and the effectiveness of the recuperator (Walraven et al., 2013).

The optimization variables of each shell-and-tube heat exchanger are the shell diameter Ds, tube-outside
diameter do, tube pitch pt, baffle cut lc and the distance between the baffles Lb,c (Walraven et al.,
2014).

The fin height H, the fin pitch S, the air velocity at the minimum cross section VAmin and the number
of tubes ntubes are the optimization variables of the ACC and a non-linear constraint is used to limit the
length of the tubes, as done in Walraven et al. (2015a).

The tower widthWt, the inlet heightHi, the relative mass flow of air ṁair/ṁbrine, the relative cooling-fluid
mass flow ṁcf/ṁbrine and the minimum cooling-fluid temperature Tmincf are the optimization variables of
the WCT, as explained in Walraven et al. (2015b).

4. RESULTS AND DISCUSSION

4.1 Reference parameters
The parameters of our ''reference'' case are given in Table 1, which are based on a proposed geother-
mal demonstration project in Belgium. In the next subsections, the influence of the well costs and the
brine-wellhead temperature on the performance of the ORC is investigated. For each of the parameter
variations, a new design optimization is performed with the optimization variables described in Section
3.2 to obtain the minimum LCOE.

4.2 LCOE
In this subsection, the optimal LCOE is given as a function of the brine-inlet temperature and the cost of
the wells. They are varied between 100○ - 150○C and between 0 - 50 MAC, respectively.

Figure 5a shows the LCOE for air-cooled ORCs. As expected, does the LCOE increase for an increasing
cost of the wells and a decreasing heat-source-inlet temperature. For the current electricity price of about
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Table 1: Parameters of the reference case

Well parameters
Brine-wellhead temperature 125○C
Brine production 194 kg/s
Well-pumps consumption 600 kWe
Wells cost 27.5 MAC

Economic parameters
Lifetime plant 30 years
Discount rate 4 %/year
Water price 0.5 AC/m3

Environmental conditions
Dry-bulb temperature 10.3○C
Wet-bulb temperature 8.6○C
Air pressure 1016 hPa

50 AC/MWhe, only a small part of the investigated temperature-cost range is economically interesting for
the investigated reference parameters (Table 1). This ''profitable'' area is hatched in figure 5. For low
heat-source-inlet temperatures, the distance between the LCOE contour lines as a function of the cost of
the wells is very low. This is due to the low efficiency of the optimal ORCs for low temperatures.
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Figure 5: LCOE for air-cooled ORCs (a) and water-cooled ORCs (b) as a function of the heat-
source-inlet temperature and the cost of the wells. The hatched area shows the region where the
LCOE is lower than the assumed current electricity price of 50 AC/MWhe.

Figure 5b shows the LCOE for water-cooled ORCs. Comparison with Figure 5a shows that the LCOE for
water-cooled ORCs is lower than the one for air-cooled ORCs, for the same heat-source-inlet temperature
and cost of the wells. So, for the chosen reference parameters, it is better to select water cooling than air
cooling.

4.3 Net power output and cost ORC
Figures 6a and 6b give contour lines of the net power output of air and water-cooled ORCs, respectively,
as a function of the heat-source-inlet temperature and the cost of the wells. The net power output in-
creases with increasing temperature and with increasing cost of the wells. The former evolution is the
consequence of the increasing cycle efficiency with increasing temperature (Carnot). The latter evolution
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Figure 6: Net power output for air-cooled ORCs (a) and water-cooled ORCs (b) as a function of
the heat-source-inlet temperature and the cost of the wells.

is harder to explain. When the cost of the wellsCdrilling increases, the numerator in equation (1) increases.
For an unchanged plant configuration, the LCOE would increase too. The only way to counteract this
increase, is by trying to improve the net electric power of the cycle (denominator in equation (1)). This
increase of the cycle efficiency can typically be done by decreasing the pinch-point-temperature differ-
ences and decreasing the condenser temperature. The consequence of these adaptations is of course that
the cost of the ORC CORC will increase too. For higher well costs, a new optimum is found: the ORC
generates more electric power, but also costs more.

Table 2 gives some results of the optimal configurations obtained for air-cooled ORCs at a wellhead tem-
perature of 125○C and for different well costs. From this data, it is clearly seen that the cycle efficiency
increases from 7 to almost 10% when the well costs increase from 0 to 50 MAC. This is a consequence of
the decreasing pinch-point-temperature difference (8 to 4○C) and the decreasing condenser temperature
(42 to 28○C).

Well cost (MAC) 0 10 30 50
Energetic cycle efficiency (%) 7.3 8.4 9.4 9.6
Pinch-point-temperature-difference in evaporator (○) 7.6 4.7 3.8 3.7
Condenser temperature (○) 41.7 34.4 28.7 27.7
Net electric power output (MWe) 3.1 4.6 5.7 5.9
Brine-outlet temperature (○C) 73.3 57.3 49.8 48.9
Exergetic plant efficiency (%) 20.6 31.1 38.4 39.5
Cost ORC (MAC) 10.2 17.0 26.0 28.2
Specific cost ORC (AC/kWe) 3326 3668 4539 4773
Total project cost (MAC) 10.2 27.0 66.0 78.2
Specific cost total project (AC/kWe) 3326 5820 11 521 13 243
Cost ORC/total project cost (%) 100.0 63.0 39.4 36.0
LCOE (AC/MWhe) 32.2 56.4 94.4 128.3

Table 2: Data of the optimal configurations obtained at different well costs at a temperature of
125○C for ORCs with an ACC.
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The relative increase of the net electric power output is larger than the relative increase of the cycle
efficiency, because the brine-outlet temperature decreases too with increasing well costs. This is again a
consequence of decreasing pinch-point-temperature differences and decreasing condenser temperature,
but also because of a decrease in the turbine-inlet temperature.

The consequence of the decreasing pinches and condenser temperature and the increased heat input to
the cycle is that the heat exchangers become larger and more expensive. The cost of the ORC increases
from 10 to 28 MAC for well costs ranging from 0 to 50 MAC, or an increasing cost of the ORC with almost
200%. At the other hand does the specific cost of the ORC ''only'' increase with 44%.

At the other hand, does the fraction of the cost of the ORC to the total cost of the plant decrease strongly
(100-36%) for the investigated increase in the well costs, which is in fact the main reason why the a
more efficient and expensive ORC is optimal for higher well costs. As shown by the values of the
LCOE in table 2, is the increase in the LCOE also very high due too this increase of the well costs. The
increased net electric power output does not manage to compensate for this increased cost to keep the
LCOE constant (equation (1)).

Going back to figure 6, it is seen that water-cooled ORCs generate more net electricity than air-cooled
ORCs, but the difference is not high enough to explain the large difference in LCOE (Figure 5). This
is explained by the difference in cost between the two. Figures 7a and 7b show the contour plot of the
costs of the ORC. The difference is cost is a factor of two or more, in favor of the water-cooled ORCs.
This is due to the very large cost of an ACC in comparison with a WCT.
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Figure 7: Cost of air-cooled ORCs (a) and water-cooled ORCs (b) as a function of the heat-source-
inlet temperature and the cost of the wells.

The optimal ORC becomes more expensive with increasing cost of the wells, as explained above, and
with increasing heat-source-inlet temperature. The latter evolution is due to the increased net power
output (bigger turbine) and more heat flow (larger heat exchangers, etc.).
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5. CONCLUSIONS

The influence of the cost of the wells and the heat-source-inlet temperature on the LCOE, the net power
output and the cost of geothermal ORCs is investigated in this paper by performing an economic system
optimization. The configuration of the components and the configuration of the cycle are optimized
together to obtain the minimum LCOE.

Contour plots of the LCOE are given as a function of the heat-source-inlet temperature and the cost of
the wells. With these plots, a first estimate can be made of the electricity price needed for a specific
project to become economically profitable.

It is shown that the LCOE of water-cooled ORCs is lower than the one of air-cooled ORCs for the
investigated parameters. This is mainly caused by the much higher cost of an ACC in comparison with
a WCT, and to a lesser extent by the higher net power output of the water-cooled ORC.

NOMENCLATURE

ACC Air-cooled condenser
C Cost (AC)
do Diameter of a tube (m)
DS Diameter of the shell (m)
H Fin height (m)
Hi Inlet height (m)
Hfi Hight fill (m)
Hsp Height spray zone (m)
Lb Baffle spacing (m)
Lt Length of the tubes (m)
LCOE Levelized Cost of Electricity (AC/MWhe)
N Full-load hours per year (-)
pt Pitch between tubes (m)
S Fin pitch (m)
WCT Wet cooling tower
Wl Tubes' large width (m)
Ẇnet Net electric power output (MWe)
WS Tubes' small width (m)
Wt Tower width (m)

Subscript
EPC Engineering, procurement & construction
O&M Operations and maintenance
ORC Organic Rankine cycle
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ABSTRACT 
 
The potential of organic Rankine cycle (ORC) systems is acknowledged by both the considerable 
amount of ongoing research efforts and the increased occurrence of its applications in practice. A 
large share of research in this field strives to improve ORC systems by analyzing the performance of 
various cycle architectures and numerous working fluids. These technical feasibility and optimization 
studies are at the core of ORC development. Yet, when it comes down to considering practical 
instalments the economic feasibility of the project is often decisive. Complementary to research 
efforts on these technical issues this paper approaches the matter from an economic point of view. The 
costs-dimension of ORC systems is discussed from various perspectives. First of all, this paper 
provides a brief review of literature knowledge on ORC investment costs. Technical publications on 
ORC development increasingly include estimates of the costs associated with the system design, but 
knowledge on actual ORC module and project costs remains scarce. Secondly, this paper takes a 
closer investigation into the methods used to estimate ORC project costs from the bottom up and the 
expected accuracies associated with these estimates. Finally, these insights are used to estimate the 
costs of a known ORC system applied for waste heat recovery. The comparison of the estimated and 
the actual specific investment costs confirms the existence of a wide accuracy range. The purchased 
equipment costs obtained with the bottom-up estimate diverge from the actual costs by almost 44% 
and the deviation leads to differing interpretations on the share of equipment items in the total 
purchased equipment costs. The results of this analysis are not generalizable since only one real-life 
study is used for comparison. The main conclusion of the paper is to be cautious when interpreting 
estimated ORC plant costs.  
 

1. INTRODUCTION 
 
The interest for organic Rankine cycle (ORC) systems is growing increasingly. The concept of using 
an organic fluid instead of water dates back from right after the invention of the Rankine cycle in 
1859, yet it was not until the 1960s and 1970s that ORC technology got more prominent research 
attention. By today, ORC systems constitute a flourishing research field and its practical possibilities 
have been proven. The reasons for this success are manifold. Rankine cycles operate with organic 
fluids, which allows conversion of energy sources in much lower temperature ranges than suitable for 
conventional steam cycles. ORCs can generate electricity from energy sources such as geothermal 
wells, biomass, solar and oceanic sources and industrial waste heat. Hence, ORC systems have 
potential to generate electricity from renewable energy sources as well as to enhance industrial energy 
efficiency. Both are essential in the transition of energy sectors to more streamlined, efficient, secure 
and climate-friendly systems. Research on ORC systems is very technical in nature and includes i.a. 
architecture design and optimization (e.g. Chen, Goswami, and Stefanakos (2010); Lecompte, 
Huisseune, van den Broek, Vanslambrouck, and De Paepe (2015)), the quest for suitable working 
fluids (e.g. Hung (2001); Lakew and Bolland (2010)) and the design of new expander types (e.g. 
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Declaye, Quoilin, Guillaume, and Lemort (2013)). Technical invention and optimization are a 
necessary first step in the technological innovation process. The subsequent steps are innovation 
(where the product goes from lab tests to real applications) and diffusion (gradual adoption by firms). 
The final degree of utilization may impact energy demand. Innovation processes typically follow an s-
shaped figure: adoption occurs gradually in the beginning, then with increasing rapidity until the point 
of saturation. However, there is no guarantee for an invention to go through the entire innovation 
process and yield market success, even while interesting. For instance, the rate of technological 
invention and innovation of energy-efficient technologies is found to correlate with energy price 
increases. The gradual character of the diffusion process stems from the heterogeneity of (potential) 
adopters, which have a differing expected return. Those firms expecting the investment to be 
profitable will adopt first. Over time, more firms will adopt due to technology cost reduction, quality 
improvements and improved information availability. The adoption of energy-efficient technologies is 
likewise encouraged by higher energy prices, but decreased by adoption costs. Finally, energy-
efficient technology adoption is found to be sensitive to the cost of equipment more than to the 
expected energy costs. (Jaffe, Newell, & Stavins, 2004) Seeing the importance of the economic 
perspective in technology development and diffusion, the aim of this paper is to complement the large 
body of literature on technical aspects with an economic viewpoint on ORC installations. A literature 
review gives insight in current knowledge on the investment costs of ORC systems (section 2). 
Section 3 elaborates on bottom-up cost estimation techniques and accuracies. In section 4 the 
investment costs of an actual ORC project are compared to those obtained from a bottom-up estimate. 
A final chapter discusses the results and conclusions.   
 

2. ORC COSTS: A LITERATURE REVIEW 
 
The body of literature on ORC systems and applications is extensive. The importance of the economic 
perspective is recognized and increasingly taken along in the engineering studies. At the basis of the 
economic analysis are the capital costs, particularly important for ORC projects since the annual costs 
are fairly low. Figure 1 displays the specific investment costs (SIC) estimated for various types of 
ORC input sources: solar, waste heat recovery (WHR), biomass and geothermal. The references are 
not included in the figure for clarity, but are included in the reference list. The values in the graph 
stem from literature and have been adjusted to 2013 Euros to allow for comparison. Geothermal ORC 
systems are most reported in the larger power output ranges. Figure 2 displays the same values but 
without the geothermal systems to provide a better view on the other costs. Similarly, Figure 3 limits 
the graph to smaller size (< 1.2 MW) ORC units. Solar ORC systems appear to be more costly, but 
most of the other costs are within the 2000 to 4000 €/kW range. Figure 1 suggests lower SIC values 
for higher power output systems, but additional references would be needed for a more detailed 
analysis.  
 

 
Figure 1: ORC costs in literature 

0
2000
4000
6000
8000

10000
12000
14000
16000

0 10000 20000 30000 40000 50000 60000

SI
C 

[€
/k

W
] 

Power [kW] 

Solar - Installed costs

Solar - Module costs

WHR - Installed costs

WHR - Module costs

Biomass - Installed costs

Geothermal - Installed

182



 
Paper ID: 137, Page 3 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

 
Figure 2: ORC costs in literature - without geothermal references 

 
Figure 3: ORC costs in literature – small to medium sized 

Not all references reporting ORC costs can be included in such summary graphs, e.g. because only 
SIC values are given and not the power output. For instance, Quoilin et al. (2011) perform a thermo-
economic optimization of ORCs for waste heat recovery. They obtain SIC values between 2136 €/kW 
and 4260 €/kW, depending on the fluid operated, for small scale (< 5 Wnet) systems. An important 
conclusion from their work is that the operating point yielding maximum power does not coincide 
with that of minimal SIC. Similarly, Imran et al. (2014) utilize thermo-economic optimization to 
compare cycle setups. The SIC values are in the range of 3274 to 4155 €/kW for the basic ORC, 3453 
to 4571 €/kW for the single stage regenerative ORC and 3739-4960 €/kW for the double stage 
regenerative ORC, depending on the working fluid operated. Unfortunately no indication was given 
on the power range. Walraven, Laenen, and D'Haeseleer (2015) investigate air-cooled geothermal 
ORC systems. No exact specific investment costs numbers are presented, but the impact of various 
factors, such as brine inlet and outlet temperatures, pressure levels, electricity prices, discount rates 
and electricity price evolutions, on the economics of the ORC project are demonstrated. Other studies 
are not included here because the economic values are expressed in €/kWh rather that €/kW, such as 
in Meinel, Wieland, and Spliethoff (2014) who perform a considerate comparison of architecture 
designs at various sizes. The results were calculated for heat sources of 0.5 MWth, 1 MWth and 5 
MWth.  
 
The references in Figure 1 all concern estimates of ORC costs rather than reporting of real ORC costs. 
Real ORC costs are provided by e.g. Leslie et al. (2009) who report the findings of a 5.5 MW ORC 
system applied for heat recovery from a gas turbine driving a natural gas pipeline compressor. The 
system was monitored extensively for one year, the capital costs of the system constitute 
approximately 2500 €/kW. Prices for biomass fuelled ORC systems are published in the range of 
4500 €/kW for a 1803 kW system to 10,200 €/kW for a 345 kW system in 2009 (Duvia, Guercio, & 
Rossi di Schio, 2009).  
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3. COST ESTIMATION FOR ORC PLANTS 
 
The up-front estimation of the costs of a new plant is a challenging task. Capital costs, or capital 
investment, refer to the one-time costs occurring at the beginning of the project. These total 
investment costs include the costs directly associated with the system (equipment, materials, labor etc. 
required for the equipment and the installation thereof), indirect costs (engineering, construction costs 
and contingencies) and other outlays (such as startup costs, working capital, etc.) (Bejan, Tsatsaronis, 
& Moran, 1996). The estimate of plant capital costs is a practice iterating as the design evolves to 
increased detail. Plant estimates are classified according to their level of detail and thus their accuracy 
(Table 1). The accuracy ranges indicate variations regarding technological complexity of the project, 
suitable reference information, and an appropriate determination of project contingencies (AACE 
International, 2005). The ranges represented in Table 1 are applicable for process industry projects 
(AACE International, 2005). Underestimation of capital costs occurs mainly due to incomplete listing 
of all the equipment needed in the process (Turton, Bailie, Whiting, Shaeiwitz, & Bhattacharyya, 
2013, p. 160). An increasing level of detail implies a smaller accuracy range, but similarly an 
increasing amount of effort and labor hours to make the estimate. Estimates performed in research are 
generally order-of-magnitude, study and preliminary design estimates.  
 

Table 1: Classification of capital cost estimates (AACE International, 2005; Turton et al., 2013). 

Class Type of estimate Description Accuracy ranges 
5 Order-of-magnitude 

estimate  
(also Ratio / Feasibility)   

Based on limited information.  
Concept screening.   

Low: -20% to -50% 
High: +30% to 
+100% 

4 Study estimate  
(also Major Equipment / 
Factored)  

List of major equipment.  
Project screening, feasibility 
assessment, concept evaluation, and 
preliminary budget approval.  

Low: -15% to -30% 
High: +20% to +50% 

3 Preliminary Design 
estimate  
(also Scope)  

More detailed sizing of equipment. 
Budget authorization, appropriation, 
and/or funding.   

Low: -10% to -20% 
High: +10% to +30% 

2 Definitive estimate  
(also Project Control)   

Preliminary specification of all the 
equipment, utilities, instrumentation, 
electrical and off-sites.  
Control or Bid/Tender.   

Low: -5% to -15% 
High: +5% to +20% 

1 Detailed estimate 
(also Firm / Contractor’s) 

Complete engineering of process and 
related off-sites and utilities required.  
Check Estimate or Bid/Tender.   

Low: -3% to -10% 
High: +3% to +15% 

 
The equipment needed for construction of the plant is at the core of most cost estimates. The best 
approach for the purchase cost of a piece of equipment is a current vendor’s price quote. Data from 
previously bought but similar equipment is next best. (Turton et al., 2013) When the costs of a 
component are known but its capacity differs from that of the to-be-estimated component, the costs 
can be roughly estimated using the correlation 
 
𝑐𝑎
𝑐𝑏

=  (𝐴𝑎
𝐴𝑏

)
𝑛

 (1) 
 

where 𝑐 and 𝐴 respectively represent the purchase costs and the equipment cost attribute of the 
required component (𝑐𝑎 and 𝐴𝑎) and the known component (𝑐𝑏 and 𝐴𝑏) and 𝑛 is the exponent used to 
correlate the costs. This exponent 𝑛 differs per type of equipment, but it is often close to 0.6 for the 
chemical industry and therefore sometimes referred to as the six-tenths rule. This extrapolation 
method provides only rough approximations of the actual costs. In case no purchased equipment costs 
are known, but technical details are available, the costs can be estimated using equipment cost 
correlations. Guidance, exponents and correlations for various types of process equipment are 
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provided by i.a. Bejan et al. (1996), Couper, Penney, Fair, and Walas (2012), Smith (2005), Towler 
and Sinnot (2008), Turton et al. (2013). 
 
The total capital investment of a project can be estimated using various techniques. A simple method 
is to use a capacity exponent ratio, similarly as previously described for equipment costs estimates. 
The costs of a planned plant are estimated using the known costs of a similar previously constructed 
plant. The accuracy of this method is rather low. It should be used for order-of-magnitude or study 
estimates only. (Peters, Timmerhaus, & West, 2004) Step Count methods take a different approach 
and utilize the number of functional units or plant sections as a basis to estimate total investment 
costs. This method is designed for use in the chemical process industry and not so suitable for usage 
in other manufacturing fields. The accuracy would be in the range of order-of-magnitude estimates. 
(Towler & Sinnot, 2008) Thirdly, factorial estimation techniques are based on the costs of the major 
purchased equipment items and apply multiplication factors to obtain the total capital investment. The 
Lang Factor method is probably the first factorial method. Lang suggested to multiply the total 
delivered costs of the major equipment parts with a factor that differs according to the type of process. 
The factors are available for solid, fluid and mixed fluid-solid processing chemical plants. (Towler & 
Sinnot, 2008) The Lang Factor technique utilizes only one multiplication factor and is therefore 
expected to yield lower accuracies, it is suggested to use for order-of-magnitude estimates (Peters et 
al., 2004, p. 252). The Lang Factor method has been adapted numerous times since then. For instance, 
Hand suggested to utilize multiplication factors for the equipment types instead of the plant type. 
(Towler & Sinnot, 2008) The utilization of multiple factors implies more detail, but this method 
would probably still not provide very good accuracies. The detail of the estimate can be improved 
further using cost factors for different items related to direct costs (erection of equipment, piping, 
electrical, instrumentation and control, buildings and structures, ancillary buildings, storage, utilities, 
site preparation). Dividing the process into subunits and applying factors per subunit function 
improves the estimate’s accuracy and reliability. (Towler & Sinnot, 2008) An even more detailed 
estimate is suggested by Guthrie and accounts the installation, piping and instrumentation costs of 
each equipment item individually. Inclusion of a factor for the equipment materials used would 
improve accuracy even more. (Towler & Sinnot, 2008) Still, these estimates would remain within the 
accuracy of preliminary estimates. Another, somewhat different, factorial method calculates the direct 
fixed costs and total investment costs as percentages of the delivered-equipment costs. The factors 
used depend i.a. on the process type, design complexity, location, experience. This percentage of 
delivered-equipment method is suitable for study and preliminary estimates. (Peters et al., 2004) 
When the goal is to achieve more detailed estimates than the ones formerly described, this requires 
more detailed information and engineering effort. For instance, the unit cost method is used for 
preliminary and definitive estimates. The method requires accurate information on costs from 
previous projects, detailed estimates of equipment prices, installation labor, instrumentation, electrical 
and other miscellaneous items. Also engineering hours, drawing efforts, construction, contractor’s fee 
and contingencies are included. This can yield relatively accurate results but requires sufficiently 
detailed information and engineering time. (Peters et al., 2004) Detailed item estimates, with high 
accuracies, generally concern advanced project plans. At this stage most details of the project are 
known, the drawings are finished and the estimates are based preferably on delivered quotations. For 
most research and development projects, both definitive and detailed cost estimates would range 
beyond the scope of the project and the information available. Preliminary estimates are feasible, but 
the accuracy of the results relies strongly on the quality of the information (i.a. factors) used.  
 
Finally, the costs of materials and labor are subject to inflation which implies cost figures from 
different years are not directly comparable. The most straightforward manner to update historical data 
is by means of composite cost indices, using equation  
 
𝑐𝑗 = 𝑐𝑖 ∗ (𝐼𝑗

𝐼𝑖
) (2) 

 
where 𝑐𝑗 and 𝑐𝑖 refer to the costs in year 𝑗 and 𝑖 respectively, and 𝐼𝑗 and 𝐼𝑖 are the cost indices for the 
respective years. These composite indices are a weighted average index of various components costs 
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commonly used in a particular industry. Updating cost data using cost indices is acceptable for only 
shorter periods of time, some say four to five years (Jelen & Black, 1983, p. 339). The accuracy of the 
results decreases when longer time periods are used.  
 

4. A NUMERICAL EXAMPLE 
 
To demonstrate the precarious exercise of bottom-up cost estimation for ORC-plants, this paper 
compares the costs of an actual case study with the costs obtained from a rough bottom-up estimate. 
The case study concerns a waste heat recovery ORC installation. The heat source is a low-medium 
temperature (range 150 – 250°C) flue gas stream from an industrial plant. The ORC system was 
integrated into the plant using an intermediate thermal oil circuit including a flue gas heat exchanger. 
The ORC itself has a gross power output of 375 kW and is composed of a centrifugal pump, a one-
step radial expander and a generator. The evaporator is a plate heat exchanger and condensation 
occurs air-cooled. The project has a SIC of 4216 €/kWgross, including installation (in 2013). The 
partitioning of the costs for this project (Figure 4) demonstrates a major share stems from the ORC 
unit itself, including pump, expander and generator. The intermediate thermal oil circuit represents 
about 11% of total investment costs.  

 
Figure 4: Diagram of the real ORC project costs 

Knowing most technical details of the real plant, a rough bottom-up cost estimation was performed 
using the module costing technique. The module costing technique is a commonly used factorial cost 
estimation method based on the approach of Guthrie. (Turton et al., 2013). This technique is suitable 
for preliminary estimates in the range of -20% to +30% accuracy. The costs of the major purchased 
equipment parts are estimated using available correlations. These base costs are multiplied with the 
bare module cost factor, that accounts for operating pressures and specific materials of construction, 
as well as direct and indirect project expenses. This yields the bare module costs. To obtain the total 
module costs, estimated for integration of the plant into an existing facility, the bare module costs are 
adapted with another multiplication factor. (Turton et al., 2013) All estimates are converted to 2013 
Euros to allow for comparison with the real system. The cost correlations published in Turton et al. 
(2013) are utilized to estimate most purchased equipment costs, the correlation by Smith (2005) for 
estimation of the fan costs and the generator costs stem from the correlation given by Toffolo, 
Lazzaretto, Manente, and Paci (2014). The results obtained from Turton et al. (2013) are in USD2001, 
they are converted to EUR using a 1.1162 exchange rate (average 2001) and updated to 2013 using 
the Chemical Engineering Plant Cost Index (CEPCI), with CEPCI2001 and CEPCI2013 values of 397 
and 587.3 respectively. Results obtained from Smith (2005) are converted from USDJan,2000 to EUR2013 
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using an exchange rate of 0.9857 (average Jan 2000) and CEPCI2000 equal to 394.1. The correlation 
from Toffolo et al. (2014) was first published in 1993, so a CEPCI1993 of 359.2 was used.  
 
In case only the essential ORC components are considered, and the thermal oil circuit is not accounted 
for, the estimate yields a result of 1843 €/kW for the purchased equipment costs. In the module 
costing technique, the purchased equipment costs are used to estimate the total plant costs. An 
intermediate step is the calculation of the bare module costs. These costs include the direct 
(equipment, installation materials and labor) and indirect (freight, insurance, taxes, overhead and 
engineering expenses) costs associated with the project. Accounting for these expenses additional to 
the purchased equipment costs yields a bare module cost of 4390 €/kW. Finally, the total module 
costs include also contingencies and contractor fees and auxiliary facilities and are estimated at 5180 
€/kW. Note that these estimated costs do not yet include the costs of the thermal oil circuit. Simply 
adding the costs of the thermal oil system (real costs, not estimated) gives a total module cost of 5642 
€/kW. The costs of the thermal oil system are taken as such and not manipulated with bare module or 
total module factors. Manipulation of the costs for the thermal oil system with a bare module factor of 
1.5 and a 1.18 multiplication factor to obtain the total module costs would give a SIC of 5997 €/kW. 
The bare module factor given for this latter estimate was not given by any reference but expected in 
line with other bare module factors, a 1.5 factor seems not unreasonable knowing the amount of 
piping involved with the installation of the system.  
 
Figure 5 displays the real (a) and the estimated (b) purchased equipment costs of the components of 
the ORC system, excluding installation and thermal oil circuit. The partitioning of purchased 
equipment costs differs strongly from that of the actual costs. Whereas the evaporators constitute only 
10% of purchased equipment costs in reality, the cost estimation leads to a 45% share. The ORC 
module (expander, generator and pump) represents 69% of actual purchased equipment costs but is 
estimated at 47%.  

 
Figure 5: Real (a) and estimated (b) purchased equipment costs 

The estimated PEC of 1843 €/kW is significantly lower than the actual PEC of 3280 €/kW (-44 %). If 
the total module costs are estimated, including the thermal oil circuit but with no adaption of the real 
costs of the thermal oil system, the obtained costs (5642 €/kW) are 34% higher than the actual total 
project costs (4216 €/kW). If the thermal oil circuit is included and adapted with bare and total 
module factors, the estimated cost (5997 €/kW) is even higher and deviates more from the actual 
costs.  
 

5. DISCUSSION AND CONCLUSIONS 
 
The aim of this paper is to give insight into ORC systems from an economic point of view. Technical 
invention and innovation are key for evolution to more streamlined and renewables-based energy 
sectors, but the adoption and diffusion processes of innovative technologies are strongly influenced by 
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economic factors. There is still not much published information about the actual costs of ORC 
systems. A brief review of literature knowledge on the investment costs of ORC modules and ORC 
projects reveals most are in the 2000 – 4000 €/kW range. Geothermal projects tend to be larger with 
lower SIC values, solar projects are mostly small and can have very high specific investment costs. 
An increasing number of references utilize thermo-economic and techno-economic optimization 
techniques and apply bottom-up estimation techniques to estimate the costs of ORC modules or 
projects. Component cost estimates can simply be made using scale exponent methods, more detailed 
estimates use factorial estimation techniques. In any bottom-up estimate it is important to consider the 
expected accuracy range. Simpler methods require less effort but yield lower accuracy. High 
accuracies are possible making definitive and detailed estimates, but these require a level of plant 
detail which is commonly not achieved in research estimates. The precariousness of using factorial 
techniques to approach real plant costs is demonstrated and confirmed for an existing ORC applied for 
waste heat recovery. The estimated specific purchased equipment costs deviate from the actual project 
costs by almost 44%. The purchased equipment costs distribution differs largely between the actual 
and the estimated costs of the components. There are many potential reasons for this deviation. First 
of all, factorial estimation methods are suitable for preliminary estimates. A deviation of -20% to 
+30% is therefore not uncommon. The accuracy of factorial estimation methods depends strongly on 
the quality of the information that was used to establish the multiplication factors. Additional 
inaccuracies and uncertainties may stem from treatment of costs over time periods. Extrapolation of 
costs over large periods of time decreases the accuracy of the results. Most of the open-source 
correlations available in text books are at least nine years old and thus provide less accurate results. 
Additionally, some of these references refer back to original factors and correlations published in by 
Guthrie in 1969 or 1974 and updated with few recent data points or using cost indices. This makes 
these correlations less reliable. Finally, also the choice of indicator for cost escalation and local 
conditions may have an influence and create additional deviations. This implies that results in such 
settings should not be interpreted as final, but rather as giving an idea on the expected range of 
investment costs. This type of estimate can be useful to mutually compare various system designs, 
where the proportional comparison is more important than the exact outcomes. Finally, it is important 
to take the difference between costs and prices into consideration in this type of studies. Costs reflect 
the amount that is required to produce a certain item, the price is the amount you pay to purchase it. 
The costs associated with producing an ORC system will thus differ from the price paid to acquire 
that system. Many correlations used to estimate costs are obtained using vendor prices. In case the 
ORC developer would purchase most equipment instead of developing it this is not a problem. For 
innovative system designs (e.g. expanders) this method would be less suitable. The main conclusion 
from this study is to be careful when interpreting results obtained from preliminary bottom-up cost 
estimates. This is also the case for the results obtained from the estimates in this study. The results 
confirm a wide accuracy range. Rather than being used as exact results, these estimates could give 
guidance when comparing several alternatives, estimated with the same method.  
 

NOMENCLATURE 
   
𝐴 equipment cost attribute 
𝑐 cost of component (€) 
CEPCI Chemical Engineering Plant Cost Index 
ORC organic Rankine cycle  
𝑛 exponent for cost correlation 
SIC specific investment costs (€/kW) 
WHR waste heat recovery  
 
Subscript 
𝑎 required component  
𝑏 known component 
𝑖 year i 
𝑗 year j 
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ABSTRACT 

Nowadays the scientific world community is strongly concerned about problems of efficiency 
increase and emissions reduction of Internal Combustion Piston Engines (ICPE). The equipment of 
ICPE with Waste Heat Recovery Systems (WHRS) is an effective solution for the aforementioned 
problems. This paper focuses on finding the maximum possible heat recovery from the available high 
and low temperature waste heat flows of a powerful ICPE to produce the maximum amount of 
additional power while decreasing the load on the engine’s cooling system. 
Having considered and analyzed existing works devoted to the development of WHRS the most 
effective ideas were combined to design several thermodynamic cycles for new WHRS of a powerful 
piston engine (here a G3612 CAT gas petroleum engine is considered). The proposed WHRS is based 
on a Supercritical Organic Rankine Cycle (SORC) using R245fa as the working fluid where heat is 
extracted from the waste heat sources by a refrigerant at different pressure levels. Internal 
recuperation is used to further improve the cycle performances and increase the waste heat recovery. 
The thermodynamic analysis of the new WHRS showed that up to 19.73% of power boost for the 
internal combustion engine can be achieved without burning additional fuel which represents 
significant gains in terms of specific power. 
In order to quantify the estimation of the performances for proposed cycles the design of a traditional, 
high efficiency, a WHRS based on double pressure water steam cycle for the same engine's conditions 
was performed. This comparison of performances between the steam cycle and the SORC R245fa 
cycles confirmed a high potential for the designed cycles. 

1. INTRODUCTION

Internal combustion piston engines are among the largest consumers of liquid and gaseous fossil fuels 
all over the world. Despite the introduction of new technologies and constant improving of engines 
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performances they still are relatively wasteful. Indeed, the efficiency of modern engines rarely 
exceeds 40-45% (Seher et al. (2012), Guopeng et al. (2013)) and the remainder of the fuel energy 
usually dissipates into the environment in the form of waste heat. The heat balance diagram of typical 
engine is given in Figure 1. As is evident from Figure 1, besides the mechanical work energy the heat 
balance includes a heat of exhaust gas, a heat of charge air, a Jacket Water (JW) heat, a heat of 
lubricating oil and a radiation heat. The energy from all the heat sources except the last one 
(radiation), due to its ultra-low waste heat recovery potential, can be used as heat sources for WHRS 
(Paanu et al. (2012)) and are considered here. 

Figure 1: Typical heat balance diagram for CAT engine (Caterpillar (2011)) 

Waste heat utilization is a very current task because it allows to reduce the harmful influence of ICPE 
operation on the environment as well as to obtain additional energy and to reduce the load on the 
engine’s cooling system. Different WHRS can produce heat energy, mechanical energy or electricity 
and combinations of the converted energy forms exist as well. In general, the type of WHRS to be 
used is determined by the engine type, fuel cost, available energy customers and other factors. In the 
present paper only WHRS for mechanical power and electricity production were considered because 
these kinds of energy are preferable for this type of applications and they can be easily converted into 
other forms of energy. 
For vehicle engines the WHRS based on Organic Rankine Cycle (ORC) are the most commercially 
developed (Paanu et al. (2012)). Because of strict restrictions on weight and dimensions, the 
mentioned systems typically operate on the base of a simple or recuperated ORC and utilize only high 
temperature waste heat from the exhaust gases and the exhaust gas recirculation. They usually 
produce mechanical power or electricity. More complex cycles and a larger number of heat sources 
are used for waste heat recovery from powerful internal combustion engines where additional weight 
and dimensions are not crucial factors. Waste heat from stationary, marine and another more powerful 
ICPE can be recovered using a typical steam bottoming cycle. Steam WHRS allow utilizing almost all 
a high temperature waste heat and partially utilizing a low temperature heat. The high efficiency 
steam WHRS are presented in (MAN Diesel & Turbo (2012), Petrov (2006)), they provide up to 
14.5% of power boost for the engine. 
From the existing works devoted to waste heat recovery range of problems the following methods of 
efficiency increase can be highlighted: 

 Addition of the internal heat recuperation to a WHR cycle;
 Appropriate working fluid selection;
 Increment of initial parameters of bottoming cycle up to supercritical values;
 Maximize waste heat utilization due to the usage of low temperature heat sources;
 Bottoming cycle complexification or usage of several bottoming cycles with different fluids

(Maogang (2011)).
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This paper focuses on the development of new WHRS as an alternative to high efficiency steam 
bottoming cycles by accounting for the latest progress in the field of waste heat recovery. The 
application range of the proposed system extends to powerful and super powerful ICPEs. 

2. DEVELOPMENT OF NEW WHRS

The goal of the present work is the development of a new, high efficiency WHRS for powerful and 
super powerful ICPEs based on ORC principles. To solve the assigned task, a thorough study of the 
currently existing works was performed and the best ideas were combined. The principles of the 
maximum waste heat utilization, maximum possible initial cycle parameters, recuperation usage and 
single working fluid were assumed as a basis for the new WHRS design. 
It is well known that the fluid saturation temperature depends on the pressure and the higher the 
pressure level the higher the saturation temperature. This why the extraction of the waste heat from 
available sources by a refrigerant at different pressure levels is more effective to achieve a maximum 
waste heat utilization. The thermodynamic efficiency of a Rankine cycle mainly depends on its 
maximum cycle parameters (pressure and temperature) and minimum pressure. In the works (Jadhao 
and Thombare (2013), Braimakis et al. (2014)) is shown that ORC operation with a supercritical top 
pressure has a positive effect on cycle performances. The internal recuperation, in turn, increases 
WHRS efficiency due to returning part of the heat after the expander to the cycle. 
The process of design of recovery system for waste heat flows from the G3612 CAT gas petroleum 
piston engine is described hereafter. The process is divided into 4 steps and includes: working fluid 
selection, definition of main cycle parameters, cycle design and thermodynamic simulation, 
preliminary design of High Pressure and Low Pressure Turbines (HPT, LPT, respectively). The used 
engine’s data is given in Table 1 and the engine’s heat balance is shown in Figure 1. 

Table 1: Waste heat flows from G3612 CAT gas petroleum engine (Caterpillar (2011)) 

Energy Flow Value, kW Temperature 
Potential 

Recoverability 
by WHRS 

Total Input Heat From the Fuel 7192 High - 
Mechanical Work 2948.72 - - 
Heat Rejection to Exhaust (Recoverable Exhaust Heat 
at 120°C) 

2445.28 
(1644.62) High Yes 

Heat Rejection to the Aftercooler 647.28 Middle Yes 
Heat Rejection to the Jacket Water 575.36 Low Yes 
Heat Rejection to the Oil Cooler 359.6 Low Yes 
Heat Rejection to the Atmosphere 215.46 Lowest No 

2.1 Working Fluid Selection 
Unfortunately, a universal organic working fluid that can be used for a wide range of ORC does not 
seem to exist and the working fluid selection is one of the most important design steps. There are a lot 
of works devoted to the mentioned problem (Jadhao & Thombare (2013), Braimakis et al. (2014), 
DiCarlo & Wallace (2011), Jadhao & Thombare (2013), Nouman (2012)). As a rule, the working 
fluids are considered according to such criteria as thermodynamic properties, environmental impact, 
thermal stability and safety. Water, ethanol, R245fa and R134a are among the most popular organic 
working fluids at the moment. Besides, for a recuperated ORC it is recommended to use either an 
isentropic or a dry fluid. Here, the working fluid was selected according to its potential to remove heat 
from the selected sources, at different temperatures, in a pressure range from 1 to 45 bars.  
Maogang (2011) used in his work for this purpose the combined thermodynamic cycle. It consists of 
two cycles: an ORC is used to recover the waste heat of the lubricant and exhaust gas and a Kalina 
cycle for the recovery of the waste heat of the low-temperature cooling water. Of course, the 
combined WHRS is effective enough but the use of 2 working fluids essentially complicates the 
system. For these reasons the Kalina cycle is eliminated here in order to simplify the system. 
Based on aforementioned thoughts the R245fa (pentafluoropropane) was selected as the working 
fluid. Due to its low condensation temperature and relatively high decomposition temperature (higher 
than 250 °C (Honeywell (2014))) R245fa fits the basic criteria of this study. R245fa fluid properties 
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were calculated based on the NIST RefProp library (version 9.1). The fluid reference state 
corresponds to the International Institute of Refrigeration (IIR) convention. 

2.2 Main ORC Parameters 
The design parameters of the cycle components used in this study are presented in Table 2. The 
maximum cycle temperature was limited to 240 °C to avoid fluid decomposition. The maximal cycle 
pressure was set to 45 bars. The subsequent pressure increase does not lead to essential cycle 
performance increase but it leads to an increase of the WHRS production cost and complication of the 
HPT design. At the HPT inlet the R245fa is at a supercritical pressure which allows for an increase in 
the cycle efficiency. The comparison of performances between the SORC and subcritical ORC is 
given in (Jadhao and Thombare (2013), Braimakis et al. (2014)). For this case the condenser pressure 
was fixed to 1.3 bars to prevent air ingression into the closed cycle. 

Table 2: Design parameters of cycle components 
Parameter Units Value 

Efficiency of HPT and LPT - 0.8 
Efficiency of High and Low Pressure Pumps - 0.8 
Minimal Pinch Point for Heat Exchangers °C 10 
Hydraulic Losses in the Pipelines and Heat Exchangers - Ignored 

2.3 WHRS Cycle Design and Thermodynamic Simulation 
At the initial stage of the ORC design waste heat flows from the G3612 CAT engine (see Figure 1 and 
Table 1) were considered to provide optimal heat utilization with moderate system complexity. In 
Figure 2 the distribution of the waste heat flows according to their temperatures and the option of their 
utilization to generate superheated working fluid for ORC are shown. 

Figure 2: The distribution of heat flows according to their temperatures and the option of their utilization 
(where LP and HP – low pressure and high pressure; LT and HT – low temperature and high temperature; CAC 

– charge air cooler)

As is clear from Figure 2, the waste heat from the lubrication oil, the JW and the charge air has a 
lower temperature potential than the exhaust. It is then rational to use the heat from these sources to 
preheat the LP flow of R245fa to the necessary conditions. The heat exchangers which transfer heat 
from the oil and the JW to the low pressure flow of R245fa are connected in series according to their 
temperature ranges. The Charge Air Cooler (CAC) is divided into two temperature zones; The low 
temperature CAC (CAC LT heat exchanger in Figure 2) which operates in parallel with the JW and 
the oil coolers and the high temperature CAC (CAC HT) which is intended for the whole LP flow of 
R245fa superheat. The pressure of the LP R245fa loop was determined so that the temperature of the 
working fluid at high temperature CAC outlet is slightly higher than the saturation temperature at the 
given pressure. Due to the use of a dry working fluid the expansion process in the LPT will take place 
in the superheated region. In the designed ORC the low pressure loop operates under 7 bars of 
pressure. 
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The high pressure loop of the WHRS operates at a maximum pressure of 45 bars. The ORC working 
fluid is heated through two heat exchangers connected in series (internal recuperator and exhaust gas 
exchanger). The internal recuperator is used to return to the cycle the part of the heat rejected into 
condenser. The developed distribution of heat flows for this CAT engine allows utilizing the extra 
heat in the ORC cycle; almost all of the waste heat can be transferred to the WHRS, the CAC has 
minimum heat utilization (584.4 kW from the 647 kW available heat). Two alternative cycle concepts 
for this CAT engine were designed: with separate turbines and with a shared LPT. Both concepts were 
simulated with the use of the heat balance calculation tool AxCYCLETM (SoftInWay Inc. (2014)). 

2.3.1 Dual loop SORC concept with separate turbines 
The flow diagram of the dual loop SORC with the separate turbines is presented in Figure 3. The 
cycle consists of 6 heat exchangers, 2 turbines (HPT and LPT), 2 pumps (HPP and LPP) and the 
condenser. Both turbines operate with the same backpressure – 1.3 bars. The flows of R245fa are 
mixed at the condenser inlet and split at its outlet. The temperature – entropy diagram for the 
presented cycle is shown on Figure 4. The process 1-2-3-4-5-1 corresponds to the high pressure loop 
operation and the process 10-20-30-40-10 is for the low pressure loop operation. 

Figure 3: The flow diagram of the SORC with separate turbines 

Figure 4: The t-s diagram for the SORC with separate turbines 

2.3.2 Dual loop SORC concept with shared LPT 
The flow diagram of the dual loop SORC with shared LPT is presented on Figure 5. The considered 
cycle has the same set of components as the previous one. Unlike in the previous cycle, here the 
working fluid expands in the HPT up to the pressure of the LP loop (7 bars). After that the flows from 
the different loops mix and expand in the shared LPT. This means that the mass flow through the LPT 
is equal to the sum of the HP and LP flows. Flows are again split at the condenser outlet. 
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The temperature – entropy diagram for the cycle with the shared LPT is shown on Figure 6. In the 
process 1-2-3 the heat is transferred to the high pressure R245fa flow (45 bars), the process 3-4 is the 
expansion in the HPT, the process 10-20-30 corresponds to the heat addition to the low pressure flow 
(7 bars), at point 5 the flows from the different loops mix, between 5 and 6 – the expansion in the LPT 
occurs and for 6-7 happens a heat transfer in the internal recuperator. 

Figure 5: The flow diagram of the SORC with shared LPT 

Figure 6: The t-s diagram for the SORC with shared LPT 

2.3.3 Performance comparison 
In order to quantify the estimation of the performances for the proposed embodiments of the SORC 
the comparison of their performances with the integral parameters of WHRS based on the double 
pressure water steam cycle was performed. 
The bottoming steam cycle was designed according to materials from (MAN Diesel & Turbo (2012)) 
for the same CAT engine's conditions given in Table 1. The design parameters used for the steam 
cycle components are presented in Table 2. The maximum cycle temperature and pressure were 
limited to 258 °C and to 9 bars, respectively. The pressure at the HPT outlet was set to 3 bars and the 
condenser pressure was taken as 5.7 kPa. The steam cycle flow diagram and its process in the t – s 
coordinates are shown on Figure 7. As is evident from Figure 1Figure 7, the use of a steam WHRS 
allows covering only two sources of the engine's waste heat. This is connected to the thermodynamic 
properties of water. In this cycle a huge part of the heat is absorbed by the working fluid in the two-
phase region under pretty high temperatures (175.35 °C at pressure of 9 bars and 133.52 °C at 3 bars 
respectively) and the heat of most of the low-temperature sources remains unclaimed. The use of heat 
from the low temperature sources as well as the steam mass flow is limited by the high temperature 
source (by the exhaust gas temperature and mass flow). 
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On the t-s diagram (see Figure 7) between 1 and 2 the total water flow is preheated. After this the 
flows splits, in the process 2-3-4 the heat is transferred to the high pressure loop and the process 2-8 
corresponds to the heat addition to the low pressure flow. The processes 4-5 and 6-7 are for the 
expansion in the HPT and LPT, respectively. 

Figure 7: Flow diagram and process in t-s coordinates of the steam cycle 

Table 3: The main thermodynamic parameters and the calculated performances of considered cycles 

Parameter Unit 
Cycle Embodiments 

R245fa with 
Separate Turbines 

R245fa with 
Shared LPT Steam Cycle 

Total Mass Flow kg/s 12.53 11.77 0.63 
Pressure at HPT inlet bar 45.0 45.0 9.0 
Temperature at HPT inlet °C 240.0 240.0 258.0 
Pressure at HPT outlet bar 1.3 7.0 3.0 
Temperature at HPT outlet °C 150.0 185.3 158.8 
Pressure at LPT inlet bar 7.0 7.0 3.0 
Temperature at LPT inlet °C 77.7 126.0 160.0 
Pressure at LPT outlet (Condenser Pressure) bar 1.3 1.3 0.057 
Temperature at LPT outlet °C 39.0 89.8 35.2 
Saturation Temperature at Condenser Pressure °C 21.5 21.5 35.2 
Total Heat Transferred to Cycle kW 3162.46 3162.46 1750.96 
Net Power Production kW 575.824 531.102 395.728 
Power Boost for the CAT Engine % 19.53 18.01 13.42 
Total System Efficiency (ICE+WHRS) % 49.01 48.38 46.50 

The main thermodynamic parameters and the calculated performances of the aforementioned cycles 
are summarized in Table 3. It can be seen that the steam cycle has the lowest net power production of 
the three embodiments studied. This fact can be explained by the lowest total amount of waste heat 
transferred to the WHR cycle. At the same time this cycle has the largest thermal efficiency; it 
produces 395.728 kW from 1750.96 kW of transferred heat. However, for a WHRS cycle the Net 
Power Production (NPP) is more attractive since the waste heat is free. 
The SORC with separate turbines has a higher NPP due to its higher internal heat recuperation. In that 
cycle the working fluid temperature at the recuperator inlet (HPT outlet) is 150 °C versus 90 °C in the 
cycle with the shared LPT. It allows increasing the working fluid mass flow at the HPT inlet (6.02 vs. 
5.25 kg/s) which therefore leads to a rise in the mechanical power production. However, the operation 
of the turbine of the HP loop in the pressure range of the low pressure turbine (cycle concept with 
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separate turbines) is not a very rational solution. Despite the NPP, the cycle embodiment with the 
shared LPT is more preferable in the terms of HPT design, production costs and off-design operation. 
The results of the preliminary design of the HPT and LPT for the SORC with shared LPT are given 
below. 

2.4 Preliminary Design of High Pressure and Low Pressure Turbines 
In order to estimate performance and dimensions of these turbines, it was decided to perform a 
preliminary design for them using SoftInWay turbomachinery design/analysis tool AxSTREAM 
(Moroz et al. (2005) and (2006)). The boundary conditions for the turbines design are presented in 
Table 4. 

Table 4: Boundary conditions 
Parameter Unit HPT LPT 

Inlet total pressure bar 45.00 7.000 
Inlet total enthalpy kJ/kg 621.87 515.63 
Static pressure at outlet bar 7.000 1.300 
Mass flow rate kg/s 5.249 11.77 

Rough preliminary estimations showed that both turbines will be rather small in size. For example, the 
LPT turbine of axial type has 10 stages with a 1st stage nozzle height of about 2 cm and a constant hub 
diameter of 26 cm. The HPT turbine has up to 20 stages and even smaller blade heights and diameter. 
It is obvious that it is not reasonable to use axial turbines in these conditions. Taking into account the 
aforementioned preliminary results it was decided to select a radial turbine type for the further steps. 
Turbines evaluation was performed in two steps: 
1. Turbine design utilizing simplified 1D axisymmetric calculation models by automatic generation

of thousands of designs and selection of the best design.
2. Turbine analysis utilizing precise 2D axisymmetric models to get realistic turbine performance.
The Mitrohin-Stepanov loss model was utilized for impeller losses calculation. 
Thousands of turbine designs were automatically generated using AxSTREAM’s preliminary design 
tool. At this step an optimum rotational speed and diameter were selected. After this, 2D calculations 
were performed for both turbines to obtain their performance. A meridional view of the turbines with 
some performance data and density field are shown on Figure 8. It should be noted that the turbines 
picture on Figure 8 are presented using a different scale. Real dimensions can be seen on the vertical 
and horizontal rulers on the left and the bottom sides of the pictures, respectively. Three-dimensional 
views of the turbines are presented on Figure 9. Both turbines are of a non-nozzles design type (only 
impellers and volute). The required inlet angle on impeller blades is achieved by using a special 
volute design. All performance data and crucial dimensions are collected in Table 5. 

Figure 8: Turbines meridional view with density field 
(where, eff_ts – turbine internal total-to-static efficiency, eff_tt – turbine internal total-to-total efficiency, N – 

turbine power, Gout – turbine mass flow rate, Roh – density) 

HPT LPT 
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The HPT is about 4 times smaller than the LPT but its shaft rotational speed is about 5 times higher 
than for the LPT. The HTP gives 211 kW of mechanical power while the LPT turbine provides about 
395 kW. It should be noted that the obtained geometry and performance should not be considered as 
final. Final configurations might have slightly different performance and dimensions but the 
difference will not be significant. 

Figure 9: 3D view of the turbines 

Table 5: Performance data and crucial dimensions of the turbines 
Parameter Unit HPT LPT 

Internal total-to-static efficiency % 85.18 91.33 
Power kW 211.4 394.6 
Shaft rotational speed rpm 40000 7914 
Impeller diameter at inlet mm 106.1 459.2 
Mean impeller diameter at outlet mm 70.3 260.6 
Blade height at inlet mm 6.7 30.9 
Blade height at outlet mm 25.1 122.8 
Blade number 13 12 

As is evident from Table 5, the obtained turbines efficiency values exceed the previously assumed 
values (see Table 2). The thermodynamic simulation of the SORC with shared LPT while accounting 
for the new turbines efficiencies gave 581.86 kW of net power production and 19.73% of power boost 
for the CAT Engine. 

3. FUTURE WORK

The current paper represents a feasibility study and all the received results are not final. In the future, 
our works on the theme of WHR will be continued in the following directions: off-design WHRS 
simulation, control system design, estimation of cost and dimensions and more. 

4. CONCLUSIONS

 The proposed concepts of dual loop Supercritical Organic Rankine Cycles are a promising
technology for maximum waste heat utilization with moderate system complexity. The WHRS
designed on the basis of the proposed concepts for powerful and super powerful ICPEs can be
either adopted for electricity or mechanical power production.

 The simulation of the new WHRS in AxCYCLE showed that up to 19.73% of power boost for the
G3612 CAT gas petroleum engine can be achieved without burning additional fuel which
represents significant gains in terms of specific power.

 The comparison of performances between the traditional, high efficiency steam cycle and the
SORC R245fa cycles confirmed a high potential for the designed cycles. Both proposed cycles
embodiments have a higher net power production compared to the one for the steam cycle in net

HPT LPT 
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power production due to the deep utilization of the low temperature waste heat sources that is not 
possible using steam. 

 For one of the proposed ORC embodiments (the SORC with shared LPT) the evaluation of the
turbines size and performance prediction was performed. The designed turbines have high
efficiency levels with reasonable dimensions. The internal total-to-static efficiency of the HPT is
equal to 85.18 % while it is 91.33% for the LPT. The maximum impeller diameters are equal to
106.1 and 459.2 mm, respectively. The strength characteristics and manufacturability of the
designed turbines were not considered in the scope of the present study.
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ABSTRACT 

Transcritical Organic Rankine cycles (ORCs) are more attractive than subcritical ORCs in terms of 
their lower exergy losses, higher thermal efficiencies and higher work outputs. This study analyzed the 
influence of the thermophysical properties variations in the pseudocritical region on the transcritical 
ORCs performance. For various turbine inlet temperatures and vapor generation pressures, the operating 
parameters were optimized simultaneously considering the net work output, the thermal efficiency and 
the total vapor generator area. The results show that the total vapor generator area varied with the turbine 
inlet temperature along an N-shaped curve. For any heat source temperature, the suitable working fluid 
should have a pronounced N-shaped curve of the total vapor generator area to guarantee the existence 
of the optimal parameter region in which all three indicators are optimized. This provides a working 
fluid selection criterion for heat sources of different temperatures. The analysis simplifies the selections 
of the operating parameters and the working fluids. 

 
1. INTRODUCTION 

 
Organic Rankine Cycles and their many applications for heat recovery from medium and low 
temperature heat sources have been widely investigated. Much research interest has been focused on 
transcritical ORCs because of their high thermal efficiencies, exergy efficiencies and work outputs 
(Schuster et al., 2010, Karellas and Schuster, 2008, Saleh et al., 2007). 
Many studies have considered the working fluid selection and parameter optimization of transcritical 
ORCs. Maraver et al. (2014) provided a general overview of the working fluid selection and optimal 
design of ORC for different heat sources. They concluded that supercritical cycles are justified for lower 
critical temperature working fluids if there is no high pressure limitation. However the author did not 
take into account the working fluid’s heat transfer rates. Some researchers have used heat transfer 
models in heat exchanger area calculations to make economic analyses. Baik et al. (2011) compared the 
transcritical ORC performance of CO2 and R125 systems using a discretized heat exchanger model to 
show that R125 has the higher net power output. Li et al. (2014) performed thermo-economic analyses 
with CO2, R123, R600a, R245fa and R601. Zhang et al. (2011) compared the performance of subcritical 
and transcritical power cycles using optimized cycle parameters. R125 in a transcritical power cycle 
gave excellent economics and maximized the heat source utilization. Guo et al. (2014) investigated the 
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performance of subcritical and transcritical ORCs based on the pinch point locations in the evaporators. 
Their results showed that transcritical ORCs have better performance when heat source outlet 
temperatures are lower.  
Although much work has been done on optimizing the thermodynamics and economics of ORC cycles, 
there are few studies of the heat transfer characteristics or the influence of the thermophysical properties. 
The thermophysical properties in the supercritical pressure region undergo significant changes in the 
pseudocritical region (Pioro et al., 2011) as shown in Figure 1. These changes affect the working fluid 
temperature profile and the pinch point location which greatly influence the operating parameter 
selection and add new requirements to the heat exchanger designs (Karellas et al., 2012). Therefore, the 
thermophysical properties changes are the key issue for optimization and heat exchanger designs but 
there are few studies on this topic.  
The aims of this study are to investigate the influence of the significant thermophysical property changes 
in the pseudocritical region on the ORC performance to provide guidance for system designs. First, the 
turbine inlet temperature, T3, and the vapor generation pressure, Pvap, were optimized using the net work 
output Wnet and the thermal efficiency as the indicators. Then, the variations of the vapor generator 
surface area, Atotal, that are related to the changes in T3 and Pvap were analyzed based on the 
thermophysical property changes. An optimal region was discovered by considering all three indicators, 
Wnet, the thermal efficiency and Atotal. A working fluid selection criterion was then developed based on 
an analysis of the N-shaped curve for Atotal at various heat source temperatures.  
 

2. SYSTEM MODELING 
 

2.1 System Description 
The basic ORC cycle includes a turbine, condenser, pump and vapor generator. As shown in Figure 2, 
the working fluid is pressurized to supercritical pressures in the pump and heated by the heat source 
from point 2 to point 3. In the turbine, the working fluid expands to low pressure to produce work. 
Finally, the lower pressure vapor is condensed to liquid in the condenser. The working fluid R134a was 
used as an example. 
 

300 350 400 450
0

500

1000

1500

 

 

 

T(K)

 Density (kg/m3)
 Enthalpy (kJ/kg)
 c

p
 (kJ/kg-K)

 (mW/m-K)
 Viscosity (Pa-s)

R134a
P=4.8716 MPa
Tpc=383.6 K

200

300

400

500

600

0

2

4

6

8

20

40

60

80

0

50

100

150

200

pesudocrotical region

 

Figure 1: Thermophysical property variations in the pseudocritical region. 
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Figure 2: T-s diagram for a transcritical ORC system 

 
2.2 Vapor Generator Model  
The working fluid is heated in the vapor generator from liquid to vapor without phase change at 
supercritical pressures. Due to the significant changes in the thermophysical properties, the vapor 
generator was divided into n sections in a discretized model assuming equal enthalpy differences as 
shown in Figure 2. The vapor generator was divided into 100 sections, which has been shown to be 
reasonable in the literature (Karellas et al., 2012). Section 1 was at the heat source inlet and the working 
fluid outlet with section 100 as the heat source outlet and the working fluid inlet. 
The Nusselt number was calculated using the Jackson correlations (Jackson, 2002) for supercritical 
pressure fluids: 

 
0.3

p0.82 0.5 w
b b

b pb

0.0183Re Pr
n

c
Nu

c



  
        

                        (1) 

Exponent n is: 

0.4n  ,                        for Tb<Tw<Tpc and for 1.2Tpc<Tb<Tw; 

w

pc

0.4 0.2 1Tn
T
 

    
 

 ,             for Tb<Tpc<Tw; 

w b

pc pc

0.4 0.2 1 1 5 1T Tn
T T

    
                

 , for Tpc<Tb<1.2Tpc and Tb<Tw 

Where b refers to the bulk fluid temperature and w refers to the wall temperature and Tpc is the 

pseudocritical point temperature. The average specific heat of the working fluid was defined as: 
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The convective heat transfer coefficient in the working fluid was: 

 ORC
Nu

d
   (3) 

The mean overall heat transfer coefficient was: 
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HS was calculated using the Dittus Boelter correlation (Sharabi et al., 2008): 

 0.80.023Pr RenNu   (5) 
Where n=0.4 is for heating processes. 
The model assumed no heat losses with the logarithmic mean temperature difference (LMTD) used in 
each element instead of a global temperature difference: 

 ( ) ( )1 i ORC 1 i HS p,HS HS,1 HS,i-Q m h h m c T T        (6) 

The total vapor generator area, Atotal, was: 
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2.3 Global Model 
There is no isothermal boiling in the transcritical ORC, so the pinch point location cannot be determined 
as easily as for the subcritical ORC. The temperature profiles in both the heat source fluid and the 
working fluid in the vapor generator were calculated using the vapor generator model for the model 
parameters listed in Table 1. The pinch point location was then determined by modifying the working 
fluid mass flow rate to get the designed pinch point temperature difference. 
 

Table 1: Simulation parameters for ORC model 
 

Part   Items  Values  

Heat source 
Inlet temperatures (oC) 160, 170, 180, 190 
Mass flow rate (kg/s) 1 
Pipe pressure (MPa) 1.3 

ORC cycle 

Pinch point temperature difference (oC) 10 
Condensing temperature (oC) 30 
Isentropic pump efficiency 0.65 
Isentropic turbine efficiency 0.85 

 
3. RESULTS AND DISCUSSION 

   
The calculation used R134a as the working fluid and a 170oC heat source for the parameter optimization 
(section 3.1) and vapor generator area analysis (section 3.2). R152a and R245fa were used for higher 
heat source temperatures in section 3.3. 
 
3.1 Parameter optimization based on Wnet and the thermal efficiency 
Wnet and the thermal efficiency were optimized by changing the turbine inlet temperature, T3, and the 
vapor generation pressure Pvap. As shown in Figure 3(a), an optimal Wnet exists at each Pvap. Further, the 
peak Wnet move towards higher T3 as Pvap increases. The maximum Wnet was reached at 1.6Pc with only 
small differences in the maximum Wnet for various Pvap. For example, the maximum Wnet at 1.3 Pc is 
only 1.14% smaller than that at 1.6 Pc. Therefore, lower vapor generation pressures should be used to 
reduce the component requirements and the initial cost with little difference in the work output.  
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As shown in Figure 3(b), the thermal efficiency increases with T3 as has been seen in many studies. The 
thermal efficiency variations with Pvap depend on the turbine outlet conditions. For lower T3 (T3 < 
393.15K), the thermal efficiency decreases with Pvap while higher T3 (T3 > 393.15K) have maximum 
thermal efficiency as Pvap varies.  

Figure 4 shows the variations of Wnet and the thermal efficiency in response to T3 and Pvap. The shaded 
area in Figure 4(c) is the optimal region for both Wnet and the thermal efficiency. 
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Figure 3: (a) Net work outputs for various turbine inlet temperatures and vapor generator pressures and (b) 
thermal efficiencies for various vapor generator pressures and turbine inlet temperatures (R134a, Ts=170oC) 
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Figure 4: (a) Wnet for various T3 and Pvap, (b) thermal efficiency for various T3 and Pvap and (c) the optimal 
operating conditions. 
 
3.2 Vapor Generator Area Analysis  
The vapor generator heat exchanger area is the third optimization indicator. The special characteristics 
of heat transfer at supercritical pressures need to be illustrated by showing the influence of the ORC 
parameters on the heat exchanger area. Figure 5 shows that the total vapor generator area varies with 
the turbine inlet temperature along an N-shaped curve.  
The N-shaped curve is caused by the variations of the heat transfer coefficient and the LMTD in the 
pseudocritical region and the movement of the pinch point location. The heat transfer is strongly 
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affected by the significant changes in the thermophysical properties. As shown in Figure 6(a), the 
convection heat transfer coefficient of R134a has a peak at temperatures slightly lower than the 
pesudocritical point and then decreases sharply. The enthapy sharply increases in the pseudocritical 
region as shown in Figure 1, so the working fluid temperature gradient, dT/dn, is almost equal to zero, 
resulting in the temperature profile shown in Figure 6(b). This temperature profile means that the pinch 
point cannot move across the pseudocritical region. With increasing T3, the pinch point moves from the 
heat source outlet towards the middle, staying at the lower temperature side of the pseudocritical region 
in the end as shown in Figure 7. The variation of LMTD shown in Figure 8(a) coincides with the 
temperature profile shown in Figure 6(b), which is the result of the enthalpy variation in the 
pseudocritical region. In each section of the vapor generator, the elementary area Ai is inversely 
proportional to the heat transfer coefficient and LMTD, so Ai varies as shown in Figure 8(b). Atotal is the 
sum of Ai. Thus, the variations of the heat transfer coefficient and the LMTD in the pseudocritical region 
and the movement of the pinch point location result in the N-shaped curve for Atotal. 
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Figure 5: (a) Variation of the vapor generator area Atotal with the turbine inlet temperature and (b) the variation 
of Atotal with the vapor generation pressure and turbine inlet temperature. 

 
Atotal can be used as the third optimization indicator along with Wnet and the thermal efficiency. The N-
shaped curve in Figure 5(a) can be divided into three regions: 
Region 1: T3=388.15-393.15 K. The pinch point moves from the heat source outlet to the inlet with 
increasing T3 as shown in Fig. 8. Atotal increases with T3 with the minimum at 388.15 K. However, the 
transcritical ORC has low Wnet and thermal efficiency in this region. Therefore, the system should not 
operate in this region.  
Region 2: T3=393.15-418.15 K. The pinch point moves to the heat source inlet and Atotal begins to 
decrease with T3. In this region, both Wnet and thermal efficiency are relatively high, so the system 
should operate in this region. 
Region 3: T3>418.15 K，Atotal increases rapidly in this region due to the higher T3 and the heat transfer 
coefficient in this region being much lower than in the other two regions so the heat exchanger area is 
wasted . For economic reasons, the system should not operate in this region.  
The influence of pressure on Atotal is shown in Figure 5(b). A higher vapor generation pressure results 
in a larger heat exchanger. Therefore, higher pressures are not economical. The final optimization results 

considering all three indicators, Wnet, th and Atotal, are shown in Figure 9(b) as the shaded area. 
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(a)                                           (b) 

Figure 6: (a) Convection heat transfer coefficient of working fluid in the vapor generator for various turbine 
inlet temperatures and (b) working fluid and heat source temperature profiles in the vapor generator. 
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Figure 7: Pinch point locations for various turbine inlet temperatures 
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Figure 8: (a) LMTD variations in the vapor generator for various turbine inlet temperatures and (b) the 
elementary surface area Ai variations in the vapor generator for various turbine inlet temperatures.    

 

3.3 Working Fluid Selection Criterion at Various Heat Source Temperatures 
The system performance was also investigated for various heat source temperatures. R134a was used 
in sections 3.1 and 3.2 with a 170oC heat source. Other heat source temperatures will require other 
working fluids so that the system has an optimal region as in Figure 9(b). As shown in Table 2, when 
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the heat source temperature increases from 160oC to 190oC, the higher temperature heat source gives a 
larger maximum Wnet, but the corresponding optimal pressure increases from 6.09 MPa to 7.71 MPa. 
The higher pressure make the system more dangerous and difficult to maintain. As shown in Figure 10, 
the N-shaped curve of Atotal for R134a is less pronounced with Atotal in region 2 increasing significantly 
with the increasing heat source temperature. Moreover, the higher heat source temperature keeps the 
pinch point at the heat source outlet as shown in Figure 11. Since the system performance is worse when 
the pinch point is adjacent to the heat source outlet, the higher heat source temperature will lead to poor 
performance and there is no optimal shaded area as in Figure 9(b). 
In conclusion, when the heat source temperature is much higher than Tc of the working fluid, the optimal 
area does not exist. While R134a performs well with a 170oC heat source, R134a is not suitable for 
higher temperature heat sources of 180-190oC. The results in Table 2 show that Wnet,max and the thermal 
efficiency of R152a, R245fa, whose Tc are higher than that of R134a, are both higher than that of R134a. 
The optimal pressures are also much lower than that of R134a for the same heat source temperature. 
Figures 10 and 11 show that the Atotal in region 2 using R152a and R245fa are much lower than that of 
R134a and the pinch point quickly moves to the lower temperature side of the pseudocritical region. 
The performance is greatly improved by using R152a and R245fa with the 190oC heat source. Thus, if 
the N-shaped curve for Atotal is less pronounced or disappears and the pinch point is always stay near 
heat source outlet, then the current working fluid cannot match the heat source and working fluids with 
higher critical temperatures are suggested.  
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Figure 9: (a) Atotal variations with T3 and Pvap and (b) the optimal operating region 
 

Table 2: Optimal operating parameters with Wnet as the optimization objective 
 

 Tc (oC) Pc (MPa) Ts (oC) Wnet,max (kW) Pvap (MPa) th (%) 

R134a 101.06 4.0593 

160 55.4 6.089 12.10 
170 64.5 6.495 13.02 
180 73.9 6.901 13.76 
190 83.4 7.713 14.29 

R152a 113.26 4.5168 
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190 83.6 6.775 14.70 

R245fa 154.01 3.651 190 90.4 4.746 15.22 
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Figure 10: Atotal variations with the turbine inlet temperature for various heat source temperatures 
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Figure 11: Pinch point location variations with the turbine inlet temperature 

 
4. CONCLUSION 

 
The influence of the large changes in the thermophysical properties in the pseudocritical region was 
investigated. An optimization method was developed using the net work output, the thermal efficiency 
and the total vapor generator area. The optimal turbine inlet temperature and vapor generation pressure 
were found for various operating conditions. The results obtained in this study will simplify working 
fluid selection for various heat source temperatures. The main conclusions can be summarized as: 
1. The thermophysical properties of the working fluid in transcritical ORCs operating at supercritical 

pressure undergo significant changes, resulting in considerable variations in the heat transfer 
coefficient and LMTD. Therefore, studies of transcritical ORCs should pay much more attention to 
the thermophysical property changes in the pseudocritical region. The heat transfer mechanisms at 
supercritical pressure must be further understood for system optimization and proper heat 
exchanger design.  

2. The total vapor generator area, Atotal, varies with the turbine inlet temperature T3 along an N-shaped 
curve due to the variations of heat transfer coefficient and LMTD in the pesudocirtical region and 
the changes of the pinch point location. The optimal operating conditions should be in region 2 of 
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the N-shaped curve to give the best area with the best Wnet and thermal efficiency. 
3. A working fluid selection criterion was developed for various heat source temperatures. A suitable 

working fluid should have a pronounced N-shaped curve for Atotal to guarantee the existence of the 
optimal parameter region. When the N-shaped curve for Atotal is less pronounced or non-existent 
and the pinch point is always near the heat source outlet, the working fluid cannot match the heat 
sources, and working fluids with higher critical temperatures are suggested. 
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ABSTRACT 

 
In this work, the detailed investigation and the optimization of the operational parameters of 
an experimental, small scale trigeneration system encompassing a supercritical Organic 
Rankine Cycle (ORC) and a heat pump are presented. Both the ORC and the heat pump 
jointly operate with the same working fluid (R227ea). The heat input to the ORC is provided 
by a 85 kWth biomass boiler. The electricity produced by the ORC, which has a nominal 
power output of 5 kWe, is used to power the heat pump, capable of covering a cooling load of 
4 kWth, while any surplus electricity is exported to the grid. Meanwhile, the heat generated 
during the condensation of the working fluid (around 70 kWth) is utilized to produce hot 
water. The system has therefore the potential to produce combined cooling, heating and 
electricity, depending on the load requirements, by utilizing a renewable energy source with 
zero net CO2 emissions. 
The investigation carried out includes the selection process of the working fluid of the system 
through the comparison of its performance with that of other typical working fluids and by 
taking into account environmental and safety factors. Furthermore the study presents the 
optimization procedure for selecting the working temperatures and pressures in order to 
maximize the cycle’s efficiency, given the technological limits of the elements of this system 
(heat exchangers, scroll expanders etc.). In addition, a supercritical plate heat exchanger 
model, used for the design of the heat exchanger of the unit, is presented.  
 

1. INTRODUCTION 
 
In the recent years, a significant amount of interest has been focused on multigeneration systems 
aiming to convert a primary energy source (fossil, solar, waste heat) into combined electricity, cooling 
and heating. This is in part driven by the fact that traditional electricity generation systems have a 
restricted efficiency (around 30-40 % [1], [2]), so a great deal of the original heat is rejected to the 
environment unexploited in the form of waste heat. Due to the policies followed worldwide in order to 
increase overall system efficiencies and restrain the emissions of greenhouse gas (GHGs), a lot of 
research focuses on the design of cost competitive co-generation and combined cooling, heating and 
power systems is carried out. Furthermore, small scale cogeneration and trigeneration systems that use 
renewable energy sources have gathered significant attention, since they can potentially contribute to 
a further reduction of emissions, while also ensuring sustainability and fuel independence.  
The Organic Rankine Cycle (ORC) has lately gathered substantial interest as a promising technology 
in the field of power generation from low temperature heat sources, such as solar and geothermal 
energy and industrial waste heat. The traditional water-steam Rankine cycle, implemented in the 
conventional high-temperature thermal power plants, is in many cases not economic or technically 
feasible. This is because its implementation is not favorable for low grade applications and small-
scale power outputs [3], such as those encountered in solar thermal plants. The Organic Rankine 
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Cycle (ORC), on the other hand, poses certain advantages compared to the conventional cycle. Some 
of these include the potential of low temperature heat recovery due to the lower boiling point of the 
working fluids used, the overall smaller component size as well as  the capability of  expander 
operation under smaller temperatures [4]. Moreover, due to the “dry” organic fluids having a positive 
dT/dS saturation vapor line, it is not in principle necessary to superheat them [5]. Meanwhile, the 
supercritical ORC (SORC), in which the working fluid is pressurized to supercritical pressures before 
its entrance to the heater has been shown to exhibit several advantages, such as improved thermal and 
also exergetic efficiency [6-8]. The most important characteristic of supercritical ORCs is the fact 
that, because of the supercritical heating pressures, the working fluid does not gradually evaporate 
into the gaseous phase. Instead, it changes from the liquid to the supercritical state when its 
temperature increases above its critical value. Despite, the fact that, compared to a subcritical, the 
supercritical ORC results in higher operating pressures in the cycle, it is worthy evaluating its 
competiveness for small scale systems in a practical way.  

 
Figure 1: Sub- and supercritical ORC. Example of R1234yf  

In this study an experimental trigeneration unit currently under construction in the Laboratory of 
Steam Boilers and Thermal Plants (LSBTP) in the National Technical University of Athens (NTUA), 
Greece, is introduced. The system consists of a supercritical Organic Rankine Cycle (SORC) 
interconnected with a Vapor Compression Cycle (VCC). Heat is provided to the system by a biomass 
boiler. The two systems are capable of combined electricity, cooling and heating generation, as can be 
seen in the simplified process diagram of Figure 2. In the present work, the preliminary design and 
decision process regarding the working fluid selection, the adjustment of some key thermodynamic 
operational parameters and the selection of equipment is presented and justified. 
 

 
Figure 2: Simple process diagram of the ORC-VCC system under construction 

2. SYSTEM DESCRIPTION 
 

2.1 SORC and VCC modules 
The system under design and construction consists of three main subsystems, the SORC module, the 
VCC module and the biomass boiler-heating oil module. The SORC is interconnected to the VCC and 
both cycles use the same working fluid. The SORC includes a pump and a series of heat exchangers, 
where energy is transferred from the heat sources to the working fluid. After reaching its maximum 
temperature the working fluid flows through the expander, producing useful work, which is used to 
cover the power needs of the system, while any surplus is exported to the grid  
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The supercritical fluid exiting the expander of the SORC is mixed with the stream exiting the 
compressor of the VCC and the mixture both enter the condenser of the system. In this way, the 
condensation step of both cycles takes place in a single condenser under a common pressure, 
providing the heat output of the system which is used for producing hot water. Apart from the 
compressor, the VCC is comprised of an expansion valve and an evaporator, where it absorbs heat, 
thus generating the cooling output of the system. 
The power required for the compression of the cooling cycle is provided by the generator of the 
SORC, while any surplus power can be exported to the electricity grid. 
During the winter, when there is no demand for cooling, the VCC can be disconnected from the rest 
of the system, giving an increased potential for electricity generation. In this manner, the operation 
mode can alternate between trigeneration and cogeneration. On trigeneration mode, it is necessary that 
the power produced by the ORC is adequate for the operation of the compressor in order for the 
system to be independent from external power sources. It must be mentioned, that this system is to 
operate at steady state conditions, besides the inevitable fluctuations of the biomass boiler.  
 
2.2 Biomass boiler-heating oil circuit 
The heat input to the SORC originates from the combustion of biomass in a boiler. The combustion 
heat is provided to a heating oil which then flows through an intermediate heat transfer loop (HTL) in 
order to deliver its energy content to the working fluid in the heater of the SORC. The heating oil then 
returns to the biomass boiler to increase its temperature. 
 

3. MATHEMATICAL MODELING AND SIMULATION 
 

3.1 Mathematical formulation 
The first step of the design of the experimental unit is its thermodynamic modeling, which will 
subsequently allow to select the optimal values of some of its key operational parameters. The 
simulation of the system is carried out by numerically solving a set of mathematical equations that 
describe the operation of its components. For the simulation of the system, a steady state operation is 
assumed, while heat and pressure losses along the equipment are neglected. The equilibrium 
thermodynamic properties of the working fluid in each state are calculated with the CoolProp 
database [9] incorporated in the Matlab Software [10]. The most important system performance 
evaluation indexes used for the design of the facility are the thermal efficiency of the SCORC ηth,ORC, 
the electrical efficiency of the ORC ηel,ORC, the Coefficient of Performance (COP) of the VCC, the 
heat production efficiency of the system ηheat,sys as well as its overall cogeneration efficiency ηCHP,sys. 
These are described by the following equations: 
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In the above equations, Pturb  is the work derived in the turbines, Ppump  is the work consumed in the 
pump, Pel,net is the net electric output of the SORC expander, Qcool is the cooling duty of the VCC, 
Pel,comp is the electricity consumed by the VCC compressor, Qheat is the heat generated in the condenser 
of the system and QORC,in is the heat provided to the working fluid in the heater of the SORC. 
 

213



 
Paper ID: 99, Page 4 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

3.2 Assumptions 
Further assumptions made regarding the operation and the technical specifications of the basic 
components of the system are summarized in Table 1. The upper pressure level of the SORC was 
determined by considering the capability to use an open-drive scroll expander, which is commonly 
proposed for small scale applications such as the one investigated in the current study. The preference 
towards this type of expander instead of an expander of the hermetic type is justified by its lower cost.  
Moreover, high pressures (beyond 40 bar) inhibit the use of plate heat exchangers, which are 
relatively cheap and provide a very attractive heat transfer area-to-volume ratio. The maximum 
temperature limit of the working fluid of the SORC is imposed by the maximum temperature of the 
heating oil and the pinch point value of the heater that are assumed to be equal to 120 °C and 10 K 
respectively. Moreover, it is known that the thermal efficiency of ORCs increases as the condensation 
temperature decreases. The impact of the condensation temperature on the COP of the VCC is similar. 
However, it is not possible to decrease this temperature below a certain limit. On one hand, the 
condensation temperature cannot be lower than the temperature of the cooling water. On the other 
hand, since the system is intended to produce useful heat, the temperature of the water at the 
condenser outlet must be at least equal to 50 °C. 

Table 1: Heating system and SORC assumptions 
Biomass boiler-Heat Transfer Loop  
Boiler efficiency 82.9  % 
Biomass Low Heating Value 16920 kJ/kg 
Heat duty 85 kWth 
Heating oil BP Transcal N 
Heating oil maximum temperature 120 ºC 
Heating oil temperature difference in boiler 15 K 
SORC module  
Pinch point heater 10 K 
Pinch point condenser 5 K 
Maximum pressure of working fluid 40 bar 
Maximum temperature of working fluid 110 °C 
Isentropic efficiency of pump 50 % 
Isentropic efficiency of expander 65 % 
Electromechanical efficiency 85 % 
Cooling water temperature at the condenser inlet 
Summer 
Winter 

 
30 °C 
20 °C 

Minimum cooling water temperature at the condenser outlet 40 °C 
VCC module  
Pinch point evaporator 5 K 
Nominal cooling load 4 kWth 
Evaporation temperature 10 °C 
Condensation temperature 50 °C 
Isentropic efficiency of compressor 75 % 

 
4. WORKING FLUID SELECTION AND THERMAL EFFICIENCY 

MAXIMIZATION 
 

The selection of the most appropriate working fluid is the first goal of the thermodynamic 
optimization. In the design process of the experimental unit, the screening method, which is 
commonly used in the literature, was followed. The two primary criteria used for selecting working 
fluid candidates are the critical temperature and pressure. Given the operational range of the 
temperatures and pressures of the system, as given in Table 1, a short list of 11 working fluids was 
created. These fluids are given in Table 2.  
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A second group of fluids were chosen from the working fluids of Table 2, by taking into account their 
Ozone Depletion Potential (ODP), their Global Warming Potential (GWP) as well as their ASHRAE 
safety group categorization. More specifically, R123 has a high ODP and is to be substituted by 
HFE7000 by 2030, R1234yf, R143a, R41, Propylene and n-Propane were rejected because of their 
high inflammability, R134a because of its high critical pressure and R161 because of its very limited 
market availability. Thus a final list of three working fluids, R125, R227ea and R404a, is assembled  
(in bold format in Table 2). The optimal working fluid is ultimately chosen by performing a 
thermodynamic investigation of their performance. The purpose of the optimization process is to 
determine which fluid exhibits the highest thermal SORC efficiency, when varying certain 
independent operation variables within the acceptable ranges specified in Table 1. The independent 
variables are the maximum pressure and temperature of the SORC and the condensation temperature. 
The evaporation temperature of the VCC is set at 7.5 °C, while a cooling load of 0 (cogeneration 
mode) and 3 kW (trigeneration mode) is assumed. The results of the optimization process for the three 
final working fluids are summarized in Table 3. 

Table 2 : Preliminary selection of working fluid candidates (Pcrit<40bar, Tcrit<110oC) 

Working 
fluid 

Critical 
temperature 
°C [11] 

Critical 
pressure 
(bar) [11] 

ODP 
[12] 

GWP 
[12] 

ASHRAE safety 
group [13] 

R125 66.02 36.18 0 3500 A1 
R134a 101.06 40.59 0 1430 A1 
R143a 72.71 37.61 0 4470 A2L 
R1234yf 94.70 33.82 0 4 A2L 
R227ea 101.75 29.25 0 3220 A1 
Propylene 92.42 46.65 0 1.8 Α3 
R41 44.13 58.97 0 92 --- 
N-Propane 96.70 42.48 0 3.3 A3 
R161 102.22 47.02 0 12 -- 
R410a 72.80 48.60 0 2088 A1 
R404a 72.07 37.32 0 3300 A1 

  
As can be seen from Table 3, R227a exhibits both the highest SORC efficiency and the highest COP 
among the fluids examined. For this reason, it is selected for the experimental unit. It deserves to be 
noted that, despite it being commonly investigated as a working fluid for ORC applications in the 
literature [3, 14, 15], R227ea has not been very often used in actual ORC plants or experimental rigs. 
Moreover, it is rarely used in commercial refrigeration applications. Its market availability is 
relatively scarce and its cost significantly high, since its price is about eight times the price of R134a.  

 
It can be thus considered as a "novel" working fluid. Based on the optimization results, the operational 
data of the system are summarized in Table 4. 

R1Table 3: Optimization results of the SORC thermal efficiency for the three final 
working fluids 

 R125 R404a R227ea 
Pmax (bar) 40 40 30.4 
Tmax (°C) 110 110 110 
Tcond (°C) 50 50 50 
Tcool (°C) 10 10 10 

ηth,orc 2.16 2.81 4.92 
ηel,net (Qc=0) 0.71 1.17 2.72 
ηel,net (Qc=1) 0.23 0.73 2.30 

COP 3.24 3.57 3.78 
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Figure 3: Process flow diagram of the experimental trigeneration facility 

5. EQUIPMENT SELECTION 
5.1 Overview 
A process flow diagram of the experimental unit to be constructed along with operational data and 
design pressures and temperatures is presented in Error! Reference source not found.. The right part 
of the figure depicts the heating oil circuit along with the biomass boiler (red color) and the left part 
depicts the VCC (purple color). The SORC is in between these two circuits (green color). Two 
streams of water (blue color) are used for the cooling and the heating of the working fluid in the 
Condensers 1 and 2 as well as in the evaporator of the VCC respectively. 
As can be seen, it was decided that two identical scroll expanders serially positioned will be used for 
the expansion process of the working fluid. Each one of these expanders is directly coupled to a 
generator. This is because of the limited volume flow ratio that is technically possible for these 
volumetric expanders. According to the literature [16], its value must not be higher than 5. Following 
a more conservative approach, the volume flow ratio for the expanders of the experimental rig is set 
between 2 and 3. During the start-up of the operation of the system, the working fluid does not flow 
through the expanders but goes through a by-pass loop until the vapor reaches the desired pressure 
and temperature. 

Table 4: Design point operational data of the system at trigeneration mode 

SORC module  
Mass flow rate 0.699 kg/s 
Maximum pressure/temperature 30.4 bar/110 °C 
Condensation pressure/temperature 9.16 bar/50 °C 
Pressure/temperature after expanders 9.16 bar/68 °C 
SORC net electric power output 2.40 kWe 
Overall net electric power output 0.99 kWe 
VCC module  
Mass flow rate 0.056 kg/s 
Evaporation pressure/temperature 2.79 bar/10 °C 
Condensation pressure/temperature 9.16 bar/50 °C 
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Pressure/temperature after compressor 9.16 bar/50 °C 
Nominal cooling load 4 kWth 
Cooling system  
Water inlet temperature (summer/winter) 30 °C/20 °C 
Water outlet temperature 45 °C 
Mass flow rate 0.730 kg/s 
Nominal heating load  85.8  kWth 
Heating system  
Heating oil inlet temperature 120 °C 
Heating oil outlet temperature 105 °C 
Mass flow rate 3.12 kg/s 
 
Furthermore, the system includes two condensers, a large and a small one. The large one is intended 
for the trigeneration and cogeneration modes, during which the SORC is operational. Due to the 
significantly lower mass flow rate of the VCC, it is necessary to install a second small condenser, in 
the case that only the VCC is operational. 
A description of the selection process of the equipment of the unit follows. 
 
5.2 Boiler-heating oil circuit 
The boiler has the capability to use both biomass pellets and natural gas as combustion fuel. The 
addition of gas burners is made in order to ensure the versatility of the system and its flexible 
response to rapidly varying loads. The gas burner consists of two stages. Its heat duty can be varied 
between 65 to 85 kWth and its maximum fuel flow rate is 6.5 to 18.9 Nm3/h. The flue gas temperature 
is between 220-230 °C. The pellet burner heat duty ranges between 40 to 80 kWth and its fuel 
consumption rate between 8 to 20 kg/h. The wood pellets to be used as fuels must have a size around 
6-8 mm. 
The heating oil circuit includes a centrifugal pump of fixed rotational speed and volume flow rate and 
is able to handle fluids of temperatures of up to 350 °C. Moreover, the heating oil is stored in a round 
expansion vessel with a capacity of 250 liters.  
The heating system will be automatically controlled through an electronic control panel. The user 
adjusts the desired heating oil maximum temperature. Since the volume flow rate of the heating oil 
has a fixed value, the control of this temperature is achieved by automatically shutting down starting 
up the burners of the boiler based on the readings of a thermostat. In order to investigate the 
performance of the system at off-design conditions, it is possible to change the heat duty of the 
burners. 
 
5.3 Heat exchangers 
The system includes four heat exchangers: a heater for the heating of the working fluid of the SORC 
by the heating oil, two cooling water condensers for condensing the working fluid (the requirement 
for two condensers was explained previously), as well as an evaporator for the VCC module, where 
the cooling output of the system is produced. All the heat exchangers to be installed are of the plate 
type. This is because these types of heat exchangers have a number of advantages compared to other 
types (i.e. shell and tube) for the operational range (pressures, temperatures, heat duty) of the unit 
under construction. Their advantages include the efficient heat transfer because of the development of 
high heat transfer coefficients between the fluid streams low volume to heat transfer area ratio and 
low cost. All heat exchanger models, except for the supercritical refrigerant-heating oil heater were 
readily proposed on-demand from manufacturers based on their technical specifications. However, 
most manufacturers were not able to dimension the supercritical heater of the working fluid. This is in 
part because of the lack of experience with the specific fluid (R227ea) and because of the supercritical 
conditions of the heat transfer. For this reason, a MATLAB code was used in order to estimate the 
required heat transfer surface of the heater. Geometrical data of commercially available heat 
exchanger models were input to the program and the heat transfer area was estimated using the heat 
exchanger partitioning method [17] and implementing method presented in [18] for calculating the 
overall heat transfer coefficient. Through a loop computational procedure, a specific plate heat 
exchanger model with defined number of plates was tested in order to estimate if its available heat 
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transfer surface would be sufficient for the process. If the available heat transfer surface was 
estimated to be lower than the required surface, more plates were added and a new loop started. The 
loop ended when the number of plates ensured that the heat transfer area of the heat exchanger would 
be higher than the required one. A safety factor was also considered, in order to ensure that the heat 
exchanger surface would suffice for completing the heat transfer under the desired conditions. The 
technical characteristics of all heat exchangers are summarized in Table 5. 
 

Table 5: Technical specifications of heat exchangers 

Heat exchanger SORC heater VCC evaporator Condenser 1 
(large) 

Condenser 2 
(small) 

Side Hot Cold Hot Cold Hot Cold Hot Cold 
Fluid BP 

Transcal 
N 

R227ea Water R227ea R227ea Water R227ea Water 

Mass flow rate (kg/s) 3.12 0.699 0.382 0.0522 0.643 0.737 0.067 0.062 
Inlet pressure (bar) 5.5 30.4 1.013 2.58 9.115 1.013 9.126 1.013 
Pressure drop (bar) - - 0.0073 0.007 0.062 0.026 0.0051 0.007 
Inlet temperature (°C)  120 53 20 8.48 

(x=0.4) 66.7 20 50 20 

Outlet temperature 
(°C) 105 110 17.5 7.5 47.336 45 47.407 45 

Heat duty (kWth) 85 4 77 6.5 
Heat transfer area 
(m2) 4.71 0.39 4.32 0.31 

 
5.4 SORC expanders and VCC compressor 
As stated previously, the expanders and the compressor are of the scroll type. Scroll expanders and 
other positive displacement type machines have been consistently proposed in the literature as ideal 
for ORCs with outputs in the scale between a few hundred Watts to 10 kW [19-22]. The expanders to 
be used in the SORC of the experimental unit are commercially available scroll compressors used in 
trucks, which are modified to enable their reverse operation as expansion machines. The most 
important considerations to be taken into account when selecting scroll expanders are their maximum 
operating pressure, their volume flow rate which greatly impacts their rotational speed, the latter 
being also directly influenced by their swept volume and their expansion ratio. The decision to use 
open drive scroll expanders instead of hermetic ones was made because of the lower cost and 
customization capability of the former versus the latter. Two same expanders were chosen to operate 
at different speeds. The reason for this choice was the fact that this commercial model of scroll 
compressor has a well-documented performance in expansion mode. The selection of the VCC 
compressor was simpler, since the operation data of the working fluid at its design point are typical 
for scroll compressors available in the market. 
 

Table 6: Technical specifications of SORC expanders and VCC compressor  

 Built-in 
swept 
volume 
(cc/rev) 

Maximum 
rotational 
speed (rpm) 

Rotational 
speed at 
design point 
(rpm) 

Volume 
flow ratio 
at design 
point 

Power at 
design 
point 
(kW) 

SORC HP 
expander 

121.1 10000 1384 2.47 2.86 

SORC LP 
expander 

121.1 10000 2632 1.90 2.89 

VVC 
compressor 

53.9 10000 1755 3.52 1.06 
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5.5 SORC pump 
The feed pump increases the pressure level of the working fluid before its entrance to the heater. It is 
also used to control its mass flow rate. This control is achieved by varying the rotational speed of the 
motor coupled with the pump. The pumps that are commonly used and proposed in ORC units are of 
the positive displacement type [4]. For this type of pumps, the flow rate is almost proportional to their 
rotational speed. For the experimental unit, a diaphragm pump will be used. The SORC pump will 
have a design power output of 2.2 kW at 1450 rpm, which corresponds to a working fluid volume 
flow rate of around 29 lt/min. As can be seen in Error! Reference source not found., the inlet and 
outlet pressures of the pump are 9.2 bar and 30.4 bar respectively. The pump is coupled with an 
electric motor of a nominal power of 3 kW. 
 
5.6 Receiver 
The receiver is a feed tank that is positioned after the condensers of the system. It provides a buffer 
storage of the working fluid during the operation of the unit, since only a certain percentage of its total 
quantity is circulating through the equipment components and the tubes at any given time (depending 
on the operating conditions). The feed tank also serves another purpose: it ensures that the working 
fluid at its outlet is at liquid state and has zero vapor fraction. For the sizing of the working fluid the 
total mass of the working fluid flowing through the equipment and piping was estimated. The tube 
diameters at each location of the unit were estimated by considering the proper fluid velocities (1-2 
m/s for liquid and 8-10 m/s for gases). An additional volume for the sizing of heat exchangers, as well 
as an overall safety factor were taken into account. The total required volume of the receiver was thus 
estimated at around 50 lt. 
 
5.7 System control equipment 
The automated control of the system will be realized with the implementation of Programmable Logic 
Controllers (PLC). The PLC will be programmed to open and close the valves of the system. The PLC 
will also govern the coupling and the de-coupling between the generators and the scroll expanders. 
Moreover, they will be responsible for adjusting the rotational speed of the feed pump motor and the 
generators of the expanders, by the use of power inverters.  
 

6. CONCLUSIONS 
 
The thermodynamic optimization procedure (selection of working fluid, expander inlet pressure and 
temperature) of a trigeneration experimental unit combining an ORC with a VCC based on the heat 
input of a 85 kWth biomass/natural gas boiler was developed. The working fluid found to be optimal 
for the unit is R227ea, while the optimal pressure and temperature are 30.4 bar and 110 ºC. At its 
design point (trigeneration mode), the system will produce 0.99 kWe, a heating load of 85.8 kWth and 
a cooling load of 4 kWth.  
The selection process of the basic equipment (biomass/natural gas boiler/heating oil circuit, heat 
exchangers, expanders/compressor, feed pump, receiver and system control equipment) of the 
experimental unit was also presented. The construction of the experimental system will be completed 
by the end of 2015 year and measurements on its operation will be carried out in order to evaluate its 
performance. 
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NOMENCLATURE 
 
η efficiency 
P power kW  
Q heat duty kW   
P pressure bar 
S entropy kJ/K 
T         temperature                            °C 
 
Subscript 
CHP combined heat and power 
comp                     compressor 
cond                     condenser 
cool cooling 
crit         critical 
el electric 
heat heat 
in input   
max maximum 
net net value 
ORC ORC working fluid 
sys system 
th thermal 
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ABSTRACT 
 
The detailed experimental investigation of an organic Rankine cycle (ORC) is presented, which is 
designed to operate at supercritical conditions. The net capacity of this engine is almost 3 kW and the 
temperature of the hot water is always lower than 100 oC. The laboratory testing of the engine 
includes the variation of the heat input and of the hot water temperature. The maximum heat input is 
48 kW, while the hot water temperature ranges from 65 up to 100 oC. 
The tests are conducted at the laboratory and the heat source is a controllable electric heater, which 
can keep the hot water temperature constant, by switching on/off its electrical resistances. The 
expansion machine is a modified scroll compressor with major conversions, in order to be able to 
operate with safety at high pressure (max. pressure around 40 bar). The ORC engine is equipped with 
a dedicated heat exchanger of helical coil design, suitable for such applications. The speeds of the 
expander and ORC pump are regulated with frequency inverters, in order to control the cycle top 
pressure and heat input. The performance of all components is evaluated, while special attention is 
given on the supercritical heat exchanger and the scroll expander. 
The performance tests examined here are the ones for hot water temperature of 95 oC, with the aim to 
examine the engine performance at the design conditions, as well as at off-design ones. Especially the 
latter are very important, since this engine will be coupled with solar collectors at the final 
configuration, where the available heat is varied to a great extent. 
The engine has been measured at the laboratory, where a thermal efficiency of almost 6% has been 
achieved, while supercritical operation did not show superior performance as expected, due to the 
oversized expander. A smaller expander would allow operation at even higher pressures for higher 
speed with increased electric efficiency, which would probably reveal the full potential of the 
supercritical operation. 
 

1. INTRODUCTION 
 
The organic Rankine cycle (ORC) technology is suitable for heat recovery applications for low-
temperature of even lower than 100 oC (Manolakos et al., 2009a). At such conditions its efficiency is 
rather low, usually in the range of 3-5%, but still there are cases where its cost-effectiveness can be 
secured, especially when the heat input comes from waste energy sources. The main advantage at this 
temperature range is the simple and low-cost heat source circuit, since even pure water can be used 
with low-pressure piping, while the use of glycol or thermal oil is avoided, as well as a simple ORC 
configuration with a single expansion machine and no internal heat exchangers (Kosmadakis et al., 
2013a). 
Supercritical cycles have some interesting features, since a better thermal match exists between the 
hot source and the organic fluid (Schuster et al., 2010). This aspect is beneficiary for thermal and 
exergy efficiency, while at the same time some restrictions are introduced to the components selection 
due to the high pressure operation. This is the common case for steam cycles, which tend towards 
such configuration, since in large-scale utility steam power plants the use of supercritical cycles has 
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been already accomplished. But the largest challenges are for the small-scale systems using an ORC, 
since it is difficult to find and select the appropriate components for such heat-to-power engines. 
Moreover, low-temperature operation (below 100 oC) brings some additional restrictions, since a 
limited number of fluids can be used for such purposes and the cycle configuration does not allow any 
flexibility. 
The most important component in ORC engines is the expansion machine and there is intensive 
research effort for producing expanders (of positive displacement type or even turbines for larger 
systems). For small-scale systems with power production lower than around 20 kW, scroll expanders 
have been widely used and showed adequate performance and expansion efficiency (Lemort et al., 
2012). The present authors have also used the same expansion technology (both open-drive and 
hermetic ones) and revealed the good performance at a wide range of pressure ratios (Manolakos et 
al., 2009a). This brings confident that such expander can be also used at a supercritical cycle, where 
the biggest challenge is the increased pressure. One positive aspect is that for low-temperature 
applications, the pressure ratio for both cycle types (supercritical and subcritical) is low and usually in 
the range of 2-3 (Kosmadakis et al., 2013a). In such pressure ratio range the scroll expander operates 
with good efficiency. 
There are various studies focusing on supercritical ORC at theoretical level (Karellas et al., 2012). 
Most of the studies provide a thermodynamic overview, focusing on the performance potential of such 
cycles, while others focus on the fluid selection under such conditions (Chen et al., 2011). These 
theoretical studies treat some key components as black boxes, providing few details about their 
performance and operation at off-design conditions (Li et al., 2013), such as the pump and expander, 
while more focus is given on the heat transfer at supercritical conditions (Lazova et al., 2014). 
Such aspects, especially in small-scale systems, are very important, in order to evaluate and compare 
the performance of a supercritical ORC. Here, an experimental study is implemented, testing a small-
scale supercritical ORC with a net capacity of 3 kW under various conditions (Kosmadakis et al., 
2014). The heat input is varied, while the hot source temperature is held constant. The first series of 
measured data are presented, focusing on the whole engine operation, as well as its capability to reach 
supercritical operation at some conditions. 
Such study is very important, since real test data are presented, and the advantages and potential of 
such technology can be identified. Also, this study provides some first proof, whether a supercritical 
ORC can be indeed more efficient than a subcritical cycle, and if the theoretical results can be 
verified. Focus is also given on the expansion machine, evaluating the converted scroll expander at 
such conditions. 
 

2. THE INSTALLED ENGINE 
 
A small-scale ORC engine has been designed and constructed. One of its biggest challenges during its 
construction was the modification of a scroll compressor (manufactured by Copeland, type 
ZP137KCE-TFD with swept volume 127.15 cm3/rev, maximum isentropic efficiency 75.2%, and 
built-in volume ratio of around 2.6 at compressor mode)  to operate as scroll expander (reverse 
operation). A new casing had to be made, while many internal parts have been re-designed for better 
matching its operation as expander (such as the inlet volume before the fluid enters the steady scroll). 
The internal design has been optimized and all issues have been resolved, such as to find an efficient 
way to get the three wirings of the asynchronous motor out of the casing, ensuring at the same time 
electrical insulation and pressure sealing. An electric brake is connected with a frequency inverter of 
the expander, in order to control the test conditions and evaluate this expansion machine. This 
dynamic brake has a 100% duty cycle and is connected to the frequency inverter of the expander. Its 
main operation is to convert the variable frequency AC power through transistors into DC electricity, 
which is then dissipated to heat through a bank of appropriate electrical resistances. This method is 
followed, in order to have the full control of the expander speed, and find its performance maps. 
Also, a dedicated evaporator has been developed for this application, following a helical-coil design. 
The organic fluid is R-404a. The cooling of the ORC engine is accomplished with a cooling water 
circuit, using a conventional shell and tube heat exchanger. Cold water with temperature around 16 oC 
is circulated and drawn from a large water reservoir with capacity of 320 m3, rejecting the heat of the 
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ORC engine. The condensation temperature of the organic fluid with this method is around 25 oC 
(fluctuating according to the engine load). 
The ORC engine has been then installed at the laboratory for performance tests under controlled 
conditions. The heat input is provided by an electric heater and its heat production can be altered 
covering a large range of its capacity (from 25% of the total heat capacity: 12-48 kWth) by operating 
different number of electric resistances and switching on/off the heater. For the investigation of the 
ORC engine, the maximum heat produced by the electric heater is around 48 kWth, while the hot 
source temperature is held constant and equal to 95 oC. The heat transfer fluid (HTF) is pressurized 
water at around 2.5 bar at such temperature, and circulated with an inline centrifugal pump, operating 
at constant speed (2900 rpm). A simplified design of the system installed at the laboratory is depicted 
in Figure 1, together with the heating and cooling circuits (Kosmadakis et al., 2013b). 
 

 
 

Figure 1: Supercritical ORC design 
 
In Figure 1, the location of the measurement instruments is also depicted at the three circuits (hot 
water circuit, ORC engine, cold water circuit), in order to measure the key properties and evaluate the 
performance of this engine at controlled conditions. These instruments are mainly temperature (Pt100 
thermocouples, accuracy up to ±0.2 oC) and pressure sensors (pressure transducers, Keller 21Y type, 
accuracy 1% of the pressure scale), in order to calculate the thermodynamic state of the organic fluid 
and hot/cold water at each location. With the above uncertainties, the thermodynamic properties are 
calculated with an accuracy of around 1.2% (Manolakos et al., 2009b). Flow meters are not used, 
since steady-state conditions are examined, after the engine has reached a balanced operation at each 
case. The heat input is calculated from the ORC side, since the organic fluid pump is of diaphragm 
type and has a linear correlation of flow rate/speed, which is provided by the manufacturer (accuracy 
estimated at 2%). The accuracy of the calculated parameters is given in Table 1 (Manolakos et al., 
2009b), with the maximum error concerning the thermal efficiency, since it includes many calculated 
parameters. Nevertheless, this error is still low and does not influence the relative differences of the 
results. The installed engine at the laboratory is depicted in Figure 2. 
 

Table 1: Accuracy of calculated parameters 
 

Parameter Maximum error (%) 
Heat input to ORC 2.62 
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Expander power production 2.62 
Pressure ratio 1.40 
Expansion efficiency 2.66 
Thermal efficiency 3.71 

 

   
 
Figure 2: Installed ORC engine. Left: converted hermetic scroll expander. Right: Side view of the ORC engine 
 

3. PERFORMANCE TESTS 
 
The HTF temperature is set constant to 95 oC, while the heat input is varied. The goal is to examine 
and evaluate the ORC engine performance at these conditions, while supercritical operation is also 
attempted, in order to identify if and how much the efficiency can be increased at such conditions. 
The pump frequency is altered from 15 Hz up to 50 Hz (from 288 up to 960 rpm) and the expander 
frequency is regulated from 10 Hz up to 45 Hz (from 580 up to 2610 rpm). By regulating the pump 
speed, the heat input is varied up to almost 50 kWth, which is depicted in Figure 3. The variation of 
the expander speed has just a minor effect on the absorbed heat (see right hand side of Figure 3). 
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Figure 3: Heat input as a function of the pump and expander frequency 

225



 
Paper ID: 126, Page 5 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

 
The regulation of the organic fluid pump speed is an effective way to control the heat absorbed by the 
ORC, while at the same time the flow rate of the organic fluid is adjusted. Therefore, there is the 
option to keep the speed of the hot water pump constant, simplifying the overall control. In that case, 
the temperature difference of the HTF would change according to the operating condition (large 
difference for high heat input). The regulation of the organic fluid pump speed has an important effect 
on high pressure as well, especially when the expander speed is kept constant, as it will be shown later 
in this section. 
In Figure 4 is shown the expander power production as a function of expander and pump speed, 
covering a very wide range of operation. 
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Figure 4: Expander power production as a function of the expander and pump speeds 
 
This power production is actually electricity, since the scroll expander is directly coupled with a 
three-phase asynchronous motor/generator (capacity of around 10 kW) inside the hermetic casing. 
This motor operates up to around half of its nominal power, avoiding overheating, due to the absence 
of cooling (in compressor mode it is cooled by the refrigerant itself). 
The power production here reaches 3 kW for the moderate pump frequency of 35 Hz (see Figure 4). 
For higher pump speed the power production decreases, while additionally more pump power is 
required. For the pump frequency of 35 Hz and for high expander speed, the power decreases due to 
lower pressure ratio, while the temperature at the expander outlet is increased. This temperature is 
shown in Figure 5, together with the expander inlet temperature, which slightly decreases as the 
expander speed increases. 
For high expander speed, the temperature difference across the expander is just 15 oC, which is very 
low, leading to a poor power production, as already shown in Figure 4. Also, such high outlet 
temperature provides a first view of the low process efficiency, since large quantities of heat are 
rejected in this case at the condenser, having to de-superheat the organic fluid. One interesting 
solution would be to recover this heat, either by using an internal heat exchanger, although it is not 
recommended for low-temperature applications, or even use this heat for heating purposes (e.g. 
operation at CHP mode). But the most efficient way is to further adjust and optimize the engine 
operation, by avoiding operation at such conditions. 
The decrease of pressure and pressure ratio for higher expander speed is presented in Figure 6, where 
the expander inlet pressure and pressure ratio are shown as a function of the expander frequency for 
pump frequency of 35 Hz. The low cycle pressure is almost constant and equal to 11-12 bar (higher 
condensation pressure for high load operation). Therefore, the main effect on the pressure ratio is 
introduced with the variation of the high cycle pressure. 
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Figure 5: Expander inlet and outlet temperature as a function of the expander speed for pump frequency of 35 

Hz 
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Figure 6: Expander inlet pressure and pressure ratio as a function of the expander speed for pump frequency of 

35 Hz 
 
There is a large variation of pressure ratios as the expander speed changes. The maximum pressure 
ratio is almost 2.6, while the maximum expansion efficiency is observed at a lower expander 
speed/pressure ratio (equal to around 85%), due to the low electrical efficiency of the asynchronous 
generator at low speeds, as shown in Figure 7 for three different pump frequencies. It should be 
mentioned that expansion efficiency is used here as the actual electric power produced divided by the 
theoretical power produced if the expansion was isentropic. This parameter includes all possible 
losses (electrical, friction, heat transfer, etc.) and provides a reliable evaluation parameter of all types 
of expansion machines. 
The maximum expansion efficiency is observed for a pressure ratio of 2 (for pump frequency of 35 
Hz), which is highly relevant to the built-in volume ratio of the original compressor (Declaye et al., 
2013). This pressure ratio value is lower than usual (common values for maximum expansion 
efficiency are around 3-4), since this compressor is intended for air-conditioning applications, where 
the pressure/temperature differences are not high. For lower pump speeds and pressure ratios, the 
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expansion efficiency is decreased. For pump frequency of 25 Hz the pressure ratio with the maximum 
expansion efficiency of around 80% is 1.87, while for pump frequency of 15 Hz is even lower and 
equal to 1.62. But again for lower pump speeds, the maximum expansion efficiency is high enough 
and shows good production potential within a narrow range of operating conditions. 
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Figure 7: Expansion efficiency as a function of the expander speed for three pump frequencies 
 
The thermal efficiency as a function of pump and expander speeds is depicted in Figure 8. The 
thermal efficiency is expressed as the net power output (power produced minus the pumping work) 
divided by the heat input. The maximum values of thermal efficiency are in the range of 5.5%, and are 
observed for pump frequency of 35 Hz and expander frequency of 30 Hz, which correspond to the 
conditions, where the maximum expansion efficiency was noticed as well. 
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Figure 8: Thermal efficiency as a function of the expander and pump speeds 
 
In all previous tests, supercritical operation was very difficult to be achieved. Although the 
temperature was over the critical fluid’s temperature, the pressure was lower and around 80% of the 
critical pressure. Such high pressure could be reached only for very large pump speed and low 
expander speed. One such condition (pump frequency: 50 Hz, expander frequency: 15 Hz) that has 
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been also recorded showed that the high pressure is 40 bar, which is actually the design pressure, and 
the expander operated with a pressure ratio of 2.64. The thermal efficiency is equal to 2.9%, due to 
the low expansion efficiency, being equal to 25% (the low expander speed leads to a low electric 
efficiency of the generator). Nevertheless, this efficiency value is much higher than all the other 
recorded for such low expander speed (usually in the range of 1.5-2%), and provides a first positive 
aspect of the supercritical cycle, although such conditions were difficult to be reached. 
The next tests included a lower cooling water flow rate, decreasing the cooling capacity and 
increasing the condensation pressure/temperature. Such conditions are realistic, since the cooling 
water had low temperature (around 16 oC), and much higher temperatures are expected to be reached 
with either air-cooled condenser or evaporative condenser. The pump frequency was high (45 Hz) and 
the condenser pressure was around 16-17 bar (close to the pump inlet pressure limit). The pressure 
ratio was not high (equal to 2.2) and the expander frequency varied from 16 up to 30 Hz. The 
expansion efficiency is observed in Figure 9, where it is shown that the maximum value is almost 
80%, which is achieved for moderate expander speed. Moreover, for the supercritical condition (for 
expander frequency of 16 Hz) the expansion efficiency is low and around 45%, mainly due to the low 
electrical efficiency of the generator at such conditions. 
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Figure 9: Expansion efficiency as a function of the expander frequency 
 
The thermal efficiency is depicted in Figure 10, where it is shown that the maximum efficiency 
reached is almost 6% for subcritical operation. 
It should be reminded that this high value is reached, when the condensation pressure and temperature 
are increased, decreasing the power production capability. Therefore, the potential can be even higher 
than that, which can be achieved with an improved design, especially of the expander, and further 
testing and development. 
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Figure 10: Thermal efficiency as a function of the expander frequency 
 
The efficiency at supercritical condition is lower, mainly due to the low expansion efficiency (see 
Figure 9). If this condition had a higher expansion efficiency (by including a smaller expander with 
lower swept volume) and extrapolating the performance curves, then the efficiency would even reach 
the value of 7%, which is very promising for such small-scale engine at low-temperature and much 
higher than any other value observed during the current performance tests. 
 

4. CONCLUSIONS 
 
The detailed experimental results of the ORC engine testing at the laboratory have been presented, 
revealing its performance capability. The tests here concern a constant HTF temperature and equal to 
95 oC with variable heat input. This heat is provided by an electric heater and is controlled with the 
speed variation of the organic fluid pump. A converted hermetic scroll expander is used for power 
production, showing increased expansion efficiency at some favorable conditions. Various parameters 
have been examined, mainly when regulating the expander and pump speed, showing the heat-to-
power conversion efficiency of such engine. 
Moreover, supercritical operation was difficult to be achieved and only when the cooling water flow 
rate was decreased, could the engine operate at supercritical conditions and maintain such operation. 
At these conditions, the expander frequency/speed was low (around 15 Hz), keeping a pressure ratio 
close to the designed one, but leading to a low expansion efficiency, due to the low electric efficiency 
of the asynchronous generator at these conditions. If the expansion efficiency could be increased 
(mainly having to do with the frequency operation and the increase of the electrical efficiency), by 
using a smaller expander, then the thermal efficiency at supercritical conditions seems to be superior 
to the one at subcritical ones, and fully exploit the theoretical performance. 
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ABSTRACT

The first experimental results from the Test-Rig for Organic Vapors (TROVA) at Politecnico
di Milano are reported. The facility implements an Organic Rankine Cycle (ORC) where the
expansion process takes place within a straight axis convergent-divergent nozzle, which is the
simplest geometry representative of an ORC turbine blade passage. In order to reduce the
required input thermal power, a batch operating mode was selected for the plant. Experimental
runs with air allowed to verify the throttling valve operation and the measurement techniques,
which include total pressure and temperature measurements in the settling chamber, static
pressure measurements along the nozzle axis. A double-passage Schlieren technique is used to
visualize the flow field in the nozzle throat and divergent section and to determine the position
of shock waves within the flow field. The first experimental observation of non-ideal nozzle flows
are presented for the expansion of siloxane fluid MDM (C8H24O2Si3, octamethyltrisiloxane) for
vapor expansion in the close proximity of the liquid-vapor saturation curve, at relatively low
pressure of operation. A supersonic flow is attained within the divergent section of the nozzle, as
demonstrated by the observation of an oblique shock wave at the throat section, where a 0.1 mm
recessed step is located. Schlieren visualizations are limited by the occurrence of condensation
along the mirror side of the nozzle. Pressure measurements are compatible with the observed
flow field.

1. INTRODUCTION

Organic Rankine Cycle (ORC) is a well established and viable technology for the exploitation
of energy from low/medium temperature sources, such as renewable or heat-recovery, with
applications to low/medium electrical power generation and Combined Heat and Power (CHP)
plants. For these applications, the ORC technology is usually preferred over steam cycle due to
the simplicity of plant components, high reliability and low operational costs Gaia and Duvia
(2002); Bini and Manciana (1996) and relatively high e�ciency of the thermodynamic cycle
Angelino et al. (1984).

Turbine e�ciency in current ORC plants is around 75-85%, see Schuster et al. (2009); Duvia
and Tavolo (2008) and recent researches in ORC technology are focused on blade geometry
optimization to improve the turbine e�ciency. This task is complicated by the fact that the use
of organic compounds operating close to the vapor saturation curve in ORC results in highly
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non-ideal compressible-fluid flows within the turbine passages, which are usually designed to
operate in supersonic flow conditions due to the relatively low speed of sound which character-
izes high molecular mass fluids, especially in close-to-saturation flow conditions Harinck et al.
(2009). Moreover, the accurate prediction of the flow behavior requires the use of complex
non-ideal thermodynamic models. Computational Fluid Dynamics (CFD) codes for non-ideal
compressible-fluid dynamics (NICFD) are already available which implement the complex ther-
modynamics of fluids in ORC turbine passages Colonna and Rebay (2004); Guardone (2007);
Cinnella and Congedo (2007); Colonna et al. (2008); Ho↵ren et al. (2002).

Currently, no experimental data of non-ideal compressible-fluid flows are available to support
our understanding of the fluid dynamics of ORC plants and to assess the reliability and accuracy
of available thermodynamics models and CFD tools.

To investigate experimentally the non-ideal compressible-fluid flows of organic compounds in
typical operating conditions for ORC applications, the Test Rig for Organic Vapors (TROVA)
was designed and constructed at the Politecnico di Milano, see Spinelli et al. (2013). In the
facility, expansion flows of di↵erent organic compounds in non-ideal conditions in the close
proximity of the liquid-vapor saturation curve can be investigated by independent measurements
of pressure, temperature and velocity. The facility implements an ORC (either sub-critical or
super-critical), where the expansion process take place within a nozzle replacing the turbine. A
straight axis converging-diverging nozzle was chosen, being it the simplest geometry providing
an expansion from subsonic to supersonic flow in the operating conditions of interest. The size
of the nozzle is large enough to guarantee that within the expanding flow a large isentropic
core is preserved, thus making it possible to measure temperature and pressure fields without
the use of calibrated probes, see Spinelli et al. (2010). Total pressure and temperature are
measured in the settling chamber ahead of the nozzle inlet; static pressure taps at di↵erent
sections along the nozzle axis are used to follow the flow evolution as it expands from rest to
supersonic conditions. In order to reduce the required input thermal power, a batch operating
facility has been selected.

The structure of the paper is as follows. In section 2, the general set-up of the test-rig is
presented and an overview of the measurement techniques is given. In section 3, experimental
results with air are reported. In particular, the operation of the throttling valve is verified and
the complete measurement system is tested. The possibility of using the Schlieren visualization
to support the interpretation of the pressure measurement is assessed. In section 4, preliminary
experimental results for siloxane fluid MDM (C8H24O2Si3, octamethyltrisiloxane) are reported.
In particular, the heating and degassing procedure is tested and assessed against saturated data
for MDM fluid. A very preliminary test run at low pressure (in the range 70-350 mbar) is
described and the suitability of the set-up to investigate nozzle flows of non-ideal compressible
flows of organic fluids is discussed. Final remarks and observations are gathered in section
5.

2. TROVA: SET-UP AND MEASUREMENT TECHNIQUES

The TROVA operates as a blow-down wind tunnel, namely, in a discontinuous way, to reduce
the power requirements. The working fluid to be tested is stored in a high pressure vessel (HPV)
(see figure 1) and isochorically heated up to saturated, superheated, or supercritical conditions
(point 4 in figure 1) at a pressure P4 and temperature T4 above the nozzle stagnation conditions
(point 6). The heating elements consist of electrical bands and wires externally clung to the
vessel. The control valve (MCV) regulates the feeding total pressure PT6 at the inlet of the nozzle
during the entire test. Small fluctuations in pressure around the set-point are acceptable since
they are characterized by a time scale extremely large if compared to the nozzle characteristic
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Figure 1: Scheme of the TROVA test-rig. The total pressure and temperature
in the settling chamber are measured by sensors PT6 and TT6, respectively. Static
pressure taps in the test section are indicated by Pw.

Fluid PT6 TT6 Z T6 � P7 M 7 t
(bar) (�) (bar) (s)

MDM 4.0 253.2 0.85 10.0 0.4 2.05 ⇠ 40

Table 1: Operating conditions for the first MDM test and expected duration. The
expansion ratio �, exit pressure P7 and exit Mach number M7 refer to adapted
conditions.

time. Similarly, the reduction of the nozzle inlet total temperature TT6 due to the HPV emptying
process is small, thanks to the high molecular complexity of the working fluid, i.e., large heat
capacity, and occurs at a very small time rate. However, in the settling chamber ahead of
the nozzle, the stagnation conditions data PT6 and TT6 are acquired at frequency of orders of
magnitude higher with respect to the frequency content of each signal. The organic vapor is
then expanded (to state 7) through the nozzle, where wall pressure measurements are performed.
The vapor is discharged into a large area pipe (point 8), where it is slowed and brought in a low
pressure vessel (LPV, state 9) where the fluid is collected and condensed (state 1). The loop
is closed by the liquid compression to the HPV (point 2), performed by a membrane metering
pump. Further details concerning all components can be found in Spinelli et al. (2013).

The design test scheduled for the TROVA concerns the expansion flow of siloxane MDM. Due
to its relatively high critical temperature (TC = 290.94 �), its thermal stability, non-toxicity
and low cost, this fluid is of particular interest for industrial ORC plant exploiting relatively
high temperature sources (e.g. biomass, solar radiation). The operating conditions for this
test have been selected as a compromise between the requirement of moderate temperatures, in
order to avoid fluid decomposition during the early tests, and the need of expanding the vapor
through thermodynamic regions where non-ideal compressible-fluid e↵ects are appreciable. The
resulting conditions are reported in table 1.

2.1 Test section and instrumentation
The test section is made of a planar converging-diverging nozzle (see figure 2); the diverging
portion of the nozzle profile was designed by applying the method of characteristics coupled with
state-of-the-art thermodynamic models for the siloxane MDM (Guardone et al. (2013),Colonna
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(a) (b)

Figure 2: Overview of the test section (a) and details of the nozzle within the test
section (b). The flow is from left to right. The settling chamber is on the left
and it is enclosed in the white box which contains the TROVA and it is separated
from the laboratory for safety. The front window is made of quartz to allow for
optical access, the back closure is a mirror (not installed to take the picture). Static
pressure taps are located along the symmetry axis and are marked with red dots.

Property Sensor Type CR P CR T U2 P U2 T
(bar) (�) (%FS) (�)

TT Thermocouple J (Fe - Cu/Ni) - 25-250 - 0.4
PT , Pw Piezo-resistive Kulite XTEH 1-FS (3.5-40) 25-250 0.07 -

Table 2: Type, calibration range (CR) and expanded uncertainty (U2) of the instru-
ments employed for pressure and temperature measurements. FS is the transducer
full scale.

et al. (2006)), while the converging portion was represented by a 5th order polynomial profile
which realizes a smooth transition from the inlet to the throat section. At the geometrical throat
a recessed step of 0.1 mm depth (1.2% of the nozzle semi-height at the throat) was machined on
both the top and bottom contoured profiles, in order to fix the location of the minimum nozzle
area, independently from boundary layer unsteadiness.

The front planar wall is a quartz window which guarantees optical access, while the rear wall
is made by a steel plate and it houses 9 pressure taps along the nozzle axis. Behind each tap a
25 mm long pneumatic line-cavity system is machined in the plate body, connecting the tap with
the sensing element of a piezo-resistive pressure transducer. For the present experimentation,
the plate surface has been mirror polished, in order to allow the implementation of the double-
passage Schlieren visualization technique detailed in section 2.2. The stagnation conditions are
measured in the settling chamber ahead of the test section. A wall pressure tap/line/transducer
system (similar to the nozzle ones) is used for the total pressure, due to the very low flow velocity
in the chamber; the total temperature is measured by a J type thermocouple whose hot junction
is located at the chamber axis.

The pneumatic lines connecting each pressure measurement point with the corresponding trans-
ducer are characterized by very short length (⇠ 25 mm) and small diameter ducts (0.3 to 1.5
mm); similarly the volume of the capacities ahead of the transducer sensing element is ex-
tremely small (⇠ 45 mm

3). A natural frequency of about 900 Hz has been estimated for the
transmission lines. All pressure sensors are piezo-resistive transducers (Kulite XTEH-7L se-
ries) operating at high temperature (up to 343 �) and chemically compatible with almost all
working fluids of interest for the ORC industry. The data acquisition (DAQ) system consist
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Figure 3: Functioning scheme of the double-passage Schlieren set-up.

of analog modules employed to provide the voltage supply to the transducers and to amplify
the measurement signals (including the thermocouple output voltage) and of a high speed data
acquisition board.

The J thermocouple has been calibrated in the temperature range 25-250 �. Due to the large
sensitivity of the pressure transducers to temperature variation and the consequent uncertainty
increase, the pressure sensors were calibrated both in pressure and in temperature in the range
1-FS bar for the pressure and 25-250 � for the temperature. The final accuracy, expressed in
terms of expanded uncertainty, obtained for each sensor is summarized in table 2. Notice that
the acquisition channels and the supply/amplification modules are kept unchanged during both
the calibration and the measurement processes.

2.2 Schlieren set-up
A double pass-type parallel light Schlieren system with the emitting and receiving optical com-
ponents mounted on an optical table was used. This configuration is shorter and easier to align
with respect to the classical Z-type system. A schematic sketch of the system is shown in figure
3. A 100 W Hg arc-lamp is used as the light source. The light from the lamp is focused by a
F/1.5 silica lens into a circular spot of about 3 mm in diameter and then collimated to form
parallel light rays by a Schlieren lens head (Lens 1 in figure 3). The latter has a diameter of
150 mm and a focal length of 1000 mm. The collimated light beam is deflected by a circular
mirror (Mirror 1 in figure 3) before traversing the test section. It is then reflected back to the
Schlieren head by the metallic mirror 0 (namely, by the polished nozzle back wall) and focused
on the vertically aligned knife edge (knife in figure 3)). The knife orientation allows to visualize
the density gradient along the nozzle axis. A cubic beamsplitter (prism in figure 3) separate
the light beam originated by the light source and the reflected one. A lens of 160 mm focal
lenght and 50 mm diameter is located behind the knife (Lens 2 in figure 3) and forms a real
image of the test section on the sensor of a high speed CMOS camera. To allow a suitable long
recording time the CMOS camera resolution and frame rate were respectively set to 1024 x 512
pixels and to 100 fps (frames per second), while the exposure time was set to 20 µs.

3RD International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium
236



Paper ID: 103 , Page 6

Fluid PT6 TT6 Z T6 � P7 M 7 t
(bar) (�) (bar) (s)

Air 4.0 20-60 1.0 20.0 0.2 2.59 ⇠ 40

Table 3: Operating conditions for the air test and expected duration. The expan-
sion ratio �, exit pressure P7 and exit Mach number M7 refer to adapted conditions.

Figure 4: Pressure measurement along the nozzle axis for di↵erent values of the
expansion ratio �. Pressure is made non-dimensional by the upstream total pressure
PT . The throat is located at x/H = 0. H is the nozzle semi-height at the throat.

3. EXPERIMENTAL RESULTS WITH AIR

3.1 Equivalent test with air
In order to verify the suitability of the test procedure and of the measuring strategy in giving
reliable measurements and an accurate description the nozzle flow field, an equivalent test is
designed and performed using dry air as working fluid. This allows for a comparison with
theory based on the ideal gas model, with similar experiments in nozzle (available from the
literature), and with standard CFD simulations. The equivalent test was designed in order
to have a comparable duration with respect to the MDM 1st test (see table 1), thus a similar
dynamic operation of the plant. Therefore, the capability of the control valve MCV in keeping a
reasonably constant pressure at the nozzle inlet during the test can be verified. The converging-
diverging nozzle profile designed for the MDM 1st test was used. However, when operated
with air, the nozzle adapted expansion ratio and exit Mach number considerably di↵er from the
corresponding design values for MDM expansion. The operating conditions of the equivalent
test are summarized in table 3.

The air tests were performed by storing in the HPV air at a pressure of about PT4 = 12 bar
and at a temperature in the range TT4 = 20-160 �. The LPV pressure is brought to PT9

= 0.08 bar by evacuating the reservoir. Therefore, at the initial time (P7=PT9) the nozzle is
under-expanded, since the expansion ratio is � = PT6/P7 = 50. The test start is dictated by the
opening of the ball valve V3 (see figure 1) which also triggers the CMOS camera recording, in
such a way that the pressure and temperature data are synchronized with the Schlieren images.
The control valve operates with low frequency oscillations (of the order of 1 Hz) keeping the
nozzle inlet total pressure at a value of about PT6 = 4±0.1 bar for approximately 25 s, than
the MCV is fully opened and the pressure across the valve is balanced (PT4=PT6). The test
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(a) � = 6.5 (b) � = 3.6

(c) � = 2.5 (d) � = 2

Figure 5: Schlieren visualization of nozzle operation in air in chocked conditions
for four values of the expansion ratio �, corresponding to adapted conditions (a)
and subsonic outflow with a shock wave in the divergent section (b,c,d). A recessed
step 0.1 mm deep is machined at the throat section of geometry shown on top: a
fan-shock-fan system originates at the step location. Pressure measurements are
reported in figure 4.

proceeds for additional 15 s (with a reducing and uncontrolled PT6) until the pressure of the two
reservoirs are balanced (PT4=PT9) (due to the HPV emptying and the LPV filling). According
to this test scheme, the entire range of possible flow regimes in the nozzle are observed during
the test: from under-expanded/adapted/over-expanded to fully subsonic flow.

3.2 Test results
The values of the static to total pressure ratio are reported in figure 4 for all static pressure
taps along the nozzle axis and for di↵erent values of the expansion ratio �. Note that pressure
taps along the back plate are not symmetric and up to 17 di↵erent measurement station can
be obtained if di↵erent tests are carried out by changing the plate orientation. Numerical
simulations of the expansion process, including the geometry of the recessed step, agree fairly
well with the adapted flow conditions within the nozzle (� = 6.5) in figure 4. Note that the
isentropic expansion profile is perturbed by the presence of the recessed step at the nozzle
throat, as confirmed by the numerical simulations as well as by the experimental results. At
lower values of �, the measured pressure profiles departs from the adapted one, as expected
from the gasdynamic theory of nozzle flows.

Indeed, as confirmed also by the Schlieren measurements in figure 5, shock waves occurs in the
divergent portion of the nozzle for low enough expansion ratios. For � = 1.1 and � = 1.4 (see
figure 4) a fully subsonic flow is observed in both the convergent and the divergent section of
the flow; notice that in case of � = 1.4 sonic conditions are reached at throat. Remarkably, the
recessed step at the nozzle throat produces significant perturbation in the flow field, which are
clearly visible in all Schlieren visualizations in figure 5 and in the pressure profiles in figure 4.
Supersonic flow expansion at the step location results in the formation of a Prandtl-Meyer fan
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(a) Heating phase (b) Cooling

Figure 6: Pressure-temperature profile during the heating (a) and cooling (b) phase
and saturation curve of fluid MDM.

(light gray in the Schlieren images) and causes flow separation around the step corner. Flow
re-attachment at the nozzle surface results in the formation of a shock wave (dark gray). A
further expansion is visible at the geometric discontinuity at the end of the machined portion of
the nozzle. The resulting fan-shock-fan combination is clearly seen to propagate and to interact
with the nozzle walls in the adapted flow conditions shown in 5a).

4. PRELIMINARY RESULTS FOR MDM VAPOR

4.1 Fluid preparation and heating/cooling procedure
The preliminary steps required to prepare the MDM test include the fluid charge and the
execution of cycles of isochoric heating and cooling within the HPV for removing incondensable
gases, most notably air, from the fluid. The fluid was charged at the condenser (LPV) after
a complete plant evacuation, which was carried out using the plant vacuum pump. The final
pressure before the charge (at each section) was of the order of 1 mbar. Depending on the test
conditions a proper fraction of the liquid is pumped to the HPV by the metering pump, whose
operation was also verified. The mass of fluid charged at each section is such that, at room
temperature, the fluid is always in saturated conditions, therefore at a pressure well below the
atmospheric pressure.

The heating/cooling cycles were performed from room temperature (⇠ 20�) to about 180 �,
therefore below the critical point and always maintaining saturated conditions, namely by keep-
ing the fluid within the two-phase region. It’s worth reminding that the HPV is electrically
heated from the vessel external walls and it is not equipped with a cooling system, therefore
cooling can be obtained only by heat exchange with the external environment.

Figure 6 shows that the experimental P -T saturation curve obtained during the heating process
is finely captured by the thermodynamic model Colonna et al. (2006), whereas the agreement
is lost during the cooling process. Indeed, during the heating process the convective heat
transfer between the fluid and the thermocouple (industrial K type) hot junctions (located at
the reservoir axis) is promoted by the expected convective motion within the reservoir (activated
by the liquid boiling in the lower portion of the reservoir, where most of the thermal energy
enters the system). This heat transfer mechanism is expected to prevail over the conduction
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Figure 7: Pressure in the HPV during the degassing cycle at a temperature of
42 �.

Fluid PT6 TT6 Z T6 �

(bar) (�)
MDM 0.35-0.07 120-80 0.97 50-10

Table 4: Operating conditions for the early MDM tests.

along the thermocouple stem and the radiation from the vessel wall. During the cooling process,
convective motions are strongly inhibited, since the the entire HPV (and especially its top
portion) is not provided with a cooling system and it is strongly insulated. Therefore, the
thermocouple are presumably heated by conduction and radiation from the vessel wall at a
temperature constantly higher than the condensing fluid temperature.

After each heating/cooling cycle, the HPV pressure is significantly higher than the saturation
pressure at the fluid temperature (see figure 7, at t < 200 s). This could be related to the
presence of air sucked by HPV from the surrounding environment, to liquid degassing or to fluid
decomposition, since MDM is expected to form more volatile fractions after decomposition. For
this reason, after each cycle the HPV has been degassed, by means of the vacuum pump. The
process is depicted in figure 7. It can be seen that as the vacuum pumps is operating (staring at
t ' 200 s) the HPV pressure reduces at a large rate (until t ' 400 s) this behaviour is probably
related to volatile gas extraction (air, non-condensible gas, possible decomposition products).
As the pressure diminishes the rate of decrease also reduces, indicating the approaching of the
saturation pressure and the consequent probable extraction of MDM vapor. As the vacuum
pump is stopped (at t ' 600 s), the pressure rapidly rise, reaching and keeping constant the
saturation value, thus indicating that no fluid decomposition occurred. This matching is also a
confirmation of the consistency between the experimental and the calculated P-T value at this
saturation point (P = 0.014 bar, T = 42 �).

4.2 Experimental results
Due to the di�culties related to the accurate setting of the MCV PID parameters, the early
test with MDM are performed with a constant valve opening set at 25%. The resulting test
conditions are reported in table 4.

A picture of the test section during the experimental runs with MDM is shown in figure 10.
Condensation of MDM vapor occurred along the back plate, which is not heated, in all performed
tests. Condensation prevented the use of the double-passage Schlieren techniques, since liquid
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Figure 8: Picture of the test section during the experimental runs with MDM. The
flow is from left to right. Condensation along the back plate is clearly visible. A
liquid film is also visible in the convergent section of the nozzle.

(a) (b)

Figure 9: Last part of the experimental run with MDM. The flow is from left to
right. Total inlet conditions at this time are PT6 = 100 mbar, TT6 = 84 �; the
downstream pressure is P9 = 6 mbar. (a) Picture of the test section; the liquid film
is largely evaporated at the back plate. (b) Schlieren visualization; oblique shock
waves immediately downstream of the recessed step are clearly visible.

drops and film over the back plate produced reflected rays featuring highly distortion in di↵erent
directions, thus preventing the detection of the density gradients in the vapor phase. Direct
observation of the test section revealed that indeed condensation occurs only along the metal
plate. Moreover, two shock waves originating from step position were observed thus confirming
the possibility of observing a supersonic nozzle flow in the vapor phase. This is also proved by
partial Schlieren visualization of figure 9 obtained during the last part of the test, when the test
section heating provided by the vapor flow is such that the liquid film is largely evaporated. The
oblique shock waves originated immediately after the recessed step are clearly visible (together
with their reflection at the contoured wall), thus confirming the occurrence of a supersonic flow
of MDM vapor within the nozzle.

Figure 10 reports the instantaneous Mach number at the pressure tap located along the nozzle
axis and at the throat section. The Mach number is computed from isentropic relations using
the instantaneous values of the total and static pressure ratio and according to the pertinent
thermodynamic model. From small-perturbation theory of transonic flows, the value of the Mach
number in this peculiar location is independent from the fluid thermodynamics. Therefore the
ideal-gas value measured for air (about 0.96) should be equal to that obtained for MDM in non-
ideal conditions. Indeed a good agreement is observed during the first 15 s of the experiment,
thus confirming the consistency of the pressure measurements. Departure from the expected
value is believed to be related also to the presence of a thick liquid film along the bottom
surface of the nozzle, probably caused by liquid entrainment within the main vapor flow from
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Figure 10: Mach number from the pressure tap located along the nozzle axis and
at the throat section for the air and MDM test runs.

the settling chamber.

5. CONCLUSIONS

Preliminary results from the Test-Rig for Organic Vapors (TROVA) at Politecnico di Milano
were reported. Pressure measurements are in good agreement with theoretical predictions for
air, thus confirming the accuracy of the measurement chain and the e�ciency of the throttling
valve. The Schlieren bench is functional and provides an overview of the flow field, including
the location of shock waves which is required to understand the pressure signal in the diverse
operating conditions. Regarding the test run with the organic fluid MDM, the loading proce-
dure and the liquid pump operation was verified. Degassing of the fluid is satisfactory: after
vacuumising the HPV, the pressure immediately sets back to the vapor pressure at the consid-
ered temperature. The fluid follows the saturation curve while heating, thus indicating that no
contaminants are present. Preliminary results for nozzle flow of MDM were found to be consis-
tent with those obtained for air, though condensation along the back plate prevented its use as
a mirror for the optical measurements. The appearance of shock waves induced by the recessed
step confirms the occurrence of a supersonic nozzle flow of MDM in the vapor phase, during the
last part of the test. The test-rig is currently being retrofitted with a new heating system to
avoid condensation during the fluid heating phase, most notably in the piping connecting the
HPV and the test section, and during the test runs.
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ABSTRACT

Non-ideal compressible fluid dynamics (NICFD) are defined as compressible fluid flows occurring in
the dense vapour, dense vapour-liquid equilibrium or supercritical thermodynamic region. This type of
flow can occur in expanders of organic Rankine cycle power plants. In order to study NICFD, a Ludwieg
tube-type facility has been designed and constructed at Delft University of Technology. A large variety
of fluids can be employed in the facility, but for this study D6 siloxane is chosen as working fluid due to
its high thermal stability and the possibility of encountering non-classical gasdynamic phenomena. This
compound belongs to the siloxane class, which are also used as working fluids in ORC power systems.
Gasdynamic experiments within the NICFD region are presented from which the wave speed and speed
of sound can be inferred using the time-of-flight technique. These data can be used to improve and
validate thermodynamic models.

1. INTRODUCTION

The field of fluid mechanics studying the motion of fluids in the dense-vapour, dense-vapour-liquid and
supercritical thermodynamic region is called Non-ideal compressible fluid dynamics (NICFD). Such
flows are characterized by, among other interesting phenomena, a quite different variation of the sound
speed compared to that of ideal gases. This feature can be investigated by considering the fundamental
derivative of gasdynamics Γ, defined by Thompson (1971) as

Γ ≡ 1 + ρ
c
(@c

@ρ
)
s
, (1)

in which ρ, c and s denote the fluid density, speed of sound, and entropy respectively. For an ideal gas,
Γ is constant and equal to (γ + 1)/2 in ideal gases, in which γ is the ratio of specific heats. Whenever Γ
is variable among the thermodynamic states of the fluid flow, NICFD occurs (Thompson, 1988).

The working-fluid flows within turbomachinery of Organic Rankine Cycle (ORC) power systems is one
example where NICFD is encountered (Cramer, 1989; Brown and Argrow, 2000; Colonna et al., 2015).
Other examples encompass supercritical carbon dioxide (scCO2) power systems (Conboy et al., 2012;
Rinaldi et al., 2015) and high temperature heat pumps (Zamfirescu and Dincer, 2009).

Flow measurements in the dense vapour region of complex organic fluids can contribute to the improve-
ment of thermodynamic models and to the understanding of NICFD. ORC turbine designs benefit from
better thermodynamic models through a more accurate prediction of flow patterns, such as shock waves.
However, measurements in dense vapours of high molecular weight fluids are scarce (Nannan et al.,
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Figure 1: Picture of the FAST setup. In the
foreground the LPP is visible, with the charge
tube extending to the other side of the room.
The vapour generator and condenser are not
visible in this image.

Figure 2: Schematic overview of a rarefac-
tion wave experiment after opening the FOV.
A rarefaction fan (RF) propagates into the
charge tube (CT) at sonic speed W. The rar-
efaction starts a flow from stagnant condition
A in the CT to condition B. It flows through
a choked nozzle to the low pressure plenum
(LPP). The pressure p and Mach number M
along the tube are displayed qualitatively.

2007; Weith et al., 2014). In order to fill this gap, the flexible asymmetric shock tube (FAST), an un-
conventional Ludwieg tube, is designed and installed at Delft University of Technology (Colonna et al.,
2008a), in the Netherlands, with the aim of studying wave propagation in the dense vapour of organic
compounds.

This work documents the FAST set-up and the first experimental results of wave propagation measure-
ments in the dense vapour of dodecamethylcyclohexasiloxane (D6). Fig. 2 shows a schematic overview
of a classical rarefaction wave experiment. The charge tube (CT) is filled with the dense organic vapour
and kept at the desired pressure and temperature. The fast-opening valve (FOV), initially closed, is
opened, thus allowing the fluid to flow towards the low pressure plenum (LPP), which is maintained at
a lower pressure. Consequently a rarefaction travels into the CT.

A description of the set-up is provided in Sec. 2: it provides details about the components equipping the
complete system as-built, the experimental procedure, and an overview of the control and data acquisition
system. The results of the rarefaction wave experiments in a variety of incondensable gases are reported
and discussed in Sec. 3. In Sec. 4 results from preliminary rarefaction wave measurements in D6 are
reported. Sec. 5 summarizes concluding remarks and outlines future work.

2. THE FAST AND THE EXPERIMENTAL PROCEDURE

The mechanical and heating equipment is described in Sec. 2.1 by outlining the procedure of a typical
experiment. The measurement and monitoring instruments as well as the control system are briefly
reported in Sec. 2.2.
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Figure 3: Overview of the FAST setup. Relevant labels are placed to the equipment and instru-
ments. The fast-opening valve is placed inside the low pressure plenum.

2.1 Equipment & procedure
A schematic representation of the FAST is reported in Fig. 3. All pipes, vessels, and parts in contact with
the working fluid are made of stainless steel (316Ti).

Before starting an experiment the working fluid needs to be purified in order to remove air and moisture
deemed as the main causes of thermal decomposition of the adopted organic compounds at high tem-
perature (Dvornic, 2004). The fluid, after being filtered with a 3Å molecular sieve and a paper filter, is
inserted into a stainless steel Swagelok cylinder (type 304L-HDF-81CAL) and a Pfeiffer vacuum pump
(type Duo 5 M) is used to extract any incondensable gases. By immersing the cylinder in a pool of liquid
nitrogen, the fluid freezes and, as a consequence, releases the dissolved gases that are extracted by using
a vacuum pump once the fluid has melted. This freezing-thawning procedure is repeated at least 2 times
before filling the vapour generator through pipe 1, see Fig. 4.

The vapour generator is a custom made 5.9 liter vessel, designed to heat and evaporate the working fluid
isochorically (valves MV-4 and PV-2 closed, see Fig. 3) up to the desired pressure and temperature by
utilizing electric heaters. Most of the thermal energy is supplied to the vapour generator by a 1.5 kW
Kurval ceramic band heater (custom built ETB HRHK-type) covering the bottom section, see Fig. 4,
because the lower part of the vapour generator is always in contact with liquid. This ensures a high heat
transfer coefficient between the heater and the liquid fluid inside the vessel and helps avoiding hot spots
that could trigger thermal decomposition of the fluid. Preliminary tests revealed periodic instabilities
of the thermal control induced by condensation phenomena occurring in the unheated section of the
vessel (pipe 2 and 3, Fig. 4). By heating all the walls of the vapour generator, these instabilities were
eliminated. Therefore, the main section of the vessel is heated by a 2.8 kW ceramic band heater (custom
built ETB HRHK-type). The complex geometry of the top section made the implementation of a band
heater impossible, so the upper section of the vapour generator is heated with a 6 m long 1 kW Welvy
Joule dissipation heating wire (type HSQ/060). Another heating wire of the same type is wrapped around
pipe 2 and 3, and a third wire around pipe 4, see Fig. 3. Where possible to apply, the heating element
presses into a KWX 2 mm conducting graphite layer (type KU-CBGA2000-0H) to improve the thermal
contact, which also ensures an even surface temperature distribution, thanks to its high in-plane thermal
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Figure 4: Drawing of the vapour genera-
tor. The numbers correspond to the flanges
connecting with the following equipment:
F1: outlet to extract liquid, F2: PT-100
sensor, F3: return pipe from the LPP, F4:
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Figure 5: Drawing of the cross-section of the Fast
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clamps outward. Once the clamps release the pre-
slider, the fast moving components (in red) come
into motion because the compressed spring pushes
the sliding cylinder and the pre-slider away. After
the sliding cylinder is pushed across the venting
holes, he fluid is free to flow from the inlet to the
outlet. The nozzle insert (in green) can be moved
in the longitudinal direction in order to control the
throat area.

conductivity. This is required to obtain a uniform temperature and to prevent hot spots that could promote
thermal decomposition. The entire vapour generator is coveredwith a layer ofminimum50mm rockwool
insulation to limit heat losses to the environment.

Once the desired pressure is attained in the vapour generator, a manually operated Tyco 19.05 mm globe
valve MV-4 (type Megastar) is opened and vapour flows through pipe 4 to the reference tube (RT) and
charge tube (CT), see Fig. 3. The purpose of the RT is to finely control the vapour superheating and to
provide a reference for the thermal control of the CT, as further explained in Sec. 2.2. The RT is a 500mm
long tube with an internal diameter of 40 mm and 15mm thick walls. The thickness of the walls enhances
an even distribution of the thermal power. The thermal energy is supplied by two Tyco custom-made
heating jackets around the tube, which includes a 25 mm glass silk insulation layer. A 335 W version is
placed around the RT and a 180 W version around the flange of the RT. To prevent condensation in pipe
6, see Fig. 3, a 2.1 m long 370 W Welvy Joule dissipation heating wire (type HSQ/021) is applied with
a 2 mm thick graphite layer placed underneath.

The geometry of the CT and of the RT are identical, except for their length. The CT is composed of six
pipe segments, each 1520 mm long. The pipe segments feature a male-to-female connection and a red
copper seal (see the zoomed section in Fig. 3) which allow for satisfactory sealing both in case the inner
volume is at superatmospheric pressure, or under vacuum conditions. The CT assembly measures 9 m in
total and is placed on a sliding support to allow for its thermal expansion when at high temperature. Each
segment is fitted with a custommade Tyco 950WGlass Silk heating jacket and the couplings between the
elements are fitted with two 0.5mWelvy 180W Joule heating electric wire (type: HBQ/005), all covered
by a 25 mm glass silk insulation layer. Immersion of temperature sensors in the CT would inherently
disturb the flow field of interest. Instead, the outside wall temperature is measured both in the RT and
CT. Due to the geometric equivalence of the RT and the CT, imposing the same temperature on the walls
results in the same fluid temperature inside the tube.

The end of the CT is closed off by a FOV, arguably the most complex mechanical part of the setup,
see Fig. 5. This custom designed valve is able to operate at high temperatures without lubrication to
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avoid contamination of the working fluid. It might however be expected that the siloxane working fluids
act as a lubricant. The valve is contained in the LPP and can be operated remotely, keeping the entire
facility hermetically sealed for multiple experiments. In the opened position, the working fluid can flow
through venting holes present in the inner and outer body in the radial direction. In the closed position,
a sliding cylinder is pushed between these bodies, obstructing the flow through the venting holes. The
sliding cylinder presses into a Kalrez compound sealing pad on the flange to ensure sealing. On the
other side, the sealing is performed by a Kalrez O-ring with a diameter of 47.22 mm and a thickness
of 3.53 mm between the sliding cylinder and the inner body. Since the thermal swelling of the O-ring
has a strong effect on the friction of the sliding cylinder during the fast opening, a 3 mm thermocouple
(K-type) inserted in a hole in the mounting flange of the FOV monitors the temperature of the steel. An
Inconel steel spring is compressed and three radial clamps engage the pre-slider to prevent the spring
from being released. To open the valve, the clamps are moved in the outward direction, allowing the
spring to push the sliding cylinder and the pre-slider away, thus leaving the venting holes open. A nozzle
insert creates a throat area in order to choke the flow, thus preventing flow disturbances from travelling
upstream. For this reason the throat is located upstream of the sealing, as opposite to solutions that are
typical in Ludwieg tubes (Schrijer and Bannink, 2010; Knauss et al., 1999). The nozzle insert can be
moved remotely in the longitudinal direction to change the throat area section, between approximately
420 mm2 and 600 mm2, and this allows to modulate the strength of the rarefaction waves.

The FOV is contained in the LPP, a 113 liter cylindrically shaped vessel, see Fig. 3, with an outer diameter
of 406.4 mm and 9.53 mm thick walls. The electric motor triggering the FOV and the manual nozzle
positioning gear are mounted on the LPP with feedthrough shaft connections sealed with copper gaskets.
A lid gives access to the vessel interior for installation of the FOV, and is sealed by a graphite gasket.
The LPP can be heated by 4 custom built Tyco heating jackets with a nominal power of 1450, 425, 960
and 490 W respectively.

The vapour flows from the LPP through globe valve PV-1 into a condenser. The condensed liquid ac-
cumulates in a flow return pipe and returns via globe valve PV-2 into the vapour generator, see Fig.
3.

2.2 Instruments & Control
The thermal energy supply to the various sections of the facility is regulated by digital PID controllers,
which modulates the electrical voltage to the heating elements via RKC 1-phase thyristors (model: THV-
1PZ-020-5*NN-6).

In the vapour generator, the static pressure had initially been used as process variable for the main heater
at the bottom section, measured by a Klay pressure transmitter (type 2000-SAN-4-F(w)-I-HT-G43) with
a specified accuracy of 0.1% of the full range of 30 bar. Because the operating pressure range of the
vapour generator spans from very far from the critical point to close-to-critical conditions, the response
in pressure to the supplied thermal power changes dramatically, due to the difference in the pressure
derivative with respect to temperature at constant specific volume (@P

@T)v. Consequently, the PID pa-
rameters should also be adapted depending on the operated pressure. This is avoided by converting the
pressure into a saturation temperature with the help of in-house software (Colonna et al., 2012) imple-
menting suitable fluid thermodynamic property models, (see, e.g. Nannan and Colonna 2009). Now the
same PID parameters can be used throughout the entire operating range, because the change in specific
heat capacity is sufficiently moderate. At the same time, the fast response of the pressure transmitter is
still exploited for the control. The fluid saturation temperature is compared by a direct measurement of
the liquid temperature as sensed by a Klay 4-wire Pt-100 sensor with insertion length of 180 mm and 6
mm diameter (type TT-E-D-F-L180xD6-S-P2-P13), which is calibrated using a Presys calibration oven
(type T-350P) to within a tolerance of 0.12 ○C. The other heaters on the vapour generator are each reg-
ulated based on the temperature difference as measured by the Pt-100 and a 1 mm thick thermocouple
(K-type) applied underneath each heater.

The heat supply to the RT is regulated by a PID controller with as process variable the superheating of

3RD International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium
248



Paper ID: 104, Page 6

0.9 1 1.1 1.2 1.3 1.4
0

0.5

1

1.5

2

2.5

3

3.5

4

4.5

Time [s]

Pr
es

su
re

 [b
ar

]

 

 

PT1
PT2
PT3
PT4

0.99 1 1.01
3.96
3.98

4
4.02

Figure 6: Pressure signals of experiment 25
measured by transducers PT1 to PT4. The
valve opening results in a pressure drop from
3.97 bar to 2.88 bar, which is preceded by
two other small pressure drops. These are at-
tributed to an initial leakage flow that starts as
soon as the FOV sliding cylinder detaches from
the seal.

−0.8−0.6−0.4−0.20
280

300

320

340

360

380

ΔP (bar)

W
av

e 
sp

ee
d 

(m
/s

)

 

 
PT1 and PT2
theoretical curve
shifted theoretical curve
linear fit

Figure 7: Wave Speed in N2 as a function of
the pressure drop. The blue dots are the exper-
imental results obtained with the time-of-flight
method. The red line is the theoretical curve.
The black line is a shift of the theoretical curve
with the average deviation from the theoretical
curve. The magenta line is a linear fit of the
data. The shifted theoretical curve and the lin-
ear fit are made based on 25 % of Δprel = -0.2
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the vapour, measured by the difference in temperature of the vapour in the RT and of the liquid in the
vapour generator. The temperature in the RT is measured with a Klay 3-wire Pt-100 sensor (type TT-
E-D-F-L250xD6-S-P2-P13) with 250 mm insertion length and 6 mm diameter, and is calibrated in the
same manner as the one in the vapour generator. An identical resistance temperature detector (RTD) as
the one in the RT is used to monitor the temperature in the CT.

The fluid temperature inside the CT is controlled by imposing the same wall temperature on the CT
as on the RT, which are geometrically equivalent, except for the length. The process variable of each
control loop is the difference in wall temperature between the RT and the respective CT pipe segment and
coupling. Instead of measuring the temperature of the two thermocouples and calculating the difference
in temperature, here the two thermocouples are connected to each other and the voltage difference is
directly measured to reduce the measurement error. The 1 m long and 0.5 mm thick thermocouple (type
K) is placed in a groove in the RT and in each CT element, bonded to the tube with Aremco silver-filled
conductive ceramic adhesive (type 597A) to ensure the measurement of the wall temperature.

To measure the passing rarefaction, four dynamic pressure measurement stations PT1-PT4 are created
by flush mounting a high-temperature Kulite fully active four arm wheatstone bridge pressure transducer
(type XTEH-10LAC-190M-21bar-A) that measures the pressure with an accuracy of 0.5 % of the full
scale of 21 bar along the CT at a distance of 4, 4.3, 8.4 and 8.7 m from the FOV respectively, see Fig. 3.
The signals acquire at a frequency of 250 kHz and are scaled after each experiment with themore accurate
value of the pressure before and after the experiment, measured by the static pressure transducers. The
sensors are placed in pairs to give the possibility to have a time of flight measurement at two different
locations in the tube.
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nr fluid PCT TCT Γ ΔPwave Anozzle cmodel cfit cshift
[bar] [○C] [-] [bar] [mm2] [m/s] [m/s] [m/s]

1 He 6.01 17.3 1.34 1.74 459 1006 998 964
2 He 4.90 22.7 1.34 0.28 79 1014 1014 1028
3 He 6.09 48.9 1.34 1.69 438 1059 1005 1072
4 He 6.50 50.0 1.34 0.32 67 1060 1121 955
5 He 6.66 99.2 1.34 2.01 483 1138 1274 1169
6 He 6.02 149.4 1.34 1.84 489 1212 1225 1182
7 He 7.29 269.4 1.34 0.33 62 1373 1547 1348
8 He 8.47 269.9 1.34 0.44 72 1374 1424 1483
9 air 6.31 17.6 1.21 1.62 456 343 341 341
10 air 4.08 18.0 1.20 0.97 418 343 338 339
11 air 7.01 19.1 1.21 1.81 459 344 338 339
12 air 4.86 20.0 1.21 0.21 67 344 359 350
13 air 5.39 20.0 1.21 0.23 68 344 344 353
14 air 7.13 22.0 1.21 0.30 67 345 338 347
15 air 6.15 49.1 1.21 1.62 468 361 353 356
16 air 6.98 95.0 1.20 0.27 61 386 375 388
17 air 6.80 99.5 1.20 1.76 461 388 390 384
18 CO2 5.99 18.0 1.13 1.50 471 262 257 259
19 CO2 6.42 50.0 1.12 1.59 465 275 274 273
20 CO2 6.64 100.3 1.12 1.64 464 296 294 293
21 CO2 6.13 149.7 1.11 1.50 459 314 321 315
22 N2 1.09 25.3 1.20 0.35 576 352 337 338
23 N2 1.12 25.4 1.20 0.33 531 352 379 349
24 N2 4.00 25.7 1.20 1.00 443 353 360 353
25 N2 4.01 25.8 1.20 1.08 481 353 346 349
26 D6 1.26 264.2 0.86 0.09 169 89.8 89.5 88.4
27 D6 1.26 293.7 0.91 0.15 278 94.3 94.0 94.1
28 D6 1.27 298.0 0.91 0.18 328 94.8 96.9 93.9
29 D6 1.27 300.1 0.92 0.14 254 95.1 98.3 94.0
30 D6 2.52 301.1 0.79 0.26 254 84.6 84.9 83.5
31 D6 2.38 302.3 0.81 0.21 220 86.2 83.5 82.7
32 D6 2.53 305.1 0.79 0.29 286 85.4 84.3 83.5

Table 1: Results from rarefaction measurements. pCT and TCT are the measured initial pressure
and temperature in the charge tube. Γ and cmodel are the fundamental derivative of gasdynamics
and speed of sound respectively calculated using the most accurate thermodynamic model for the
measured conditions (uncertainty unknown). Δpwave is the pressure difference across the rarefac-
tion. Anozzle is the nozzle area calculated using the pressure drop across the expansion. cfit and cshift
are the speed of sound as measured by fitting the experimental time-of-flight results using a linear
function and by shifting the theoretical curve with the average deviation respectively.

3. RAREFACTIONWAVES IN INCONDENSABLE GASES.

In order to verify the correct functioning of the facility, a series of experiments are performed using
incondensable gases in the ideal gas regime. The CT is filled with the gas under pressure, while the LPP
is kept at vacuum conditions. The FOV is opened after which a rarefaction wave propagates into the CT,
see Fig. 2. A flow starts from the CT into the LPP, which is attaining a sonic speed in the throat.

The pressure recordings of rarefaction experiment 25 (see Table 1) are displayed in Fig. 6. The working
fluid in that experiment is nitrogen and the pressure is 4.01 bar in the CT and < 10 mbar in the LPP, both
at an ambient temperature of 25.8 ○C. The FOV opening sequence can be inferred from these pressure
data: as soon as the FOV opening is initiated, the sliding cylinder is pushed by the compressed spring,
see Fig. 5. A small opening is created when the sliding cylinder does not touch the seal anymore, and the
flow gets choked close to this position. This causes a small pressure drop of approximately 20 mbar. As
the slider moves further, the position of minimum cross-section of the flow changes to a section between
the slider and the inner body, which is slightly larger than the initial choked section. This is revealed by
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a second small drop in the pressure of approximately 20 mbar. Finally the sliding cylinder passes over
the venting hole of the inner body, and the flow chokes at the designated nozzle. This is seen as the large
pressure drop down to 2.88 bar.

The nozzle throat cross-sectional area is not easily recovered from the FOV geometry and therefore it is
inferred from the measurements by assuming a steady flow from state B through the nozzle, see Fig. 2.
The mass flow in state B is evaluated using the density calculated by using the isentropic relations from
state A, the known cross-sectional area of the CT and the evaluated flow velocity using the Riemann
invariant from state A. The isentropic relations are used to calculate the density and velocity in the
throat. The calculated throat area ranges from 418 to 576 mm2. Several experiments were performed
using a special nozzle insert, for which the calculated throat area ranges from 61 to 79 mm2, see Table
1.

The local wave propagation speed in the CT equals the local speed of soundminus the local flow velocity.
A theoretical curve can be constructed by calculating the wave propagation speed as a function of the
pressure drop of the rarefaction. At zero pressure drop, the wave propagation speed equals the speed
of sound, since stagnant conditions are assumed in the CT before opening the valve, and is evaluated
using the reference equation of state. For a given pressure drop, the wave propagation speed is evaluated
by calculating the local speed of sound using the isentropic relations, while the local flow velocity is
calculated by evaluating the Riemann invariant in the undisturbed state (Thompson, 1988).

By applying the time-of-flight method to the signals of two pressure transducers, an experimental value
of the local wave propagation speed is obtained. This is done by first selecting the relevant part of the
pressure signal as follows: the beginning of the wave at t = tstart is formally identified as the time when
the pressure departs more than 15 mbar from the initial value PCT. The threshold is chosen such that it
exceeds the noise level. The end of the unperturbed portion of the signal is chosen when the head of the
wave is expected to reach the end of the CT at t = tend. The estimate is performed by using the speed
of sound from the accurate reference thermodynamic model, therefore tend = tstart + Δx/cmodel, where
Δx is the distance between the sensor location and the end of the CT. The relevant portion of the signal
ΔPrel spans from Pstart to Pend. This span is divided into intervals of two times the resolution of 0.32
mbar of the pressure signal of the current measurement system. The time-of-flight method is applied
to corresponding subintervals from different sensors to compute the local wave propagation speed. The
measurements of sensors PT3 / PT4 are quickly influenced by the reflection of the rarefaction from the
CT end wall, so only the measurements of sensors PT1 / PT2 are considered.

Fig. 7 shows for the example of experiment 25 the charts that can be obtained, from which the speed
of sound can be retrieved at Δp → 0. Wave speed values as a function of the measured pressure drop
are shown together with fitting curves used to estimate the speed of sound. To reduce inaccuracies
introduced by the FOV in the determination of the speed of sound to a negligible level, only the first
25 % of the relevant pressure span is taken, while keeping a minimum of 40 mbar, such that Δpmax =
max (0.25prel,0.04 bar). Two methods are used to fit the experimental data: a simple linear fit and a
fit obtained by shifting the theoretical curve with the average deviation of the measurement points with
respect to this curve. The resulting speed of sound cfit and cshift are reported in table 1. For air, CO2 and
N2, both methods deliver an accurate estimate of the speed of sound, compared to the value obtained from
the reference thermodynamic model (Lemmon et al., 2013), which corresponds to the ideal gas model
in this regime. The only exception is the linear fit for experiment 23. The average error and standard
deviation with respect to the model are 2.1 ± 1.6 % and 1.1 ± 1.1 % for the linear fit and the shifted
theoretical curve respectively. For helium, the average error and standard deviation with respect to the
model are 5.1 ± 4.6 % and 4.0 ± 3.1 % for the linear fit and the shifted theoretical curve respectively. The
reason for the larger error is due to the higher speed of sound of helium in combination with the finite
process start-up time of the FOV resulting in a very small usable relevant portion of the signal.
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Figure 8: Temperature recordings during the experimental campaign on siloxane D6. Tsat is ob-
tained from the measured pressure in the vapour generator by means of the suitable thermody-
namic model from Nannan and Colonna (2009). TE1.0 is the temperature measured by the PT-100
sensor in the vapour generator. TE2.0 is the temperature measured by the PT-100 sensor in the
reference tube.

4. RAREFACTIONWAVES IN SILOXANE D6

Experiments tomeasure the expansionwave speed inD6 (dodecamethylcyclohexasiloxane, C12H36O6Si6)
are performed from which the speed of sound is estimated. Gaschromatographic analysis confirmed the
specification of the supplier that the fluid has a 96 % purity. Experiments were conducted at several
thermodynamic states, see experiments 26 to 32 in Table. 1. Fig. 8 shows the temperature of the fluid in
the vapour generator and in the reference tube during the entire test campaign. Part of the liquid in the
vapour generator is flashed each time valve MV-4 is opened after an experiment. The measured temper-
ature fluctuations in the reference tube and charge tube had a period of approximately 2 hours with an
amplitude of up to 3 ○C for both temperature levels.

Pressure recordings of experiment 28 are displayed in Fig. 9. Calculations using the resulting pressure
drop from the experiments result in a significantly lower nozzle area than the 460 to 600 mm2 that was
expected based on the geometry, see Table 1, which may indicate that there is accumulation of condensed
fluid in the unheated FOV.

The wave propagation speed has been computed from the experimental data and compared with the
theoretical curve, which is constructed in the same manner as for the incondensable gases. The ideal
gas model can not be used in this case, and consequently the Riemann invariant can not be integrated
analytically. The local flow velocity is instead evaluated by integrating the Riemann invariant numer-
ically. Estimation of the speed of sound is obtained with the best available thermodynamic model for
pure D6, which shows a 30 % deviation on the speed of sound with the sole reliable measurement, which
is performed in the liquid state (Colonna et al., 2008b). Results from experiment 28 are displayed in Fig.
10. The wave speed calculated from experimental data for this experiment is within 8 % of the value
predicted by the thermodynamic model. Only for a pressure drop lower than 12 mbar the deviation is
higher, because the pressure gradient is very low, thus the influence of noise more significant. By fitting
the experimental data in the same manner as illustrated for the case of incondensable gases, i.e. using a
linear fit, and by shifting the theoretical curve, the speed of sound cfit and cshift is obtained. The average
error and standard deviation with respect to the value predicted by the thermodynamic model are 1.6 ±
1.2 % for the linear fit and 1.6 ± 1.1 % for the shifted theoretical curve. The experimental results are
unexpectedly close to model predictions, considering that, differently from the case of incondensable
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Figure 10: Wave speed in D6 siloxane as a func-
tion of the pressure drop. The blue dots are the
experimental results obtained with the time-of-
flight measurements. The red line is the theo-
retical curve. The black line is a fit of the ex-
perimental data using a shift of the theoretical
curve. The magenta line is a linear fit of the
data.

gas, the D6 thermodynamic model is expected to be rather inaccurate for states in the close proximity of
the saturation curve.

5. CONCLUSION & FUTUREWORK

A novel Ludwieg-tube-type facility has been commissioned at Delft University of Technology, with
the purpose of performing measurements on rarefaction waves in dense organic vapours. The pressure
and temperature of the working fluid can be regulated independently from each other, such that any
thermodynamic state can be achieved within the limits of the measurement system of 21 bar and 400 ○C.
Experiments on rarefaction waves in a number of incondensable gases have been conducted to validate
the correct functioning of the facility. A novel algorithm is devised to estimate the speed of sound
from rarefaction experiments. Experiments using siloxane D6 show the feasibility of the original design
concept up to 300 ○C: rarefaction wave speed measurements were successfully performed, providing
values of the speed of sound that are within 1.6% of the predictions of the best available thermodynamic
model (the model itself is known to be affected by uncertainties of 30 % for the speed of sound).
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ABSTRACT 

Organic Rankine Cycle (ORC) could be used to generate power from low temperature heat sources 
or improve overall cycle efficiency in waste heat applications with minimal environmental pollution. 
The design and development of an ORC turbine, however, is a complex and costly engineering problem. 
The common refrigerants for an ORC application exhibit non-ideal gas behaviour and some 
unfavourable characteristics, such as flammability and toxicity. These characteristics further increase 
the complexity of the design and laboratory testing process of a turbine. Similitude, or similarity 
concept, is an essential concept in turbomachinery to allow the designer to scale a turbine design to 
different sizes or different working fluids without repeating the whole design and development process. 
Similarity concept allows the testing of a turbo-machine in a simple air test bench instead of a full scale 
ORC test bench. The concept can be further applied to adapt an existing gas turbine as an ORC turbine 
using different working fluids.  

This paper aims to scale an industrial gas turbine to different working fluids, other than the fluid 
the turbine was originally designed for. Three different approaches using the similarity concept were 
applied on the turbine performance data using compressed air to generate the performance curve for 
two refrigerants, namely R134a and R245fa. The scaled performance curves derived from the air 
performance data were compared to the performance map generated using 3D computational fluid 
dynamics (CFD) analysis tools for R134a and R245fa. The three approaches were compared in term of 
the accuracy of the performance estimation, and the most feasible approach was selected. The result 
shows that complete similarity cannot be achieved using two turbo-machines with different working 
fluids, even at the best efficiency point for particular expansion ratio. Constant Δh0s/a01

2 is imposed to 
achieve similarity, but the volumetric ratio is varying using different working fluids due to the variation 
of sound speed. The differences in the fluid properties and the expansion ratio lead to the deviation in 
turbine performance parameters, velocity diagram, turbine’s exit swirl angle, and entropy generation. 
The use of Δh0s/a01

2 further limits the application of the gas turbine for refrigerants with heavier 
molecular weight to a pressure ratio less than the designed pressure ratio using air. The specific speed 
at the best efficiency point with different expansion ratio was shifted to a higher value if higher 
expansion ratio was imposed. A correction chart for R245fa was attempted to estimate the turbine’s 
performance at higher expansion ratio as a function of volumetric ratio.    

1. INTRODUCTION

The adaptation of an existing turbines for ORC application using different working medium can 
reduce the developmental effort involved in turbomachinery design aspects, such as re-designing the 
turbine wheel, prototyping and re-conducting the laboratory testing. The lack of documentation in 
literature about the adaptation of off-the-shelf turbines in applications other than the application for 
which they were originally designed has impeded the further development for ORC new-entrants. 
Turbines are usually designed for a particular set of specific speed and operating conditions, for a 
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specific working fluid and a specific application. The adaptation of an existing turbine for the ORC 
application using a different working medium is fundamentally subjected to the similitude of the design 
analysis of turbomachinery, which is also known as similarity concept.  

. Non-dimensional parameters of turbomachines for similarity concept have been derived using the 
Buckingham Pi theorem. In turbomachinery there are numerous dimensionless groups possible from 
the seven fundamental variables, such as flow coefficient, head coefficient, power coefficient, and 
Reynolds number. These non-dimensional groups serve as fundamental parameters for turbomachines 
handling compressible or incompressible fluids. A number of other important turbine parameters 
include specific speed, specific diameter, and loading coefficients. The introduction of specific speed 
allowed the rapid development in the experimental testing of hydraulic turbines in the 1900s (Meher-
Homji, 2000) and facilitated the selection of turbomachines’ types for different applications (Balje, 
1981). The performance mapping using flow coefficient and loading coefficient has facilitated the 
preliminary design process for both axial flow turbines (Dixon & Hall, 2010) and radial inflow turbines 
(Chen & Baines, 1994). These parameters also allow turbomachinery designers to scale a turbine from 
one application to another application, with different wheel size, different inlet operating conditions, 
and different working mediums (Aungier, 2006; Japikse & Baines, 1995).    

Scaling of turbomachines using the previously discussed non-dimensional parameters is feasible 
if the machine is geometrically similar, which implies that the number of blades, blades thickness, blade 
angle, machine size, radii and operating clearance are scaled proportionally (Japikse & Baines, 1995). 
Scaling from large sizes to small sizes imposes some difficulties, attributed to the surface finish, the 
manufacturing limit and the increased cost for increased geometrical tightness at small size. The 
Reynolds number imposes the next major constraint, in which a correction factor has to be applied. A 
number of correction charts are recommended to take into account of the Reynolds number effect in the 
laboratory testing of centrifugal compressors at different operating conditions (Casey, 1985; Strub et 
al., 1987). The geometrical scaling of turbomachinery from one size to another requires the tip speed to 
be constant to maintain similar effects from windage loss, tip clearance loss, external losses and 
mechanical effects (Japikse & Baines, 1995).  

Scaling of turbomachines for different operating conditions within the same working fluid is a 
common practice in turbomachinery testing. The inlet operating condition is scaled to reduce the 
pressure and temperature into the compressor or the turbine during the performance test. This practice 
can reduce the operational cost and the capital cost of the testing equipment. The Reynolds number 
cannot be scaled and a correction factor is required either from the published literature or based on in-
house knowledge. 

The increasing interest in Organic Rankine Cycles has prompted the need for ORC turbines that 
can operate with various working mediums. The most common working fluid in existing commercial 
installations is n-Pentane (working fluid patented by ORMAT) (S. Quoilin & Lemort, 2009). Other 
working fluids are actively proposed and recommended under different conditions for a better 
thermodynamic cycle efficiency (Bao & Zhao, 2013) and a more cost-efficient design of heat exchanger 
(Sylvain Quoilin, Declaye, Tchanche, & Lemort, 2011). The testing of the turbine, however, is not a 
simple task. A full scale ORC set-up is favorable for turbine performance test but it imposes high design, 
development, and installation cost and efforts in the concerns of system layout, pump, heat exchanger 
and piping.  Refrigerants typically introduce some side effects to either the environment, atmosphere, 
and health and safety issues. The refrigerants have to be sealed properly with minimal leakage, which 
further increases the operational cost of the test facility. A simple compressed air test bench is favorable 
as the compressed air is safe to be released to the atmosphere without any environmental issues. The 
testing via compressed air, however, might introduce some important deviations, as the real gas effects 
cannot be accounted accurately. The variation of density of real gas across blade passage during the 
expansion process and the machine Reynolds number cannot be scaled precisely from one fluid to 
another, which further limits the similitude using real gas. The lack of published correction chart for 
Mach number and Reynolds number for different working mediums has further limited the application 
of the similarity concept. These issues make it difficult for the turbomachinery designers or the 
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engineers to apply the turbine performance curve generated using compressed air to an application using 
real gas, such as n-Pentane. 

 
This study explores the feasibility of utilizing the similarity concept to estimate the turbine 

performance using real gas.  Three different approaches using the similarity concept were proposed to 
scale air performance data to generate performance curves for two refrigerants, namely R134a and 
R245fa. A full computational fluid dynamic (CFD) analysis was then performed to generate the 
performances curves for the selected refrigerants. The approaches using the similarity concept were 
then compared to the result from the CFD analysis. The most feasible approach in scaling a turbine 
from air to refrigerants was selected. The accuracy of the performance prediction through the similarity 
analysis of the ORC turbomachine was estimated. The deviation in turbine’s performance for different 
working fluids was presented and discussed.  

 
 2. METHODOLOGY 

An industrial gas turbine with published turbine geometry (Sauret, 2012) was selected for this 
study. The selected gas turbine was initially designed for Sundstrand Power Systems (SPS) T-100 
Multipurpose Small Power Unit (MPSPU) with a single-shaft configuration to accommodate the 
ground-based auxiliary power application (Jones, 1996). The nominal power of the selected turbine is 
37 kW with a growth capability up to 75 kW (Jones, 1996). A CFD model was previously conducted 
on the gas turbine using air as the working medium and the result from the numerical modelling was 
compared to the experimental data (Jones, 1996; Wong & Krumdieck, 2014). The result from the CFD 
model agreed with the experimental data with less than 1% error in term of total-to-static efficiency. 
The CFD method was employed to generate the performance curve using two selected refrigerants, 
namely R134a and R245fa to validate the precision and accuracy of three different approaches of 
similarity concept in scaling the gas turbine from one working medium with ideal gas behavior to 
another working medium with real gas behavior.  

The first part of this study re-generated the performance map of the selected gas turbine using air 
as the working medium and the performance curve served as a benchmark to determine the turbine 
performance using R134a and R245fa via similarity concept. The fluid properties of air were estimated 
using polytropic ideal gas equations. Three different approaches for similarity analysis were applied in 
this study. The performance curve scaled from the air data was plotted as a function of velocity ratio 
and specific speed for comparison.  

The second part utilized the CFD methodology as outlined in previous study (Wong & Krumdieck, 
2014) to generate the performance map of the selected gas turbine using R134a and R245fa. The 
performance map generated from the CFD tools was compared to the scaled performance map. The 
fluid properties of the refrigerants were extracted from REFPROP developed by National Institute of 
Standards and Technology (E. W. Lemmon, Huber, M.L., McLinden, M.O, 2013), and the details of 
the mathematical expressions to represent the real gas behavior of the selected refrigerants should be 
referred to the work by Lemmon (E. W. Lemmon & Span, 2006). The three different approaches were 
compared to the performance map by CFD tools, and the accuracy of each method was discussed.   

The third part discusses the deviation in the turbine’s performance using different working fluids 
at the best efficiency point. The fluid flow field and the blade loading across the blade passage, the 
velocity diagram at the turbine inlet and the outlet, and the Reynolds number effect on the turbine’s 
performance were investigated. The limitation of the selected approach was presented, and a correction 
factor was generated to predict the best efficiency point of the turbine at higher expansion ratio 
(including super-sonic expansion).   
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2.1 Similarity Analysis 

 Similarity analysis, or similitude, provides a quick solution to scale a fluid machine for different 
operating conditions and different incompressible fluids without resorting to the full scale three-
dimensional CFD methods. The performance of a turbomachine is dependent on the machine size, 
machine speed, and the fluid properties. Turbomachines are designed to handle either compressible or 
incompressible flow. Two extra terms are employed for turbomachines handling compressible flow, 
compared to the fluid machines handling incompressible flow, to take account of the compressible flow 
properties and the change of density during the expansion/compression process (Dixon & Hall, 2010). 
The performance parameters of a compressible flow turbomachine is expressed as a function of some 
variables, as listed in equation (1).  

 0 01 01, , ( , , , , , , )sh P f N D m a       (1) 

Where Δh0s is the total-to-static enthalpy drop of the fluid across the turbine at the designed pressure 
ratio, P is the shaft power, η is the isentropic efficiency, and the efficiency is evaluated using the inlet 
stagnation and outlet static condition in this study, N is the rotational speed of the shaft, D is the diameter 
of the turbine wheel, ṁ is the inlet mass flow rate, ρ01  is the density evaluated using the inlet stagnation 
condition, a01 is the sonic velocity at the inlet, γ is the specific heat, and μ is the dynamic viscosity. 
Buckingham π theorem was applied in equation (1) and three variables, density, ρ01, shaft speed, N, and 
wheel diameter, D were selected to reduce the original expression into five dimensionless groups, as 
presented in equation (2). The full mathematical derivation should be referred to the work by Dixon 
(Dixon & Hall, 2010).  
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The current dimensionless group is not an explicit formulation where the parameters, such as density 
and sonic velocity, cannot be measured directly. The dimensionless groups can be reduced to a number 
of variables which allows direct measurement from the experiments if the compressible flow is 
modelled as a perfect gas. The dimensionless parameters were then reduced to a function of temperature 
and pressure at both inlet and outlet stations of the turbine, as listed in equation (3).   

 0102 0
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01 01 01 01

, , ,Re, ,
m RTp T NDf

p T p D RT


 


     
  

  (3) 

Where p is pressure, T is temperature, Re is machine Reynolds number, and R is the gas constant. The 
mathematical simplification of the dimensionless groups using perfect gas model are available from the 
works by Baines, Aungier, and Dixon (Aungier, 2006; Dixon & Hall, 2010; Japikse & Baines, 1995). 
Complete similarity can be achieved when  

1) complete geometrical similarity is achieved (Aungier, 2006; Japikse & Baines, 1995), in which 
the turbine is scaled up or scaled down proportionally, and 

2) dynamic similarity is achieved, in which the velocity components and forces are equal 
(Aungier, 2006). 

 
Three different approaches are trialed to scale the performance data using air into the performance map 
using refrigerants. The scaled performance curve from each approach was compared to the performance 
curve from CFD analysis and the accuracy for each method was evaluated.  

 The perfect gas approach assumes that the selected refrigerants, R245fa and R134a are perfect 
gas. Three non-dimensional groups are hold constant, which are pressure ratio, blade speed coefficient 
in equation (4), and mass flow coefficients in equation (5). The outlet static pressure of the refrigerants 

258



 
Paper ID: 20, Page 5 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

is determined given the pressure ratio of the turbine using air. Equation (4) is employed to calculate the 
shaft’s rotational speed whereas equation (5) is applied to determine the mass flow rate at the turbine 
inlet.  

 
01

constantND
a

   (4) 

 3
01

constantm
ND

   (5) 

 The variable pressure ratio approach is similar to the perfect gas approach, but the pressure ratio 
does not remain constant. The pressure ratio using the selected refrigerants is determined using the 
correlation in equation (6).  Equation (4) and equation (5) are then employed to determine the shaft 
speed and the mass flow rate, respectively.  

 0
2
01

constantsh
a


   (6) 

 The constant specific speed approach assumes constant pressure ratio, velocity ratio, υ and the 
specific speed, Ns for the selected working medium. The optimal velocity ratio and specific speed of a 
turbomachine typically fall in a narrow range of operation for maximum efficiency. Both are hold 
constant to determine the shaft speed and the mass flow rate by using equations (7) and (8), respectively.  

 
02is s

U U
C h

  


  (7) 

Where U is turbine inlet tip speed, and Cis is the fictitious velocity when the fluid is expanded in an 
isentropic process across a nozzle, with the pressure ratio equals to the pressure ratio of the turbine 
stage.    
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Where ρexit is the density at the turbine outlet.  
 
2.2 Evaluation of Aerodynamic Performance using CFD Analysis 
 

CFD analysis was conducted on the gas turbine to determine the overall performance of the turbine 
stage and evaluate the fluid dynamics across the blade passage. The CFD analysis was performed using 
ANSYS CFX version 15.0 and the overall procedure is illustrated in Figure 1. The solid models of both 
nozzle and rotor blades were constructed in ANSYS BladeGen by providing the principal geometry and 
the distribution of the wrap angle along the meridional position. Hexahedral meshes were then applied 
on the fluid zone across both the nozzle and turbine blades. A two-dimensional topography was 
generated on the hub surface, mid span and close-to-shroud surface as a framework to smoothen the 
formation of meshes. The mesh quality was controlled by refining the mesh size and manipulating the 
number of elements across the boundary layer of the blade surface. The skew meshes were eliminated 
to avoid ill-meshes. The operating condition and the boundary condition were then set up at each 
stations (nozzle inlet, interface between nozzle and turbine rotor, and rotor outlet). A suitable working 
fluid was selected from the in-built fluid database or the fluid properties can also be imported from the 
external fluid database. k-ε model was selected to model the turbulence across the blade passage. The 
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Navier-Stokes equations were solved numerically and the result was evaluated as velocity vector field 
and distribution of thermodynamics properties across the blade passage.   
 
 
 

 
 
 
 
 

Figure 1: Overall procedures of CFD simulation using ANSYS Turbomachinery Package 
 

 
3. RESULT 

 
The three different approaches were applied to scale the performance curve from air to R134a and 

R245fa with the operating conditions in Table 1.  
 

Table 1: Operating condition of air and selected refrigerants 
 

 Unit Air R134a R245fa 
Molecular weight, M g/mol 28.97 102.03 134.05 
Inlet total temperature K 1056.5 386 406.1 
Inlet total pressure kPa 580.4 2380 2334 
Compressibility factor at inlet - 1 0.786 0.630 
Speed of sound at inlet m/s 635 153.4 108.6 
Outlet static pressure kPa 101.3 420 420 
Compressibility factor at outlet - 1 0.931 0.904 

 
R134a was superheated up to 35 degree before entering the turbine to avoid the formation of moisture 
at the end of the expansion process since it is a wet fluid.  The scaled performance curves of R134a 
using the three approaches were compared to the result from the CFD analyses, in terms of velocity 
ratio in Figure 2, and specific speed in Figure 3. The three similarity approaches and the CFD analyses 
were compared in term of specific speed for R134a in Figure 3, and R245fa in Figure 4. 
 

The perfect gas approach shows that the optimal velocity ratio is under-estimated. The optimal 
value from the perfect gas approach is 0.48, whereas the estimated value from the CFD analysis is 0.60. 
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The optimal velocity ratio from the variable pressure ratio approach and the constant specific speed 
approach agrees closely to the estimated values from the CFD analysis, with an error less than 10%, as 
illustrated in Table 1. The optimal operating shaft speed would be predicted incorrectly if the perfect 
gas approach was applied.    

 
The overall trend of the turbine performance is similar between the CFD analysis and the constant 

specific speed approach, but the trend is different for the variable pressure ratio approach. The variable 
pressure ratio approach shows fairly flat efficiency for the range of velocity ratio between 0.55 and 
0.70, and the range of specific speed between 0.33 and 0.42. However, the CFD analysis shows that the 
turbine is very sensitive to the operating point, as shown in Figure 2 and Figure 3. The turbine 
performance drops significantly at the operating points away from the best efficiency point. The best 
efficiency point is defined as the point with the maximum total-to-static isentropic efficiency at certain 
pressure ratio. The result shows that the variable pressure ratio approach provides a good prediction of 
optimal velocity ratio, optimal specific speed, and maximum efficiency. However, the approach does 
not provide a good estimation of performance for the operating points away from the best efficiency 
point, as presented in Table 2.  
 

The constant specific speed approach assumes constant pressure ratio, specific speed and velocity 
ratio. The trend of the performance is similar between the constant specific speed approach and the CFD 
analysis for R134a and R245fa, based on Figure 3 and Figure 4. However, the turbine efficiency was 
over-estimated with errors between 10 and 20%, for the investigated range of velocity ratio and specific 
speed. This approach provides a better estimation in the turbine performance away from the best 
efficiency point, compared to another two approaches. However, the constant specific speed approach 
yields over 10% error in estimating the optimal velocity ratio, optimal specific speed, and maximum 
turbine efficiency, whereas the variable pressure ratio approach yields an error between 7% and 8%, 
as listed in Table 2. 

 

 
Figure 2: Comparisons of scaled performance from air data and CFD result for R134a as a function of velocity 

ratio 
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Figure 3: Comparisons of scaled performance from air data and CFD result for R134a as a function of specific 
speed 

 

 
  

Figure 4: Comparisons of scaled performance from air data and CFD result for R245fa as a function of specific 
speed 

 
The estimation of the inlet mass flow rate by the three similarity approaches and the CFD analysis 

was compared. The perfect gas approach and the variable pressure ratio approach utilize the mass flow 
coefficient in equation (5) whereas the constant specific speed approach uses the specific speed 
correlation in equation (8) to estimate the inlet mass flow rate. The result in Table 2 shows that the mass 
flow rate was under-estimated using all three approaches. The mass flow coefficient predicts the inlet 
mass flow rate with a better accuracy, with an error less than 10%, as opposed to the specific speed 
correlation, with error in the range of 15 and 25%. Hence, the perfect gas approach and the variable 
pressure ratio approach provide better estimations in the inlet mass flow, compared to the constant 
specific speed approach. 
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Table 2: Numerical error for different scaling approaches 
 

 Working 
medium 

Pressure 
ratio 

Optimal 
velocity 
ratio 

Optimal 
specific 
speed 

Maximum 
total-to-static 
efficiency 

Mass flow 
rate (kg/s) 

Average 
Error (%) 

Benchmark  Air 5.7 0.6 0.42 0.85 0.29  

Approach 1 
(Perfect 
Gas) 

R134a 5.7 0.46 0.35 0.85 3.46  
Error (%)  23.3 25.5 11.8 4.6 16.3 
R245fa 5.7 0.38 0.29 0.85 3.75  
Error (%)  31.9 35.9 18.4 9.0 23.8 

Approach 2 
(Variable 
Pressure 
Ratio) 

R134a 2.7 0.6 0.37 0.85 3.46  
Error (%)  7.7 9.8 6.6 4.7 7.2 
R245fa 4.0 0.6 0.48 0.85 3.75  
Error (%)  2.9 13.5 9.4 9.0 8.7 

Approach 3 
(Constant 
Specific 
Speed) 

R134a 5.7 0.6 0.42 0.85 2.99  
Error (%)  0.0 10.6 11.8 17.6 10.0 
R245fa 5.7 0.6 0.42 0.85 3.15  
Error (%)  7.5 7.2 18.4 23.5 14.1 

CFD 
R134a 2.7 0.65 0.41 0.91 3.63  

5.7 0.60 0.47 0.76 3.63  

R245fa 4.00 0.58 0.42 0.78 4.12  
5.7 0.56 0.45 0.72 4.12  

 
 

4. DISCUSSION 
 
The discrepancy in the turbine efficiency if a turbine stage is scaled from one operating condition 

into another is attributed to the variation in machine Reynolds number and Mach number. Various 
Reynolds number corrections were proposed for centrifugal compressors, such as ASME PTC-10 (PTC, 
1997) and the efficiency-deficiency chart by Pampreen (Pampreen, 1973). The machine Reynolds 
number, however, does not have significant effect on the change in efficiency in this study as the effects 
of viscosity and thermal conductivity can be neglected at high Reynolds number (Harinck, Guardone, 
& Colonna, 2009). Reynolds number, Re=ρUD/μ is a function of density, ρ, tip speed, U, wheel 
diameter, D, and dynamic viscosity, μ. The dynamic viscosity of the refrigerants is much smaller, 
rendering a higher value in the Reynolds number, in the magnitude of 100 x 106, as opposed to the 
Reynolds number of steam, air, and water in the magnitude of 1 x 106. The turbine inlet condition was 
varied using the CFD analysis to investigate the correlation between the machine Reynolds number and 
the turbine performance, as illustrated in Figure 5. The turbine’s performance is fairly consistent in a 
wide range of Reynolds number, between 10 and 90. Hence, the Reynolds number effect can be 
neglected in this study. 
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Figure 5: Effect of machine Reynolds number on turbine’s performance using R134a 
 

 
(a)                                                  (b)                                                       (c) 

 
Figure 6: Blade loading and density at blade surface using air at pressure ratio of 5.7 (a), R245fa at pressure 

ratio of 4.0 (b) and R134a at pressure ratio of 2.7 (c) 
 

 The blade loading along the pressure and suction surfaces at optimal specific speed using the 
variable pressure ratio approach are similar for all three working fluids; air, R134a and R245fa. 
Constant pressure drop was observed for air (modelled as ideal gas), R134a and R245fa (modelled as 
real gas) along pressure surface, but pressure fluctuation was observed for R245fa along the suction 
surface. The fluctuation is related to the adverse pressure gradient near the leading edge of the suction 
surface, which forms a vortex and local backpressure downstream of the vortex, as illustrated by the 
velocity vector in Figure 7. The flow re-attaches downstream of the vortex with gradual pressure drop 
along the blade passage. 

 The maximum isentropic efficiency for air, R134a and R245fa is different although the pressure 
loading along the blade passage at the optimal specific speed is similar. The highest turbine efficiency 
is achieved by R134a, followed by air, and R245fa. The deviation can be explained as a function of 
compressibility effect. The compressibility factor is a ratio of actual specific volume to the ideal volume 
of selected fluids. The compressibility effect of the expansion process across the turbine was measured 
qualitatively by volumetric flow ratio (Macchi & Perdichizzi, 1981). Macchi and Perdichizzi found that 
the increase in the volumetric flow ratio gives rise to a reduction in the turbine efficiency at optimal 
specific speed (Macchi & Perdichizzi, 1981), and the volumetric flow ratio has to be less than 50 to 
achieve a high turbine stage efficiency greater than 0.80 (Angelino, Invernizzi, & Macchi, 1991). The 
volumetric flow ratio is different for different working fluid using the variable pressure ratio approach. 
The volumetric flow ratio was determined as 5.7 for air, 4.9 for R245fa, and 2.7 for R134a. The use of 
equation (9) justifies the highest efficiency using R134a at low pressure ratio. Equation (9) is the change 
of entropy of a perfect gas in a closed system. 
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Where Δs denotes the entropy generation, cV isochoric heat capacity, R specific gas constant, T 
temperature, and v specific volume. The increase in volumetric flow ratio generates a larger entropy 
difference. The larger the entropy differences, the larger the irreversibility of the system and the lower 
the turbine’s efficiency. Hence, the highest efficiency is achieved by R134a with the lowest pressure 
ratio among all three working fluids. However, the turbine’s efficiency using R245fa (expansion ratio 
of 4.9) is 78%, which is lower than air at 85% (expansion ratio of 5.7). This shows that the volumetric 
flow ratio is not the sole contributor to the drop in turbine performance using different fluids. 
 

Table 3: Performance parameters for different working fluids, using Variable Pressure Ratio Approach 
 

Fluids Air R134a R245fa 

Velocity triangle 

 

  

Pressure ratio 5.7 2.7 4.0 
Volumetric flow ratio 5.7 2.7 4.9 
Degree of Reaction 0.42 0.47 0.44 
Flow coefficient 0.245 0.172 0.249 
Stage loading coefficient 1.040 0.974 0.995 

 
The differences in the volumetric flow ratio also gives rise to the change in a number of turbine 

parameters. Optimum degree of reaction decreases whereas optimal flow coefficient increases with 
increasing expansion ratio. These yield some changes in the velocity diagram at the turbine exit, as 
shown in Table 3. The complete similarity is not achieved as the velocity vector at the turbine exit is 
not conserved. Hence, the variable pressure ratio approach does not achieve complete similarity, and 
this gives rise to the error in estimating the velocity ratio, specific speed, and turbine performance.   

 
The flow field diagrams of R245fa, R134a, and air using the variable pressure ratio approach were 

compared in Figure 7. The flow undergoes turning from axial direction to tangential direction, and gives 
rise to Coriolis effect in the radial direction (Moustapha, Zelesky, Baines, & Japiske, 2003). The flow 
undergoes a non-uniform velocity distribution in the spanwise direction, with lowest velocity near the 
end wall surface of the hub. The radial gradient of the flow velocity in the spanwise direction gives rise 
to the imbalance in the pressure gradient in the spanwise direction. The end result of the Coriolis effect 
and the non-uniform velocity give rise to a complex flow field, which is illustrated in Figure 7 in term 
of flow angle. The bulk flow moves from suction surface near the shroud to pressure surface near the 
hub. The flow is compensated by a number of passage vortices, and the flow vector diagram can be 
found in Kitton’s work (also presented by Baines in his work (Moustapha et al., 2003)). This phenomena 
exists in the best efficiency point, attributed to the turning of the flow from axial to tangential direction. 
The distribution of the swirl angle at the trailing edge was averaged and the flow angle was determined 
as 1˚ for air, 33° for R134a and 37° for R245fa. The result implies that the turbine exit swirl angle might 
increase monotonically with the molecular weight of the working fluids, with the highest by R245fa 
and the lowest by air. Positive swirl angle is non-favorable as the fluid internal energy would be lost as 
kinetic energy. The specific work output would decrease with a positive swirl angle, based on Euler 
turbomachinery equation.  

 2 2 3 3 2 2 2 3 3 3tan tanx m mW U C U C U C U C         (10) 

Where WX is specific work output, U2 is rotor inlet tip speed, U3 is rotor outlet tip speed, Cθ is tangential 
velocity component, Cm is meridional velocity component, and α is swirl angle. 
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(a)                                                      (c)    (e) 

 

 
(b)                                                    (d)    (f) 

 
Figure 7: Distribution of relative Mach number in the meridional plane and distribution of absolute flow angle 

at the trailing edge using air at pressure ratio of 5.7 (a-b), R245fa at pressure ratio of 4.0 (c-d) and R134a at 
pressure ratio of 2.7 (e-f) 

 
 
The conventional radial inflow turbine is typically designed for low pressure ratio application, 

which is between 1.2 and 3.0 for automotive turbochargers, and less than 10 for single stage gas turbines 
to avoid choking and shock waves in supersonic expansion. The selected gas turbine has a design 
pressure ratio of 5.7. Different pressure ratio was determined for R134a and R245fa assuming constant 
value of Δh0s/a01

2 (using the variable pressure ratio approach) and plotted in Figure 8. The limiting line 
on the left represents the saturation lines of the refrigerants. The calculated pressure ratio for the selected 
refrigerants is less than 5.7, which is the pressure ratio imposed on the turbine using air. The local sound 
speed of refrigerants with heavier molecular weight is less than the local speed of sound using air. The 
local speed of sound is between 90 and 190 m/s for R134a and between 75 and 160 m/s for R245fa for 
the temperature range of 300 and 450 K, and pressure range of 0.5 and 4.0 MPa, which is less than the 
local speed of sound of air at 635 m/s with the given operating condition in Table 1. The smaller the 
local speed of sound, the smaller the isentropic enthalpy drop and the smaller the pressure ratio across 
the turbine. Hence, the variable pressure ratio approach is limited to a pressure ratio less than the design 
pressure ratio using air. This limits the applicability of the approach in ORC application, which is 
characterized for high pressure ratio expansion. 

 

  
(a)                                                                      (b) 

 
Figure 8: Range of applicability using equation (6) for R134a (a) and R245fa (b) 
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Figure 9: Performance map of R245fa at different specific speed and pressure ratio  

 
(a)                                                                     (b) 

 
Figure 10: Deviation of best efficiency point and the corresponding specific speed at increasing volumetric flow 

ratio 
The prediction of the turbine performance at higher pressure ratio or expansion ratio is required 

for ORC application. A correction chart for R245fa at different expansion ratio was developed using 
Figure 9. The turbine’s performance map for R245fa was generated for different pressure ratio (2 – 
11.5) and specific speed (0.3 – 0.7), and plotted in Figure 9. The result shows that the maximum turbine 
performance was achieved at a pressure ratio of 3.3 (equivalent to volumetric flow ratio at 4.0). The 
maximum efficiency point at the pressure ratio of 3.3 iss used as a benchmark to calculate the deficiency 
in efficiency and deviation of optimal specific speed at higher volumetric flow ratio. The turbine losses 
increases linearly with increasing volumetric flow ratio as shown in Figure 10(a). The location of the 
specific speed for the best efficiency point at increasing volumetric ratio is increasing, as shown in 
Figure 9. The deviation in the optimal specific speed is plotted as a function of volumetric flow ratio in 
Figure 10. The result shows that the deviation in optimal specific speed increases with increasing 
volumetric flow ratio until the blade passage is choked (with the relative Mach number around 1). The 
further increment in volumetric flow ratio does not have any effect on the value of Ns-Ns,optimal, as 
illustrated in Figure 10. 

 
 5. CONCLUSION 

 
Three different approaches using the similarity concept were proposed and investigated to scale 

the selected gas turbine from air to R134a and R245fa in this study. The perfect gas approach assuming 
the real gas as perfect gas provides the largest error in terms of optimal velocity ratio, optimal specific 
speed, and maximum efficiency. The variable pressure ratio approach shows the highest averaged 
accuracy in predicting the optimal velocity ratio, optimal specific speed, maximum efficiency and mass 
flow rate. The constant specific speed approach is recommended to estimate the turbine’s performance 
away from the best efficiency point. 
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Constant value of Δh0s/a01
2 was imposed in the variable pressure ratio approach to achieve the 

similarity but a number of deviations was observed, including swirl angle at the turbine outlet, 
volumetric flow ratio, best efficiency point and the corresponding specific speed. The Reynolds number 
effect does not influence the scaling using refrigerants as the effect of viscosity is negligible at high 
Reynolds number using refrigerants with low viscosity. The swirl angle at the turbine outlet was 
observed as a function of molecular weight, in which the increment in molecular weight increases the 
swirl angle and reduces the specific work output. The variable pressure ratio approach does not ensure 
a constant volumetric flow ratio, hence the complete similarity cannot be achieved. The variable 
pressure ratio approach is limited to pressure ratio less than the design pressure ratio using air, which 
is not suitable to scale an ORC turbine. Therefore, a correction chart was developed to scale the 
performance of the gas turbine for higher volumetric ratio using R245fa. The deficiency in turbine 
efficiency is linearly correlated to the increased volumetric flow ratio. The correction chart provides a 
good estimation in selecting a suitable turbine for a particular ORC application. However, the correction 
chart has to be validated against the experimental data for better accuracy.  

 
 

NOMENCLATURE 
 
a local speed of sound (m/s) 
C absolute flow velocity  (m/s) 
Cis isentropic flow velocity  (m/s) 
cv isochoric heat capacity (J/kg.K) 
D turbine wheel diameter (m)  
Δh0 enthalpy drop (kJ/kg) 
ṁ mass flow rate (kg/s) 
N shaft speed (rev/min) 
Ns specific speed (-) 
p pressure (kPa) 
P shaft power (kW)  
R gas constant (J/kg.K) 
Re Reynolds number (-)  
T temperature (K) 
U tip speed (m/s) 
 
Greek letter 
α swirl angle (degree) 
θ tangential direction (-) 
γ ratio of specific heats (-)  
η efficiency (-) 
ρ density (kg/m3) 
υ velocity ratio  (-) 
ω shaft speed (rad/s)  
 
Subscript 
01 nozzle inlet stagnation condition  
02 rotor inlet stagnation condition 
03 rotor outlet stagnation condition 
1 nozzle inlet static condition 
2 rotor inlet static condition 
3 rotor outlet static condition 
m meridional plane  
s isentropic process 
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ABSTRACT

This work describes a fast 2-D design methodology based on the method of characteristics (MOC) for
rotor blade vanes of supersonic axial Organic Rankine Cycle (ORC) impulse expanders. The MOC is
generalized to gases governed by complex equations of state to fully account for dense gas behavior
characteristic of ORC turbines. The fluid thermodynamic properties are described by highly accurate
multiparameter equations of state based on Helmholtz free energy. Several working fluids are consid-
ered, including R245fa, R134a, R227ea, R236fa. The designs generated by the generalized MOC are
compared with those obtained under the classical perfect gas model. Finally, CFD simulations of both
isolated rotor blades and a full turbine stage are carried out to assess the performance of the designs using
the ANSYS CFX solver.

1. INTRODUCTION

In recent years, the Organic Rankine Cycle (ORC) technology has received great interest from the scien-
tific and technical community because of its capability of generating electric power using low tempera-
ture sources with good performances. For compactness, mechanical design simplicity and cost reasons,
ORC plants often use single stage expander characterized by high pressure ratios, which leads to su-
personic flow conditions. Furthermore, ORC working fluids are often characterized by the so-called
dense-gas effects (see, e.g. (Congedo et al., 2011) and references cited therein).
The gas dynamics of dense gases can be described through a key thermodynamic property, known as the
fundamental derivative of gas dynamics (Thompson, 1971):

Γ = 1 + ρ
a
(@a

@ρ
)
s

(1)

Equation (1) represents a measure of the rate of change for the local speed of sound with respect to
density in isentropic transformation (Colonna et al., 2009). For light fluids, Γ > 1. This is the case of
perfect gases, which have a constant Γ = (γ + 1)/2.
For fluid with sufficient molecular complexity and under specific thermodynamic conditions, Γ < 1,
which leads to a reverse behaviour of the speed of sound in isentropic perturbations with respect to
classical case: a decreases in isentropic compressions and grows in isentropic expansions.
The aerodynamic modelling of such a system is made difficult by dense gas effects characterizing the
thermodynamic behaviour of the working fluid in the vicinity of the critical point and the saturation
curve.
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The need for a compact turbine working with high pressure ratios implies the choice of an impulse
turbine architecture. This can be justified by considering a typical impulse blade and its velocity triangle
(figure 4).

Figure 1: Example of impulse blade geometry and velocity triangles

By imposing an axial outlet flow for the impeller (α2 = 0), with the axial absolute velocity component
kept constant, the work coefficient can be expressed as:

ψ = ΔH0

U2 = 2(1 −Λ) (2)

In equation (2), U represents the peripheral velocity at a specified radius, ΔH0 the total enthalpy drop
per unit mass across the impeller and Λ the degree of reaction. For an impulse turbine (Λ = 0), the total
enthalpy drop is two times greater than for a 0.5 reaction degree turbine. This property allows extracting
a large amount of work from a single stage, with a maximum for a vane outlet swirl equal to 67○ and rotor
turning to 116○ (β1 = β2 = 58○) (Paniagua et al., 2014). However, particular care must be addressed to
the rotor and stator blades aerodynamic design because both behave as supersonic nozzles. Moreover,
the typical operating conditions for an ORC turbine are in the proximity of the working fluid saturation
curve or sometimes supercritical. Due to the presence of strong dense gas effects, models used to design
the blade shapes have to be modified accordingly. Several authors in the past have addressed the design
of dense gas nozzles and stator blades (Cramer and Tarkenton, 1992; Guardone et al., 2013; Wheeler
and Ong, 2013; Bufi et al., 2015). All of them generally rely on extended versions of the Method of
Characteristics (MOC) for 2D supersonic flows. The aim of this work is to develop, for the first time to
the Authors knowledge, a methodology for the design of rotor blades of axial supersonic ORC impulse
turbines, which takes properly into account dense gas effects. This is based on the MOC along with the
vortex flow field approach, previously introduced for perfect gas flows (Goldman, 1968; Paniagua et al.,
2014), extended to the dense gas case.
The performances of blade shapes obtained with MOC using different organic working fluids are then
evaluated by means of numerical simulations carried out using the ANSYS CFX code, both for the
isolated rows and for a supersonic turbine stage.

2. SUPERSONIC IMPULSE TURBINE BLADES DESIGN

In this Section we first recall the Method of Characteristics (MOC) for the design of perfect gas super-
sonic nozzles and its extension to dense gas flows. Then, we present its application to the design of
supersonic rotor blades, in conjunction with a free-vortex methodology.

2.1 MOC for supersonic nozzle design
The MOC is a classical method for the design of the divergent part of supersonic nozzles under the
hypotheses of 2D, steady and homentropic flow. Such a flow is governed by the 2D isentropic Euler
equations, which represent an hyperbolic system of conservation laws characterized by two families of
characteristic lines. These are defined by equations of the form (Délery, 2010; Zucrow and Hoffman,
1976):

dy
dx
= tan(φ ∓ μ) (3)
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where φ is the local flow angle and μ = arcsin(M−1) is the Mach angle. Rewriting the governing equa-
tions in the characteristic reference frame, one gets the so-called compatibility equations, which are just
ordinary differential equations, of the form:

d� ±√M2 − 1dV
V
= 0 (4)

where V is the velocity magnitude and the sign + or − denotes a left-running or − a right-running char-
acteristic line, respectively. For a perfect gas, equations (4) can be integrated analytically after rewriting
dV/V in terms of the Mach number and by making use of the equation of state, leading to the well-known
Prandtl-Meyer relations:

φ ± ν(M) = constant (along a characteristic) (5)

The preceding equations, along with the equations of the characteristic lines (3) are then used as de-
scribed in (Délery, 2010) to design the nozzle wall contour. In the case of a dense gas, equation (4)
can no longer be integrated analytically. Instead, we use a numerical method for ordinary differential
equations, namely, Heun's second-order predictor-corrector method to carry out the integration along
characteristic lines. The discretized compatibility equation is supplemented by dense gas equations of
state to compute all of the required thermodynamic properties. Precisely, we make use of the thermody-
namic library REFPROP (Lemmon et al., 2013), which contains reference multiparameter equations of
state for many dense gases of potential interest as ORC working fluids. Extensions of the MOC to dense
gases were proposed in the past by (Guardone et al., 2013; Wheeler and Ong, 2013) with focus on the de-
sign of De-Laval nozzles or radial turbine injectors, respectively. In (Bufi et al., 2015) the methodology
is extended to dense gas models by using reference EOS and applied to axial turbomachinery design.
Once the nozzle divergent has been designed via the MOC, a geometrical postprocessing procedure is
applied to generate a supersonic turbine nozzle. Some geometrical parameters are imposed in order
to control the final blade geometry (see figure 2): the stagger angle θ, the angular extension Φ and the
radius of the leading edge arc cb, the radiusR of the leading edge arc cd and the trailing edge thickness ef.

Figure 2: Example of supersonic stator blade geometry designed with MOC.

2.2 Design of dense gas supersonic rotor blades
For the design of supersonic rotor blades we follow the procedure described in (Paniagua et al., 2014;
Goldman, 1968) for perfect gas flows and we extend it to dense gases.
The flow at the rotor inlet is assumed as a uniform one that is simply deflected by the rotor blades.
To achieve this deflection, the flow passes through a transition region delimited by upper and lower
transition arcs and by characteristic lines. For clarity, the transition region is sketched in figure 3, where
AB and CD are transition arcs and the dashed lines are used to represent the characteristics. Through
this region, the uniform inlet flow is converted into a free vortex flow, for which V ⋅ R = constant, with
R the radius of curvature of a streamline and V the constant velocity along it, following an isentropic
transformation.
Figure 4 shows a schematic description of the rotor blade geometry designed with MOC. We use the
same notation of the MOC for perfect gases reported in (Paniagua et al., 2014; Goldman, 1968) and
we refer to them for details. In order to start with the design procedure for dense gases, the following
input parameters are defined: inlet total pressure and temperature; inlet/outlet relative flow angle βi/βo;
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Figure 3: Scheme of the system of characteristic lines in the rotor vane. (Goldman, 1968)
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Figure 4: Schematic description of the rotor blade design.

inlet/outlet Mach numberMi/Mo; the lower arc Mach numberMl, assigned on the lower circular arc b-b';
the upper arc Mach numberMu, assigned on the upper circular arc d-d'. As for the perfect gas model, the
lower and upper transition arcs (a-b/a'-b' and d-e/d'-e' for inlet and outlet, respectively) are determined
in the unrotated lower/upper reference systems (denoted with subscripts l and u). The geometry is then
rotated in the X∗−Y∗ reference system and completed with the straight line parts c-d/c'-d' and the circular
arcs b-b'/d-d'.
TheMOC for perfect gas algorithmmakes use of the analytical expressions of the Prandtl-Meyer function
ν = ν(M) and of the critical Mach number M∗ = M∗(M) (with M∗ = V/a∗ and a∗ the critical speed of
sound) for perfect gases. For a dense gas, no such analytical expressions are available.
The calculation of the critical Mach number is replaced by the following iterative procedure:

1. The critical speed of sound is first computed from the known values of the total pressure p0 and
temperature T0 by using a thermodynamic library available in REFPROP

2. An initial tentative valueM∗(0) for the critical Mach number is prescribed.

3. At each iteration of the method, an updated value of the velocity magnitude is computed as V(m) =
3RD International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium
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M∗(m−1)a∗
4. The latter is used to compute an updated value of the specific static enthalpy h(m), given the total

enthalpy h0 = h0(p0,T0).
5. The speed of sound is then updated by using the thermodynamic relation a(m) = f(h(m), s), where

the entropy s is constant everywhere and is known from the prescribed inlet conditions.

6. Finally, an updated value of the Mach numberM(m) = V(m)/a(m) is obtained.
7. If M(m) −M(m−1) is below a given tolerance, the procedure is stopped. Otherwhise, a new value

is assigned for M∗(m+1) (by using a bisection procedure) and the iteration is started again.
The design procedure above is completed by adding a finite leading-edge/trailing-edge thickness. Be-
sides, non-symmetrical blades with various degrees of reaction can be designed if different inlet/outlet
input parameters are imposed. In this work, unique incidence problems related to the supersonic relative
flow on the rotor inlet are neglected on design stage, due to the interest on viscous effects which could
make useless any incidence angle calculation based on inviscid theory.

2.3 Example of rotor blade designs
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Figure 5: Blade designs for R245FA at operating conditions (p0r = 1.05,T0r = 1.05) (a) and at con-
ditions (p0r = 0.055,T0r = 1.15)(b). Dashed lines represent designs obtained under the perfect gas
model.

Four organic working fluids are used to test the MOC. Their critical properties are shown in table 1,
where γ is the specific heat ratio in the dilute gas limit along the critical isotherm curve (Guardone et al.,
2013). The design algorithm for rotor blades has been run for a typical ORC working fluid, namely

Table 1: Thermophysical properties for different organic substances, based on reference EOS
(from REFPROP ver. 9.1).

R245fa R227ea R134a R236fa
pc[MPa] 3.651 2.93 4.06 3.2
Tc[K] 427.16 374.9 374.2 398.07

ρc[kg/m3] 516.08 594.2 511.9 551.3
Mw[g/mol] 134.05 170.03 102.03 152.04

γ 1.061 1.056 1.092 1.059

R245FA, whose thermophysical properties are given in table 1 and used to investigate the impact of
real gas effects on the resulting geometry. The degree of reaction is set to zero, so that the resulting
geometry is symmetric. Figure 5 shows a comparison of geometries calculated with different operating
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conditions and gas models. The first operation point (characterised by the reduced pressure p0r = 1.05
and the reduced temperature T0r = 1.05) is very close to the R245FA upper saturation curve and this
affects the rotor geometry, leading to larger cross section variations with respect to perfect gas. Indeed,
a greater generic area to throat area ratio is addressed to the REF geometry. This is a typical behavior
already seen in supersonic stators (Guardone et al., 2013). It is due to the effect of Γ that, being lower
than one in dense gas regions, provides higher exit-to-throat area ratios.
Figure 5b shows the design obtained for a lower total pressure (p0r = 0.055) and higher total temperature
(T0r = 1.15), so that the thermodynamic conditions at rotor inlet lie far from the dese gas region. Here, the
blade designed with a dense gas EOS is very similar to that obtained with the perfect gas model. Then,

Table 2: Geometrical output parameters for four different organic fluids under the same operating
condition (p0r = 1.28,T0r = 1.28,Min =Mout = 1.5,Ml = 1,Mu = 2 ,βin = βout = 65○).

R245fa R227ea R134a R236fa
σ 1.82 1.81 1.85 1.82
ch∗ 2.31 2.32 2.30 2.31
ph∗ 1.27 1.28 1.24 1.27

a parametric study for several working fluids suitable for ORC applications at the same reduced input
conditions has been carried out. Fluid properties are also given in table 1. For all of the fluids, the input
thermodynamic conditions and design parameters are set to (p0r = 1.28,T0r = 1.28, Min = Mout = 1.5,
Ml = 1, Mu = 2 ,βi = βo = 65○). Table 2 provides the following geometrical parameters for the resulting
designs: blade solidity σ, defined as the axial chord to pitch ratio; the axial chord ch∗ and pitch ph∗
normalized respect to the critic radius r∗, the latter defined as the radius of the sonic streamline in the
vortex flow field. It can be noticed that the lower is the fluid molecular complexity (as for the R134A
fluid) the higher is the solidity.

3. NUMERICAL SIMULATIONS

Viscous 2-D numerical simulations have been carried out for both an isolated rotor blade row and a full
turbine stage designed using the MOC methods presented in this paper. The CFD software used is the
commercial code Ansys CFX 16.0. The turbulence model used is k-omega SST (Shear Stress Transport).
The thermodynamic properties of the fluids are modelled using the real gas properties (rgp) library (AN-
SYS, 2015). The rgp files contain property tables mapped as a function of temperature and pressure
along the turbine expansion and allow accurately taking into account dense gas effects.
In table 3 the parameters used to design the blade shapes and to perform the simulations with the R245FA
working fluid are shown. In order to assess the presence of dense gas effects it is important to evalu-

Table 3: Rotor blade design parameters.

Parameters Values
Inlet total relative pressure [bar] 6
Inlet total relative temperature [K] 393.15

Inlet relative Mach number 1.5
Inlet relative flow angle [°] 60

Suction side circular arc Mach number 1.9
Pressure side circular arc Mach number 1.1

ate the position of the operating point on the working fluid state diagram. In figure 6a the isentropic
evolution of the expansion on the T-S diagram is shown. The presence of strong dense gas effects is
expected, since fundamental derivative Γ is below 1 throughout the expansion (see figure 6b). It can be
noticed that, for this application, the strongest dense gas effects occur mainly inside the nozzle, where
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the enthalpy drop is elaborated. This is due to the "dry" nature of R245FA fluid which allows to have
the last part of expansion farther from the saturation curve. Simulations for an isolated supersonic rotor

(a) (b)

Figure 6: Isentropic turbine expansion on the R245FA T-S diagram (a); Fundamental Derivative
of gas dynamics Γ evaluated along the turbine expansion (b).

blade row using fluid R245FA have been carried out in the relative reference system. The blade row
considered is symmetric, so the outlet conditions are identical to the inlet conditions. The inlet rotor
angle is prescribed according to the stator exit conditions.
By using the Zweifel empirical coefficient (Zweifel, 1945), the number of rotor to stator blades ratio
is set to 2. The 2-D computational grid for the full stage simulation is composed of C-shaped blocks
around the blades and of H-shaped blocks at stage inlet and outlet shown in figure 7a. It is generated
using Ansys TurboGrid and refined to obtain y+ values less than 1 at the blade walls with 330066 total
number of elements (121704 overall elements for the rotor row and 208362 elements for the stator row).
Simulations for a full turbine stage involving a supersonic rotor blade row and a supersonic stator blade
row both designed by the means of the MOC procedures presented in this paper are carried out. The
total temperature, the total pressure and the velocity components are imposed at the inlet. Average static
pressure is set at the outlet and a mixing-plane boundary condition is set at the stator-rotor interface.
Table 4 presents the main turbine working parameters, taken from a real-world application (they are dif-
ferent from those used in the previous section 2.4). In order to maximize the impact of dense gas effects,
we choose supercritical turbine inlet conditions (see figure 6a). Only the results for R245FA fluid are
shown because of the absence of substantial differences among the other fluids considered in this paper
(see table 1). Figure 7b presents the relative Mach number distribution for the full turbine stage simu-
lation. The flow is accelerated in the stator vanes up to the design absolute Mach number of 2.4 and,
thanks to the accurate design with the MOC algorithm, no normal shocks are formed in the divergent part
of the nozzle. Thanks to the accurate design with the MOC algorithm, no normal shocks are formed in
the divergent part of the nozzle. However, weak oblique shocks are generated at the trailing edge of the
stator due the rounded trailing edge. These shocks interact with the viscous wake, visible on the stator
outlet. Due to the mixing plane interface, interactions of the latter with the rotor row can not be observed.
The flow in the rotor vanes is characterised by weak oblique shocks departing both from the leading and
trailing edge of the blades due to the finite thickness of the actual rotor geometry. The turbine is found to
be in a "started" configuration, since a normal shock at the inlet is avoided and the flow inside the rotor
vanes is supersonic (Kantrowitz et al., 1945). The flow in the relative reference frame is then deflected
by the blade vanes up to a relative Mach number slightly lower than the design one due to the set of
oblique shocks departing both from leading and trailing edge. To better analyse the flow behaviour in
the rotor vanes an isolated rotor simulation has been performed (see figure 8b). At the inlet of the rotor
vanes, the presence of an oblique shock wave is noticed. Two oblique shocks depart also from trailing
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edge: one impinges the suction side while the other one interacts with the viscous wake. The careful
design of the rotor blade prevents the formation of a normal shock at the inlet that would slow down the
flow to subsonic conditions within the blade passage. The calculated total to total isentropic efficiency
for this turbine is 92.9%. In order to assess the main source of losses in the turbine stage, it is useful to
analyse the entropy deviation (S−Sin)/Sin, with Sin the specific entropy at inlet. The entropy deviation is
shown in figure 8a for the isolated rotor. Entropy is mainly generated with the viscous boundary layers
and wakes, whereas entropy generation across shocks is extremely weak. This demonstrates that the
proposed methodology provides blade designs with negligible shock losses. The presence of viscous
effects also modify the design degree of reaction, set to zero for the design here proposed. The actual
degree of reaction evaluated after simulations is found to be 0.042. This effect can be addressed to the
modification of the effective blade vane geometry due to the boundary layer thickness, which lead to
lower passage sections going from inlet to outlet.

Table 4: Main turbine full stage working parameters.

Parameters Values
Inlet total reduced pressure 1.2

Pressure ratio 20.6
Inlet total reduced temperature 1.1

Stator nozzle outlet design Mach number 2.4
Stator stager angle [°] 70
Rotor blade speed [m/s] 141.37

(a) (b)

Figure 7: Computational block structured grid for full turbine stage (330066 elements) (a); relative
Mach number distribution for R245FA fluid (b).

4. CONCLUSIONS

An efficient design procedure for supersonic ORC turbine rotor blades taking carefully into account
dense gas effects has been developed. It is based on the method of characteristics and allows designing
blade vanes by imposing the momentum conservation through a free vortex flow condition. Significant
differences are found between geometries obtained with the ideal and dense gas models. The numeri-
cal simulations show that the accurate blade design in dense gas flow regime allows accounting for the
dense gas phenomena during expansion and avoiding the focusing of characteristic lines into strong right
shocks inside the blade vanes. The main source of loss of performances can be then addressed to the
viscous phenomena, as confirmed by the entropy deviation analysis.
Future developments of the supersonic ORC turbine stage design process will lead to the unsteady nu-
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(a) (b)

Figure 8: Entropy deviation contour plot for the isolated rotor (R245FA fluid) (a); Mach number
distribution for the isolated rotor (R245FA fluid) (b).

merical analysis of the entire turbine stage in order to take into account the interactions between stator
and rotor due to viscous phenomena along with the 3-D turbine full stage design.
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NOMENCLATURE
a Speed of sound (m/s)
ch Axial chord (m)
p Pressure (Pa)
ph Blade pitch (m)
G Mass-flow rate (kg/s)
H Specific enthalpy (J/kg)
M Mach number
R Radius for the design of the convergent (m)
Rg Specific gas constant (J/kg ∗K)
S Specific entropy (J/kg ∗K)
T Temperature (K)
V Velocity (m/s)
βa Leading edge attach angle (rad)
γ Specific heat ratio
ηis Isentropic efficiency
θ Stagger angle (rad)
μ Mach angle (rad)
ν Prandtl-Meyer function
vs Specific volume (m3/kg)
ρ Density (kg/m3)
σ Blade solidity (chord to pitch ratio)
� Flow angle (rad)
Φ Leading edge angular extension. (rad)
Subscript
r Reduced: normalised respect to critical conditions.
c Critical thermodynamic property.
0 Total/reservoir thermodynamic property.
Superscript∗ Critic (sonic) parameter.
Acronyms/abbreviations
MOC Method Of Characteristics.
REF REFPROP model.
EOS Equation Of State.
CFD Computational Fluid Dynamics.
ORC Organic Rankine Cycle.
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ABSTRACT 

The interest in ORC plant is increasing over recent years in terms of the energy and the environment 
costs. But the capital cost and maintenance cost of an ORC plant are the main obstacles of the wide 
spread in the global market. To overcome them, it is necessary to decrease the manufacturing and 
maintenance cost, and to increase the turbine efficiency and the system availability. 

Korea Institute of Energy Research (KIER) and Jinsol Turbomachinery have jointly developed a 
novel turbo-generator applicable to the low temperature heat sources to meet those needs. 

The turbo-generator developed is almost maintenance-free, highly efficient and completely hermetic. 
A high speed permanent magnet synchronous generator (PMSG) was applied to get the high 
efficiency. Radial turbines were directly coupled with the PMSG without a gear box to reduce the 
power transfer loss and cost. The rotor shaft was supported by gas foil bearings to increase the system 
availability through the non-contacting bearings. Twin radial turbines were assembled with the rotor 
shaft in the way of face-to-face to cancel out the axial load caused by the pressure difference. This 
configuration made it possible to apply a gas foil bearing as a thrust bearing despite of its low load 
capacity. A gas foil bearings is the simple and cheap solution for the rotor support system and the 
completely hermetic turbo-generator. The high efficiency of the radial turbine was acquired by the 
real gas modelled turbine design with optimum specific speed. 

The developed turbo-generator was integrated with the 100kWe ORC plant installed at KIER and it 
showed that the turbo-generator efficiency was about 80% as the result of the performance test with 
the temperature difference of 70℃ between the heat source inlet and the heat sink inlet. 

 
1. INTRODUCTION 

 
In terms of energy issues and environmental aspects, the interest in ORC (Organic Rankine Cycle) 
plant is increasing over recent years because of its applicability and availability for low temperature 
heat sources. An ORC has nearly the same components with a conventional steam Rankine cycle 
except using organic compounds instead of water. The organic compounds applicable to the low 
temperature heat source (<100~150℃) usually have lower boiling point than the water because ORC 
plants are applied to generate power from low-temperature heat sources (Quoilin et al., 2013). 
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Although ORC power plant is considered as one of the promising technologies for generating power 
form low-temperature heat sources, its high capital cost and maintenance cost are the main obstacles 
in the wide spread on the global market (Quoilin et al., 2013 and Wang et al., 2011). Mainly the high 
capital cost and low cycle efficiency cause the low IRR for the ORC power plant. It is necessary to 
improve the capital cost, maintenance cost, cycle efficiency and system availability to obtain high 
IRR. In terms of cost, the capital cost of heat exchanges should be reduced at first because it is more 
than half of the total power plant capital cost and the costs of other components should be reduced 
secondly. The maintenance cost also should be reduced more. For revenue from the power generation, 
it is more important to obtain high cycle efficiency (by the components with high efficiency and 
system optimization) and high system availability (low maintenance shut-down by the robust 
components) to get more power from the given conditions.  

In spite of its drawbacks, ORMAT, Turboden, BNI, UTC, Electratherm, Access Energy and so on 
have supplied their ORC power plant in the global market. And new manufacturers appear in the 
market continuously. Most of them select the turbines as their expanders while some others such as 
Electratherm and Kobelco use the screw type expanders especially in small power capacity plant 
(Kang, 2012, Takahashi et al., 2013, Yuksek and Mrimobin, 2013). Many research studies were 
conducted with various types of expanders. According to the summary of Fu et al. (2015), a scroll 
expander is dominant in the ORC system with less than 50kW power output. But the reason is that the 
power capacities of the investigated studies are less than 10kW except some cases. 

The expander and the generator are the most important components in the ORC power plant because 
they convert the electric power from the temperature difference between the heat source and heat sink. 
To overcome ORC’s disadvantages, the expander and the generator must be highly efficient and 
robust at design point and off-design points. In addition, the expander-generator set must have the 
advantages such as high system availability, low manufacturing cost, light weight, small volume, easy 
maintenance, hermetic configuration, and excellent endurance performance. 

This study presents the design and development of a novel turbo-generator applicable for low 
temperature heat sources in 100kW class ORC power plant to meet the needs suggested above. In 
addition, this paper presents the test results of the 100kW-class turbo-generator under some operation 
points.  

 
2. DESIGN OF TURBO-GENERATOR 

 
This 100kW power class turbo-generator was integrated to the 100kW class ORC power plant in the 
Korea Institute of Energy Research (KIER), Korea. R245fa was selected as the working fluid in the 
ORC system on the basis of the available heat source and heat sink temperature. Although various 
refrigerants were adopted in the numerous studies (Fu et al., 2015, Bao and Zhao, 2013), there exists 
the proper refrigerant which might be used in the ORC system considering the various aspects such as 
cycle efficiency, fluid density, safety, and environmental effects. 
 
2.1 Mechanical Layout 
The turbo-generator was designed to meet the requirements listed above: high efficiency, high system 
availability, low manufacturing cost, light weight, small volume, easy maintenance, hermetic 
configuration, and excellent endurance performance. The turbo-generator was suggested to adopt the 
radial in-flow turbine, permanent magnet synchronous generator, gas foil bearing, and direct coupling 
between turbine and generator. The mechanical arrangement was that the twin radial in-flow turbines 
are located in the front-to front way and the generator is located between them as shown in Figure 1. 
By selecting the radial in-flow turbine, the manufacturing cost can be reduced with the high efficiency. 
And compact size and light weight can be obtainable. The high rotational speed of turbine is 
inevitable to meet the optimum specific speed but this high speed makes the turbo-generator compact 
and small. 
Due to the high speed, the high speed permanent magnet synchronous generator (PMSG) and the low 
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speed generator with a gear box can be the candidates. For this turbo-generator, the PMSG was 
selected as a generator. It has higher efficiency than other type generators, light weight, and small 
volume due to the high rotational speed. It can rotate at various speeds regardless the grid power 
frequency. That makes the radial turbine rotate at its optimum speed with the maximum efficiency. 
But its small volume has small surface area for its cooling. It makes hard to design the cooling system 
in spite of its low heat generation due to its high efficiency. Also it needs power converting system 
(PCS) to convert the generator side power-generating-frequency that depends on the rotational speed 
of generator to grid side one. But the power converting efficiency is higher than that of a gear box. 
PCS does not need the lubrication oil, an oil cooling system, and its maintenance such as oil change. It 
is more attractive to adopt the PMSG and PCS in the turbo-generator for ORC power plant. 
 

 
 

Figure 1: Mechanical Layout of the 100kW turbo-generator for ORC plant 
 
A gas foil bearing was applied in the rotor support for the journal bearing and the thrust bearing. It is 
the gas foil bearing that is one of the non-contact bearing and oil free bearing. It makes the 
maintenance-free turbo-generator possible due to its special characteristics mentioned above. A 
magnetic bearing also has these characteristics but it has many complicate components (its own 
exclusive controller, position sensors and so on) and more power consumption. It may increase the 
cost of the ORC plant. 
But the gas foil bearing has small load capacity. While it is not the problem in journal bearing, it can 
be a severe problem in thrust bearing because it should have the load capacity for the axial load 
caused by the pressure difference between the front side and back side of the radial turbine. 
 

Table 1: Design requirements of radial turbine 
 

Parameters Unit Values 

Inlet Temperature ℃ 59.8 
Inlet Pressure bar 4.56 

Expansion Ratio - 4.67 

Mass Flow Rate kg/s 2.5 (for each turbine) 
(total: 5 for twin turbines) 

Output Power kW 58.5 (for each turbine) 
(total: 117 for twin turbines) 

Efficiency % 85 
Working Fluid - R245fa 

 
As shown Figure 1, the turbine and the generator’s rotor were coupled directly to skip the gear box 
and its oil handling system. And the twin turbines were arranged in the front-to front formation. It 
makes possible to cancel out the axial load caused by the pressure difference in each single turbine. 
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Theoretically the axial load caused by the turbine is zero, which allowed us to use the gas foil bearing 
as the thrust bearing. The thrust bearing was located at the back face of each twin turbines as shown in 
Figure 1. In addition, the generator was located between the twin turbines’ exits. The relatively cool 
working fluid can flow into the generator from the turbine exit after expansion. It can cool down the 
generator by the cooling passage shown in Figure 1. It makes possible to omit the other cooling 
passage and to save the loss of working fluid for the cooling passage. Table 1 shows the design 
requirements of radial turbine on the basis of ORC plant cycle design.  
 
2.2 Radial Turbine and PMSG 
The radial turbine was designed on the basis of the thermodynamic properties of working fluid, 
R245fa to meet the specification shown in Table 1. The stage efficiency of the radial turbine was 
expected as high as 90% with Reynolds Number effect corrected. The rotational speed of the turbine 
was selected as an optimal value which corresponds to the optimal specific speed. The main flow 
sections of the turbine stage, i.e. rotor exit, rotor inlet were designed on the basis of optimum velocity 
triangles which makes the rotor exit relative flow velocity at the tip radius and the rotor inlet absolute 
flow velocity as minimum respectively and no swirl at the rotor exit. The minimum velocity design 
minimizes the aerodynamic losses and no swirl at the outlet of turbine rotor makes the radial 
component of the exit velocity negligible (Aungier, 2006). The dimension of the main flow path is 
shown in Table 2 for the designed radial turbine. 
 

Table 2: Dimension of the main flow path from the design results of radial turbine 
 

Items Unit Values 
Stator Inlet Radius mm 105 

Stator Outlet Radius mm 82 
Stator Blade Height mm 10.6 
No. of Stator Blade - 20 
Rotor Inlet Radius mm 76 

Rotor Inlet Blade Height mm 10.6 
Rotor Outlet Tip Radius mm 54.6 
Rotor Outlet Tip Radius mm 20 

No. of Rotor Blade - 14 
 
The wall contour of the turbine rotor and the blade profiles were generated with the proprietary in-
house design code on the basis of the main flow path shown in Table 2 and the real gas model of 
R245fa using REFPROP developed by NIST. The final radial turbine is shown in Figure 2. Figure 2 
(a) shows one of the twin turbine rotors and Figure 2 (b) shows one of the twin turbine stators. 
 

   
(a)                  (b)  

 
Figure 2: Radial Turbine Rotor (a) and Stator (b) 

 
The generator was designed in the type of PMSG to obtain higher efficiency. A type of the rare earth 
magnet was used to get the strong permanent magnet. A samarium-cobalt magnet (Sm2Co17) is 
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preferred as the rotor magnet for PMSG because of its higher demagnetized temperature than others. 
Due to this, it can operate at higher temperature. The design specification and design results are 
shown in Table 3. The stator core was designed and constructed to have several cooling fins along the 
outside of it extended in the radial direction as shown in Figure 3 (a) to dissipate the heat generated by 
the iron loss and copper loss of the stator. It has also cooling passage in the middle of the stator core 
along the axial direction shown in the Figure 1 and Figure 3 (b). The cooling passage in the middle of 
the stator core is mainly the one for rotor shaft cooling, which can dissipate the heat from the can loss 
and the permanent magnet loss of the rotor shaft.  
 

Table 3: Design specification and its result of PMSG 
 

Items Unit Values 
No. of Phase - 3 
No. of Poles - 2 

Rated Voltage(line-to-line) V 480 
Rated Current A 137 
Rated Power kW 110 
Efficiency % 95 

No. of Slots in Stator - 24 
Stator Outer Radius mm 220 
Stator Inlet Radius mm 89 

Rotor Radius mm 85 
Length of the Rotor Magnet mm 150 

 
 

  
(a)                          (b) 

 
Figure 3: Stator for the PMSG Type Generator 

 
2.3 Gas Foil Bearings 
Twin turbine rotors were assembled at each end of the generator rotor shaft which was the part of the 
turbo-generator rotor to obtain the face-to-face configuration. The whole rotor was supported by the 
journal bearings and the thrust bearings as shown in Figure 1. The journal bearings support the radial 
load caused by the rotor weight and the thrust bearings support the axial load caused by the pressure 
difference between turbines, respectively. According to the literatures, the load capacity of a journal 
foil bearing is given by Equation (1) (Kus and Neksa, 2013). 
 

CJB=fJBLJBDJB
2N                                   (1) 

 
For the thrust bearing, the axial load on the rotor shaft could be ideally cancelled out to be zero 
because the rotor shaft is bilaterally symmetric. Therefore the axial load on the rotor is not significant. 
The thrust load capacity that can be supported by a thrust foil bearing, also is given by Equation (2) 
(Kus and Neksa, 2013). 
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CTB=fTBπwDTB
2N                                  (2) 

 
According to the in-house design practice, the journal and thrust bearings were designed and made as 
shown in Figure 4. Figure 4 (a) is the top foil of the journal bearing and Figure 4 (b) shows the bump 
foil of the journal bearing placed between the top foil and the bearing housing. Figure 4 (c) is the 
thrust bearing located at the backside of each twin turbine. 
 

 

(a)             (b)                 (c) 
 

Figure 4: Gas Foil Bearing: Journal Bearing (Top Foil: a, Bump Foil: b) and Thrust Bearing (c) 
 
 

3. TEST RESULTS AND DISCUSSION 
 

Figure 5(a) shows the experimental apparatus for the turbine performance test. Actually the whole 
ORC power plant system was required to run the turbo-generator and to test its performance by the 
electrical power output from the generator. Then, the performance of the turbo-generator could be 
evaluated. 
 

  
(a)                                      (b) 

 
Figure 5: ORC power plant as a turbo-generator performance test rig 

 
The orange line loop in Figure 5(a) is the hot water loop heated by the steam from the boiler as a heat 
source. The green line loop is the working fluid (R245fa) loop. The blue line loop is the cooling water 
line to absorb the heat rejection from the condensation of the working fluid. Steam line (red) and hot 
water loop (orange) were installed to simulate the hot-water type heat source. Figure 5(b) shows a plot 
of thermodynamic cycle in the temperature entropy diagram (T-S diagram) for an operating point 
Table 4 together with Figure 6 (a) show the operating conditions of the ORC power plant and the 
electrical power output at each operating point. The performance of the turbo-generator was evaluated 
on the basis of this power output. The mass flowrate of the heat source (hot water) was set to a 
constant value, 17kg/s. And the temperature difference between the heat source inlet and the heat sink 
inlet was also controlled to a constant value, about 70℃. Since the temperature difference was nearly 
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constant, the rotational speed of turbine was also kept nearly constant within 6% deviation. Figure 6 
(a) also shows that the electrical power output was proportional to the mass flow rate of the working 
fluid. 
The electrical power output was measured at the power output terminal of the generator. The (gross) 
cycle efficiency which is defined in Equation (3) increased from 5.2% to 7.3% while the mass 
flowrate increased. That means 40.4% increase along the flowrate increase. The efficiency of the 
turbo-generator means that of the total equipment composed of the turbine and generator. It is shown 
in Equation (4) that the efficiency is the ratio of the electrical power output to the ideal power output 
from the turbine.  
 

Table 4: Electrical power output and control inputs at each measured operation point 
 

Operating 
Point 

Electric  
Power 
Output 
(kW) 

Control Inputs 

Working Fluid 
Flowrate 

(kg/s) 

Heat Source 
Inlet 

Temperature 
(℃) 

Heat Sink 
Inlet 

Temperature 
(℃) 

T 
(℃) 

1 91.20 5.17 82.32 13.17 69.14 
2 81.50 4.71 82.78 12.48 70.30 
3 70.43 4.16 82.85 11.62 71.23 
4 60.34 3.69 81.77 10.94 70.84 
5 48.93 3.15 82.52 10.27 72.26 
6 35.17 2.60 81.93 10.15 71.78 

 

 
 

Figure 6: Operation conditions and performance results 
 

It was difficult to measure the temperature and pressure right after turbine exit because of the unique 
configuration of this turbo-generator. The temperature and the pressure were measure merely near the 
end-turn of the generator. Assuming that the pressure drop between them is negligible, ideal enthalpy 
drop can be calculated from the turbine inlet and outlet conditions. But the temperature difference was 
not negligible because of the temperature rise due to the generator loss and windage loss. Therefore 
only the turbo-generator efficiency was evaluated instead of the turbine efficiency. The calculated 
efficiencies of the turbo-generator ranged from 78.5% to 80.7% as shown in Figure 6. It matched well 
with the product of the design efficiency of the turbine and generator (0.85*0.95) without considering 
the windage loss. 
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𝜂𝑐𝑦𝑐𝑙𝑒 =

𝑃𝑒
�̇�𝑖𝑛

                                  (3) 
 
 

𝜂𝑡−𝑔 =
𝑃𝑒

Δℎ𝑖∙�̇�𝑟𝑒𝑓
                                (4) 

 
 

𝜂𝑡−𝑔 = 𝜂𝑡 ∙ 𝜂𝑔 ∙ (1 − 𝑤𝑙)                           (5) 
 
As shown in Equation (5), the efficiency of the turbo-generator is the product of the turbine efficiency, 
the generator efficiency, and the efficiency decrease due to the windage loss of the rest part of the 
rotor except the generator shaft. If the generator is designed with the specified efficiency (95%) and 
the windage loss is ignored, the turbine efficiency was 85% in the case of the maximum turbo-
generator efficiency (80.7%). 

 
4. CONCLUSION 

 
The present study was the design and construction of a novel turbo-generator applicable for the low 
temperature heat sources to meet the market needs. It is almost maintenance free, highly efficient and 
completely hermetic. A unique configuration was developed including high speed permanent magnet 
synchronous generator (PMSG), twin radial turbines, and gas foil bearings. Twin radial turbines were 
assembled to the rotor shaft in the face-to-face configuration. 

The performance test results of the turbo-generator showed that the maximum power output was 
91.2kW. The maximal efficiency of the turbo-generator and cycle efficiency were 80.7% and 7.3%, 
respectively under the condition of 70℃ temperature difference between heat source and heat sink. 

And the future study will focus on the clarification of the turbine and generator efficiencies, cost 
estimation compared with the other types, turbine efficiency change with respect to the operation 
points, and dynamic response of turbo-generator. 

 
NOMENCLATURE 

 
C load capacity  (N)  
D diameter  (m) 
f bearing performance coefficient (N/m3/krpm) 
L axial length  (m) 
�̇� mass flow rate     (kg/sec) 
N rotor speed  (krpm) 
P power  (kW) 
�̇� heat flow rate  (kW) 
w  radial extent of the top foil  (m) 
 energy loss coefficient  (-) 
η efficiency   (-) 
h  enthalpy difference  (kJ/kg) 
  
Subscript 
JB journal bearing  
TB thrust bearing 
t-g turbo-generator 
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t turbine 
g generator 
e electric 
i  ideal  
ref refrigerant 
wl windage loss 
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ABSTRACT 
This work aims at defining a set of general correlations for the estimation of axial-flow turbine efficiency 
in Organic Rankine Cycle (ORC) field. A dedicated numerical tool is used for the optimization of several 
hundreds of turbines and the results are presented in specific parameters (𝑆𝑃, 𝑉𝑟 and 𝑁𝑠) according to 
similarity rules. The analysis is carried out for single, two and three stages turbines. For each case a 
correlation of efficiency at optimal rotational speed is calibrated in function of the equivalent single stage 
𝑆𝑃 and the total isentropic 𝑉𝑟. Three sensitivity analyses are proposed in order to highlight the effects of 
each single parameter on stage efficiency. Finally, the effect of fluid choice on turbine performance and 
dimension is discussed with a numerical example. 
 

1. INTRODUCTION 
 

The energy market is today more and more oriented to technical solutions able to exploit renewable 
energy sources and waste heat from industrial processes with the aim at reducing air and water pollution 
and increasing systems efficiency. In this context Organic Rankine Cycle (ORC) is one of the most 
reliable and mature solution for the exploitation of various energy sources characterized by a small 
available thermal power and/or a low maximum temperature. Typical fields of application of ORC 
technology are the geothermal energy, the solar energy, the biomass combustion and the heat recovery 
from industrial processes. ORCs have a simple layout characterized by a limited number of components; 
in addition they are extremely flexible showing good off-design performances in a large range of working 
conditions. The main advantage of ORCs is the possibility to select the most appropriate working fluid 
among a wide list of candidates guaranteeing high efficiency cycles in a large range of applications 
(Astolfi et al, 2014a). Despite their simplicity, the study of ORCs requires cross-functional expertise 
because the design and the optimization of these plants is largely influenced by the availability of (i) 
accurate equations of state (EoS), (ii) reliable cost correlations and (iii) efficiency correlations able to 
describe components performance. In particular, the expander is the key component of an ORC and the 
estimation of its efficiency and dimension is crucial to obtain a reliable evaluation of system performance 
and cost. The assumption of a fixed expander efficiency, independent of (i) the operative conditions (inlet 
and outlet thermodynamic states), (ii) the working fluid and (iii) the expected power output, may lead to 
unrealistic results (Astolfi et al, 2014b). In ORC field different types of expanders are used depending on 
the plant power output and the expansion ratio. Axial flow turbine is the most common choice and it is 
used by main market leaders like Ormat and Turboden, while Exergy has recently introduced high 
efficiency radial outflow turbines, especially suitable for high volume ratio expansions (Xodo et al, 
2013). Radial inflow turbines are designed by Atlas Copco and by Calnetix GE in a large range of 
dimensions: from few tens of kW to tens of MW in geothermal applications. Finally, positive 
displacement expanders (scroll, pistons or screw devices) are proposed for small size applications like 
solar power plants and automotive ORC. This work is focused on axial-flow turbines because of their 
large market share and their capability to cover a large range of applications with high isentropic 
efficiency. 
Various correlations, charts and diagrams for the estimation of axial turbine efficiency are proposed in 
literature but usually they lack in to account some variables of crucial interest in ORC field. The use of 
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complex and heavy fluids entails a design of ORC turbines which is different from either gas or steam 
turbines. Organic fluids generally operate at moderate temperatures and show a small isentropic enthalpy 
drop in expansion leading to the design of compact turbines with a reduced number of stages and low load 
coefficients (𝑘𝑖𝑠). Peripheral speed is generally not a critical issue while in gas and steam turbines this is 
the key limiting factor in the selection of stage number due to both mechanical stresses and high 
temperatures. On the other hand, organic fluids usually have large volume ratios per stage and a low 
speed of sound. Both these aspects make the design of an ORC turbine a quite challenging task which 
cannot be faced without the support of a specific optimization software. Simple correlations such as Smith 
(1965) diagrams and Baljé and Binsley (1968) plots cannot catch these ORC turbines peculiarities. As 
already demonstrated by Macchi (1977), Macchi and Perdichizzi (1981) and Lozza et al. (1981), a 
rigorous design of an axial flow turbine should take into account real blade dimensions and the effects of 
Mach numbers especially if supersonic flows are present. These aspects are crucial for organic fluids, 
where blades are characterized by a large height variation, large flaring angles and supersonic velocities. 
In particular in Macchi (1977), the effect of both the volume ratio and the specific speed is analyzed for 
different single stage turbines operating with heavy and complex fluids while in Lozza et al. (1981) a 
sensitivity analysis is carried out varying the number of stages for turbines with two different size 
parameters. A further step ahead is provided in the work of Macchi and Perdichizzi (1981) with the 
definition of a map of efficiency for single stage turbines at optimized rotational speed as function of size 
parameter and volume ratio. The purpose of this paper is to propose an efficiency correlation for single, 
two and three stage axial flow turbines at optimized rotational speed in a wide range of volume ratios and 
dimensions. 
 

2. SCOPE OF WORK AND METHODOLOGY 
 

Except for some biomass applications, in ORC field each turbine is designed ex novo because each plant 
differs in the available thermal power and in the temperature of both the heat source and the cooling 
medium. Turbines in ORC can operate with different fluids in a large range of pressure and volume ratios, 
size and power output. For these reasons, it is interesting to adopt a non-dimensional approach which 
allows comparing optimal turbine designs on the basis of specific parameters. According to similarity 
rules (Dixon, 1998), the results achieved for a certain turbine stage can be extended to any other case if 
the stages respect the following conditions (Macchi and Perdichizzi, 1981): 

1. They have the same specific speed; 
2. The geometric similarity is fully verified (all the geometrical ratios are equal); 
3. The flow is fully turbulent so that the Reynold number effects are negligible 
4. the Mach numbers are similar; 
5. The volumetric behaviour of the two fluids is the same, namely the volume flow rate variation across 

the stage is equal for the two fluids. This condition is verified if the two fluids are incompressible or 
if they are ideal gas with the same pressure ratio and the same heat capacity ratio; 

ORC turbines ranges from micro scale to very big machines and so the geometrical similarity cannot be 
always verified because of the presence of technological constraints like the minimum trailing edge 
thickness and the minimum tip clearance gap. Very small turbines are intrinsically less efficient because 
of the increase of profile and leakage losses. On the other hand, high value of volume ratios affect the 
turbine stage design which requires converging diverging blades and relevant variation of blade height in 
a single row with detrimental effects on stage efficiency. 
The parameters suggested as independent variables for a parametric analysis are: the size parameter 

(𝑆𝑃 = V𝑜𝑢𝑡,𝑖𝑠
0.5

∆ℎ𝑖𝑠
0.25 ) and the volume ratio (𝑉𝑟 = V𝑜𝑢𝑡,𝑖𝑠

V𝑖𝑛
) while the specific speed (𝑁𝑠 = 𝑅𝑃𝑀

60
V𝑜𝑢𝑡,𝑖𝑠

0.5

∆ℎ𝑖𝑠
0.75 ) will be 

optimized for each case. The physical significance of 𝑆𝑃, 𝑉𝑟  and 𝑁𝑠 and their influence on the turbine 
efficiency  will be discussed later. 
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In order to obtain efficiency maps with a sufficient detail and covering a large range of ORC applications, 
hundreds of turbines have been optimized. Independent variables range between a minimum and a 
maximum value which is 0.02 m -1 m for 𝑆𝑃 and 1.2-200 for 𝑉𝑟. 
The optimizations presented in next sections are realized assuming a complex ideal gas with a 𝛾  value 
equal to 1.05 as representative of a generic organic fluid. We found this simplifying hypothesis 
appropriate for the scope of the present analysis, i.e. to obtain quite accurate preliminary prediction of 
turbine efficiency for a large variety of ORC cycles and working fluids. The results in section 6 confirm 
the validity of this assumption. Of course, in the final turbine design a proper EoS should be considered.  
In this study, Reynolds numbers are not considered as independent variables since for Re greater than 106 
the effect on stage performance is negligible, while the influence of Mach numbers on blade geometry, 
flow angles and losses are accounted for. Even if the Mach numbers resulting from the adopted ideal gas 
assumption differ from the real ones, these deviations cause minor effects on the predicted stage 
efficiency (Macchi and Perdichizzi, 1981). 
All the results presented in the next sections are obtained with Axtur tool, an in house optimization code 
for axial flow and radial outflow turbines developed by Macchi and Lozza at the Energy Department of 
the Politecnico di Milano. The code is based on a pseudo 1D approach and both blade channels geometry 
and velocity triangles are defined at mean diameter for each blade row (see Fig 1 for nomenclature 
details). Blade heights are hence obtained from continuity equation and the actual blade geometry is 
considered in efficiency losses calculation. Efficiency loss for each row is computed using correlations 
from literature to take into account the presence of the boundary layer, supersonic flows, flow angle 
variations and other losses. 
Axtur, starting from a feasible initial point, performs multivariable constrained optimizations of turbines 
with a maximum stage number equal to three. Every stage is fully defined by nine parameters. Three of 
them define stage quantities: the stage isentropic load (𝑘𝑖𝑠), the isentropic degree of reaction (𝑟∗) and the 
isentropic volume ratio (𝑉𝑟). The other six (three for each row) parameters are representative of stage 
geometrical ratios (𝑜 𝑠⁄ , 𝑜 𝑏⁄  and 𝑏 𝑟𝑚⁄ ). These parameters are the optimization variables of the problem 
and they can be varied by the optimization algorithm between a lower and an upper bound whose values 
are defined according to the limits of the correlations used to compute the efficiency losses. 
In addition, nonlinear constraints are considered for other variables of interest, like maximum Mach 
numbers, maximum number of blades and flaring angles and for technological limitations. Penalty factors 
are introduced if the upper or the lower bounds are not respected. 
 

 

Figure 1 - Notation used in Axtur for the blade geometry and the velocity triangles. Converging-diverging blades 
are used by the code when Ma>1.4 otherwise 𝑜 = 𝑜𝑚𝑖𝑛. In the velocity triangle the 𝑣 vector represents the absolute 

velocity while 𝑤 one the velocity relative to the rotor blade; 𝑢 vector is the peripheral speed. Subscripts 1 and 2 refer 
to the inlet and the outlet of the rotor blade respectively. 
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For a single stage Axtur optimizes the total to static efficiency corrected by the fraction of kinetic energy 
recovered by the diffuser according to eq. 4. 
 

𝜂 =
W

Δℎ𝑇−𝑆 − φE
v2,a

2

2

 (1) 

 
Where φE is the efficiency of the diffuser; it is assumed that 50% of the kinetic energy of the discharge 
absolute velocity axial component can be recovered. 
The approach is not completely rigorous because the recovery of kinetic energy entails a reduction of the 
pressure at turbine discharge and so a higher pressure drop and a higher power production while here the 
effect is accounted subtracting the same term from the denominator. As proved by Macchi [6], the 
approximation is generally valid and does not affect the quality of the solution in terms of turbine 
efficiency. For multistage turbine the code maximizes the power output imposing φE = 1 for all the 
stages except the last one, but introducing annulus losses between blade rows. 
The results provided by Axtur consist in a complete characterization of blade geometry in both blade to 
blade and meridional planes and velocity triangles. Furthermore, the breakup of the efficiency losses is 
reported considering the following effects: 
 Profile loss (Craig&Cox [10]): due to the blade shape and effects related to friction, fluid vane 

deflection and boundary layer dissipation. This loss mainly depends on blade pitch, blade axial chord 
length, trailing edge thickness and roughness of blade surface, angular deflection and relative velocity 
ratio. 

 Secondary losses (Craig and Cox, 1970): caused by secondary flow structures mainly described by 
passage vortex, horseshoe vortex, trailing edge vortex and corner vortex. These losses are affected by 
the same parameters which have influence on profile losses plus blade height. 

 Annulus losses (Craig and Cox, 1970 or Kacker and Okapuu, 1981): due to the passage of fluid in the 
gap between two blade rows. This loss is calculated for all the stages except for the last one. 

 Leakage losses (Craig and Cox, 1970): caused by the unwanted passage of fluid above blade tip whose 
expansion does not contribute to power production. This kind of loss is mainly related to radial 
clearance, blade length and blade overlap. They can be null for the first stator blades only. 

 Disk windage losses: due to velocity gradient in the clearance between stator and rotor disk walls. 
They are strongly affected by rotational speed and by both absolute disk clearance and disk diameter. 

 Kinetic energy loss: it is the fraction of kinetic energy of discharge velocity which cannot be recovered 
with the diffuser. Usually it is defined with a coefficient φ𝑒 smaller than unit respect to the kinetic 
energy of the axial component. 

Exit flow angles are computed according with the flow condition: (i) Subsonic flow (Ainley and 
Mathieson, 1951), (ii) Supersonic flow with after expansion (Vavra, 1969), (iii) Supersonic flow with 
converging diverging nozzle (Deich, 1965). Experimental data from Deich (1965) are used for accounting 
of additional losses related to supersonic flows at blade exit, while an empirical correlation introduced by 
Macchi (1977) accounts for losses related to relative transonic velocities at rotor inlet.  
 

3. SINGLE STAGE TURBINES 
 

More than five hundreds of turbines are optimized varying 𝑆𝑃 and 𝑉𝑟  and optimizing 𝑁𝑠. It is important 
to remember that, according to similarity rules, the results here obtained are representative of any other 
turbine stage with the same set of independent parameters. Different volumetric fluid behavior and molar 
mass affect variables like speed of revolution, pressure ratio, temperature and enthalpy drop and mass 
flow rate but they have small influence on the final optimal design which has the same geometrical aspect 
and the same isentropic efficiency. The validity of this assumption is verified in the test case presented in 
chapter 6. 
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In Fig 2.a each point represents the maximum efficiency attainable for any combination of 𝑆𝑃, 𝑉𝑟 and 
𝑁𝑠. It is possible to notice that for each couple of 𝑆𝑃 and 𝑉𝑟  parameters an optimal specific speed is 
found, while detrimental effects on the efficiency can be highlighted increasing the 𝑉𝑟  and decreasing the 
𝑆𝑃. As a general consideration, there is a large range in 𝑆𝑃 and 𝑉𝑟  where the optimal specific speed is 
between 0.1 and 0.15, as already pointed out in Macchi [6]. For small 𝑆𝑃 and for high 𝑉𝑟  the optimal 𝑁𝑠 
decreases down to 0.05. This is justified by the presence of lower and upper bounds on some geometrical 
dimensions like minimum blade height and maximum ℎ/𝐷 ratio at the discharge section. In these cases, a 
𝑁𝑠 value above 0.1 entails an almost unfeasible design of the blade with a strong increase of secondary 
losses due to fluid leakages and high flaring angles. 
The maximum point for every curve is representative of the maximum attainable efficiency at optimized 
rotational speed and optimal results are collected in a contour map reported in Fig 2.b. For a better 
understanding of the effects occurring in the definition of optimized stage geometry, three parametric 
analyses are proposed in the following. The first focuses on the effect of 𝑁𝑠 at fixed 𝑆𝑃 and 𝑉𝑟, while the 
other two are carried out varying one by one 𝑉𝑟 and 𝑆𝑃 at optimized rotational speed.  

 

 
Figure 2 – a) Results for the single stage turbines. Black markers () are representative of the optimal turbine 

configuration for each combination of 𝑆𝑃, 𝑉𝑟 and 𝑁𝑠. White markers () identify the turbine designs at optimized 
rotational speed. b) map of efficiency for a single stage turbine at optimal 𝑁𝑠. 

 

2.1. Effect of Ns 
The first analysis regards the optimization of 𝑁𝑠 for a single stage turbine at fixed 𝑆𝑃 and 𝑉𝑟 equal to 0.4 
m and 4 respectively (similar results are obtained for any other 𝑆𝑃 and 𝑉𝑟.combination) Results are 
reported in Fig 3. In this case, both the volume flow rate at turbine exit and the isentropic enthalpy drop 
are constant and so 𝑁𝑠 parameter has a direct effect on the speed of revolution and turbine mean 
diameter. At low specific speed the turbine stages have large mean diameter because of the necessity to 
maintain optimal 𝑢 velocity above a certain value, to reduce the stage load. 
Stages in this region have small ℎ/𝐷 parameters and they are affected by high leakage and secondary 
losses. Velocity triangles are representative of impulse stages with an almost axial absolute velocity 𝑣2, 
thus the kinetic losses are minimized. Disk windage loss is noticeable because of the large diameter 
interested by this dissipation effect. 
Increasing the rotational speed allows reducing both the secondary and leakage losses thanks to higher 
blades and a larger ℎ/𝐷 ratio while the profile and the kinetic losses become more and more relevant. 
Optimal 𝑁𝑠 value is equal to about 0.15 corresponding to well-proportioned turbine stages and an almost 
50% reaction velocity triangle with an axial absolute velocity at turbine outlet.  
On the other hand, for higher 𝑁𝑠 values, the rotational speed is higher and the stage mean diameter is 
strongly reduced leading to high values of ℎ/𝐷 parameter. Both the secondary and the leakage losses are 
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minimized but the distorted shape of the velocity triangles entails high values of discharge velocity which 
cannot be maintained in axial direction. As a consequence, kinetic energy losses increase because of the 
high value of 𝑣2 and the presence of a tangential component which cannot be recovered by the diffuser. 
The trade-off between these opposite effects leads to the presence of an optimum value of 𝑁𝑠 which 
yields the maximum efficiency. 
 

 
Figure 3 – Results of the parametric analysis varying Ns for a single stage turbine with SP=0.04 and Vr=4: a) 

Efficiency losses breakup, b) blade profiles and c) velocity diagrams. Mach numbers for inlet and outlet triangles are 
evaluated using the fluid SoS at stator and rotor outlet section respectively. 

2.2. Effect of 𝑽𝒓 at optimized 𝑵𝒔 
Optimized results for single stage turbines, with different 𝑉𝑟 and a fixed 𝑆𝑃 equal to 0.05, are presented in 
Fig 4. The breakdown of efficiency losses shows that the maximum attainable efficiency is a decreasing 
function of 𝑉𝑟. For really low volume ratios, namely values below twice than the 𝑉𝑟,𝑐𝑟𝑖𝑡 = 1.64, velocity 
triangles are always subsonic, the load is limited and 50% reaction stages with high efficiency can be 
designed, ℎ/𝐷 ratio is favourable, no flaring is required and both secondary and profile losses are small. 
Increasing 𝑉𝑟, Mach numbers greater than unit are obtained, in particular for 𝑣1 and 𝑤2 velocities, with an 
increase of profile losses. Converging-diverging stator nozzles are required for 𝑉𝑟 above 5, while they are 
needed also for rotor blades for values beyond 10. For 𝑉𝑟 greater than 20, a velocity close to the sonic one 
is obtained at 𝑤1 vector with problems of shock waves at rotor inlet. The loss coefficient which takes into 
account this effect contributes to penalize the overall efficiency. 
Velocity triangles become more and more distorted due to the necessity to handle higher volume flow 
variations and contextually maintaining a velocity vector 𝑣2 close to the axial direction and limiting M𝑤1. 
Increasing the volume ratio involves a higher isentropic enthalpy drop and optimized stages with a higher 
peripheral speed 𝑢 and a larger mean diameter in order to limit the stage load. Solutions move toward 
impulse stages with very small blade heights and high secondary losses due to unfavorable ℎ/𝐷 ratio and 
disk windage loss increases due to larger surface interested by the phenomena. In conclusion, adopting 𝑉𝑟 
higher than 5 for a small SP single stage turbine entails a strong limitation in the attainable efficiency and 
multistage turbines should be considered in order to contain the load on each stage. 
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Figure 4 – Results of the parametric analysis for different single stage turbines having the same 𝑆𝑃=0.05 m at the 

optimal specific speed: a) Efficiency losses breakup, b) blade profiles and c) velocity diagrams. 

2.3. Effect of 𝑺𝑷 at optimized 𝑵𝒔 
The last sensitivity analysis is realized for different single stage turbines with the same 𝑉𝑟 = 20 but 
different 𝑆𝑃 and results are reported in Fig 5. Size parameter is varied from 0.02 m to 1 m which is a 
value representative of turbines close to the maximum size of normal ORC expanders. All the stages work 
with the same isentropic enthalpy drop but they notably differ in volumetric flow rate because of the 
quadratic dependence on the 𝑆𝑃. Small size parameters lead to very small volume flow rates at turbine 
inlet section with a reduced passage area. Due to geometrical limits on minimum blade height and 
minimum 𝛿𝑟/ℎ ratio, the mean diameter gets smaller with an increase of rotational speed in order to 
maintain the optimal value of specific speed. These two effects result in a strong efficiency drop for small 
turbines with a considerable increase of secondary and leakage losses. Similar results are obtained for 
smaller 𝑉𝑟, even if the efficiency drop related to small SP decreases. 
 

 
Figure 5 – Results of the parametric analysis for different single stage turbines having the same 𝑉𝑟=20 at the 

optimal specific speed: a) blade profiles and b) efficiency losses breakup. 
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4. MULTI STAGE TURBINE 
 

In previous section, single stage turbines have been considered highlighting that their efficiency is 
strongly penalized by high volume ratios with even more marked reduction at small size parameters. In 
ORC field, multistage turbines are commonly adopted because they can achieve a higher efficiency 
exploiting the repartition of the whole volume flow variation on two or more stages. In this work only two 
and three stage turbines are considered because in most of the applications the benefit in adopting a 
higher number of stages is limited with an increase of component cost and a higher cost of electricity. For 
common applications, axial turbines are usually overhung with rolling bearing on the generator side of the 
shaft. This design allows an easy inspection of the turbine during maintenance operation and it is 
generally preferred even if it limits the number of stages to three because of rotodynamic issues. For 
turbines directly coupled to generator, a rotodynamic analysis performed by Exergy (Spadacini et al, 
2013) shows that for a number of stages greater than three the natural frequencies of the turbine shaft get 
closer to 50 (or 60 Hz) with the risk of resonance during normal operation. A technical solution to 
increase the number of stages and the overall volume ratio without incurring in these problems is 
represented by radial outflow turbines. 
The same analysis presented in the previous section is repeated for both two and three stage machines. 
The results, obtained optimizing the rotational speed for each turbine, are presented in terms of 𝑉𝑟 and 𝑆𝑃 
calculated for the overall expansion as though it is exploited by a single stage. 
In Fig 6.a the comparison between the maximum efficiencies achievable for a single stage and a two stage 
turbine is reported while in Fig 6.b the increment of efficiency is displayed. 
Increases of efficiency are not constant over the considered range of 𝑆𝑃 and 𝑉𝑟. The most relevant 
increments are obtained for high overall volume ratios and small 𝑆𝑃. For 𝑉𝑟 equal to 5 the efficiency 
increment is greater than 2 percentage points independently of 𝑆𝑃 value: an increment that usually 
justifies a more expensive device with the adoption of a two stage turbine. 
Benefits are obviously larger for higher 𝑉𝑟 and the efficiency increase reaches values above 10% for 
medium-small machines and volume ratios greater than 50. Last observation regards the possibility to 
extend the domain of solution: in particular for a 𝑆𝑃 lower than 0.02 m and 𝑉𝑟 of 100 and 200 it is not 
possible to design a full-admission single stage turbine with a reasonable efficiency. The high load on 
such a small stage and the presence of geometric constrains entail a non-feasible execution of the 
optimization algorithm with variables values always outside of the efficiency losses correlation limits. 
This problem does not arise for two stage turbines and the whole range of 𝑆𝑃 and 𝑉𝑟 is explored. 
Similar considerations can be done comparing two stages and three stage turbines. Results are reported in 
Fig 7.a and Fig. 7.b. The attainable efficiency increase is lower than in the previous case but, once again, 
notable advantages are highlighted for high volume ratios and small turbines. Finally, a graphical 
comparison of the performance maps for the single stage, the two stage and the three stage turbine are 
reported in Fig 6.c and 7.c. 

 
Figure 6 - Comparison between attainable efficiency adopting a two stage turbine instead of a single stage turbine 

(a) and corresponding efficiency increases (b). Graphical representation of maps of efficiency (c). 
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Figure 7 - Comparison between attainable efficiency adopting a three stage turbine instead of a two stage turbine (a) 

and corresponding efficiency increases (b). Graphical representation of maps of efficiency (c). 
 

5. NUMERICAL CORRELATIONS OF EFFICIENCY 
 
The set of data of maximum attainable turbine efficiency are regressed with a OLS regression performed 
in Gretl. The most suitable terms function of 𝑆𝑃 and 𝑉𝑟 are selected and a process of exclusion of the less 
influencing ones is carried out in order to obtain the maximum value of the adjusted 𝑅2 coefficient. All 
the proposed correlations have a functional form reported in eq 2 while the numerical values of the 
retrieved coefficients can be found in Table 1. 

𝜂 = ∑ 𝐴𝑖𝐹𝑖

15

𝑖=0

 (2) 

 

Table 1 - Regressed coefficients to be used in the correlation of turbine efficiency for single, two and three stage 
turbines 

Stages number 1 2 3 
n 𝐹𝑖 𝐴𝑖 
0 1 0.90831500 0.923406 0.932274 
1 ln(𝑆𝑃) -0.05248690 -0.0221021 -0.01243 
2 ln(𝑆𝑃)2 -0.04799080 -0.0233814 -0.018 
3 ln(𝑆𝑃)3 -0.01710380 -0.00844961 -0.00716 
4 ln(𝑆𝑃)4 -0.00244002 -0.0012978 -0.00118 
5 𝑉𝑟 - -0.00069293 -0.00044 
6 ln (𝑉𝑟) 0.04961780 0.0146911 - 
7 ln(𝑉𝑟)2 -0.04894860 -0.0102795 - 
8 ln(𝑉𝑟)3 0.01171650 - -0.0016 
9 ln(𝑉𝑟)4 -0.00100473 0.000317241 0.000298 
10 ln (𝑉𝑟) ln(𝑆𝑃) 0.05645970 0.0163959 0.005959 
12 ln(𝑉𝑟)2 ln(𝑆𝑃) -0.01859440 -0.00515265 -0.00163 
12 ln (𝑉𝑟) ln(𝑆𝑃)2 0.01288860 0.00358361 0.001946 
13 ln(𝑉𝑟)3 ln(𝑆𝑃) 0.00178187 0.000554726 0.000163 
14 ln(𝑉𝑟)3 ln(𝑆𝑃)2 -0.00021196 - - 
15 ln(𝑉𝑟)2 ln(𝑆𝑃)3 0.00078667 0.000293607 0.000211 

Adjusted 𝑅2 0.99790 0.99935 0.99954 
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6. MODEL VALIDATION 
 

In this section an example about the capabilities of the proposed correlations is provided. In particular, the 
aim is underling how the volume ratio and the dimension of a real turbine stage can affect the turbine 
performance. To validate the proposed methodology two fluids (R125 and hexane) are considered and 
two turbine sizes (isentropic power of 5 MW and 250 kW) are analysed. Both fluids expand from a 
temperature of 155°C down to a pressure equal to the saturation at 30°C as representative of a low 
temperature heat source application with a cooling water condenser. A supercritical cycle is considered 
for R125 with a turbine inlet pressure of 36,2 bar while a saturated cycle is imposed for hexane according 
to its high critical temperature and the overhanging saturated vapour line which allows for a dry 
expansion. In Table 2 the main thermodynamic properties of the fluids are reported with other quantity of 
direct interest for the evaluation of turbine efficiency. Both R125 and hexane show real gas effects at 
turbine inlet with a compressibility factor equal to 0.85 and 0.79 respectively while a behaviour closer to 
ideal gas is founded at turbine discharge with values of 0.91 and 0.99. The overall expansion coefficients 
(𝛾) are different from the value assumed for the ideal gas in the previous sections and are equal to 1.10 
and 1.06. The two turbine stage differ in both the 𝑉𝑟 and the 𝑆𝑃. The expansion of R125 shows a very 
limited variation of density because of the high condensation pressure and the high degree of 
superheating. On the contrary hexane according to the corresponding state principle (Poling and  
Prausnitz , 2000) has a lower condensing pressure (a vacuum pump is required at the condenser to remove 
air leakage) and a larger volume flow rate variation across the turbine. Hexane mass flow rate is lower 
than the R125 one but the 𝑆𝑃 is larger because of the very low density at turbine outlet section. Using the 
correlation of efficiency previously described the turbine efficiency is calculated: R125 turbine shows a 
very high (90%) efficiency while for hexane the presence of supersonic flows and limitation of flaring 
angles play a detrimental role in the final efficiency which is close to 83%. In this case the positive effect 
of a larger 𝑆𝑃 is not sufficient to compensate the difficulties in realizing a high 𝑉𝑟 stage. Reducing the 
size of the turbines the presence of geometrical constraints (minimum 𝑜 𝑠⁄  and maximum 𝑜 𝑏⁄ ) bound the 
final solution and leads to a decrement of about 3 point of efficiency confirming the overall trend 
presented in previous analyses. 

Table 2 – Characteristics of the considered fluids and main results of the analysis 

 
R125 hexane 

critical properties 
MM 120.02 86.18 
𝑇𝑐𝑟𝑖𝑡 , °C 66.02 234.67 
𝑝𝑐𝑟𝑖𝑡, bar 36.18 30.34 

expansion data 
𝑊𝑖𝑠, 𝑘𝑊 5000 250 5000 250 
𝑝𝑖𝑛 , bar 36.200 8.290 
𝑝𝑜𝑢𝑡 , bar 15.685 0.250 
∆𝑇𝑠ℎ, °𝐶 88.980 0 
𝑚, kg/s 237.71 11.89 40.78 2.04 
𝑉𝑜𝑢𝑡,𝑖𝑠, m3/s 3.79 0.19 55.24 2.76 

specific parameters 
𝑉𝑟  2.293 2.293 34.389 34.389 
𝑆𝑃, m 0.162 0.036 0.397 0.089 
𝜂𝑖𝑠

correlation 0.903 0.877 0.833 0.799 
Axtur results 

𝜂𝑖𝑠
Axtur 0.907 0.872 0.828 0.795 

RPM 6000 31000 5500 2800 
𝑁𝑠 0.111 0.129 0.104 0.118 
𝐷, m 0.420 0.086 0.900 0.180 
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The four turbines are hence designed in Axtur considering real fluid properties (i.e. compressibility 
effects, Mach numbers, etc.) and optimizing the rotational speed. It is possible to highlight a good 
accordance among the efficiencies calculated with the two methods confirming the validity of the 
proposed approach. The optimal rotational speed, the optimal Ns and the resulting optimal diameter are 
reported in table as well. 
 

7. CONCLUSIONS 
 

In this work three correlations of performance are provided for axial turbines with a maximum number of 
stages equal to three. This study aims to complete the work done in previous publications about the 
estimation of maximum efficiency attainable with 1D optimization techniques. The correlations can be 
used for a preliminary estimation of turbine performance in the numerical optimization of ORC even if 
the results are affected by inaccuracy mainly related to the quality of efficiency losses correlations and the 
simplified volumetric behavior assumed in the generation of the performance maps. 
On the basis of the present analyses the following conclusions can be addressed: 

 Rotational speed must be always optimized since relevant efficiency decrements are highlighted 
for values lower and higher than the optimal one. The use of slow generators with more than two 
couple of poles is recommended for large turbines while a gearbox or a power electronic system 
is required for small size machines having an optimal rotational speed higher than 3000 RPM; 

 Geometrical similarity cannot be always verified because of the presence of geometrical 
constraints related to blade machining and limits of loss correlations. Decreasing the size of the 
turbine the maximum efficiency is reduced mainly because of the increasing of profile and 
leakage losses; 

 Isentropic volume ratio strongly affects stage design and efficiency. A single stage turbine with 
high 𝑉𝑟 is penalized because of the presence of big flaring angles, supersonic flows and high 
kinetic losses and it is advantageous to split the expansion in two or more stages 

 The contemporary presence of small SP and  high VR strongly penalizes the attainable efficiency 
of single stage machines and suggests the adoption of multi-stage solutions. 

 

NOMENCLATURE 
 
Variables 
A coefficients for the efficiency correlations (-) 
b axial chord (m) 
β pressure ratio (-) 
η efficiency (-) 
F terms of the efficiency correlations (-) 
φE kinetic energy recovery factor (-) 
γ ratio of specific heats (-) 
𝑘𝑖𝑠 Isentropic load coefficient (-) 
h enthalpy or blade height (m) 
h/D blade height-blade mean diameter ratio (-) 
m mass flow rate (kg/s) 
Ns specific speed (-) 
o blade channels throat (m) 
p pressure (bar) 
r radius (m) 
ρ density (kg/m3) 
s blade step (m) 
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SP Size Parameter (m) 
T temperature (°C) 
V volume flow rate (m3/s) 
v absolute velocity (m/s) 
u mean peripheral speed (m/s) 
Vr volume ratio (-) 
W power (kW) 
w relative velocity (m/s) 

 
Subscripts 
crit critical property 
eva evaporation 
cond condensation 
is isentropic 
re real 
T-S Total to Static 
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ABSTRACT 
 
Since the steam turbine replaced the steam reciprocating engine by the end of 19th century it has been 
the only expander type in Clausius Rankine Cycle (CRC) and Organic Rankine Cycle (ORC) power 
plants at least above 1 MWel. Positive displacement expanders like scroll or screw machines have 
often been applied for smaller units – in particular below 100 kWel. One reason for this is that in 
cooling or compressed air technology these machines are cheaply available as compressors which can 
be “easily” converted to expanders. In contrast, up to now small turbines are rather seldom in this 
market segment. One goal of this paper is to discuss whether there are others reasons than those 
already mentioned to justify the choice of volumetric expanders for small ORC plants and to clarify 
whether small turbines provide benefits which could not have been used in the past just due to the 
lack of appropriate machines.  
 
The paper briefly introduces the working principles of positive displacement and turbine expanders 
and evaluates them concerning their application in small ORC-plants. In the author´s opinion, the 
advantages of turbines outweigh their disadvantages. Nevertheless, in the following the decision 
between e.g. impulse or reaction type, axial or radial, single or multistage turbine has to be made. The 
paper discusses and explains the “pro and cons” of these turbine types. This paper aims to identify the 
best expander for a given application and in addition evaluates the different expanders with regard to 
their suitability for a so-called “micro-expander-construction-kit” which should help to design and 
build an appropriate expander for any given application out of a wide range of boundary conditions 
and working fluids. Here, the single stage impulse turbine was identified as the best compromise 
 

1. INTRODUCTION 
 
By the end of 19th century the steam turbine had superseded the steam reciprocating engine in power 
generation as well as vessel propulsion because of its superiority with regard to power density and 
higher allowable steam temperatures and thus higher cycle efficiencies. Since that time, the turbine 
has been dominating the power generation at least above 1 MW power output. It is generally  
accepted that turbines outclass volumetric expanders regarding large power output and processing 
huge mass flows. However, on the lower end of the power generation range, i.e. 1 MW or even below 
100 kW power output the situation seems to be different. For small ORC or CRC units very often 
volumetric expanders are applied (Figure 1, see Branchini et. al., (2013)). Many publications e.g. 
Glavatskaya  et.al (2012), Lemort et. al. (2013) postulate that for small power output or rather small 
mass flow a piston, screw, scroll or rotating vane expander would be the better choice regarding 
efficiency, rotational speed, size, costs etc.. This statement will be discussed in the following. 
 
The author is convinced that besides the above-mentioned reasons there is another very simple reason 
for the frequent use of small volumetric expanders for small plants: These machines were cheaply 
available in the past from refrigeration or compressed air technology where they acted as 
compressors. Compared to small compressors, small turbines appear rather seldom. There is one 
exception: Small radial inflow, (axial outflow) turbines which are typical for automotive 
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turbochargers. However, these turbines are designed for rather low expansion ratios (ER). 
Furthermore, they are only available as turbocharger units equipped with oil bearings which rely on 
the internal combustion engine´s oil system. Thus, the application of a turbocharger turbine as ORC 
expander is a bit elaborate. 
 
The goal of the paper is to determine whether turbines can be a reasonable choice for small ORC units 
in the range of 3 to 100 kWel. This question is in particular interesting for the development of a 
„micro-expander-construction kit“ for small ORC expanders which has to cover different temperature 
levels, mass flow rates, as well as fluids. 
 

 
Figure 1: Actual VRAT values of existing ORC expanders with specified fluids (Branchini et. al., 2014) 

 
Figure 1 suggests that the volumetric expanders seem to dominate the power range below 10 kW. 
Furthermore, a first limitation of the volumetric expander can be identified: It is obviously restricted 
to small volumetric expansion ratios VRAT < 10. This is due to their built-in volume ratio. This 
geometrical volume ratio is for screw or scroll expanders about 5 and in the range of 10 for piston 
expanders (Lemort et. al., 2013). However, higher expansions ratios may be advantageous e.g. for 
automotive waste heat recovery where small heat fluxes are combined with rather high temperatures 
or temperature differences, respectively. High temperature differences in an ORC usually result in 
high volume flow ratios for the expander. 
 

2. VOLUMETRIC VERSUS DYNAMIC EXPANDER 
 

2.1 Selection Criteria for Small Expanders 
There are many criteria which may influence the choice of an expander for an ORC plant (Table 1). 
The design engineer tends to focus on efficiency, whereas for the „end-user“ the return of investment 
is the most important issue. Thus, beside efficiency, costs are a major criterion, which are strongly 
influenced by the design of the expander, its complexity, number of parts, the expected wear 
maintenance etc.. 

 
Table 1: Selection criteria for small ORC expanders 

 
Economic Criteria Technical Criteria 

• costs • efficiency 
• availability on market • rotational speed (bearing, generator) 
• reliability • lubrication (pollution of working 

fluid) 
• maintainability • sealing 

 • power level (volume flow rate) 

302



 
Paper ID: 22, Page 3 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

 • working fluid 
 • wear 
 • complexity 
 • adaptability (fluid, VRAT etc.) 

 
Furthermore, if the focus is not only on one ORC unit for one set of boundary conditions but a 
„micro-expander-construction-kit“-system with the intention to cover different levels of heat 
source/heat sink temperature, power output and different fluids, the adaptability of the expander 
design has also to be taken into consideration. 
 
2.2 Comparison of Working Principles 
The working principles of a volumetric and a dynamic expander are quite different (Figure 2). 
Volumetric expanders use the expansion work directly by changing the volume of a working chamber. 
Therefore, they deal with high pressures, big forces and small velocities of flow and machine parts. 
The built-in volume ratio and the swept volume are the main design parameters of volumetric 
expanders which limit their reasonable application range. The built-in volume ratio determines the 
specific work and the volume flow ratio (VRAT) which can be implemented per stage. A multi-stage 
arrangement for high VRAT is conceivable, but also elaborate due to additional piping, clutches etc.. 
The swept volume in combination with the rotational speed results in the volume flow rate which can 
be processed. Furthermore, both parameters determine the required size of the expander. Usually, due 
to their relative low rotational speed volumetric expanders can drive a standard generator directly 
without a gear. Part load (p. l.) e.g. reduced mass flow in an ORC can easily be handled by adjusting 
the rotational speed. The working chamber of the volumetric expander must be closed. Hence, it 
needs a contact sealing, which generates friction losses and wear and requires lubrication. 
 
In a first step, dynamic expanders i.e. turbines convert the vapor´s internal energy into kinetic energy 
by means of nozzles. Therefore, pressure and forces are rather small but flow velocities are high. In a 
second step the kinetic energy is converted into mechanical work by turning the flow within the rotor 
blading.  The circumferential speed u of the wheel has to be in the magnitude of the flow velocity i. e. 
high. The high circumferential velocity u in combination with a small diameter D leads to a necessary 
rotational speed usually in the range of 10,000 to 100,000 rpm or even more (u ∼ n*D). Thus, turbines 
cannot be coupled directly to a standard generator. In addition, a gear or a high-speed generator must 
be used. In a turbine the fluid volume change during expansion is not just implemented by changing a 
chamber volume but by simultaneously increasing flow velocity and area. High expansion ratios can 
be implemented even in a single stage if supersonic flow is accepted, which leads to lower achievable 
efficiency. This is the reason why a turbine design with fixed main dimensions (e. g. diameter, length) 
can cover a wide range of boundary conditions (mass flow rate, expansion ratio etc.) just by adapting 
nozzle length and area, blade height and/or degree of admission. Partial admission (p. a.) is a means to 
handle part load (see chapter 3). In a turbine there are no contact seals. Hence, no lubrication is 
necessary. However, there is a certain leakage which cannot be avoided. Due to the high flow 
velocities, the absence of valves and the continuously working principle, turbines can process high 
volume flows in a small construction volume.   
 

volumetric expanders dynamic expanders 
!"#$ = ∫ '() !"#$ ∼ +, 

 
 
 
 
 

      

piston screw scroll vane axial cantilever radial 
 

Figure 2: Expander types 
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2.3 Construction Types of Volumetric Expanders (Figure 2) 
Piston: The classical volume expander is the reciprocating piston expander. It can show high 
expansion efficiencies (e.g. 70% in Eilts et.al. (2012)).The achievable volume ratios of volumetric 
expanders are in the range of 10 (Lemort et. al., 2013) or slightly higher. However, it needs a lot of 
bearings and in addition inlet and outlet valves which makes the design complex and costly. Liquid in 
the cylinder can cause damage. Thus, the piston expander should not be applied for wet expansion. 
The machine and the flow are oscillating. Hence, the machine needs balancing and is prone to 
vibrations. 
 
Screw: The screw expander expands the fluid continuously. It does not need any valves but at least 
four bearings for the two rotors. The rotors are not in contact with each other. Lubrication is required 
for sealing purposes. Even lubricated the necessary rotational speed is the highest for volumetric 
expanders. Without lubrication the rotational speed must be high (> 10,000 rpm). Therefore, standard 
generators are not suitable. Possible volume ratios (VRAT) are in the range of 5, efficiencies of 
around 50% (Eilts et.al., 2012) might be acceptable. A certain amount of wetness can be handled by a 
screw expander. 
 
Scroll: A scroll expander is a comparatively simple device: it consists of two spirals, one of which is 
rotating. It can be mounted directly on the shaft of the generator avoiding any additional bearing. 
Volume ratio is below 5 (Lemort et. al., 2013). Wang et. al. (2009) reported measured efficiencies in 
the range of 70% even for a quite small machine (< 1 kW). Droplets are no problem for a scroll 
expander. 
 
Vane: The rotating vane expander is working continuously with a rather small rotational speed. Built 
in volume ratios are rather small (VRAT < 5). The vanes are in contact with the casing. Lubrication is 
required, which can spoil the working fluid. Furthermore, high friction losses and wear have to be 
expected. Rotating vane air motors are well known and widely used in industry. Their efficiencies are 
usually in the range of 30-40%. However, Badr et.al. (1984) report measured efficiencies of 80%.  
 
Dry Runners: All the discussed volumetric expanders are available as dry runners, i. e. without 
lubrication, to avoid the spoiling of the working fluid. Usually, dry runners suffer from higher friction 
losses and leakages. Therefore, their efficiency is lower than that of their lubricated counterparts. 
 
2.4 Construction of Small Dynamic Expanders - Turbines 
Turbines are simple devices (Figure 2), comparable to volumetric expanders in terms of design. The 
turbine shaft needs two bearings. For small single stage turbines the rotor wheel can be mounted 
directly on the shaft of the high-speed generator. Because of the absence of contact seals, no 
lubrication is needed which could spoil the working fluid. Droplets at the end of expansion cause 
erosion in turbines. However, most of the applied organic working fluids show an isentropic or even 
dry saturation vapor curve. So, generally droplets are no problem in ORC applications.  Small 
turbines suffer from a high relative surface roughness, big relative clearances and a big relative 
trailing edge thickness, etc.. Thus, they do not achieve efficiencies in the range of their bigger 
counterparts. All these statements hold true for axial and radial turbines of reaction or impulse type as 
well. The advantages and disadvantages of the different types of turbines will be discussed in more 
detail in chapter 3. 
 
2.5 Which Expander Type for the “Micro-Expander-Construction Kit? 
Table 2 summaries the results of this first evaluation. As long as efficiency is not the main focus or 
the only issue of consideration and as long as high speed generators are available, the turbine can 
compete with any volumetric expander. From the author´s point of view its main advantages are its 
simplicity, the possibility to adjust one basic turbine design quickly to different boundary conditions 
(e. g. VRAT) without changing the overall size and finally, that lubrication in contact with the 
working fluid can be avoided. Already Quoilin et. al. (2012) concluded that a turbine does have the 
broadest application map of all expander types. Hence, the author´s research group (Weith et. al., 
2013) decided to build up the  ORC “micro-expander-construction kit” based on turbines. 
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Table 2: Evaluation of small expander types 

 
expander 

type 
η VRAT n p. l. size adapt-

ability 
lubri-
cation 

wear wet-
ness 

vib-
ration 

com-
plexity 

Σ 

 
volumetric  

piston 2 1 2 2 0 0 0 1 1 0 0 9 
screw 1 0 1 2 0 0 0 2 2 2 0 10 
scroll 1 0 2 2 1 2 0 1 2 2 2 15 
vane 0 0 2 2 1 1 0 0 2 2 1 11 

 
dynamic 1 2 0 1 2 2 2 2 1 2 2 17 

 
3. COMPARISION AND ASSESSMENT OF DIFFERENT TURBINES 

 
Although the decision was made in favor of a turbine expander there are still many different types of 
turbines e. g. impulse or reaction turbines, axial or radial turbines and radially inflow or outflow 
turbines which can be considered. In the following, these turbines will be compared and evaluated 
regarding their applicability as a basis for the “micro-expander-construction kit”. 
 
3.1 Impulse versus Reaction Turbine 
Figure 3 compares the blading and the velocity triangles of an impulse stage and a 50% reaction stage. 
In an impulse stage the nozzles convert the entire required stage enthalpy drop Δhis into kinetic 
energy. Thus, the nozzle exit velocity c1 is very high. The rotor blades turn the flow without changing 
the magnitude of velocities (|w1|= |w2|). The pressure p in the rotor blading remains constant. In a 50% 
reaction stage the conversion of the stage enthalpy drop is equally distributed between nozzle and 
rotor blades. Thus, the nozzle exit velocity c1 is not as high as in the impulse stage. The following 
acceleration (|w2| > |w1|) and pressure drop in the rotor blades has the same magnitude as in the nozzle 
blades. These differences in velocity triangles result in certain differences in stage characteristics: 

• Higher velocities mean higher losses: the efficiency potential of an impulse stage is lower 
than that of a reaction stage. 

• Thanks to the constant pressure via the rotor blading, impulse stages can be designed to work 
with partial admission (p.a.). This means that a portion of the total arc of the annulus is 
blocked off. Hence, the flow impinges only on-parts of the rotor blading.  Partial admission is 
an option to implement part load with reasonable efficiency or to build turbines for very small 
power output without requiring blading heights that are too small to be manufactured with 
sufficient accuracy. Additionally, in this respect the impulse rotor blading benefits from the 
circumstance that it is subjected to the minimum pressure in the ORC plant and thus works 
with the maximal volume flow rate occurring in the cycle. 

• The pressure drop via the reaction rotor blading generates non-negligible axial thrust. It either 
has to be balanced or the bearing must be able to withstand it.  

• Furthermore, due to the pressure drop, the reaction stage efficiency is more sensitive to radial 
clearances. 

• Applying the simplified Euler equation (1) for turbo machines (u1= u2) 
∆ℎ./01234 = + ∗ (789 −		 78,)																																																												(1) 

it becomes obvious (Figure 3), that  
∆ℎ./01234,2>?8/ ! = 2 ∗ +, and ∆ℎ./01234,#!0$%2&3 = 1 ∗ +,											(2), (3) 

Since Δhblading  ≈ Δhis it follows that 
+&?%,2>?8/ ! = 9

√, ∗ *∆ℎ2  and +&?%,#!0$%2&3 = 1 ∗ *∆ℎ2 											(4), (5) 
i.e. for an identical stage enthalpy drop Δhis the impulse stage requires only a significantly 
lower optimal circumferential speed (uopt,imulse = uopt,reaction /√2 ) than the reaction stage. This is 
a big advantage of the impulse stage applied as a small expander. 
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Figure 3: Comparison impulse (a) and reaction stage (b) 
 

It has often been stated in literature -  e. g. Bao and Zhao (2013) - that radial inflow turbines are better 
suited for low mass flow rates and high pressure ratios than axial ones. This is correct in principle. 
Nevertheless, for radial inflow turbines which are usually designed as reaction stages a maximal 
expansion ratio in the range 8 to 10 is reasonable (Moustapha et. al., 2003). For higher values not only 
the nozzles but also the impeller would choke. That is why Bao and Zhao (2013) or Quoilin et. al. 
(2013) limit the rotor relative exit Mach number to 0.85 in their considerations. However, impulse 
stages can even cope with supersonic relative Mach number (Ma2 ≈ Ma1) with acceptable efficiencies 
of 70%-80% (Vernau, 1987). As a consequence, very high stage expansion ratios ER >100 (Rinaldi 
et. al.,  2013)) or volume flow ratios (VRAT) can be put in practice. 
 

Table 3: Impulse versus reaction turbines 
 

turbine 
axial – cantilever - radial 

impulse reaction 

                 
 
 

 

efficiency potential (ts) ≈ 80% 90% 
 

 
To summarize (Table 3), for small power output the impulse turbine (axial or radial) is obviously the 
more flexible and also a simpler approach for a micro ORC expander. The classical radial (reaction) 
inflow turbine might be more efficient for certain tasks but is probably less suitable for an ORC  
“micro- expander-construction-kit”. The impulse turbine can be easily adapted to a wide range of 

turbine η VRAT n axial thrust p. a. leakages minimal power/size Σ 
impulse 0 2 2 2 2 2 2 12 
reaction 2 0 0 0 0 0 0 2 
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mass flow rate, fluids, inlet and exit pressures just by changing the nozzle area (-ratio), the blade 
height and/or the degree of admission.  
 
3.2 Axial versus Radial Turbine (Figure 4) 
Equation (6) below is valid for all types of turbines and shows the Euler work Δhblading processed in 
the rotor as difference between the squared rotor inlet (1) and exit (2) velocities (compare Figure 3). 
For an axial turbine, in particular for a small one with short blades the Δu2-term is almost or exactly 
zero. 
 

∆ℎ./01234 = 9
, ∗ .#$%

& ' $&&( ' #)%& ' )&&( / #+%& ' +&&(0     (6) 
 
If the flow through a turbine wheel is subjected to a significant change in radius e.g. a change in 
circumferential velocity, the Δu2-term contributes a substantial part to the overall enthalpy conversion 
like in a radial inflow reaction turbine. As a result, the radial inflow turbine can process higher 
expansion ratios than an axial stage without getting transonic or supersonic. 
 
The radial inflow cantilever turbine benefits from this Δu2-effect as well – however to a lesser extent. 
The author´s research group has recently developed small cantilever „quasi-impulse“ turbines which 
do not work with acceleration in the rotor (|w1|= |w2|). Nevertheless, caused by the Δu2-term there is a 
small amount of reaction. Thus, the nozzles are slightly relieved. The Mach numbers at nozzle exit 
and rotor inlet remain smaller than for the axial counterpart. Although a small amount of reaction is 
used, this type of cantilever turbine can be applied using partial admission. Of course, this benefit 
does have a disadvantage: the cantilever „quasi-impulse“ turbine requires a slightly higher 
circumferential speed. 
 
The significant advantages of radial outflow turbines are mainly twofold: 

1. a flow direction  from a smaller to a bigger radius corresponds to an area increase of the flow 
path which is helpful for expanding organic fluids with high volume flow ratios (VRAT) 

2. centrifugal flow direction  easily enables  a multi stage arrangement if the expansion ratio of 
one stage is  not sufficient. 

 
turbine type 

axial radial inflow cantilever inflow cantilever outflow 
 
 

    
 
 
 

 
 

turbine type η VRAT n axial thrust p.a. multi stage complexity Σ 
axial (r ≈ 0) 1 2 2 2 2 2 2 13 

radial inflow (r≈ 0,5) 2 0 0 0 0 0 1 3 
cantilever inflow 

(r > 0) 
2 1 1 1 2 0 2 9 

cantilever outflow 
 (r≈ 0,5) 

2 2 0 0 0 2 1 7 

 
Figure 4: Axial versus radial turbine 

 
One main disadvantage of the radial outflow turbine stage is the fact that the Δu2-term is working 
against the others terms (equation 6). I.e. in a radial outflow turbine the velocities (absolute, 
circumferential) and Mach numbers must be higher than in its inflow competitor for the same 
enthalpy drop. 
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The construction of a single stage axial turbine or a radial inflow cantilever turbine can be very 
simple. The manufacturing of the nozzle rings and the integral wheels does not need a 5-axis milling 
machine like for a radial inflow turbine. At least for small expanders the design and arrangement of a 
radial out-flow stage seems to be more challenging. Therefore, it was decided to rely on the single-
stage impulse turbine for the “micro- expander-constructing-kit”. 
 
3.3 The Micro Turbo Generator Concept 
Figure 5 displays the developed micro turbo generator concept which relies on the “micro expander 
construction kit”. Its main features are: 

• hermetically sealed turbine-generator (3 -100 kWel , implemented with 5 manufactured sizes) 
• single stage axial impulse turbine (10.000 – 70.000 rpm) 
• integrally manufactured turbine wheel (Ø 50 – 250 mm) 
• permanent magnet high-speed generator 
• turbine wheel directly mounted on generator shaft: just one set of bearings required, no gear, 

no coupling 
• roller bearings, slide bearings or aerodynamic bearings -  depending on task 
• compact design, low material usage 
• design can be easily adapted to different boundary conditions, fluids etc. 

 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5: The micro turbo generator concept 
 

3.4 Test Results of Developed Small Turbines 
Based on the introduced concept several small axial and cantilevered turbines for steam, air and 
different organic fluids (Table 4) have already been built and successfully tested. 
 

Table 4: Test results of built small turbines 
 

 turbine type fluid ∅D n VRAT p.a. P ηts 
#    m rpm - % kW % 
! impulse axial steam 0,05 70000 3,9 30 1,0 401 
" impulse axial r245fa 0,08 21000 3,4 90 11,0 702 
# impulse axial cyclopentane 0,12 30000 16,0 55 11,0 653 
$ impulse axial air 0,08 49000 6,4 60 5,4 601 
% low 

reaction 
cantilever air 0,08 49000 6,4 50 5,7 631 

1: brake efficiency  2: including generator losses  3: based on measured inlet/outlet temperatures and pressures   
 

The small axial steam turbine ! was developed for automotive waste heat recovery. The r245fa- and 
the Cyclopentan-turbine (",#) were designed and built for small waste heat recovery ORC plants as 
bottoming cycles for biogas engines. The air turbines ($, %) are just demonstrators to investigate the 
pro and cons of the cantilever design compared to the axial design. The cantilever designed showed 
the expected higher efficiency. Nevertheless, the axial impulse design provides many other 

turbine inlet 

turbine outlet 

turbine impulse wheel permanent 
magnet rotor 

generator 
cooling inlet 

generator 
cooling oulet 
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advantages (see Figure 4) as discussed. Due to different constraints (e.g. maximum rotational speed of 
the bearing technology) none of the turbines could be designed to operate with its optimal 
circumferential speed (uopt). Therefore, the efficiencies are rather too low but still acceptable for the 
given application. 

 
4. CONCLUSIONS 

 
For small and micro ORC plants costs per kW are usually high and it is questionable if those small 
units will work economically. Therefore, all components, especially the expander must be simple and 
cheap in series production. From the author´s point of view, this requirement rules out the 
reciprocating piston and screw expanders. The rotating vane expander has already been produced in 
big numbers for compressed air application. Due to the scrubbing (sealing) vanes it shows usually 
poor expansion efficiency and high wear. Using a scroll expander mounted on the standard generator 
shaft a very simple expander unit can be implemented. However, the scroll expansion ratios are 
limited to the lower end. Thus, only smaller temperature differences can be processed efficiently in an 
ORC if a scroll expander is to be applied. 
 
The single stage axial impulse turbine can cope with small volume rates and high expansion ratios. 
Thus, a wide range of boundary conditions and working fluids can be covered with the introduced 
„micro-expander-construction-kit“. Combined with a high-speed generator a compact, simple and 
cost-efficient turbo expander unit can be put into practice.  
 

NOMENCLATURE 
 
c absolute velocity (m/s) 
D diameter (m) 
ER expansion ratio (-) 
h enthalpy (J/kg) 
Ma Mach number (-) 
n rotational speed (rpm) 
P power (W, kW) 
p pressure (N/m2) 
u circumferential velocity (m/s) 
v specific volume (m3/kg) 
VRAT volume flow ratio (-) 
w relative velocity (m/s) 
Δ difference 
η efficiency (-) 
 
 
CRC Clausius Rankine Cycle 
ORC Organic Rankine Cycle 
p. a. partial admission 
p. l. part load 
 
Subscript 
0 nozzle blading/stage inlet 
1 nozzle blading outlet, rotor blading inlet 
2 rotor blading/stage outlet 
el electric 
is isentropic 
opt optimal 
ts total to static 
u in circumferential direction 
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ABSTRACT 
 

Waste Heat Recovery in exhaust gas flow of automotive engines has proved to be a path to increase the 
overall efficiency of automotive vehicles. Recovery potential of up to 7% are shown in several works 
in the literature. However, most of them are theoretical estimations. Some of them presents results from 
prototypes fed by steady flow generated in an auxiliary gas tank and not with actual engine exhaust 
gases.  
This paper deals with the simulation model of a volumetric expander, integrated in an ORC mock-up, 
coupled to a 2 l turbocharged gasoline engine and using ethanol as working fluid. An experimental 
facility of an ethanol ORC using a swash-plate expander coupled to an Ecoboost 2.0 engine has then 
been used to correlate it.  
The target is to understand the physical phenomena which are not predictable by simulation and can 
only be observed by experimentation and secondly, to carry out some parametric studies showing the 
potential for optimizing different elements of the expander machine. 
 

1. INTRODUCTION 
 
In the last years, the interest in improving energy efficiency in reciprocating internal combustion (ICE) 
engines of vehicles has increased, together with the entry into force of ever more stringent anti-pollution 
regulations. Many of these works are focused on the development of new technologies to recover waste 
heat from IC engines. Saidur et al. (2012) propose four different groups to classify these technologies: 
the thermoelectric generators (TEG) (Yang, 2005), organic Rankine cycles (ORC) (Apostol et al., 
2015), six-stroke cycle IC engine (Conklin & Szybist, 2010) and new developments on turbocharger 
technology (Dolz et al., 2012) and (Serrano et al., 2012). The turbocharging technology has been deeply 
developed for vehicle IC engines in recent decades. In fact, turbochargers are used in practically all 
Diesel engines used in automotive vehicles. Regarding other present technologies and considering this 
classification, ORC technology is one of the most promising because of its implementation in the near 
future engines. ORC technology to recover low-grade heat sources has been wildly developed in 
biomass, geothermal or solar power plants and also in combined heat and power (CHP) in industrial 
processes. There are many studies about these facilities, both theoretical and experimental. Some of 
these theoretical studies describe mathematical models in different ORC facilities for the recovery of 
these low temperature heat sources. Table 1 presents a summary of several studies with the main 
characteristics of the described models. 
 
 
 
 

Table 1: Summary of papers about ORC modeling 
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Reference Model features Software Max. Power Working fluid 

(Bracco et al., 2013) ORC with a scroll 
expander AMESim 1.5kW 

(mechanical) R245fa 

(Lecompte et al., 2013) ORC for CHP with a 
volumetric expander 

Matlab with 
RefProp 

207kW  
(output) 

R152a, R1234yf, 
R245fa 

(Manente et al., 2013) Dynamic ORC model 
with a turbine 

Matlab 
(Simulink) 

8MW  
(net power) 

Isobutene and 
R134a 

(Quoilin et al., 2010) ORC with a scroll 
expander EES 1.8kW 

(mechanical) HCFC-123 

(Wei et al., 2008) Dynamic ORC model 
with a turbine 

Modelica and 
Dymola 100kW R245fa 

(Ziviani et al., 2014) ORC with a scroll 
expander AMESim 2.16kW 

(mechanical) R245fa 

(Carlos et al., 2014) scroll expander - 260W 
(mechanical) 

air and 
ammonia 

(Cipollone et al., 2014) sliding vane rotary 
expander - 2kW 

(mechanical) R236fa 

(Ferrara et al., 2013) reciprocating 
expander 

WAVE and 
EES 

2.26kW 
(output) water 

(Giuffrida, 2014) scroll expander Matlab with 
Refprop 

2kW 
(mechanical) several fluids 

(Lemort et al., 2009) scroll expander - 1.8kW 
(mechanical) HCFC-123 

(Wenzhi et al., 2013) reciprocating 
expander 

Matlab 
(Simulink) 

11.5kW 
(output) water 

 
At present, some studies try to adapt this technology to waste heat recovery (WHR) on vehicle IC 
engines. In these engines, space and weight restrictions are higher than in industrial installations, which 
greatly hinders their adaptation. On the other hand, the thermal power available in these engines for 
WHR is lower than in industrial processes. So the optimized expander, mass flows and working fluids 
for heat recovery in IC engines can be different than the options considered in other applications. 
Typically, the expanders used in industrial ORC facilities are turbines, screws, scrolls or rotary vane 
expanders (Qiu et al., 2011). However, ORC design for automotive engines generally presents a 
reciprocating machine as the optimal solution to recover waste heat energy into mechanical energy, due 
to low working fluid flow, high values in expansion ratios and space restrictions. 
Regarding the working fluids, ethanol is considered by several authors as a promising fluid due to its 
good features in the temperature range of a vehicle application (450ºC-100ºC).  Although ethanol is 
positively evaluated taking into account environmental, thermo-physical properties and cost features, it 
has been classified as serious hazard by NFPA due to its high flammability. (Seher et al., 2012) 
concluded that ethanol is one of the most favorable solution when a reciprocating machine is used as 
expander. (Howell & Gibble, 2011) selected ethanol as the best working fluid for a successful ORC for 
a HD truck.  
Despite of these theoretical studies, where the ethanol has proven to be the most suitable working fluid 
for this type of installations, experimental ORC works with this fluid have not been published due to 
the flammability properties. Therefore, it is necessary to take safety measures to prevent accidents 
arising from the use of this fluid. 
In previous studies, some methodologies to design these cycles for vehicle IC engines have been 
proposed (Macián et al., 2013) and applied to define the main characteristics of an ORC facility for 
WHR in automotive IC engines. This experimental facility has been assembled and tested in order to 
estimate the viability of this technology. This installation uses a swash-plate reciprocating expander to 
recover heat losses into mechanical energy and ethanol as working fluid. The main objective of this 
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paper will consist in describing and validating a model in AMESim of this facility in order to evaluate 
the main thermo-physical magnitudes of these cycles. 
 

2. SYSTEM LAYOUT 
 
As the expander is the most innovative element of these cycles the description of this system layout has 
been divided in two parts: first part, where a general ORC layout is described and a second part, where 
the expander is characterized.  
 
2.1 Organic Rankine Cycle layout 
In order to perform an experimental evaluation of this system, an ORC test bench was designed and 
built at CMT-Motores Térmicos in Universitat Politècnica de València ( 
Figure 1) in a research project with the companies Valeo Systèmes Thermiques and Exoès. This facility 
can be coupled to different types of automotive combustion engines (an automotive diesel engine, a 
Heavy Duty diesel engine and an automotive petrol engine). The test bench recovers energy from 
exhaust gases of a turbocharged 2 l gasoline engine and exchanges thermal energy to the ethanol side. 
 

 
 

Figure 1: ORC mock-up 
 

Figure 2 shows the most relevant components of the ORC mock-up. The running principle is as follows: 
engine exhaust gases pass through the boiler to the working fluid, in this case, ethanol. Then, it is 
pumped into the high pressure loop and then is evaporated in the boiler and slightly superheated. Thus, 
working fluid under high temperature and high pressure is generated. After that, the vapor flows into 
the expander where enthalpy is converted into effective work measured by a torque measuring unit. 
Low pressure vapor is extracted from the expander and flows to the condenser, reducing its temperature 
by cooling water and producing condensed ethanol. Therefore, the cycle starts again. The ORC cycle 
contains as main elements: a boiler, a swash-plate expander, a condenser, a fluid receiver, a subcooler, 
an expansion vessel and a pump. The main elements have been carefully insulated to avoid heat losses 
to the ambient. The thermodynamic properties of the ethanol (pressure and temperature) have been 
measured upstream and downstream of all components, verifying energy balances and power 
estimations. Table 2 synthesizes the absolute uncertainties of all the sensors installed in the ORC mock-
up. 
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Figure 2: ORC scheme 
 

Table 2: Range and accuracy of sensors 
 

 Measurement principle Range Accuracy 
Exhaust gas pressure Piezoresistive 0-2 bar 0.05% FS 

Ethanol high pressure loop Piezoresistive 0-50 bar 0.05% FS 
Ethanol low pressure loop Piezoresistive 0-5 bar 0.05% FS 

Temperatures K-type thermocouples 
(Class 2) (-270)-(1,372)K ±2.5°C 

Ethanol flow meter Coriolis flow meter 0-2,720 kg/h ±0.1% 

Water flow meter Electromagnetic flow 
sensor 0.3-1 m/s ±0.5% of rate 

Expander rotational speed Optical tachymeter 0-20,000 rpm ±1 rpm 
Expander torque meter Strain gauges 0-200 Nm 0.05%FS 

 
2.2 Swash-plate expander layout 
The expander machine used in this installation is a Swash-plate expander. Lower flow rates and higher 
expansion ratios could be reached in this machine, thus displacement expanders are considered the main 
technology for recovering waste heat from low temperature sources and low expander power in vehicle 
applications. The geometrical features of the expander are listed in Table 3 and  
Figure 3 shows a picture of the Swash-plate expander delivered by Exoès. 
 

Table 3: Swash-plate characteristics 
 

Swash-plate characteristics 
Pistons number 3  
Bore 40 mm 
Stroke 31 mm 
Maximum expander speed 4500 rpm 
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Figure 3: Swash-plate expander delivered by Exoès 
 
The expander performance has been characterized through the calculation of the indicated diagram (P-
V). One AVL GU13P piezoelectric pressure sensor was placed on the chamber of one of the pistons to 
evaluate the pressure variations. It allows tracking pressure variations during filling and emptying 
processes. The piezoelectric transducer was connected to a Kistler 5015 charge amplifier. The pressure-
volume diagram is used to describe changes of volume and pressure of a system. A swash-plate 
expander is a positive displacement machine. It works as a two stroke machine, which means that during 
one revolution, with a piston movement from the Top Dead Centre to the Bottom Dead Centre and back 
again, one working cycle is completed. The superheated steam flows through the intake valve into the 
cylinder whose piston is near top dead center. Moving the piston downwards, the steam expands and 
lead out by exhaust ports in the cylinder (slits) situated near the bottom dead center. Finally, the 
upmoving piston closes the exhaust ports and compresses the steam remained in the cylinder and the 
cycle starts again. Furthermore, a TDC sensor is used to know the position of the BDC. TDC is an eddy 
current-Sensor which delivers a signal correlating to the distance between sensor and the swashplate. 
The piezoelectric pressure signal has been referenced using low frequency measurement (piezoresistive 
sensor). The analysis of P-V diagrams in different expanders could be very convenient to evaluate 
possible irreversibilities and improvements in the expansion machine. All the signals were recorded 
with a sampling frequency of 50 kHz and processed with Labview program. Each cycle was obtained 
as an average of at least 30 cycles to avoid dispersion in measurements.  
 

3. MODELLING 
 
A comprehensive theoretical model of both the Organic Rankine Cycle and the Swash-plate expander 
has been developed by the authors using AMESim®. The software package provides a 1D simulation 
suite to model and analyze multi-domain intelligent systems, and to predict their multi-disciplinary 
performances. This software consists of available object-oriented libraries, where the user should 
connect them properly and fix the parameters. The purpose of these models will be: Firstly, it should 
be used to help the understanding of those physical phenomena which are difficult to observe by means 
experimentation and secondly, in order to estimate the behavior of the cycle without the need for 
experimental tests under operating conditions that may cause danger to the installation and / or people. 
Both models have been validated using tests measured in the mock-up.  
 
3.1 Organic Rankine Cycle model 
A simple layout of the ORC consisting of a boiler, a positive displacement pump, a volumetric expander, 
a fluid receiver, a condenser and an expansion vessel is considered in this model. 

 
Figure 4 shows the AMESim® model of the cycle based on the ORC installation. A detailed description 
for modelling each component will be presented in the following subsections. 
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Figure 4: Organic Rankine Cycle model 
 

3.1.1 Working fluid: In the modelling of a particular working fluid it is crucial to be able to reproduce 
both the thermodynamic and transport properties of the working fluid. AMESim® provides built-in 
physical-thermo property data of different fluids. In this case the working fluid is ethanol, which is 
considered by several authors as a promising fluid due to its great features in energy recovery aspect in 
the temperature range of a vehicle application. Table 4 summarizes the main characteristics of the 
working fluid. 
 

Table 4: Properties of Ethanol  
 

Chemical structure C2H6O 
Critical Temperature Tc 240.9 °C 
Critical pressure Pc 61.4 bar 
Atmospheric boiling point Tb 78.3 °C 
Ozone depletion potential ODP 0 - 
Global Warming Potential GWP n/a - 
NFPA health hazard H 2 - 
NFPA flammability hazard F 3 - 
Auto ignition temperature Tign 363 °C 

 
3.1.2 Heat Exchangers: The boiler ensures the heat transfer from exhaust gases to working fluid, based 
on plate and fin technology. A prototype was specifically designed for this application supplied by 
Valeo Systèmes Thermiques. The condenser and the subcooler are plate and fin heat exchangers chosen 
among industrial residential products. Plate and fin technology is preferred by the vast majority of the 
applications due to its compactness and high level of efficiency. 
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A 2D discretization model of both elements (boiler and condenser) is represented by a two-counter flow 
streams. In the case of the boiler, the exhaust gases and the ethanol represents the hot and cold source 
respectively. In the case of the condenser, the ethanol and the refrigerant (water) represent the hot and 
cold source respectively. In each element the volume has been divided in 3 small volumes, which in 
global terms exchanges the net thermal power of the global element. The heat exchange process takes 
into account both convective and conducting (just in longitudinal direction) process. Depending on the 
process (boiling or condensation) different correlations implemented in AMESim® have been taken 
into account.  
 
3.1.3 Volumetric expander: The Swash-plate expander is the main element of the ORC system because 
it has a great impact in the overall system efficiency. Several tests have been done using turbines and 
expanders, most of them corresponds to scroll expanders and rotary vane ones. Between reciprocating 
machines, swash-plate expanders are increasingly taking into account due to its versatility and 
compactness. Swash-plate expanders could work with high pressure ratios, low flow regimes, lower 
rotational speeds and could tolerate fluid drops during its expansion. The expander model uses three 
parameters to characterize the performance of the expander, i.e. isentropic efficiency in Equation (1), 
mechanical efficiency in Equation (2) and volumetric efficiency in Equation (3).  
 

𝜂𝑖𝑠𝑜 =
𝑃𝑖𝑛𝑑

𝑃𝑖𝑠𝑜
 (1) 

  

𝜂𝑚𝑒𝑐 =
𝑃𝑠

𝑃𝑖𝑛𝑑
 (2) 

  

𝜂𝑣𝑜𝑙 =
�̇�𝐸𝑇

𝜌𝐸𝑇 ∗ 𝑁𝐸𝑥𝑝 ∗ 𝐷𝑖𝑠𝑝
 

(3) 

  
𝑃𝑖𝑠𝑜 = �̇�𝐸𝑇 ∗ (ℎ𝑖𝑛_𝐸𝑥𝑝_𝐸𝑇 − ℎ𝑜𝑢𝑡_𝐸𝑥𝑝_𝐸𝑇_𝑖𝑠𝑜) 

 
(4) 

  

𝑃𝑖𝑛𝑑 = 𝑊𝑐𝑦𝑙 ∗ 𝑛𝑐𝑦𝑙 ∗ 𝑁𝐸𝑥𝑝 ∗
1

60
 

 

(5) 

 
𝑃𝑠 = 𝑇𝐸𝑥𝑝 ∗ 𝑁𝐸𝑥𝑝 

 
(6) 

Where  𝑃𝑖𝑠𝑜 , 𝑃𝑖𝑛𝑑  and 𝑃𝑠  are isentropic, indicated and shaft power respectively. They have been 
calculated using Equation (4), (5) and (6) respectively, where �̇�𝐸𝑇  is the mass flow through the 
expander, ℎ𝑖𝑛_𝐸𝑥𝑝_𝐸𝑇 is the enthalpy at the inlet of the expander (calculated by using temperature and 
pressure at the inlet), ℎ𝑜𝑢𝑡_𝐸𝑥𝑝_𝐸𝑇𝑖𝑠𝑜is the isentropic enthalpy at the outlet of the expander (calculated 
by using pressure at the outlet and entropy at the inlet), 𝑊𝑐𝑦𝑙 is the energy extracted from the system 
(calculated by integrating P-V diagram), 𝑁𝐸𝑥𝑝 is the expander speed and 𝑛𝑐𝑦𝑙 the number of cylinders 
of the expander. Regarding the volumetric efficiency, ρET  is the density of the ethanol at the inlet of 
the expander and Disp is the volume displaced by the expander.  
No leakages and internal pressure drops have been taken into account in this expander model. Thermal 
conduction with internal walls of the swash-plate expander is considered to consider heat losses to the 
ambient.  
 
3.1.4 Pump: A fixed displacement pump is used in this model. The mass flow rate is obtained from 
volumetric efficiency. The enthalpy increase is defined by the mechanical and isentropic efficiency and 
the swept volume. No correlations have been considered for efficiencies. Instead, some fixed values 
were specified for the points simulated. 
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3.1.5 Pipes and pressure drops: Internal piping losses in the system have been taken into account using 
hydraulic resistances. The transformation process is pretended to be isenthalpic. Using these elements 
both enthalpy and mass flow are computed. 
Pressure drops in the system have been calculated using correlations available in AMESim®. The 
hydraulic diameter and the cross-sectional area were used to model different cross-sectional geometries. 
The pressure drops are regular and the friction factor depends on the flow regime and the relative 
roughness of the duct. Depending on the state of the fluid different correlations were applied: In a single 
phase flow (liquid or vapour) the Churchill (Churchill, 1977) correlation is used, while in a two phase 
flow correlation the user can choose between Mac Adams (McAdams, W.H., Woods, W.K., and Bryan, 
1942), Cichitti (Cicchitti, Lombardi, Silvestri, Soldaini, & Zavattarelli, 1959), Dukler (Dukler, A.E., 
Wicks, M., and Cleveland, 1964), Friedel (Friedel, 1979) and Muller-Steinhagen-Heck (Müller-
Steinhagen & Heck, 1986). In this case the Mac Adams correlation was implemented.  
 
3.1.6 Expansion vessel: The expansion vessel is modelled using a tank with modulated pressure and 
constant specific enthalpy. The user must specify the low pressure value with a constant. 
 
3.2 Swash-plate expander model 
As shown in section 3, the volumetric expander tested in this installation is a Swash-plate expander. 
Although in the global ORC model an AMESim® submodel of the TPF library was used for modelling 
the expander using volumetric, isentropic and mechanical efficiencies, the need for a physical model of 
the expander has led to the development of a specific model for just the Swash-plate expander. Figure 
5 shows the particular model of the Swash-plate expander in AMESim®. This model could be used as 
a design and optimization tool in future developments. 

 

 
 

Figure 5: Swash-plate expander model 
 

The fluid dynamic behavior of the Swash-plate was modelled using AMESim® and validated with the 
experimental tests developed in the expander. The comparison between P-V diagrams (simulated and 
tested) was used to quantify the error and accuracy of the model.  

318



 
Paper ID: 85, Page 9 

 

3rd International Seminar on ORC Power Systems, October 12-14, 2015, Brussels, Belgium 

The main part of the model consists of a two phase flow chamber with variable volume and pressure 
and temperature dynamics. This submodel was modified respect the original model of the AMESim® 
library to take into account heat transfer during compression and expansion. The filling (Intake) and 
emptying (Exhaust) valves provide the mass and pressure exchanges during the process. The angle 
signal (obtained from the expander speed) is used in three parts of the model: 

 In the heat transfer element: Although the expander was insulated, the expansion and 
compression process never follows an adiabatic law. The transformation is rather polytropic 
with a heat exchange between the working fluid and the expander walls due to friction, 
temperature differences and possible condensation effects in the piston chamber. Therefore, the 
angle signal was used to consider the angles of compression and expansion and to apply for 
each process a heat transfer coefficient.  

 In the valves: The angle was considered to take into account the discharge coefficient for the 
intake and the exhaust valve at each particular angle. Thus, the valves were modeled as orifices 
with constant area and variable discharge coefficient.  

 In the rotary-linear transformer: It was considered to calculate the absolute displacement in 
Equation (7) and therefore the volume variation in Equation (8) of the piston as a function of 
the Swash-plate angle.  
 

𝑋(Ф) = 𝑅𝑠𝑤 ∗ (1 − cos(Ф)) ∗ 𝑡𝑎𝑛(𝛼𝑠𝑤) 
 

(7) 

𝑉(Ф) = 𝑉𝑑 + 𝜋 ∗
𝐴2

4
∗ 𝑋(Ф) 

 

(8) 

Where 𝑅𝑠𝑤  is the radius of Swash Plate (m), 𝛼𝑠𝑤 is the swash plate angle (°),Ф is the angle covered by 
the piston, 𝑉𝑑 is the dead volume (m3), A is the bore (m), 𝑋(Ф) is the displacement of the piston (m) 
and 𝑉(Ф) is the volume of the piston (m3). No leakages effects have been modelled. 
 

4. RESULTS 
 
4.1 Organic Rankine Cycle results 
In order to characterize the ORC system three points have been tested at different steady working 
conditions of the ORC system. The points presented in this study aims to show the recovery features at 
different expander operating points. In these tests, the system has been controlled commanding three 
parameters: the speed of the pump, in order to control the mass flow of ethanol flowing through the 
installation, the balloon pressure of the expansion vessel, in order to control the outlet pressure of the 
expander, and the expander speed, in order to control the high pressure at the inlet of the expander. 
These points correspond to a heat exchange in the boiler of 25 kW and three conditions of expander 
(expander speed of 2000, 2500 and 3000 rpm). Table 5 shows the inputs of the ORC model. For each 
point (P1, P2 and P3), the mass flow of the expander, the pressure at the inlet of the pump, the expander 
speed, the temperature at the inlet of the boiler at the EG side, the pressure at the boiler at the EG side, 
the mass flow of the EG and the temperature at the inlet of the condenser at the water side were fixed. 
 

Table 5: Inputs of the ORC model 
 

 P1 P2 P3 Units 
Mf_ET  73.85 75.99 74.79 kg/h 
P_in_P_ET 1.571 1.899 1.589 bar 
N_Exp 2001 2502 3003 rpm 
T_in_B_EG  749.48 740.28 748.92 °C 
P_out_B_EG 1.018 1.024 1.018 bar 
Mf_EG 154.98 159.47 155.25 kg/h 
T_in_C_W 48.42 49.01 47.58 °C 
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Table 6 shows the volumetric, the isentropic, the mechanical efficiency (calculated using Equation 
(1),(2) and (3)) and the global efficiency of the expander (defined by the isentropic efficiency times the 
mechanical efficiency). They have been fixed in the model. 
 

Table 6: Experimental efficiencies of the Swash-plate expander 

 
 P1 P2 P3 Units 
P_ind 1739 2007 1874 W 
P_mec 1649 1543 1531 W 
P_iso 3431 3413 3338 W 
η_vol 19.37% 17.21% 14.54% - 
η_iso 50.68% 58.81% 56.14% - 
η_mec 94.81% 76.90% 81.72% - 
η_glob 48.05% 45.22% 45.88% - 

 
Table 7 presents the outputs of the model for the three points tested. For each point three columns are 
presented, the first one, called “Pi Exper.”, corresponds to the experimental values, the second one, 
called Pi Sim., corresponds to the simulation values and the last one, called Error, corresponds the 
absolute error between both values. Temperatures are given in ºC, pressures in bar, torque in Nm and 
pump speed in rpm. As regards temperatures, the maximum deviation corresponds to the temperature 
at the inlet of the expander at medium expander speed (2500 rpm), with a value of 3.28%. The remainder 
temperatures of the cycle are obtained with an error lower than 3%. Regarding pressures, the maximum 
deviation corresponds to the pressure at the inlet of the condenser, with a value of 4.48%. The remainder 
pressures in the system are calculated with an error of 3%. The last two simulation parameters are the 
torque and the pump speed, in which the maximum deviation is 5%. 

 
Table 7: Outputs of the ORC model 

 

 P1  
Exper. 

P1 
Sim. Error P2  

Exper. 
P2 

Sim. Error P3 
Exper. 

P3 
Sim. Error 

T_out_P_ET 47.39 46.39 0.31% 47.13 46.33 0.25% 48.60 46.33 0.70% 
T_out_B_ET 210.23 208.65 0.33% 215.14 199.12 3.28% 208.29 201.34 1.44% 
T_out_Exp_ET 104.74 116.21 3.04% 109.14 107.23 0.50% 111.05 109.89 0.30% 
T_in_C_ET 103.79 102.55 0.33% 103.41 99.06 1.16% 102.26 97.12 1.37% 
T_out_C_ET 48.27 48.58 0.10% 47.95 48.51 0.17% 47.88 48.60 0.22% 
T_in_P_ET 46.67 45.76 0.28% 46.51 45.76 0.23% 47.47 45.76 0.53% 
T_out_C_W 73.85 71.39 0.71% 67.25 69.03 0.52% 72.88 71.55 0.38% 
P_out_P_ET  34.26 34.26 0.01% 31.01 31.48 1.51% 31.77 31.16 1.92% 
P_in_Exp_ET  28.65 29.57 3.20% 27.00 26.53 1.74% 26.01 26.36 1.33% 
P_in_C_ET  1.89 1.89 0.20% 2.01 2.10 4.48% 1.90 1.88 0.95% 
T  7.81 7.98 2.18% 5.86 5.59 4.47% 4.87 4.96 1.85% 
N_P 300 312 3.81% 305 321 5.14% 301 316 4.94% 
 
4.2 Swash-plate expander results 
The simulated and experimental curves of the pressure variation inside the expander chamber as a 
function of the volume were compared for the three points tested in previous sections.  
Figure 6,  
Figure 7 and  
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Figure 8 show the comparison carried out with the three expander speeds of 3000 rpm, 2500 rpm and 
2000 rpm. Red and green crosses indicate the intake and exhaust valve closing angle (or volume) 
respectively. Red and green circles indicate the intake and exhaust valve opening angle (or volume) 
respectively. It was found a quite good agreement between experimental and simulation results in terms 
of indicated power delivered by the expander. In the right corner of these diagrams both the indicated 
power and the expander speed were added. Slight differences could be found in these simulations due 
to pressure drop in the valves and effects of pulsating flow, which cannot be modelled in AMESim® 
with the Two-Phase flow library.  

 
 

Figure 6: P-V and logP-logV Diagram 3000 rpm 
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Figure 7: P-V and logP-logV Diagram 2500 rpm 
 

 
 

Figure 8: P-V and logP-logV Diagram 2000 rpm 
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Table 8 summarizes the results of the simulation. The inputs of the model were obtained from pressure 
measurements at the inlet of the expander and expander speed. In order to take into account differences 
between heat transferred in the three points, the coefficients of compression and expansion were 
modified. In this model the higher the expander speed is, the higher heat transfer rate should be imposed 
in the model. The maximum deviation of the model from measurements corresponds to 10% in the point 
of 3000 rpm, which is considered acceptable to predict flow behavior. Besides, the model predicts 
properly the filling and emptying processes as it can be seen in  
Figure 6,  
Figure 7 and  
Figure 8. 

Table 8: Results of the Swash-plate model 
 

 P1 P2 P3 Units I/O 
P_B  25 25 25 kW - 
P_in_Exp_ET 28.65 27.00 26.01 bar Input 
N_Exp  2001 2502 3003 rpm Input 
P_ind_T  1739 2007 1874 W - 
P_ind_S  1857 1877 1678 W Output 
Error (%) 6.79% 6.48% 10.46% - - 

 
 

5. CONCLUSIONS  
 
The presented work describes and analyzes two models based on an experimental ORC installation 
installed in a turbocharged 2.0 l gasoline engine to recover waste heat in exhaust gases. These models 
correspond on one side to the global ORC cycle and on the other side the dynamic of the Swash-plate 
expander. The comparison of performance parameters have been made in three points by means of 
changing the inputs and obtaining the outputs of the model. The results are summarized in the following 
points: 
 

 An ORC model is developed using the software AMESim®. This model allows to simulate the 
main parameters measured in the cycle. Comparing the three steady operating points, a 
maximum deviation of 4% regarding pressures and temperatures and a value of 5% regarding 
torque was attained.  

 A Swash-plate expander model is presented using the software AMESim®. This model 
represents the fluid dynamic behavior of the Swash-plate using discharge coefficients, 
displacement laws and heat transfer coefficients. The P-V diagram was measured by a 
piezoelectric pressure sensor and compared to the simulation. Maximum deviation of 10% was 
achieved at point of 3000 rpm.  

 
Waste heat recovery technologies seem to assume an essential role in the new regulations of the 
forthcoming decade. Therefore, ORC will be considered in increasingly growing markets to solve some 
of the actually environmental challenges, among which it can be pointed out ICEs. In these systems a 
large number of features should be contemplated, i.e. working fluid, heat exchangers, volumetric 
machine, pressure and temperature levels, etc….Thus, in order to optimize and improve these systems 
it is crucial the development of reliable models to avoid huge number of tests. The proposed models 
develop in this article using AMESim® are consistent due to its slight deviation between tests and 
simulation results. Thus, it could be considered a valuable tool in future ORC installed in ICEs.  
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NOMENCLATURE 

 
ORC Organic Rankine Cycle   
P-V Pressure Volume 
TDC Top Dead Center 
BDC Bottom Dead Center 
T Tested 
S Simulated 
TPF Two Phase Flow 
Mf Mass flow 
N Speed  
T Torque 
P Power 
 
Subscript 
ET Ethanol  
W Water 
EG Exhaust Gases 
P Pump 
Exp Expander 
C Condenser 
B Boiler 
in inlet 
out outlet 
iso isentropic 
ind indicated 
s shaft 
vol volumetric 
mec mechanical 
cyl cylinder 
sw swash-plate 
glob global 
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ABSTRACT

In this paper, the design of small-capacity ORC turbines for a waste heat recovery application is stud-
ied and discussed. A turbine design tool was coupled with a thermodynamic analysis tool in order to
evaluate the effect of different working fluids and process parameters, not only by taking into account
the thermodynamic aspects of the process design, but also evaluating the availability to design turbines
with a relatively high efficiency and feasible geometry. The studied turbine type is a radial inflow turbine
since radial turbines represent relatively simple geometries when compared to multistage configurations,
can have a high expansion ratio over a single stage, and have a better efficiency at a low power capacity
than the axial counterparts. The results indicate that the main difficulties in the design of small capacity
ORC turbines are related to high rotational speeds, small dimensions, and large blade height ratios. In
addition, the use of single stage turbines leads to highly supersonic flow in the stator even when adopting
low or moderate flow velocities. The results of this study highlight the importance of combining both
the thermodynamic process design and the turbine design when evaluating suitable working fluids and
operational parameters.

1. INTRODUCTION

Organic Rankine Cycles (ORC) are a widely implemented technology in geothermal, biomass, and in
different waste heat recovery applications. The use of organic working fluids allows to design small-
scale power systems that are capable of utilizing efficiently low temperature heat sources. The current
ORC applications and the most important design aspects of ORCs are presented and discussed e.g. in
(Colonna et al., 2015). In small power output ORCs (about 10-50 kW) a volumetric expander, namely
screw or scroll expanders, are typically preferred instead of a turbine whereas a turbine is typically
used as an expansion machine in larger scale ORC applications (Colonna et al., 2015). The limitations
of using volumetric expanders are related to the lower achievable expansion ratios over an expander
when compared to the use of turbines and thus, the use of volumetric expanders disables the use of high
molecular weight and high critical temperature fluids characterized by high expansion ratios and high
thermodynamic efficiencies. Therefore, the use of turbines could enable the design of high efficiency
small-scale ORCs, especially for high temperature applications.

The turbine types used in the ORCs are typically axial or radial turbines (Colonna et al., 2015). Studies
on using multistage radial outflow turbines have been carried out in the recent years (Pini et al., 2013).
The expansion ratio over the turbine can be very high, especially in high-temperature ORCs, which can
result in high Mach numbers and significantly large rotor blade height ratio between the rotor outlet and
inlet (Macchi, 1977; van Buijtenen et al., 2003; Uusitalo et al., 2013). In addition, the real gas effects in
the expansion become significant, especially when fluids having a high molecular complexity are used
and when the expansion occurs near the critical point of the fluid (Harinck et al., 2009; Guardone et al.,
2013). In many ORC turbines, the flow is supersonic since the organic fluids have a low speed of sound.
This causes losses related to the occurrence of shock waves in the flow passages. The design and flow
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analysis of supersonic ORC turbine stators have been presented for radial turbines e.g. in (Harinck et
al., 2010, Uusitalo et al., 2014) and for axial turbine stator e.g. in (Colonna et al., 2006). Geometry
optimization methods by using automated CFD-design have been developed in the recent years in order
to further improve the performance of supersonic ORC turbines (Harinck et al. 2013). The results by
Harinck et al. (2013) indicated that the losses caused by the occurrence of shock waves can be reduced
significantly by bending and turning the stator flow channels instead of using straight nozzles.

Few experimental works on small-scale ORC turbines are available in the literature. Verneau (1987)
presented the experimental results for two high pressure ratio ORC turbines, having a power output of
50 kW and using FC 75 as the working fluid. The first turbine design was a supersonic two-stage axial
turbine and the second design was a single-stage axial turbine. The pressure ratios of the designed tur-
bines were about 150. The experiments showed that a relatively high turbine efficiency in a range of 70
to 80 % was achieved for both the two-stage and single-stage turbine designs. An experimental study on
a small-scale ORC having a high speed radial turbine was presented by Kang (2012). The turbine and
generator were assembled to a single shaft having a rotational speed of 63 000 rpm. The system used
R245fa as the working fluid and the evaporation temperature was in a range from 70 oC to 90 oC. The
measured power output was 32.7 kW and the turbine efficiency of 78.7 % was achieved. Additionally,
Klonowicz et al. (2014) presented experimental results of a low-temperature ORC using R227ea. The
system had a 10 kW hermetic turbogenerator and the designed turbine was a partial admission axial tur-
bine. The electric efficiency of the turbogenerator of less than 60 % was measured including the losses
in the turbine and in the generator.

Despite several studies on high-expansion ratio ORC turbines, guidelines to design such expanders,
especially for small-scale systems are lacking and only few studies have presented experimental results
on the performance of small ORC turbines. In addition, a large number of publications have discussed
the working fluid selection from the thermodynamic point of view, but totally neglecting the effect of the
working fluid on the turbine design. Maraver et al. (2014) included a preliminary turbine size evaluation
for different working fluids in a thermodynamic study by using a size parameter (SP), but no further
assessment on the turbine rotational speeds, geometry, or Mach numbers were included. This paper
presents a method of combining the thermodynamic process analysis and preliminary turbine design
tool to evaluate suitable working fluids and cycle design parameters for a small-scale ORC from the
point of view of the turbine design. In addition, the most critical aspects of designing radial turbines
for small-scale ORCs are highlighted and discussed. The studied application is exhaust heat recovery of
small-scale gas turbines.

2. DESIGN METHODS

The design of an ORC process utilizing exhaust gas heat is studied by using exhaust gas values typical
for small-scale gas turbines(Invernizzi et al., 2007). The exhaust gas temperature at the ORC evaporator
inlet is 300 oC, and the mass flow rate of the exhaust gas was set to 1 kg/s. The exhaust gas temper-
ature at the evaporator outlet was varied in the analysis in order to study the effect of the exhauts gas
outlet temperature on the cycle power output and turbine design. A commercial thermodynamic library
Refprop was used for calculating the fluid properties. The studied fluids are hydrocarbons toluene, cy-
clohexane, and pentane; siloxanes MDM and MM; and fluorocarbons R245fa and R365mfc. The main
thermodynamic properties of the studied fluids are presented in Table 1.

In the thermodynamic analysis of the process, the evaporation pressure of the working fluid was op-
timized to reach a minimum pinch-point temperature difference of 15 oC in the evaporator with the
given heat source values. If the temperature difference in the evaporator remained sufficient, a limit of
pev/pcrit = 0.95 was used for the evaporation pressure. A condensing temperature of 60 oC was used, the
cycle included a recuperator and all the studied fluids were superheated by 10 oC, since a flow through
type of evaporator was considered. Turbine efficiency of 80 %, generator efficiency of 95 %, efficiency
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Table 1: Studied working fluids and main thermodynamic properties.

fluid Tcrit, [oC] pcrit, [bar] MW, [kg/kmol] pcond (@ 60 o
C), [bar]

toluene 318.6 41.3 92.1 0.2
cyclohexane 280.5 40.75 84.2 0.5

pentane 196.6 33.7 72.1 2.1
MDM 290.9 14.2 236.5 0.04
MM 245.6 19.4 162.4 0.3

R245fa 154.0 36.5 134.0 4.6
R365mfc 186.9 32.7 148.1 2.0

of the frequency converter of 97 %, and the efficiency of feed pump of 60 % were used in the analysis.
The design tool of radial turbines calculates the main dimensions and velocity triangles of the turbine.

The turbine inlet and the outlet conditions were obtained as a result from the process thermodynamic
design. The evaluation of the turbine rotational speed, n, was carried out by using the non-dimensional
parameter, turbine specific speed Ns defined as,

Ns =
!qv

0.5

�hs
0.75 . (1)

According to the performance diagram for radial turbines operating with compressible fluids, the highest
efficiencies are obtained with specific speeds in a range from 0.4 to 0.8 (Balje, 1981). The intermediate
static pressure between the stator and rotor was selected by using the degree of reaction which is defined
by dividing the enthalpy change in the turbine rotor by the total enthalpy change in the turbine stator and
rotor

r =
�hrot

�htot
. (2)

The rotor outlet blade tip to rotor inlet diameter ratio D2t/D1, the blade hub-to-tip diameter ratio
D2h/D2t at the outlet as well as the stator exit flow angle �1 were evaluated by following the guide-
lines of (Rohlik, 1972). The velocity calculations were based on the continuity equation and on the
Euler turbomachine equation. The velocity vectors were solved at the rotor inlet and at the rotor outlet.
An example of the turbine velocity triangle at the rotor inlet is presented in Fig. 1. The tangential com-
ponent of the absolute velocity, cu, was used in monitoring the shape of the velocity triangle at the rotor
inlet by using a velocity ratio cu/u while the radial component of the absolute velocity, cr, was used in
the continuity equation to calculate the blade height at the rotor inlet. The stator efficiency of 82 % was
used in the calculations to estimate the static enthalpy at the stator outlet. The turbines were designed to
have the rotor discharge in axial direction, and thus, the tangential component of the absolute velocity at
the rotor outlet cu2 = 0. The calculations of the turbine geometry were based on the assumption that the
flow velocity at the rotor discharge is relatively low and thus, an assumption of h2,st ⇡ h2,tot was used
and no analysis for the turbine diffuser was included.

Figure 1: An example of a velocity triangle at the rotor inlet, having a radial relative velocity (wu1 = 0).

It should be noted that the results of the process calculations were based on the 80 % turbine efficiency
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with all the studied fluids and process design parameters. This kind of approach can be well justified in
the preliminary evaluation of turbine dimensions and rotational speeds, but it should be noted that the
turbine efficiency has an effect on the size of the rotor wheel and on the optimal turbine rotational speed.
Thus, a more accurate turbine design would be achieved in a case if the turbine efficiency used in the
process design were iteratively changed based on the obtained turbine dimensions and Mach number at
the stator outlet. However, this would require detailed numerical simulations of the turbine since there
is very limited data available about the losses and applicable loss correlations for radial ORC turbines.

3. RESULTS

3.1 Comparison to radial turbine designs available in the literature
A comparison was made between the turbine geometries designed with the code used in this study and
ORC radial turbine designs available in the literature to verify the design method. The working fluid
mass flow rate, the turbine inlet state, the turbine efficiency and the turbine outlet pressure, as well as the
degree of reaction and the specific speed if available, were set to the same values as presented in (Kang,
2012; van Buijtenen et al, 2003). The turbine isentropic efficiency of 75 % was used in the comparison
of (Kang, 2012) and 80 % in the comparison of (van Buijtenen et al., 2003). The absolute flow angle
at the stator outlet of 75 o was used for the both turbines designs. The results of the comparison are
presented in Table 2. In general, based on the results of the comparison the developed turbine design
code has a good agreement in the turbine diameter and rotational speed with the radial ORC turbine
designs selected for the comparison. The found agreement shows the reliability of the design method
and gives a good foundation for the analysis in the following sections.

Table 2: Comparison of the turbine rotor diameter and rotational speed between Turbine 1 (Kang, 2012),
Turbine 2 (van Buijtenen et al., 2003), and the used turbine design code.

fluid Pt, qm, Ns, r, pt,in, Tt,in, pt,out, Drot, nrot,
kW kg/s - - bar o

C bar mm rpm
Turbine 1 R245fa ⇡ 30.0 1.58 na na 7.3 80 1.78 125 20 000

comparison R245fa 31.0 1.58 0.45 0.47 7.3 80 1.78 124.1 21 597
Turbine 2 toluene ⇡ 200 1.24 0.44 0.26 32.3 325 0.27 224 28 300

comparison toluene 191.6 1.24 0.44 0.26 32.3 325 0.27 227.5 28 081

3.2 Results with different working fluids
The process and turbine design results with different working fluids are presented in this section. The re-
sults presented in this section were calculated for turbines having the specific speed of 0.5 and the degree
of reaction of about 0.5. The results of the cycle power output, the cycle efficiency and the evaporation
pressure as a function of the exhaust gas temperature at the evaporator outlet are presented in Fig. 2a,
Fig. 2b and Fig. 2c. The results for the power output show that the studied hydrocarbons represent the
highest simulated cycle power output, above 30 kW, and the fluorocarbon R245fa represents the lowest
power outputs, especially with the high exhaust gas temperatures at the evaporator outlet. The fluids
with the highest critical temperatures represent the highest values for the power output with the higher
exhaust gas temperatures at the evaporator outlet when compared to the fluids with the lowest critical
temperatures. The highest cycle efficiencies are reached with hydrocarbons toluene and cyclohexane,
and the lowest efficiencies with R245fa and R365mfc. It should be noted that these power output and
efficiency results are based on the use of constant turbine isentropic efficiency with all the studied fluids
and cycle parameters. Are more detailed analysis would require the turbine efficiency to be iteratively
changed according to the obtained turbine geometries. The evaporation pressure limit of pev/pcrit = 0.95
is reached with fluids having the lowest critical temperatures, namely R245fa, R365mfc, pentane, and
MM, since the temperature difference between the working fluid and the exhaust gas remains sufficient.
Evaporation pressures well below the critical pressures are adopted with each fluid when the lowest ex-
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haust gas outlet temperatures are considered in order to maintain a sufficient temperature difference of
15 oC in the evaporator.
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Figure 2: Results of a) power output, b) cycle efficiency, and c) evaporation pressure as a function of
exhaust gas temperature at the evaporator outlet.

The working fluid mass flow rate is presented in Fig. 3a, the enthalpy change in the turbine in Fig.
3b, and the expansion ratio over the turbine in Fig. 3c as a function of the exhaust gas outlet temper-
ature. The studied fluorocarbons, R245fa and R365mfc, represent the highest mass flow rates in the
process, while the studied hydrocarbons, toluene, cyclohexane, and pentane represent the lowest mass
flow rates. The studied hydrocarbons represent the highest enthalpy drop in the turbine and the studied
fluorocarbons represent the lowest enthalpy drop. The studied siloxanes and high critical temperature
hydrocarbons represent significantly higher expansion ratio over the turbine than the other fluids, espe-
cially when the exhaust gas temperature at the evaporator outlet is high. This can be explained by the
low condensing pressure of these fluids and if the exhaust gas temperature is high at the evaporator outlet
a high evaporation pressure was obtained, resulting in a large expansion ratio over the turbine. The stud-
ied fluorocarbons and pentane, which are the fluids having the lowest critical temperatures, represent the
lowest expansion ratios over the turbine.
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Figure 3: Results of a) working fluid mass flow rate, b) enthalpy change over the turbine, and c) expan-
sion ratio over the turbine as a function of exhaust gas temperature at the evaporator outlet.

The calculated turbine diameters are presented in Fig. 4a, the blade height at the rotor inlet in Fig. 4b,
and the rotor outlet-to-inlet blade height ratio in Fig. 4c. Based on the results, the fluids having the low-
est critical temperatures presents the smallest turbine wheels and small blade heights at the turbine rotor
inlet. The studied siloxanes and the hydrocarbons with the highest critical temperatures, toluene and cy-
clohexane, represent the largest rotor wheels and highest blade heights at the rotor inlet, especially when
a low exhaust gas outlet temperature is used. These fluids also represent significantly large rotor blade
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height ratios, especially with the high exhaust gas outlet temperatures. This can be mainly explained
by the high expansion ratio over the turbine with these fluids, which requires a large change in the flow
area over the turbine wheel. The blade heights at the rotor inlet are significantly small ranging from 1
mm to 2 mm when a high exhaust gas outlet temperature is adopted. The small blade height is estimated
to cause turbine efficiency reductions due to the high tip clearance losses and relatively thick boundary
layers when compared to the height of the flow channel, as well as difficulties in manufacturing the
turbine wheel. On the other hand, the effect of the tip clearance at the rotor inlet on the radial turbine
efficiency has been reported to be less significant when compared to significance of tip clearance loss in
axial turbines (Dambach et al., 1999). The large rotor blade height ratio might cause flow separation in
the rotor and thus, reducing the turbine efficiency.
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Figure 4: Results of turbine design values as a function of exhaust gas temperature at the evaporator
outlet: a) rotor diameter, b) blade height at the rotor inlet, and c) rotor blade height ratio.

The Mach number at the stator outlet is presented in Fig. 5a, the peripheral speed at the turbine rotor
inlet in Fig. 5b, and the turbine rotational speed in Fig. 5c. Fig 5a shows that all the studied fluids have
a supersonic flow at the turbine stator outlet. The studied siloxanes and the hydrocarbons, toluene and
cyclohexane, represent the highest Mach numbers at the stator outlet while the fluids with the lowest
critical temperatures, namely R245fa, R365mfc, and pentane represent the lowest Mach numbers. The
highly supersonic flow requires the use of accurate design methods for the stator flow channel in order
to reduce the losses. In addition, the losses related to the stator-rotor interaction and to the reflection
of shock waves from the rotor blades have been identified as a significant source of losses in this type
of turbines (Rinaldi et al., 2013). The studied hydrocarbons represent the highest peripheral speed at
the rotor inlet and the studied fluorocarbons represent the lowest values of peripheral speed. The high
peripheral speed causes higher stresses for the turbine wheel, which should be taken into account in the
mechanical design of the turbine wheel. The highest turbine rotational speed is achieved with pentane
and the lowest rotational speed is achieved with the siloxane MDM. The high rotational speed increases
the turbine shaft mechanical and windage losses and sets demands for the bearing design.

In general, the results indicate that by designing the cycle for low exhaust gas outlet temperatures and
thus, resulting in a low evaporation pressure, several benefits can be achieved from the point of view of
the turbine design. The working fluid mass flow rate and the blade height at the rotor inlet are higher
and the turbine wheel is larger. In addition, the rotor blade height ratio, expansion ratio over the turbine,
rotational speed and the Mach number at the stator outlet are lower when compared to a cycle designed
with a higher evaporation pressure.

3.3 Effect of specific speed on turbine design
The effect of the turbine specific speed on the turbine design is presented and discussed in the following.
The working fluid is toluene and the degree of reaction is about 0.5 in the calculated cases. The effect
of the turbine specific speed on the rotor diameter is presented in Fig. 6a and on the turbine rotational
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Figure 5: Results of a) Mach number at the stator outlet, b) peripheral speed at the turbine rotor inlet,
and c) turbine rotational speed.

speed in Fig. 6b. The effect of the turbine specific speed on the blade height at the rotor inlet is presented
Fig. 6c, and on the turbine rotor blade height ratio in Fig. 6d.The results presented in Figs. 6a-d, show
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Figure 6: The effect of turbine specific speed on a) rotor diameter, b) rotational speed, c) blade height
at the rotor inlet, and d) rotor blade height ratio. The working fluid is toluene.

that by selecting a low specific speed the turbine wheel is larger and the rotational speed is lower, when
compared to a turbine design with a high specific speed. Thus, a turbine with a low specific speed can
be considered if the turbine tends to be fast rotating and having a small diameter with a high specific
speed. On the other hand, the results indicate that the blade height at the rotor inlet is smaller and the
rotor blade height ratio is higher, possibly resulting to lower turbine efficiency when a low specific speed
is selected, when compared to a turbine designed for higher specific speed.
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3.4 Effect of degree of reaction on turbine design
The effect of the turbine’s degree of reaction on the turbine design is presented and discussed in this
section. The working fluid is toluene and the specific speed is 0.5 in the calculated cases. The effect of
the degree of reaction on the rotor diameter, on the blade height at the rotor inlet, on the turbine rotor
blade height ratio and on the Mach number at the stator outlet is presented in Fig. 7a, 7b, in Fig. 7c
and 7d, respectively.The results presented in Figs. 7a-d, show that by selecting a low degree of reaction
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Figure 7: The effect of the degree of reaction on a) rotor diameter, b) blade height at the rotor inlet, c)
rotor blade height ratio, and d) Mach number at the stator outlet. The working fluid is toluene.

the rotor wheel is smaller and the blade height at rotor inlet is higher when compared to a higher value
of degree of reaction. In addition, the rotor blade height ratio is significantly reduced by selecting a
low degree of reaction. However, the Mach number at the stator outlet is higher when a low degree
of reaction is adopted. This can be explained by the fact that the pressure ratio over the turbine stator
is high when a low degree of reaction is selected resulting in a high stator outlet velocity. In addition,
the selection of low degree of reaction increases the velocity ratio cu1/u1 and there is a risk of a flow
separation at the rotor inlet caused by a large incidence angle of the relative velocity if radial blades
at the rotor inlet are considered. Thus, the use of bent blades at the rotor inlet, as were used e.g. in
the turbine presented in (van Buijtenen et al. 2003), could be considered if a low degree of reaction is
selected.

4. CONCLUSIONS

In this study, a simplified design tool of a radial turbine was coupled with a thermodynamic analysis
tool to evaluate and compare different working fluids, not only from the thermodynamic point of view,
but taking into account the turbine design considerations as well. Based on the results the selection
of working fluid highly influences not only the thermodynamic performance of the cycle, but has a
significant impact on the turbine dimensions and rotational speed as well. In general, the design of small-
scale ORC turbines is difficult because the turbine wheels tend to be small and fast rotating, and represent
small blade heights at the rotor inlet. The largest turbine wheels and the lowest rotational speeds were
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obtained with fluids having the highest critical temperatures. However, the results indicate that the
use of a fluid with a high critical temperature leads to a high expansion ratio over the turbine and thus,
represents highly supersonic flow at the stator outlet and large rotor blade height ratio, which is estimated
to reduce the achievable turbine efficiency. The results indicate that by designing the cycle for a low
evaporation pressure several benefits can be achieved from the turbine design point of view. The working
fluid mass flow rate and the blade height at the rotor inlet is higher and the turbine wheel is larger. In
addition, the rotor blade height ratio, expansion ratio over the turbine, the rotational speed and the
Mach number at the stator outlet are lower when compared to a cycle designed for a higher evaporation
pressure. Thus, if a small-scale ORC adopting a single-stage turbine is considered, it might be beneficial
to design the cycle for a low evaporation pressure despite the reduction in the cycle efficiency. It was also
observed that the turbine dimensions are very sensitive on the choice of turbine specific speed and degree
of reaction. Loss correlations for high expansion ratio radial turbines for ORC applications should be
created and impelemented in the future. The authors suggest that more experimental work on ORC
turbines should be carried out to provide knowledge on the performance and feasibility of small-scale
ORC systems based on turbine technology.

NOMENCLATURE

c absolute velocity (m/s)
h specific enthalpy (kJ/kg)
P power (kW)
p pressure (bar)
qm mass flow rate (kg/s)
qv volumetric flow rate (m3/s)
T temperature (�C)
c absolute flow velocity (m/s)
Ns specific speed (-)
n rotational speed (rpm,1/s)
w relative velocity (m/s)
u tangential/peripheral velocity (m/s)
D diameter (m)
r degree of reaction (-)
� absolute flow angle (deg)
! angular speed (rad/s)
Subscript
ev evaporation
s isentropic
st static
rot rotor
t turbine/blade tip
h blade hub
0 turbine inlet
1 rotor inlet/stator outlet
2 rotor outlet
u tangential component
r radial component
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ABSTRACT 
 
The paper presents the results of experimental investigation of the ORC system with prototype 
microturbine. The prototype of biomass boiler has been used as a heat source. The boiler with a power 
rating of 25 kWth is powered by biomass (wood pellets) using an auger. The biomass boiler heats 
thermal oil which is directed to the evaporator where the low boiling refrigerant evaporates. The 
maximum temperature of the thermal oil in the evaporator is about 210 oC – 215 oC. The solvent 
HFE7100 was used as the working fluid in the ORC system. The prototype of four-stage radial 
microturbine and biomass boiler has been designed and built at the Institute of Fluid-Flow Machinery 
of the PAS in Gdańsk. The designed electric capacity of microturbine is 2.7 kWe at maximum speed 
of 24000 rpm. The isentropic efficiency for this fluid-flow machine is about 70%. The generated 
electricity is dissipated by an electric heater with a power of 5 kWe and eleven light bulbs 100 We 
each. Electrical load can be adjusted according to your needs. At the inlet of the microturbine a 
condensate separator was applied to protect the blades from erosion and to ensure the proper operation 
of gas bearings. In the initial phase the steam microturbine is supplied with a high degree of superheat 
in the range from 30 K to 40 K (the warm phase of the microturbine). During normal operation of the 
microturbine, superheating degree of the low boiling fluid is in the range of 5 K to 10 K. The working 
fluid after expansion in microturbine is directed to the regenerator and then to the condenser. The heat 
supplied to the condenser is dissipated by a fan cooler with maximum power of 50 kWth. Depending 
on the flow rate of the glycol in the condenser the absolute pressure is in the range of 1.2 bar - 3 bar 
and a temperature of the working fluid in the range from 20 oC to 65 oC can be obtained. The paper 
presents the characteristics of the ORC system and radial microturbine for different variants of flow 
rates for different working mediums (thermal oil, HFE7100, glycol). During testing of the ORC 
system with the prototype of radial microturbine and the biomass boiler (fired with wood pellets) the 
maximum electrical output power was around 1551 We. 
 

1. INTRODUCTION 
 
The Directive 2009/28/WE, approved by the European Union, has committed the majority of its 
Member States to increase the share of renewable energy sources in total energy consumption to 20% 
by 2020 (15% in Poland). This is not only an active fight against global climate change, but also a key 
contribution to boosting the development of modern technologies. That is why the scientists continue 
to search for new energy-saving technologies. One idea is to use new RES systems or modify existing 
systems by making use of CHP installations. Combined heat and power (CHP) production, e.g. in 
ORC systems, can be an alternative for traditional power engineering systems. The cogeneration 
systems are characterized by energy savings and environmental-friendly technologies. The use of 
micro-CHP system can easily satisfy single-family home demand for heat and electricity, reducing 
CO2 emissions to atmosphere. It is estimated that in order to satisfy these demands for one single-
family house, one needs to use a CHP system whose electrical power does not exceed 10 kWe. For 
multi-family buildings, power capacity of CHP systems should be in the range of 10 – 30 kWe (Liu et 
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al., 2011, Onovwiona et al., 2006, Quoilin et al., 2010). In order to meet the EU directives and trends, 
for systems using RES, a domestic micro power plant (based on the ORC cycle) has been built at the 
Institute of Fluid-Flow Machinery, in Gdańsk. An expansion device is seen as a key element in any 
ORC installation which principally decides of the whole system efficiency. That is why many 
scientists carry out research on ORC cycles with various types of expanders i.e. vane, scroll, piston, 
screw expanders as well as Stirling engines or turbines. Mayer et al. (2013) investigated into the ORC 
system with a scroll expander and HFC-M1 as the working fluid. The scroll Air Squared expander had 
the following rated parameters: expansion coefficient 3.5, nominal rotational speed 3600 rpm, 
pressure 13.8 bar, displacement 12 cm3/rev. Purified exhaust gases from the Capstone gas turbine 
were used as a heat source. The temperature of gas was about 220 oC and its mass flow was about 0.3 
kg/s. The Carnot efficiency was about 10.1% and the thermal efficiency reached 5.7%. Lemort et al. 
(2009) investigated the ORC system with a prototype of scroll expander and working medium HCFC-
123. As an expansion device a modified oil-free scroll compressor was applied. Two hot air flows 
were used as a heat source. The isentropic expander effectiveness was in the range from 42% to 68% 
for the pressure ratio of the expander in the range from 2.7 to 5.4. The maximum cycle efficiency was 
about 7.4%. Quoilin et al. (2010) have proposed different analytical models of components and 
parameters of the ORC system. Difference between the measured electric power generated by the 
expander and power value calculated by a numerical model was less than 10%. Declaye et al. (2013) 
investigated the oil-free scroll expander in an ORC system with R245fa. The scroll expander was 
obtained by modifying an open-drive scroll compressor to run in reverse. The maximum isentropic 
efficiency depends on the rotational speed. For an inlet pressure 12 bar, it ranges from 71.3% at 3500 
rpm to 75.7% at 2500 rpm. The maximum shaft power is 2.00 kW at 3500 rpm for a pressure ratio of 
7.18 and an inlet pressure of 12 bar. The minimum shaft power is 0.21kW at 3000 rpm for a pressure 
ratio of 2.36 and an inlet pressure of 9 bar. The maximum cycle efficiency is 8.54% at 3000 rpm for a 
pressure ratio of 7.1 and an inlet pressure of 12 bar. The minimum cycle efficiency is 0.1% at 3000 
rpm for a pressure ratio of 2.36 and an inlet pressure of 9 bar. The exergetic efficiency is 48% at 3000 
rpm for pressure ratio 4.32 and an inlet pressure of 12 bar. Qiu et al. (2012) tested the ORC system 
with 50 kWth biomass-pellet boiler and vane-type air motor as an expander. The experimental results 
show that the CHP system generated about 860 We of electricity, efficiency of electricity generation 
was 1.41% and CHP efficiency was 78.69%. Bahrami et al. (2013) performed thermodynamic 
analysis of an ORC cycle, in conjunction with a Stirling engine. The following working mediums 
were tested: FC72, FC87, HFE7000, HFE7100, Novec649, n-pentane, R245fa and toluene. Operating 
temperatures of ORC was between 80 oC and 140 oC. The steam turbine was used as an expansion 
device. Total power efficiency in the range 34% to 42% was observed for different cases. The ORC 
cycle efficiency was in the range of 15-19%, depending on the used working medium. They found 
that the best mediums in this cycle were: toluene, HFE7100 and n-pentane. Smith et al. (2006) carried 
out research on the ORC cycle with R124 as a working medium. Twin screw compressor was used as 
an expander. The machine was coupled to a generator, rotating at 1800 rpm, using a vee belt drive. 
Initial tests showed that the expander generated 22 kW of shaft power with an adiabatic efficiency of 
74%. The unit cost is in the range of $1500-2000/kWe (water cooled) and $2500/kWe (air cooled). 
Seher et al. (2012) performed experimental studies and computational simulations of the ORC system 
equipped with two expanders, turbine and piston machine. The heat source was a 12 l heavy duty 
engine. The thermal power input to the WHR (waste heat recovery) system was from 100 kWht to 300 
kWth. They analyzed several working mediums, including water, toluene, ethanol, R246fa and MM 
(Hexamethydisiloxane). The piston expander operated as a single-cylinder double acting type and 
power take-off was at engine speed. Dimensions of the piston machine are: displacement 0.9 l, stroke 
81 mm, piston diameter 87 mm. The calculated effective power of the piston machine amounts to  
12 kWe (that is about 5% of the Diesel engine power). The measured mechanical power was around 
14 kW (that is about 4.3% of the engine power). The experiment was carried out using water as a 
working medium. The maximum water pressure reached around 32 bar and the maximum temperature 
was about 380 oC. The double-stage constant-pressure turbine was the second expander. The 
maximum speed of the turbine was 150000 rpm. The numerical simulation of the ORC cycle with 
water as a working medium gave the following results: maximum turbine output power 10 kW with 
an efficiency of 66%. The results of the measurements were as follows: maximum power reached 
around 9 kW at turbine’s rotational speed of about 120000 rpm. The most favourable solutions are 
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either a piston machine using water or ethanol as working fluid and a turbine using ethanol. 
Kaczmarczyk et al. (2013a), Kaczmarczyk et al. (2013b) investigated the ORC system with an 
expansion valve (simulating work of a microturbine) and a radial microturbine. The experimental 
investigation conducted in the regenerative ORC test bench with a gear pump and a radial 
microturbine gave the following physicochemical parameters of HFE7100 (working medium): 
temperature 180 oC, pressure 11.76 bar, working medium flow rate 0.16 kg/s. Reaching the shaft rate 
of 254 Hz, the microturbine generates electric power of 360 We. The Carnot efficiency of the 
regenerative ORC system with a microturbine was about 32% and the thermal efficiency of the 
regenerative ORC system with a microturbine was about 5.2%. Liu et al. (2010) used a modified air 
turbine motor as a turbine in the ORC system. The turbine was connected to a car alternator, which 
was loaded with resistors and light bulbs. The researchers used two heat sources: electric heater 9 kWe 
and a biomass-fired boiler with power 25 kWth. As the working fluid the HFE700 and HFE7100 were 
used. In the ORC system with electric heater maximum electrical power was 96 We, electrical 
efficiency was 1.06% and the efficiency of the CHP system was over 83%. In the ORC system with 
biomass boiler electrical efficiency was 1.34%, the efficiency of the CHP system was 88%, and the 
maximum electric power was about 284 We. Li et al. (2011) presented a theoretical and experimental 
study of heat loss in the radial-axial turbine (with power 3.3 kWe) in the ORC system. It was a 
quantitative study on the convection and radiation heat transfer. The results show that the external 
radiative and convective heat loss coefficient was about 3.2 W/m2K and 7.0 W/m2K respectively, 
when the ORC operated around 100 °C. The total heat loss coefficient in the ORC experimental test 
was about 16.4 W/m2K, where its value was estimated at 94.5 We. The expander efficiency will be 
overestimated by about 2.9% if the external heat loss is not taken into consideration. Pei et al. (2011) 
presented the results of a prototype of radial-axial turbine operating in ORC cycle with R123 as a 
working fluid. The turbine isentropic efficiency is about 62.5% and ORC efficiency is around 6.8%. 
The turbine shaft power was about 1 kW.  
 

2. EXPERIMENTAL STAND – ORC INSTALLATION 
 
The ORC installation in the Laboratory of Cogenerative Micro Power Plants is composed of three 
basic cycles: a heating cycle, cooling cycle and a working fluid cycle. The ORC test bench with a 
HFE7100 droplet separator is presented in Figure 1. 
 

  
Figure 1: The ORC system with a microturbine and 

a set of heaters in the test bench  
Figure 2: Measurement scheme of the regenerative 

ORC with a microturbine 
 
The heating cycle consists of oil gear pumps made by Tapflo (model TG L018) and two independent 
heat sources: a prototypical multifuel boiler and a set of two prototypical electric thermal oil heaters 
that can operate independently or in series/in parallel. The regulation of rotational speed of the oil 
gear pumps was carried out through the frequency converter made by Bonfiglioli Synplus (model 
SPL200 03 F). The ORC installation can operate using an expansion valve (simulating operation of a 
microturbine), microturbine or a group of expanders. The gear pump used in the experimental system 
to feed liquid HFE7100 is supplied by Scherzinger (model 4030). The pump can provide a maximum 
operating pressure of 14 bar, flow rate of 15.75 l/min and rotation speed of 4000 rpm. The maximum 
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power output of the pump is 0.75 kW. The output capacity pump can be adjusted from 0-100%, using 
a frequency inverter made by LS (model iG5A). The measurement scheme of the regenerative ORC 
system with a microturbine is presented in Figure 2. The characteristic points 1 – 8 for the 
regenerative cycle have been marked. These points were used to determine the changes in 
thermodynamic state of the working medium in the ORC installation. 
 
2.1 Microturbine 
The ORC system cooperates with a high-speed four-stage radial microturbine whose parameters are as 
follows: nominal power 2.7 kWe, nominal rotational speed 24000 rpm and isentropic efficiency of 
about 70%. Figure 3 presents a photograph of the microturbine. 
 

  
Figure 3: Experimental stand of the microturbine  

 
The turbine shaft is integrated with an electric energy generator and encased in a sealed housing. 
Given the hermetic construction and the high rotational speed, aerostatic gas bearings powered by a 
low-boiling medium vapor were used. The microturbine is equipped with a control and measurement 
system which assures good functioning of the device as well as reception and conditioning of electric 
energy. 
 
2.2 Heat sources 
As it has previously been mentioned, the heating cycle has two heat sources. The first one is a 
multifuel boiler, alternatively fuelled with biomass, town gas, or gas obtained by gasification of 
biomass. The other heat source is a prototypical electric flow heater for thermal oil. Both the multifuel 
boiler (Figure 4) and the electric heater (Figure 5) can operate independently or in series. The 
prototypical electric flow heater for thermal oil consists of two modules: LKM-25/75-300 and LKM-
25/75-301.  
 

  
Figure 4: Prototype multi-fuel boiler with a solid fuel 

reservoir (biomass-pellets) 
Figure 5: Prototype electric flow heater for thermal 

oil 
 
Both modules can operate independently or in series and are designed to heat non-conductive fluids 
(thermal oil) to the temperature of about 250 oC with low power flow density (below 3 W/cm2) and 
the power of 2x24 kWe. The heater is powered from the network with alternative (50 Hz), three-phase 
voltage of 3x400 VAC. The boiler is equipped with a coil heat exchanger for double exhaust gas 
circulation which increases its effectiveness. The maximal boiler power during biomass combustion 
(pellets of about 5 mm diameter) is about 30 kWth. 
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2.3 Cooling system 
The third cycle in the ORC installation is the cooling system consisting of fan coolers made by GEA 
(model TDR 01 06 53-C) with a water spraying system, glycol pump made by LFP (model 25 
POeC100 Mega) with inverters, JAD-type and plate heat exchangers and piping. The cooling system 
of the ORC installation performs two tasks. First, it enables cooling of the thermal oil coming to the 
evaporator, and thus increases the range of adjustment of oil temperature. Moreover, additional 
cooling of oil protects the system against the excessive temperature rise or enables quick cooling of 
thermal oil in case of loss of electricity or a breakdown, which assures higher safety while operating 
the ORC installation. Oil cooling is performed with the use of a JAD-type heat exchanger, cooling 
glycol pump and a fan cooler. The other important task of the cooling system is quick cooling of the 
HFE7100 vapor in the condenser (plate exchanger), in a way to obtain liquid of the temperature of 65 
oC at the inlet of the circulation pump.  
 
2.4 The measuring and data acquisition system 
The measuring system is based on the National Instruments (NI) devices. The NI PXIe-8130 
controller, with appropriate software, controls the operation of the system. Signals from temperature, 
pressure, power and flow rate sensors, after adjustment in the SCXI-1102b module, are converted into 
digital form using the data acquisition (DAQ) boards: PXI-6280 and PXI-6251. The NI SCXI-1102B 
amplifier module with the SCXI-1303 terminal block, the SCXI-1125 and the SCXI-1313 were 
applied to generate both analogue and digital control signals. The software for the measurement 
system was made using the NI LabVIEW graphical programming platform. All temperatures were 
measured with a type K (model TP-211K-b) thermocouple having a diameter of 0.5 mm and a length 
of 100 mm, with an accuracy of ±0.1°C (made by Czaki). All pressures were measured with pressure 
transducers made by Trafag (model NAH 8253), with accuracy of 0.15% over the full scale range (16 
bar). Differential pressure were measured with a smart differential pressure transmitters by Aplisens 
(model APR-2000ALW and APR-2200ALW) with permissible measuring error ±0.1%, accuracy of 
0.075% over the full scale range (0.5 bar). The Flow rate of the thermal oil was measured with an 
ultrasonic flowmeter made by Simens (model Sitrans FUS1010,) with 1% at v≥ 0.3 m/s. The flow rate 
of the HFE7100 was measured using Coriolis mass flowmeter made by Simens (model Sitrans FC 
Massflo Mass 2100) with an accuracy of ±0.1%. The flow rate of the glycol was measured using 
turbine flowmeter made by Hoffer (model HO3/4X3/4-30-B-1) with an accuracy of ±0.25%. The 
electric power output of the generator was measured using a meter of network parameters made by 
Lumel (model ND20) with phase current and voltage ± 0.2%; power (active, reactive and apparent) ± 
0.5%; tangent φ ± 1%; frequency ± 0.2% of the measured value, active/reactive energy ± 0.5%. 
 
2.5 Measurement process 
As a result of heating the working medium (thermal oil, HFE7100 and glycol), the changes in the flow 
rate take place, being caused by the change of physicochemical parameters (i.e. density, viscosity). 
The definition of steady state was introduced. Steady state denotes the state in which the flow rate 
change of the working medium does not exceed 1% of the maximum flow rate for 15 minutes. The 
acceptable maximal (1%) flow rates are: for the thermal oil 0.004 kg/s, for the HFE7100 0.002 kg/s 
and for the glycol 0.005 kg/s. Additionally, the change of average pressure in the steady state should 
not exceed 0.12 bar (i.e. 1% of the maximum pressure value) for 15 minutes, and the changes in 
temperature values should not exceed ± 1 oC.  

 
3. EXPERIMENTAL RESULTS OF MICROTURBINE IN THE ORC CYCLE 

 
3.1 Thermal-flow characteristics of the ORC installation 
Figure 6 presents the graph of the working medium (HFE7100 and thermal oil) temperature changes 
in the evaporator (system with an electric flow heater for thermal oil). 
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Figure 6: The temperature of HFE7100 and thermal 

oil in the evaporator vs time  
Figure 7: The temperature of HFE7100 in the 

regenerator vs time  
 
Figure 6 shows that the temperature of thermal oil at the inlet to the evaporator was stable reaching 
about 182 oC and was about 138 oC at the outlet. The temperature of HFE7100 at the inlet to the 
evaporator was about 100 oC and reached about 163 oC at the outlet. The temperaure changes of 
HFE7100 in the regenerator on the liquid and vapor sides in the steady state are presented in Figure 7. 
Figure 7 shows that the temperature of HFE7100 at the inlet to the vapour side of the regenerator was 
about 145 oC, and about 75 oC at the outlet, which gives the temperature difference of about 70 oC. 
The temperature of HFE7100 at the inlet to the liquid side of the regenerator was about 30 oC and 
about 98 oC at the outlet. Figure 8 presents the temperature changes in the HFE7100 and glycol in the 
condenser in the steady state. 

 

  
Figure 8: The temperature of HFE7100 and glycol in 

the condenser vs time 
Figure 9: The flow rate of working medium vs time 

(during microturbine operation) 
 

The temperature of glycol (Figure 8) at the inlet to the condenser was about 10 oC and 68 oC at the 
outlet. The temperature of HFE7100 at the inlet to the condenser reached about 75 oC and was 28 oC 
at the outlet. Figure 9 presents the flow rate waveforms for thermal oil, HFE7100 and glycol 
measured during microturbine operation. The analysis of the measurement data shows that the 
average flow rate of the thermal oil was about 0.21 kg/s. Moreover, the average flow rate values for 
the HFE7100 and glycol were around 0.162 kg/s and 0.125 kg/s, respectively.  

 
 

3.2 The radial microturbine characteristics 
Figure 10 presents the output voltage curve of the radial microturbine recorded during the 
measurement. Load current diagram of the microturbine generator was shown on Figure 11. 
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Figure 10: Voltage generated of the radial 

microturbine vs time 
Figure 11: Load current of the radial microturbine vs 

time 
 
Maximum voltage generated by the microturbine was around 107 V, while the maximum load current 
was about 14.5 A. Electrical power curve for the radial microturbine operating in the ORC system 
was shown in Figure 12. The Figure 13 presents the graph containing the course of microturbine 
rotational speed in relation to the measurement time. 

 

  
Figure 12: Electric power curve registered during 

microturbine operation 
Figure 13: Microturbine rotational speed registered 

during the measurement 
 
The maximum electric power generated by the microturbine reached the level of 1551 We, at the 
rotational speed of about 18700 rpm. The electric power generated by the microturbine versus 
rotational speed and pressure drop in the microturbine are shown in Figures 14 and 15 respectively. 
 

  
Figure 14: Electric power generated by the 

microturbine vs rotational speed 
Figure 15: Electric power generated by the 

microturbine vs pressure drop 
 

On the basis of Figures 14 and 15, knowing the value of rotational speed or pressure drop in the 
microturbine, electric power of the microturbine can be assessed quickly and easily across the entire 
power range. These two figures contain red dashed lines representing linear regression, the 
coefficients of which were calculated by the least squares method. The regression lines are presented 
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with their corresponding equations and coefficients (R2). The electric power generated by the 
microturbine versus pressure ratio and inlet pressure is shown in Figures 16 and 17, respectively. 

 

  
Figure 16: Electric power generated by the 

microturbine vs pressure ratio 
Figure 17: Electric power generated by the 

microturbine vs inlet pressure 
 
Figure 16 shows that when the pressure ratio is equal to 7, the power generated by the microturbine 
amounts 1480 We. The maximum electric power was generated by the microturbine when the supply 
pressure was 8.5 bar (Figure 17) and reached about 1550 We. The Figures 16 and 17 contain linear 
regression lines with their corresponding equations and coefficients (R2). Figures 18 and 19 present 
the diagram T-s and P-v for the HFE7100 in the ORC system with regeneration, respectively. 
 

  
Figure 18: T-s diagram ORC system  Figure 19: P-v diagram ORC system  

 
Figures 18 and 19 shows the temperatures of HE7100 in inlet and outlet of the microturbine were 
166.5 oC and 145 oC respectively. The pressure value at the microturbine inlet was 9.21 bar and outlet 
1.86 bar. In this case, efficiency of the radial microturbine amounted to 70.61% and the ORC system 
efficiency was 5.95%. The calculated Carnot efficiency equalled 31.98% and the exergetic efficiency 
equalled 18.55%. The equations (1 - 4) on the basis of which the above-mentioned efficiencies were 
calculated are presented below. The Carnot efficiency was calculated by the relation:  

 

max

min1
T
T

C −=η          (1) 

 
where Tmin and Tmax – temperature for the upper and lower heat source, respectively. 
The isentropic radial microturbine efficiency was calculated from the relation 
 

s
turbs hh

hh

21

21
, −

−
=η          (2) 

 
where h is the refrigerant enthalpy, the subscript numbers indicate the state, and the subscript s refers 
to the isentropic process. The thermal efficiency of the ORC system was calculated by 
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hhhh
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where h1, h2, h5, h6 and h8 are the specific enthalpy of the HFE7100. The exergetic efficiency was 
calculated from the relation 
 

C

ORC
exerg η

η
η =          (4) 

 
where ηORC – thermal efficiency of the ORC system, ηC – Carnot efficiency. 
 
Figure 20 presents comparison of the power generated by a rolling-piston expander – Zheng et al. 
(2013), a scroll expander – Yun et al. (2015) and a radial microturbine – present data, versus pressure 
ratio. Yun et al. (2015) and Zheng et al. (2013) as the working fluid used a R245fa. 
 

 
Figure 20: Comparison of the power generated by different expanders and radial microturbine vs pressure ratio 
 
As can be seen in Figure 20, the power curves possess a similar trend. For example, for the pressure 
ratio 6 the output power of the scroll expander was 1450 We, the radial microturbine amounted to 
1100 We, whereas in the case of the rolling-piston expander it was 300 We. The difference between 
their values manifests itself through the following fact. The values of measured power were obtained 
using different expansion devices and different working mediums were used.  
 

4. CONCLUSIONS 
 
On the basis of the conducted research on the ORC system with regeneration it was found that the 
maximum electrical power generated by the radial microturbine reached 1551 We. This value was 
obtained at the rotational speed of 18700 rpm and the HFE7100 supply pressure of 9.21 bar (at the 
microturbine inlet). The efficiency of the radial microturbine amounted to 70.61%, and the ORC 
system efficiency was 5.95%. The Carnot efficiency and exergetic efficiency amounted to 31.98% 
and 18.55%, respectively. The power characteristics contain regression lines along with their 
corresponding equations in order to facilitate the analyses and comparisons for other researchers. 
 

NOMENCLATURE 
 
h specific enthalpy (J/kg) 
η efficiency (-) 
T temperature (oC) 
 
Subscript 
C Carnot  
e electrical  
exerg exergy  
min minimum  
max maximum  
ORC organic Rankine cycle  
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s isentropic  
th thermal  
turb turbine  
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ABSTRACT 
 
In the overall market of ORC, even though there is a lack of offer in the smaller power ranges (less 
than 100kW electrical), the potential markets and applications remain very significant. That is why 
the company ENOGIA was founded in 2009 by four French engineers, which purpose was to develop 
its own micro-turbine/alternator technology instead of the more classic “modified refrigeration screw 
or scroll compressor”. 
 
The development of the ENOGIA turbo-expander took several years in order to bring an efficient, 
reliable and affordable expander, as well as the complete ORC system. The development path of these 
will be presented, as well as the many prototypes built and tested. 
 
The current target market of ENOGIA is biogas power plant efficiency enhancement, and in order to 
bring efficient and cost efficient solutions for this market, we aim to improve our products with 
experience from real on-site demonstrators. Different ORC layouts for biogas plants enhancement 
were identified and will be presented. The two main approaches used are: The hot loop can use water 
from the biogas engine jacket, which provides low input temperatures, and can be coupled to an 
exhaust gas exchanger. In order to obtain higher input temperatures, it is possible to design the ORC 
in “direct evaporation” configuration using directly the exhaust gases. With this layout, higher 
condensing temperatures can be achieved and heat can therefore be used for customer applications.  
 
In order to show return of experience on the proposed ORC for biogas plant layouts, operational 
perspectives from significant references of ENOGIA will be presented. Eventually those were positive 
experiences and ENOGIA is currently developing the product range for future projects. 
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1. INTRODUCTION 
 
In the overall market of ORC, although there is a lack of commercial offer in the smaller power 
ranges (less than 100kW electrical), there are very significant potential markets and numerous 
applications, from waste heat valorization to biomass or geothermal renewable electricity production. 
This is the reason the company ENOGIA was founded in 2009 by four French engineers. The purpose 
of ENOGIA was to develop its own micro turbine expander / generator module instead of the more 
classic approach of “modified refrigeration screw or scroll compressor”, because it allows much more 
design flexibility of the ORC system.  
 
The development of the ENOGIA turbo-expander started in 2009 and took several years in order to 
bring an efficient, reliable and affordable expander, as well as the complete ORC system. Hereunder 
is presented the development path of these, as well as the many prototypes built and tested. 
 
 

2. TURBINE EXPANDER DEVELOPMENT 
 
The first turbine was a small 3kW demonstrator with a very short lifetime of the bearing system. It 
was meant to be a proof of concept of the high speed close coupled turbine generator, in a hermetic 
housing. Thanks to this prototype, size of stators and rotors, shape of bladings, were adjusted and 
tested in both design and off design conditions. Even if this prototype showed significant weaknesses 
in the bearing system and the sealing system, the main purpose remained showing that the ENOGIA 
turbine is technically feasible before focusing on its lifetime in order to minimize maintenance costs. 
 

  
Figure 1: First turbine prototype and bladings 

 
The second version represented the first prototype for a 10kW unit. The expander bearing system was 
significantly improved with an active oil lubrication system in order to have a better long-term 
holding. Thanks to adapted components, we succeeded in having a very satisfying fluid-tightness. 
However this second version met the limitations of the electric generator, which had unsatisfying 
thermal transfer from the windings to the water cooling system. 
 

 
Figure 2: Second turbine prototype 

 
A third version used a different permanent magnet generator type, with direct contact between the 
steel laminations of the stator and the cooling system, and proved to be very reliable and thermally 
efficient, with reasonable temperature levels in the windings, even at full power or even higher than 
maximum specified power. 
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Figure 3: Third turbine prototype 

 
An important difference between the first turbine prototypes and the operational ORC modules for 
biogas units are the temperatures reached at the evaporator of the ORC unit. Indeed the first tests were 
made in regenerative cycle with relatively high temperatures, when the biogas genset gives to the 
ORC warm water at 90°C, sometimes even less. Because of this, ENOGIA had to adapt its technology 
for biogas applications, especially the working fluid and associated rotors and stators. The company is 
now able to produce the two products in standardize version: low temperatures without regeneration 
and medium temperatures with HFE fluid and regenerative cycle.  
 
 

 
Figure 4: Commercial ENOGIA 10LT-V6 turbine in operation 

 
One of the next steps was the improvement of the fluidic part including some modifications in the 
overall architecture to minimize pressure losses. The machining was also optimized to obtain the 
smoothest lines as possible. Moreover, the made-to-measure electric generator and shaft were another 
required stage to guarantee the turbine performance and reliability. The last changes were related to 
maintenance, making disassembly easier. ENOGIA is now following an optimization policy 
concerning mechanical parts in order to reduce production costs. 
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2. ORC FOR FARM BIOGAS 
 

The current target market of ENOGIA is biogas power plant efficiency enhancement, and in order to 
bring efficient and cost efficient solutions for this market, the company aims to improve the products 
with experience from real on-site demonstrators. 
 
3.1 System architecture 
 
Different ORC layouts for biogas were identified and the two main approaches used are:  
 

- The hot loop can use water from the biogas engine jacket, which provides low input 
temperatures, generally at 90°C. It can be coupled to an exhaust gas exchanger in order to 
recover a maximum of waste heat. In this configuration, the cold loop temperatures are 
around 30°C which is often too low and more complicated to reuse than higher temperatures. 
Sometimes, farmers can use this output heat to dry cereals, to dry straw, to heat greenhouses 
or to have pre-heat water for cattle. Nevertheless, given the low temperatures, the ORC is 
usually used only to generate more electricity. 

 
Figure 5: hot water ORC layout (Ker Noé, France) 

 
- In order to obtain higher input temperatures, it is possible to design the ORC in “direct 

evaporation” configuration using directly the exhaust gases. With this layout, higher 
condensing temperatures can be achieved and heat can therefore be used for further customer 
applications especially domestic hot water. The first testing session on this technology with 
an ENOGIA prototype ORC unit was successfully achieved and the results are really 
promising. 

 
Figure 6: Exhaust gas ORC layout 
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3.2 Operational experience 
 
In order to show return of experience on the proposed ORC for biogas plant layouts, operational 
perspectives from significant references of ENOGIA will be presented. 
 
The first reference is the Treviso project in Italy. The ORC is a standard 10 kW unit using low 
temperatures: 90-70°C for hot loop with a thermal power of about 65kW and cooling ground water 
around 10-15°C. The main issue was the configuration of the existing plant. The exchanger of the 
biogas engine was too far from the ORC and piping not enough isolated, resulting in a huge loss of 
thermal power before the exchanger. The cooling ground water lead to working parameters quite 
specific (very low condensing pressures) when almost all projects use dry coolers. Thanks to this 
project, ENOGIA could learn and improve its technology especially concerning pump cavitation, 
efficiency, lubrication and vibrations besides the biogas engine. 
 

 
Figure 7: Treviso ORC container with exhaust heat recovery 

 
The second significant reference is the Ker-Noé project in France. It is the same configuration than 
the unit in Italy, except the cooling loop working with dry coolers. The owner uses the extra heat to 
dry cereals so that there is a minimum of waste heat in his biogas plant. The main feedback of this 
project was that theoretical pressure ratios were different from the operational ones so that ENOGIA 
could redesign the turbo-generator injectors. After almost a year of working, performances of the 
ORC were analyzed with data from tele-monitoring. The theoretical power production was about 7 
kWe with a thermal power input of 121kWth. 
 
Although the engine thermal power was lower than predicted (about 20kWth less), the ORC produces 
more than 6kWe with the best adapted cooling. Finally, the power delivered corresponds to 90% of 
what ENOGIA expected. 
 
At full load, the isentropic efficiency of the ORC expander reaches 70% no matter the cooling 
temperatures are, with a generator estimated efficiency of 80%. Except little changes in the regulation 
law to improve it, the other theoretical parameters were adapted to the existing installation. After 
these improvements, efficiencies attained 5 to 7 percent range with the very low grade heat available 
(90/70°C CHP water loop). 
 
 

 
Figure 8: Ker Noé ORC unit 
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As it was said hereinabove, ENOGIA was working on another configuration since 2013, using 
directly exhaust gases. The issue of “direct evaporation“ was to design an adapted gas-fluid 
exchanger.  
 
This technology was tested for a special non-stationary demand with the help of IFP Energies 
Nouvelles (also called IFPEN), a major research and innovation center, trusted partner of ENOGIA. 
The tests made during 2014 and 2015 were very successful and prove the high performance of this 
technology, which attained approximately 10% gross efficiency. 
 
What makes the ORC unit more efficient is also the regenerative cycle used in conjunction with a 
novel working fluid, a HFE fluid from 3M; indeed it improves about 30% the overall performance. 
Another strong point of this technology is the capability to operate with higher condensing 
temperatures, in the 70°C range, allowing using the ORC unit as a real CHP. 
 
On another side, ENOGIA had been forecast the necessity of security components in the conception 
phase, knowing what high temperatures imply. During testing, the by-pass on the exhaust gases had 
been engaged several times. A unit has been recently delivered for an installer of biogas solutions and 
the hope will be to include an ORC on each of its installation as the technology seems really efficient. 
 

 
Figure 9: 10kW “Direct Evaporation” ORC unit 

 
 
 

3. CONCLUSION 
 

Since 2009, several ORC turbines were engineered and tested for small ORC applications, resulting in 
a commercial product that is available from ENOGIA, the ENO-10LT 10 kW low temperature ORC 
module. 
 
This product has been tested at several customer premises in France and in Italy. Eventually those 
were positive experiences and ENOGIA is currently developing the product range for future projects. 
The company has developed a wider range of power and has already built 20kW, 40kW and 100kW 
units, although the last one uses a technology of turbine completely different given the higher power. 
Current prices go from 1800 to 3000 € per kW, depending on size and features, for ENOGIA's small 
ORC product range. 
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ENOGIA R&D team currently develops products with a direct gases evaporator, which will be 
available for farm biogas, and which first unit will be installed on the exhaust of a Capstone C65 
turbine in a farm biogas plant in France. A key advantage of this technology will be that it will also 
produce hot water, improving the electrical efficiency of the biogas plant, but with very few loss of 
heating power as well. 
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ABSTRACT 

The expander is considered as the most critical component of the ORC. Radial inflow turbine exhibits 
unique advantages of high efficiency, compact structure and light weight compared to the axial turbine 
when employed in the small-scale applications such as distributed CHP systems. In most of the ORC 
studies the turbine efficiency is assumed as a constant input for the optimization of cycle without 
assuring that the specified turbine efficiency can be achieved by the imposed thermodynamic 
conditions. In addition, atypical properties of the high-density working fluid and the near-critical 
operating condition of the ORC requires the turbine design procedure and parameters to be customized 
for the ORC. This study presents the optimization of a radial ORC turbine for maximum efficiency 
using mean-line modelling and genetic algorithm (GA). In contrast to the previous studies, real gas 
equation of state and the most advanced and recent loss models are employed in the code to capture the 
non-ideal behaviour of the working fluid. The optimized turbine efficiency is achieved by the GA for a 
wide range of operating conditions and for four organic fluids (R123, R245fa, R1233zd and isobutane). 
Such results are presented through new generalized maps based on the non-dimensional parameters as 
the flow and loading coefficients, specific speed and specific diameter. Using regression analysis a new 
correlation for the turbine efficiency is also presented. These new maps and the correlation are 
preliminary steps toward improving the previous constant turbine efficacy assumption and have great 
potential to be integrated with the general optimization methods of the ORC.  
 

1. INTRODUCTION 
 
Recently, ORC technology has received a growing attention due to its competitive performance and 
flexibility for small to medium scale power generation applications. Majority of studies about the 
organic Rankine cycle (ORC) are mainly devoted to the methods of selecting appropriate fluid for 
different applications (Aleksandra and Władysław, 2007, Al-Sulaiman et al., 2011, Dolz et al. 2012, 
Rayegan and Tao, 2011) or to the thermodynamic optimization of the cycle based on a range of 
performance indexes such as the thermal and exergy efficiencies, net power output or heat exchangers 
area (Rashidi et al. 2011, Hettiarachchi, 2007, Wang et al., 2013). On the other hand, little attention has 
been paid to the design and performance characteristics of the expander. In all above studies that seek 
the optimum cycle parameters, fixed values are assigned to the turbine efficiency for a wide range of 
operating conditions and for various working fluids while ignoring the feasibility that the turbine is 
capable of achieving these efficiencies in practice. In addition, due to the specific thermodynamic 
properties of the organic fluids (i.e. large molecular weight and low speed of sound), the turbine can 
behave differently from those that operate with steam or other gases and needs a special design. 
Moreover, operating near critical point of organic fluids makes the ideal gas models unsatisfactory and 
requires the real gas formulation of the turbine expansion. Considering these facets, the use of 
conventional generalized performance correlation charts such as (Rodgers and Geiser 1987, Balje 1981, 
Chen and Baines 1994) can become inaccurate when used for performance prediction of turbines 
operating with organic fluids. In this study a new approach for performance prediction of ORC based 
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on radial turbine is presented that is suitable for small scale applications such as distributed combined 
heat and power (CHP) systems with power capacity of up to 50kW. In this novel approach the 
conventional radial turbine performance maps are updated and optimized based on the real gas 
properties of organic fluids, genetic algorithm (GA) optimization technique and the most advanced and 
recent loss models by Aungier (2006). A mean-line model for design, analysis and performance 
prediction of radial turbines is developed in the engineering equation solver (EES) platform and directly 
embedded with the ORC system code. Such model allows for replacement of the fixed turbine efficiency 
by an interactive value that is calculated based on the ORC thermodynamic conditions and working 
fluids properties and assures that the optimized turbine efficiencies are achievable in practice. Such 
turbine efficiencies are correlated through new maps against loading and flow coefficients, specific 
speed and specific diameter for four different organic fluids as R123, R245fa, R1233zd and isobutane. 
Furthermore, a new correlation for turbine efficiency is presented by employing the regression analysis, 
though, it is considered to be a preliminary one as it requires to be validated against ORC experimental 
data which are very limited in the literature and also be extended to other working fluid families such 
as ethers and siloxanes. 
 

2. NON-DIMENSIONAL PARAMETERS 
 
Turbomachines require a set of non-dimensional parameters that can readily describe the machine’s 
overall performance for assessment, selection and comparison. Following Whitfield and Baines (1990), 
the basic parameters that influence the behaviour of a turbomachine are collected in the form of a 
functional relation shown by equation (1). 
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With the assumption of single working fluid passes through the turbine and fully developed turbulent 
flow regime, equation (1) is simplified into a more common form as shown by equations (2) and (3). 
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are defined by equations (4) to (7) respectively. 
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Since the ORC turbines are often operating at high expansion ratios, the effect of compressibility (Mach 
number) is quite significant on the expander efficiency and should be included in the final correlation. 
However, the Mach number is always an outcome of the turbine design procedure and there is no prior 
knowledge of this parameter unless the detailed turbine design procedure is conducted. Since the aim 
of this study is to provide a correlation that can estimate the turbine efficiency without performing the 
turbine design process, which is clearly impractical, and using only non-dimensional parameters, 
volumetric expansion ratio (VR) introduced by Macchi and Perdichizzi (1981) is also included in the 
analysis to address the effect Mach number. VR is the ratio of the turbine stage outlet volumetric flow 
rate to the turbine stage inlet volumetric flow rate and is defined by equation (8). 
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5

1

QVR
Q

  (8) 
 

VR is a more meaningful parameter (in place of expansion ratio or Mach number) that explicitly 
correlates the degradation of turbine efficiency due to the high Mach numbers (Macchi and Perdichizzi, 
1981). In other words, VR accounts for the compressibility effect in a more generalized way than other 
equivalent parameters (expansion ratio and Mach number) and one can estimate its value from the cycle 
analysis (based on the desired cycle requirements) and without the need for completing the turbine 
design procedure. Hence, the efficiency of organic turbines (characterized by high Mach numbers) can 
be more accurately explained in the following functional form:  

( , , )ts f VR    (9) 

In the classical work of Balje (1981) the turbine efficiency is correlated against Ns and ds in which the 
best turbine designs lay on the Cordier line. The optimum radial turbine efficiencies are obtained at Ns 
values in the range of 0.5 to 0.7, however, the selection of an appropriate Ns does not necessarily yield 
the optimum turbine design. The selection of the optimum Ns can immediately achieve the optimum ds 
and eventually the turbine rotor tip diameter, though, no other information is provided regarding to 
other turbine geometry. Chen and Baines (1994) employed data from a wide range of designs and 
various applications to correlate the radial turbine efficiencies against the other set of non-dimensional 
parameters as φ and ψ. They showed that the maximum radial turbine efficiency is obtained at the 
loading and flow coefficients in the range of 0.9 to 1 and 0.2 to 0.3 respectively. The use of φ-ψ couple 
is advantageous compared to Ns-ds as more information about the turbine principal dimensions such as 
passage areas, inlet and exit blade height and velocity triangles is achieved. The Ns-ds or φ-ψ 
performance correlation charts (such as Balje, 1981 and Chen and Baines, 1994) are often dated and 
may not accurately represent the performance of the modern radial turbines. In addition, atypical 
characteristics of ORC systems such as high expansion ratios (high Mach number), real gas behavior 
of working fluids and small turbine dimensions makes the use of these conventional charts questionable. 
Therefore, it is necessary to update these charts based on real gas properties and advanced loss models 
while employing an optimization scheme to maximize the radial turbine efficiency. 

 
3. INTEGRATED MODELING AND OPTIMIZAIOTN OF RADIAL TURBINE AND 

ORC SYSTEM 
 

The methodology for the integrated modeling of the ORC system with the mean-line modeling of radial 
turbine is followed by the previous works of authors (Rahbar et al. 2015a, Rahbar et al. 2015b). The 
ORC system consists of four main components as the evaporator, turbine, condenser and pump. The 
turbine itself is consists of the volute, nozzle and rotor. Figure 1 shows the schematic of the ORC and 
radial turbine together with their corresponding temperature-entropy and enthalpy-entropy diagrams 
respectively. The turbine-ORC model is developed in the EES software to utilize its reliable 
thermodynamic property functions for real gas modeling of the turbine-ORC system.  EES uses the 
fundamental (Helmholtz free energy) equation of state for determining the thermodynamic properties 
of the selected organic fluids and details of which can be found in (Lemmon et al. 2006). Modelling of 
the radial turbine is based on a one-dimensional assumption in which there is a mean streamline through 
the stage that represents the average of passage condition and the thermodynamic properties and flow 
features (i.e. velocity triangles) are obtained at key stations (shown in Figure 1) across the mean line. 
With the choice of turbine input variables listed in Table 1 and the initial estimate of the turbine 
efficiency, the model determines the key geometry parameters for the rotor, nozzle and volute. Using 
the calculated geometry and the well-established loss correlations the model determines a more accurate 
estimation of turbine performance. This process is repeated until convergence is achieved for the turbine 
efficiency. Then with the calculated turbine exit thermodynamic properties (T5, P5, h5, S5) and the ORC 
model input variables listed in Table 1, the main cycle parameters such as thermal efficiency, net power 
output and pump power consumption are determined. However, selection of arbitrary values from the 
range of input parameters shown in Table 1 does not necessary yields the maximum efficiency for the 
turbine. Therefore an optimization scheme called genetic algorithm is coupled with the turbine-ORC 
model to maximize the radial turbine efficiency based on the input variables of Table 1. Moreover, the 
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optimization algorithm is constrained by some of the critical turbine geometry parameters, flow features 
and ORC characteristics to assure the feasibility of the optimized turbine dimensions and to achieve 
high cycle and turbine performances. Figure 2 shows the flow chart of the turbine-ORC model with 
integrated optimization scheme that details the overall procedure. More information regarding to the 
detailed modeling, optimization procedure and the imposed constraints can be found in (Rahbar et al. 
2015a, Rahbar et al. 2015b). The turbine loss models employed in this study are expressed as total 
pressure loss coefficients and include the profile, incidence, blade loading, hub to shroud, tip clearance 
and distortion losses which are shown by equations (10) to (15) (Aungier, 2006). It should be mentioned 
that the majority of loss models are developed for the gas turbines with air or flue gases as the working 
fluids and due to the lack of experimental data in the open literature about the performance of ORC 
with small-scale organic radial turbines, such loss models should be taken with some care. However, 
the relative comparison of the performance with different fluids is believed to be primarily correct. 

 
 

Figure 1: Schematic of the ORC system (top left), ORC temperature-entropy diagram (top right), radial turbine 
section view (bottom right), radial turbine enthalpy-entropy diagram (bottom left), 

 
Table 1: Input parameters of the turbine-ORC model 

Parameter Unit Value/Range 
Turbine inlet total temperature (Tt,1) K 343 - 393 
Turbine inlet total pressure (Pt,1) kPa Saturation pressure  
Turbine inlet degree of super heating (Tsuperheating) K 1 - 5 
Turbine total-to-static expansion ratio (ERts) - 2 - 8 
Turbine rotational speed (ω) rpm 30000 - 70000 
Turbine loading coefficient (ψ) - 0.7 - 1.4 
Turbine flow coefficient (φ) - 0.15 - 0.5 
Turbine rotor exit absolute flow angle (α5) deg -15 - 15 
Turbine rotor exit hub to inlet radii ratio (r5hub/ r4) - 0.2 – 0.3 
Turbine nozzle inlet to exit radii ratio (r2/r3) - 1.2 - 1.3 
Turbine volute swirl coefficient (SC) - 0.95 
Turbine volute pressure loss coefficient (kvolute) - 0.1 
ORC mass flow rate of working fluid (m) kg/s 0. 2 - 1 
ORC pump efficiency (ηpump) - 0.7 
ORC generator efficiency (ηgenerator) - 0.96 
ORC mechanical efficiency (ηmechanical) - 0.96 
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Figure 2: Flow chart for integrated modelling of turbine and ORC system with embedded optimization algorithm   
 
 

 
4. RESULTS AND DISCUSSION 

 
In order to conduct the optimization of turbine efficiency it is necessary to determine which parameters 
have the most significant effects on ηturbine. Following (Rahbar et al. 2015a, Rahbar et al. 2015b), among 
the listed parameters in Table 1, Tt,1, Pt,1, Tsuperheating, ERts, ω, ψ, φ, α5 and m have the most significant 
effects on the ηturbine and are included in the optimization using genetic algorithm. In order to correlate 
the variation of the optimized turbine efficiency with non-dimensional parameters and update the 
conventional φ-ψ and Ns-ds charts the following specification for the design parameters are set to cover 
a wide range of designs. 
 

,1 (343: 393:10)
(0.7 :1.4 : 0.1)
(0.15 : 0.5 : 0.05)

tT








      (16) 
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Where the first and second terms are the upper and lower boundaries and third term is the step of 
variation for each parameter. The optimization is conducted for all possible combination of the above 
design parameters, however, only the optimized updated φ-ψ and Ns-ds charts for the turbine inlet 
temperature of 373K are shown for brevity. As presented in Figure 3, the maximum turbine efficiencies 
are achieved at low flow coefficients with the maximum value of 86% obtained by R1233zd. In the φ-
ψ performance charts, the maximum turbine efficiencies vary in the range of 82% to 86% compared to 
the maximum value of 88% shown by Chen and Baines (1994).This is due to the higher expansion ratios 
of ORC turbines (about 8) and corresponding supersonic losses compared to the conventional radial gas 
turbines with the maximum expansion ratios of about 4.  In addition, implementation of back swept 
blading at rotor inlet is advantageous since the turbine efficiency increases at loading coefficients in 
excess of unity (Rahbar et al. 2015b). Comparing the φ-ψ charts shown in Figure 3 with Chen and 
Baines (1994) reveals that the turbine efficiency increases by a maximum of 3% at loading coefficients 
greater than unity. In other words the contours of maximum efficiency are slightly shifted to higher 
loading coefficients. Figure 4 presents the optimized updated Ns-ds performance charts for the four 
investigated fluids. Similar to Balje (1981) diagram, the optimum region of Ns-ds still exists in all charts 
in which the line of maximum efficiency is equivalent to the theoretical curve that almost gives Nsds 
=2. But in contrast to the conventional radial turbines that the maximum efficiency occurs at the specific 
speed values of between 0.5 to 0.7, for ORC turbines this optimum value has been shifted to lower 
specific speed values of between 0.35 to 0.55 as shown in Figure 4.  
Although the optimized performance charts shown in Figures 3 and 4 are essential for performance 
prediction of the ORC turbines, it is more beneficial to present the variation of the optimized turbine 
efficiency in the form of a mathematical equation. Therefore, linear regression analysis is employed in 
order to correlate the optimized turbine efficiencies with volumetric expansion ratio, flow and loading 
coefficients using all the generated design points. Figure 5 shows the linear regression plot for both the 
turbine inlet temperature of 373K (5a) and also for the complete range of inlet temperature from 343K 
to 393K (5b). As can be seen in Figure 5 the values of R2 are quite high and assures that the regression 
analysis can fairly accurately predict the performance of the ORC radial turbines. Equation 17 shows 
the first order polynomial obtained based on this regression analysis using all the 417 created design 
points shown in Figure 5(b) and correlates the turbine efficiency with the volumetric expansion ratio, 
loading and flow coefficients.  
 

0.925 0.416 0.0279 0.00675turbine VR               (17) 

 
It should be underlined that the obtained correlation shown by equation 17 is assumed to be a 
preliminary correlation for performance prediction of ORC radial turbines and is considered as the 
initial step towards improvement in performance prediction of ORC based on the radial turbines. This 
is primary due to the fact that the employed loss models are originally developed for gas turbines using 
air as the working fluid and they should be used with some care. In addition, due to the lack of 
experimental data for performance of the ORC turbines it is required to validate the developed 
correlation with real test data upon their availability in open literature. However, it is believed that the 
proposed methodology is quite novel and has great potential to be further improved and extended  for 
a wider range of organic fluids and broader range of operating conditions. 
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Figure 3: Contours of optimized turbine efficiency based on flow and loading coefficients for four organic fluids as 

R123, R245fa, R1233zd and isobutane at turbine inlet temperature of 373K 
 

 

Figure 4: Contours of optimized turbine efficiency based on specific speed and specific diameter for four organic 
fluids as R123, R245fa, R1233zd and isobutane at turbine inlet temperature of 373K 
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Figure 5: Predicted optimized turbine efficiency as a function of turbine efficiency at turbine inlet temperature of 
373K (a) at the full range of turbine inlet temperature from 343K to 393K (b) 

 
5. CONCLUSIONS 

 
This study presents a novel approach that combines the modeling of the ORC system with modeling of 
radial turbine and allows for optimization of turbine efficiency based on a wide range of input variables. 
The paper shows that the conventional performance charts are no more sufficient for reliable 
performance predication of ORC radial turbines. These charts are updated and optimized based on the 
most advanced loss models and characteristics of organic fluids and ORC system (i.e. real gas behavior 
and high expansion ratios). The updated performance charts showed that there are considerable 
variations between them and the conventional ones as the contours of maximum efficiency are shifted 
to larger loading coefficients and smaller specific speeds respectively.  In addition, the optimized charts 
showed that the maximum efficiency of ORC radial turbines are about 2% lower than the maximum 
efficiency of radial gas turbines. The R2 values from the regression analysis showed that the established 
first order polynomial correlation can fairly accurately predict the performance of ORC turbines, 
though, it is required to be further modified and validated with the ORC experimental data (which are 
very scarce in the open literature). These new charts and the correlation could be a useful tool in general 
optimization procedures of the ORC systems that avoid any arbitrary assumption of turbine efficiency 
and yield a more accurate estimation of the turbine performance. 
 

NOMENCLATURE 
 
b  blade height   (m) 
C  absolute velocity    (m/s) 
d  diameter    (m) 
ds  specific diameter    (-) 
ER                        expansion ratio                                 (-) 
h  enthalpy    (J/kg) 
Δhactual  actual specific enthalpy drop  (J/kg)  
Δhs  isentropic specific enthalpy drop  (J/kg)  
l  flow path length                 (m) 
m  mass flow rate    (kg/s) 
Ma  Mach number    (-) 
Ns  specific speed    (-) 
P  pressure    (Pa) 
Q  volumetric flow rate  (m3/s) 
R  gas constant   (J/kg-K) 
r  radius    (m) 
Re  Reynolds number   (-) 
T  temperature     (K) 
U  rotor blade velocity  (m/s) 
VR          volumetric expansion ratio  (-) 
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W   relative velocity   (m/s) 
Y  total pressure loss coefficient (-) 
Zrotor  number of rotor blades  (-) 
α  absolute flow angle to meridional   (degree) 
β  relative flow angle to meridional    (degree) 
κ  mean surface curvature   (m-1) 
σ  slip factor   (-) 
γ  specific heat ratio   (-) 
ɛ  rotor casing clearance  (m) 
η  efficiency    (-) 
φ  flow coefficient    (-) 
ψ  loading coefficient   (-) 
ω  rotational velocity   (rad/s) 
Θ  normalized momentum thickness     (-) 
Δ  normalized mass thickness  (-) 
Subscript 
1-5 stations across the turbine 
m meridional direction 
rel relative value in rotating coordinate system 
t total conditions 
ts total to static 
x axial direction 
θ tangential direction   
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EFFICIENT EVALUATION OF THERMOPHYSICAL PROPERTIES OF  
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Ian Bell 

National Institute of Standards and Technology 
Boulder, CO 
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ABSTRACT 

The overall topic of this tutorial session is a description of the models that underpin the state-
of-the-art thermophysical property libraries, and how these properties can be retrieved in a 
computationally efficient manner. The emphasis will be placed on the use of the REFPROP 
property library developed at the National Institute of Standards and Technology (NIST), 
though other libraries will also be described in some detail.  
 
The first topic of the tutorial session will be a theoretical description of how the models 
(equations of state, mixture models, transport property formulations, etc.) are constructed. The 
emphasis of this section will be to describe the theory in a way that is relevant to end-users, 
such that they can understand the implications of these model formulations on their own code 
that they write.  
 
Secondly, we will describe the use of the NIST REFPROP library to calculate the parameters 
of interest, including thermodynamic properties, derivatives of thermophysical properties, 
mixture phase envelopes, etc. An emphasis will be placed on the different means that can be 
used to maximize computational efficiency. Furthermore, the various options available for 
interfacing with REFPROP will be described, including the use of the CoolProp 
thermophysical property library.  
 
Finally, we will present work that has been recently carried out to use the bicubic tabular 
interpolation methods of CoolProp to achieve computational speeds for fixed-composition 
mixtures from REFPROP that are on the order of the computational speed of mixtures that are 
treated as pseudo-pure fluids. This should be of particular interest to researchers that are 
carrying out dynamic simulation studies with zeotropic mixtures, as has been proposed in the 
literature for Organic Rankine Cycles. 
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